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3 International Forums 
consolidated!

The VDMA as promoter of the Pump Users 
International Forum and Compressor Users 
International Forum and the EFRC as pro-
moter of the EFRC Conference are pleased to 
organise their forums jointly and simultane-
ously at the same location. 

They compose the International Rotating 
Equipment Conference to be held in Düssel-
dorf, 27th and 28th September 2012.

The forum offers a unique opportunity to 
 users of rotating equipment (pumps and 
compressors and vacuum technology). 
End users, manufacturers, suppliers and 
scientists are enabled to meet experts out 
of the relevant branches at a high density 
for discussion or expert talk. It is not a secret 
that matters like energy efficiency, CO

2
-

reduction or sustainability have generated 
new challenges for the industry. Legislative 
regulations or directives become further 
increasing significance for our business. 
Hence representatives of government bod-
ies, administration officers will be invited 
to share experiences and exchange opinion 
with stakeholders. 

The core of the conference still is generated 
by the great number of excellent lectures. An 
accompanying technical exhibition tops off 
the information offered.

The International Congress Centre in Düssel-
dorf will be an appropriate location for this 
event.

Offers of the Conference

• in all approximately 125 presentations in 
parallel sessions

• special training seminars prior to the con-
ference to enhance the technical under-
standing of a specific topic on pumps or 
compressors (to be announced)

• accompanying technical exhibition of 
about 800 m2.

International Rotating 
Equipment Conference

Düsseldorf, 27th–28th September 2012 Promoter

German Machinery and Plant Manufacturers 
Association (VDMA) e. V.
Pumps + Systems Association,
Compressors, Compressed Air and Vacuum 
Technology Association

Lyoner Strasse 18
60528 Frankfurt am Main
Germany

Phone +49 69 6603-1296 
Fax +49 69 6603-2296
E-Mail ulrike.maetje@vdma.org
Internet www.introequipcon.com

Chairmen: 
Dr. Sönke Brodersen (Pumps + Systems) 
Thomas Kaeser (Compressors, Compressed 
Air and Vacuum Technology)

Managing Director: 
Christoph Singrün

EUROPEAN FORUM 
for RECIPROCATING 
COMPRESSORS e. V.
c/o Technische Universität Dresden 

01062 Dresden
Germany

Phone +49 351 4633-1983 
Fax +49 351 4633-7759 
E-Mail contact@recip.org 
Internet www.recip.org

Chairman: 
Dr. René Peters 

Organiser

Maschinenbau-Institut GmbH
Frankfurt am Main
Ust.-IdNr. VAT 114.156.253

In collaboration with 

Time schedule for participants 

Training Seminars 26th September 2012

Lectures  27th–28th September 2012 

Technical Exhibition 27th–28th September 2012

Interested in presenting 
a technical paper?

Please consult one of the VDMA contacts 
given in order to obtain the procedure.

Interested in exhibiting your 
product or service?

Please contact Mr. Harald Frank 
Phone +49 69 6603-1293
E-Mail harald.frank@vdma.org 
for detailed information.

Interested in attending 
the Conference?

Please contact Maschinenbau-Institut (MBI)
Phone +49 69 6603-1512 
E-Mail a.kovacs-bertrand@vdma.org 
for complementary information.

Summary of dates:

Abstracts for Technical Papers to be given 
latest: 10th December 2011

Organiser’s receipt latest by: 
16th December 2011

Notice of acceptance to authors:
20th January 2012

Elaborated Technical Papers to be sent latest: 
13th April 2012

Programme brochure available:
30th April 2012

As well as

*  Media partners and collaborating 

associations as far as nominated by 2011-08-30

How can you contribute 
to the event? 

If we have attracted your attention we would 
like you to: 

• submit proposals for technical papers 
• propose themes for training sessions
• confirm your interest to participate in the 

technical exhibition
• voice your interest in participating in the 

forum.
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BORSIG ZM Compression GmbH offers flexible, innovative and high-quality solutions for compressors. 
Our products stand for high quality, competence and reliability. We develop and manufacture modular 
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Summary 
More and more operators of compression equipment require the ability to adjust or trim the gas 
flow, depending on process conditions, from a remote and safe location. Manual adjustment of 
clearance pockets by the operator, in many cases while the compressor is running, has been 
the normal and successful practice for many years. However, this requires the operator to be 
standing next to the machine and in the same room with process gas. Operation of the manual 
pocket requires some physical strength to operate the clearance pocket and may pose some 
risk to the operator. 

As an alternate to this Manual Clearance Pocket, several designs have existed for years which 
allows clearance to be added to the cylinder which has the effect of reducing the volumetric effi-
ciency and therefore changing the cylinder capacity or flow. These methods are proven and 
take the form of pneumatic clearance pockets, pneumatic finger unloaders over the inlet com-
pressor valves, and pneumatic plug or port unloaders. These are all reliable systems which al-
low for remote capacity control operation. However, if the operator needs to “fine tune” or trim 
the capacity even further, they cannot do it with these systems since the devices are for discrete 
unloading steps.  For example 100%, 75%, 50% load steps. A unique solution would be to allow 
for a combination of the benefits of a manual control clearance pocket and a means of being 
able to remotely adjust the pocket. 

This paper will describe the current technologies as well as their application, features and bene-
fits. An alternate, simple, field proven solution to the need for capacity control will also be pre-
sented which allows for the operator to trim the flow based on process conditions while allowing 
for remote and safe operation. 
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Cylinder Capacity – Definition of Terms 
The capacity of a Reciprocating Compressor is determined by the piston displacement, which is 
defined as the total volume in the compressor cylinder which is “swept” by the piston per unit of 
time. In a simple formula(1) the piston displacement of a double acting reciprocating compressor 
cylinder is determined by the following equation: 

PD= (2dc
2 - dr

2) x S x N / 2.12E+07 

Equation 1 – Piston Displacement – Metric Units(1)

Where units of measure are: 
PD      =   Piston displacement  - Cubic Meters per hour 
dc        =   Cylinder bore diameter , mm. 
dr        =   Piston rod diameter, mm. 
S         =   Compressor stroke, mm. 
N        =   Compressor speed – revolutions per minute

But, there are losses within the compressor cylinder that affect the total volume of gas that the 
cylinder can displace.  These losses are accounted for in the term called Volumetric Efficiency.  
Volumetric Efficiency(2) is defined as the actual volume capacity of a cylinder compared to the 
piston displacement.  The governing equation for volumetric efficiency is below:  

Equation 2 – Volumetric Efficiency – Metric Units(2)

Where units of measure are: 

Ev   =  volumetric efficiency 
R   =  compression ratio 
C   =  cylinder clearance,  % of piston swept volume 
Zs   =  inlet compressibility factor  - accounts for gas behavior differences from an �Ideal“ gas. 
Zd   =  discharge compressibility factor-accounts for gas behavior differences from an �Ideal“ gas 
k   =  ratio of specific heats, Cp/Cv  
L   =  slippage of gas past piston rings, %, (1% for high-speed separable, 5% for non-lubricated  
         compressors and 4% for propane service) 
96  = Allowance for losses because of  pressure drop in the compressor valves   

We can say that the net capacity for a compressor cylinder is by the simple relationship below:    

Net Capacity     PD  x  Ev
Equation 3 – Net Capacity

Upon review of the above equations, one can very easily see the factors that determine the ca-
pacity and how to vary the capacity of the cylinder. For example increasing the cylinder clear-
ance, �C“, or increasing/decreasing the compressor speed, �N“, has a direct effect on Net Ca-
pacity of the cylinder and compressor. 
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Cylinder Capacity  – Effect of Clearance Change and Method

Refering to Equations 1 and 2, increasing the percent of clearance, reduces the Volumetric Effi-
ciency (VE or Ev ). This is represented by the typical PV Diagram below: 

Figure 1. – Typical PV Diagram, Effect of % clearance on Volumetric Efficiency

In the above Figure 1, for a fixed compression ratio, if the base clearance in the compressor 
cylinder is 7% the cylinder has a corresponding Ev of 88.1%. When the cylinder clearance is 
increased to 21%, the Ev reduces to 64.6%. 

What are the methods of adding clearance to a cylinder or unloading cylinders to change the 
net capacity? There are many specific devices to accomplish this. What will be focused on in 
this paper are means of adding clearance during operation with devices commonly called  
�Clearance Pockets“ and �Valve Unloaders“ used for pneumatically unloading ends of cylinders. 

A very common means of adjusting or adding clearance to a compressor cylinder is by a �Vari-
able Volume Clearance Pocket“ (VVCP) as per Figure 2.  These devices are commonly used on 
high speed (>900 RPM) compressors in �Gas Gathering“ applications.  Most can be adjusted 
while the compressor is in operation (consult operating manual for details). The operator ap-
proaches the compressor, unlocks a handwheel, and begins to turn the wheel clockwise or 
counter clockwise to reduce or add clearance to the cylinder.  Normally, these are found on the 
1st stage cylinders and serve also as the �outer head“ of the compressor cylinder. 

Figure 2. – Typical “Variable Volume Clearance Pocket” ,VVCP, Manually Operated

Adding a �fixed“ amount of clearance to a compressor cylinder is accomplished by either a 
�clearance pocket“ or a �valve cap pocket“. In both cases, a pneumatic valve is provided with an 
air signal to open or close a pocket which controls the addition of clearance volume added to 
the cylinder. These devices are shown above in Figure 3. 

Compressor cylinder section show-
ing �VVCP“ manual operated varia-
ble volume clearance pocket – 
clearance pocket  piston  moved to 
midpoint added clearance position. 

Handwheel for �Manual“ adjustment 
of added clearance
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Figure 3. – Compressor Cylinder as shown equipped with both Valve Cap and Outer Head 
Clearance Pockets – Note:  Pockets “Open” – no air signal applied to the pneumatic valve 

This combination of clearance devices (valve cap pockets and clearance pockets) and using 
them on many compressor cylinders as shown in Fig. 3, is common on Integral Engine type 
compressors used in Natural Gas Transmission Service.  This type of compressor has the add-
ed flexibility of speed control (e.g. engine RPM) which maximizes the capacity control.  See be-
low Figure. 4: 

Outer Head Fixed 
Volume Clearance 
Pocket 

Valve Cap 
Pocket Pneumatic Valves – open 

and close pockets with 
�fixed“ clearance volume 
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Figure 4. – Integral Engine Compressor – Used for Natural Gas Transmission Service.  

When comparing unloading methods, there are associated pressure drops that occur which 
translate into power loss.  If  power is a concern particularly to electric motor drive, controlling 
capacity by adding clearance is preferred over �end unloading“ because of inherent lower throt-
tling losses and therefore lower power consumption. 

It should be noted that these �clearance pockets“ can be found on any reciprocating compressor 
type found in  Gas Gathering, Gas Transmission, or Refinery type services. 

Cylinder Capacity  – Effect of Cylinder End Unloading and Method 
End unloading of a compressor cylinder will cause that end not to pump gas.  This is accom-
plished by use of a device which when activated allows incoming gas to recirculate back to suc-
tion on the compressor cylinder. 

The effect of �End Unloading“ can be seen on the PV Diagram below Fig. 5: 

Figure 5. – Effect of “End Unloading” on a PV Diagram 

Valve Cap and 
Outer Head 
Pockets. Note 
the quantity! 

End Unloaded 

Inlet Valves Operating – 
Cylinder End Loaded
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End Unloading is accomplished in one of four ways: 

• Valve Removal – physically removing the inlet / suction valves from one end of the cylin-
der 

• Valve unloading via �Finger Type“ Unloaders – holding the valve element(s) in the �open“ 
position by �fingers“ throughout the entire pumping cycle of the compressor. The un-
loader is pneumatically operated. Unloaders are used on each Inlet Valve of the unload-
ed end of the cylinder. 

• End Unloading  via �Plug Unloaders“ – center portion of the valve and elements is re-
placed by an �open/closed“ valve which is pneumatically operated.  Plug Unloaders are 
used on each Inlet Valve of the unloaded end of the cylinder. 

• End Unloading via �Port Unloader“ – On larger cylinders with multiple inlet valves per 
end, one valve is completely removed and replaced by a metal seat insert and an 
�open/closed“ valve which is pneumatically operated. 

Valve removal from an end of a cylinder is well understood and will not be shown.   Other 
means of unloading are shown in the figures below: 

Figure 6. – “Plug” and “Port” Unloaders installed on a typical Compressor Cylinder.  

Figure 7. – Typical “Finger Type” Unloader – removed from the cylinder for clarity –  
Note: Unloader is in “loaded” position

Typical �Port“ Un-
loader – NOTE: The 
compressor Valve is 
completely removed 
and replaced by a 
metal seat insert.

Typical �Plug“ Unloader 
– NOTE:  Center portion 
of the compressor valve 
is removed and re-
placed by a pneumatic 
valve 

Unloader Operator

Unloader Plunger – each valve 
element has a “Finger“Operator 

Compressor 
Valve 

Valve Cage 

Valve Cover 

Note:  Unloaders  
shown in this Figure 
are in the �unloaded“ 
position

Air signal 
applied here 
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Each of the Capacity Control devices described previously with the exception of the �VVCP“ , 
Fig. 2., require an Air Signal to activate the pneumatic valve.  A typical Air Signal can range 
from 65 – 125 psi (approximately 4 – 8 bar).  These devices provide the operator with discrete 
load steps. Depending on the number of cylinders on the compressor, these discrete load steps, 
with or without a means of varying the compressor speed (see Figure 4.),  likely provide all the 
flexibility in capacity control that is desired by the end user.  The pneumatically operated devic-
es also allow for remote adjustment to accomplish capacity control.   

Cylinder Capacity  – Further Addressing the Needs of the Customer
It is for certain that the fewer parts (by part number) in a machine, the lower the maintenance, 
the fewer parts the client needs to stock, is a plus for any customer .  This coupled with proven 
designs, simplicity, and meeting clients needs can be a �winning combination“. 

Albert Einstein once said �Everything should be made as simple as possible but not simpler“.   
Let us examine a design which combines fewer parts, simplicity, safety of operation, and the 
ability to vary clearance and therefore capacity while the compressor is in operation. 

As mentioned previously, by adding clearance has a benefit of lower throttling losses/power 
consumption,  compared to other means of unloading.  Consider having a �Clearance Pocket“ 
that would allow for varying clearance adjustment remote from the machine?.  Consider a Hy-
draulic means of actuating the clearance pocket as per Figure 8. 

Figure 8. – Diagram of  Hydraulic Variable Volume Clearance Pocket

As previously described, adding clearance volume reduces Ev   of the compressor cylinder at a 
given compression ratio.  So as the clearance volume added increases, the percent clearance 
(unswept volume) in the compressor cylinder increases thereby reducing the Ev.    This is shown 
below in sequential movements of the Hydraulic Pocket (see Figure 9).  Note how the area of 
the PV Diagram, becomes smaller in area as the pocket is opening.  Recall from Thermody-
namics that the area of the PV Diagram indicates the “work”(FT-lbs. / min.)  which is power con-
sumption.  The power consumption decreases as the pocket opens.

Cylinder Clearance  
Volume added here.  
Note: the piston moves to 
vary the clearance within 
the compressor cylinder. 

Hydraulic cylinder 
controls the move-
ment of the piston 
within the outerhead 
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Figure 9. – Hydraulic Variable Volume Clearance Pocket Position  - Sequential Pocket Piston 
Movement– Effect on Ev  and Load as shown in the PV Diagram

Pressure

Pressure 

Pressure 

Volume

Volume

Volume 

Pocket fully closed – 
Compressor Capacity 
at 100% 

Pocket 32% Open– 
Compressor Capacity 
at 67%

Pocket 64% Open– 
Compressor Capacity 
at 35% 
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The Hydraulic Variable Volume Clearance Pocket (HVVCP) addresses the need of clients to 
adjust the capacity of the compressor remotely, without discrete capacity steps,  fewer moving 
parts,  simple,  and safe.  A brief installation summary is below: 

Natural Gas Application with H2S

Hydrogen Service – Note application to 1st and 2nd stage cylinders 

Hydrogen Service 
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The benefits of the Hydraulic Variable Volume Clearance Pocket are: 

• Allows direct replacement for “handwheel” or fixed volume pockets 
• No modfications to the compressor cylinders 
• Provides safe and reliable capacity adjustment while the compressor is operating under 

load 
• Fully adjustable within limits set by the pocket volume 
• Remote adjustment 

A disadvantage is that the pocket can only be applied to the outer end of a compressor cylinder. 

Cylinder Capacity Control Methods- Application 
Many more compressors are installed than compressor manufacturers will build as new equip-
ment.  Fortunately, all of the devices described in this paper can be applied to existing equip-
ment.  This can be part of an �upgrade“ or compressor �modernization“ program.  It is important 
to the client to continue to keep the Reciprocating Compressors running to take full advantage 
of the initial capital investment. In addition, Compressor manufacturers can offer modern design 
compressor valves, wearing parts (e.g. piston rings, guide rings), ignition systems (lean burn for 
engines, etc.) and other upgrades to improve the life and Mean Time Between Failure (MTBF) 
of components that historically have increased maintenance costs. 

When applying these Capacity Control Devices the same considerations are applicable as if 
they were applied to a new unit.  For instance: 

• Effect on Cylinder Pressure ratio – Are these devices needed on only the 1st stage cyl-
inders or on other subsequent stage so as not to cause an overload (over maximum rod 
load) condition? 

• Effect on Cylinder base clearance – How much may the base clearance change without 
affecting the full load capacity of the machine? 

• Adequate �Rod Reversal“ at all operating conditions? – this is related to unloading se-
quence. 

• Power –or- BHP limitation considered? 
• Capacity Prediction  

What needs to be known then is the range at which these Capacity Control devices can be op-
erated not only to achieve the desired capacity but within the operating range (e.g. speed, ratio, 
rod load, BHP) of the compressor.  This is typically shown in a �Performance Curve“ as shown 
in Figure 10: 
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Figure 10. – Typical Performance Curve – Pocket Setting; Suction pressure; BHP limit; Capacity 
-    Million Standard Cubic Feet per Day (MMSCFD)

Thankfully, these curves are programmed into the capacity control logic in the customer control 
panel. 

Finally, there are terms that need to be understood when applying Capacity Control devices.  
Terms like: �Fail Safe“, �Air to Unload“, �Air to Load“  mean something to the client.  For exam-
ple, for a loss in air signal pressure , the client may want the compressor to continue to operate 
in full load (no pockets open; no unloading of inlet valves ).  Depending on the design of the 
�Unloader Operator“, (see Fig AF), this may imply the use of an �air signal to unload“ device.  
This terminology needs to be well understood between the Client and Capacity Control provider, 
to ensure time and money is not wasted as well as potential delay in supply due to a misunder-
standing of the requirement. 
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Conclusion
The Capacity Control Systems presented in this Technical Paper are by no means all that are 
offered by Compressor manufacturers or other Controls companies.  This paper is meant as a 
�primer“ to acquaint the reader with some definition of Capacity Control types as well as the 
basic understanding of these  mechanical devices and how they function and are operated.  

The Capacity Control systems offered today by various manufacturers have an overall record of 
reliability and safety in operation.  Capacity Control Mechanisms and systems can be offered on 
reciprocating compressors which in effect imporve the reliability and flexibility of the compres-
sor.  In effect, �modernizing“ the operation of the compression equipment.  However, the Capac-
ity Control devices have design limitations and if improperly applied or operated can have an 
effect not only on the reliability of the device but also the compressor as well as safety of the 
operating personnel. 

Closing Remarks
I wish to thank my company, Dresser-Rand Company, a Siemens Business, for allowing and 
providing support in the preparation and presentation of this subject material.  I wish also to 
thank my colleagues, Steve Chaykosky, David Decker, Joel Sanford, Gary Templar, Dale 
George,  for their assistance in developing the presentation material contained within this Tech-
nical Paper.  Finally, I wish to thank the EFRC committee for accepting this paper as well as 
allotting time during the conference for the presentation of this subject material. 

References 
1) Rollins, John P. Editor (1989), Compressed Air and Gas Handbook – Compressed Air and 
Gas Institute, Englewood Cliffs, N.J. USA:  Prentice Hall, Inc. 

2) Woollatt, Derek. “Stepless Capacity Control for Reciprocating Compressors” – presented 
GMRC 2002 

3) “Pneumatic Variable Clearance System For Natural Gas Compressor Applications”. Com-
pressorTechTWO , November-December 1999  

4) Chaykosky, S. and Sanford, J. “Stepless Capacity Control Systems for Reciprocating Com-
pressors” 
 9º Fórum de Turbomáquinas Petrobras. August 2013 

5) Dresser-Rand Co. , Form 85237, Variable Capacity Control Suite

17



EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

Phone: +49 (0) 351/4633-1983, Email: contact@recip.org

Technical Paper

Session:  36-2 

Session Name:  Controls

Stepless capacity control maintains efficiency of French  
natural gas compressor as production declines 

Author: 

Justin McDonald 
Sr. Facilities Engineer/Ingénieur Installations Surfaces – France 
Vermilion Energy Inc 
Calgary, Alberta T2P 0R3, Canada 

Co-Author 1:      Co-Author 2: 

Arnaud Dubos Tanguy Bosson
Project Coordinator - France Maintenance Supervisor – Vic-Bilh
Vermilion REP SAS Vermilion REP SAS
40161 Parentis-en-Born, France 64330 Saint Jean Poudge, France

18



EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

Phone: +49 (0) 351/4633-1983, Email: contact@recip.org

Technical Paper

Session:  36-2 

Session Name:  Controls

Stepless capacity control maintains efficiency of French  
natural gas compressor as production declines 

Author: 

Justin McDonald 
Sr. Facilities Engineer/Ingénieur Installations Surfaces – France 
Vermilion Energy Inc 
Calgary, Alberta T2P 0R3, Canada 

Co-Author 1:      Co-Author 2: 

Arnaud Dubos Tanguy Bosson
Project Coordinator - France Maintenance Supervisor – Vic-Bilh
Vermilion REP SAS Vermilion REP SAS
40161 Parentis-en-Born, France 64330 Saint Jean Poudge, France

EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

Phone: +49 (0) 351/4633-2815, Email: contact@recip.org 

Technical Paper 
 
 
 
Session:  36-1 
 
 
Session Name: Controls
 
 
 
 
 
Reciprocating compressor capacity control –  
simple reliable solutions 
 
 
 
 
 
 
 
Author: 

William C. Wirz 
Business Development Manager 
Dresser-Rand Company – A Siemens Business 
14830 Painted Post, USA 
 
 

19



Summary 
Vermilion Energy operates around two dozen oil and gas wells at Vic-Bilh in the Aquitaine re-
gion of south-west France. Several dedicated gas cap wells produce gas at a pressure high 
enough for direct export, but lower-pressure associated gas from the remaining wells must be 
compressed for sale. For this duty Vermilion Energy uses a four-stage 600 kW reciprocating 
compressor (KB310) that dates from the 1980s. 

Previously, gas throughput was controlled by a bypass valve around the compressor. With av-
erage compressor utilization only around 20%, this wasted more than 1,400 MWh of electricity 
every year. 

To reduce the compressor capacity, the company looked at replacing some of the existing cyl-
inders with smaller ones, or replacing the entire compressor. The final decision, however, was 
to retrofit a stepless capacity control system based on suction valve unloaders. 

A technical analysis showed that the reverse-flow capacity control system would restore full 
efficiency. In addition, it would avoid the need to make big modifications to the compressors, 
with the consequent requirements for re-certification, and would cost significantly less. It would 
also improve the dynamic control of both flow rate and discharge pressure. 

Vermilion chose a new all-electric stepless capacity control system. Following commissioning in 
spring 2015, the system has performed as designed and without problems. The payback period 
is around one year. 

1. Vermilion Energy 
Vermilion Energy is a Canadian oil and gas producer with particular expertise in managing de-
clining fields. The company has been present in France since 1997, with operations in the Paris 
Basin south-east of the capital and in Aquitaine in south-west France. The company is currently 
the largest oil producer in France. 

Vermilion Energy has 13 concessions in Aquitaine. Together they yield a total of around 5,000 
bbl/d of oil, accounting for 40% of Vermilion’s production in France. 

2. Oil and gas in and around Vic-Bilh 
One of Vermilion Energy’s concessions in Aquitaine is Vic-Bilh, named for a small town in the 
French département of Pyrénées-Atlantiques, 125 km west of Toulouse and 150 km south of 
Bordeaux. Covering the landscape of rolling hills is a mixture of woodland, fields and vineyards. 
To the south is a view of the Pyrenees, some 75 km away. 

The oil and gas fields of this part of France have been exploited since the 1950s, and produc-
tion from many fields is now declining. Vic-Bilh is essentially an oilfield, but falling reservoir 
pressure has allowed free gas to become trapped under domes of impermeable rock. Three to 
four gas cap wells tap into these domes to yield natural gas at moderately high pressures. The 
remaining wells, which number around 20, produce oil and low-pressure associated gas. 

Gas from Vic-Bilh travels by pipeline to Lacq, 40 km to the south-west. Until late 2013 Lacq was 
home to a large gas processing plant operated by French oil company Total. As the Lacq gas 
field reached the end of its economic life, however, the main processing plant was shut down. A 
new, smaller, processing plant will continue to supply energy and sulfur-based raw materials to 
nearby chemical manufacturers under the project name Lacq Cluster Chimie 2030. 

The mention of sulfur is key. Gas from Lacq is very sour, typically containing 15% H2S and 9% 
CO2. The discovery of gas here in 1951 laid the foundations for future sour gas production 
worldwide, including corrosion-resistant steels and amine-based sweetening processes. 

The Vic-Bilh gas, though much less sour, still contains around 2% H2S. This is high enough to 
make disposal difficult. In cases where flaring would normally be the economic option, only a 
full-scale incinerator can properly meet modern standards for environmental protection. This 
increased the incentive for Vermilion Energy to collect all the associated gas and send it to the 
customer in Lacq. 

3. The Vic-Bilh gathering station 
The 300-m wide compound at the Vic-Bilh gathering station contains pipeline valves, separator 
drums, and two reciprocating compressors. The latter are key pieces of equipment. After initial 
separation and screening to remove oil, water and sand, gas from the Vic-Bilh gas cap wells is 
at a high enough pressure to be sent directly to the pipeline to Lacq. The pressure of the asso-
ciated gas from the remaining wells, however, is only 1.3 bar by the time it leaves the low-
pressure separator. As a result, this gas must be compressed up to a maximum pipeline pres-
sure of 34 bar (15-20 bar normal operation) for transport. 

The gathering station handles a total of 25–75 kNm3/day of gas in total. Of this, 10–30 kNm3/day 
is associated gas that needs to be compressed for onward transport. 

The 450 kW three-stage compressor (KB210) and 600 kW four-stage machine (KB310) were 
both installed in 1984 and later inherited by Vermilion Energy when the company took over op-
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erations at Vic-Bilh. In the past, depending on the required flowrate, they have operated either 
in parallel or in a backup configuration. At the current production rate, the KB310 compressor 
handles 100% of the compression duty, leaving the KB210 machine to act purely as a standby. 

Gas enters the suction side of the duty compressor via two streams at different pressures. One 
of these comes from the high-pressure separator and is injected between the first and second 
compressor stages. The other stream, from the low-pressure separator, enters the suction side 
of the first compressor stage (Figure 1).

Figure 1: Block P&ID for the two Vic-Bilh compressors. The four-cylinder KB310 machine is at 
the top. 

4. The need for capacity control 
The KB310 compressor previously controlled gas throughput via a combination of on-off control, 
which provided capacity steps of 0/50%/100%, and a recycle valve. As gas volumes have fallen, 
however, this method has become increasingly uneconomic. Today the compressor operates at 
around 20% capacity. With a rated power of 600 kW and running at the 50% capacity step, re-
cycle control down to 20% means that the compressor was wasting an average of 180 kW, or 
more than 1,400 MWh every year. Even though France has some of the cheapest electricity in 
Europe, Vermilion Energy decided that this loss was too costly. 

To maintain efficiency in the face of falling gas volumes, the company originally explored two 
ideas. The first was to replace some of the existing compressor cylinders with smaller ones. The 
second was simply to replace one or more entire compressors with smaller ones. 

However, a feasibility study showed that a better choice would be to retrofit a stepless capacity 
control system based on reverse flow principle. This would maintain efficiency under the new 

operating conditions, the study showed. In addition, it would avoid the need to make big modifi-
cations to the compressors, with the consequent requirements for re-certification, and would 
cost significantly less. It would also improve the dynamic control of both flowrate and discharge 
pressure. 

Variable-speed drives are another control option sometimes used for reciprocating compres-
sors. On this unit, the existence of two semi-independent feed streams means that to some ex-
tent the first stage can function independently of the other three stages. By allowing each stage 
to perform at its optimum level, suction valve unloading brings a degree of flexibility that would 
not have been possible with variable-speed control. 

5. Stepless capacity control via suction valve unloading 
Vermilion chose a new all-electric stepless capacity control system for the KB310 compressor. 
This stepless capacity control uses actuators and unloaders to hold the suction valves open for 
a precise fraction of each cycle. Instead of being compressed, with the consequent waste of 
energy, any gas that is not needed to meet current demand is simply pushed back into the suc-
tion plenum during the first part of the compression stroke. 

Barring small energy losses as the gas flows back and forth through the suction valve, the sys-
tem has a high efficiency that – unlike traditional stepwise control regimes – it maintains across 
a wide turndown range. 

The same supplier also offers a long-established technology using hydraulic actuators to gener-
ate the forces needed to hold the suction valves open. Vermilion Energy was able to take ad-
vantage of the smaller footprint, lower cost, easier installation and simplified maintenance re-
quirements that the new electric system offers. 
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tent the first stage can function independently of the other three stages. By allowing each stage 
to perform at its optimum level, suction valve unloading brings a degree of flexibility that would 
not have been possible with variable-speed control. 

5. Stepless capacity control via suction valve unloading 
Vermilion chose a new all-electric stepless capacity control system for the KB310 compressor. 
This stepless capacity control uses actuators and unloaders to hold the suction valves open for 
a precise fraction of each cycle. Instead of being compressed, with the consequent waste of 
energy, any gas that is not needed to meet current demand is simply pushed back into the suc-
tion plenum during the first part of the compression stroke. 

Barring small energy losses as the gas flows back and forth through the suction valve, the sys-
tem has a high efficiency that – unlike traditional stepwise control regimes – it maintains across 
a wide turndown range. 

The same supplier also offers a long-established technology using hydraulic actuators to gener-
ate the forces needed to hold the suction valves open. Vermilion Energy was able to take ad-
vantage of the smaller footprint, lower cost, easier installation and simplified maintenance re-
quirements that the new electric system offers. 
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Figure 2: The local power and control units for the system are very compact 

6. Project start and control decisions 
Vermilion Energy ordered the new system from the supplier’s French subsidiary. The first meet-
ing with the supplier to discuss in detail how the system would be implemented took place in 
March 2014.  

At this point, the main decisions concerned the control logic. Depending on the process re-
quirements, the key control variable for stepless suction valve unloading can be the suction 
pressure, the discharge pressure, or the flowrate. In this case, Vermilion Energy decided to re-
tain the existing control logic, setting the suction pressure as the primary control variable for the 
first stage. The second, third, and fourth stages follow the supplier’s usual procedure, which is 

to control them based on the respective interstage pressures. The setpoint pressures for these 
cylinders are calculated from the suction and discharge pressures (Figure 1).

The supplier specified an overall control narrative, which Vermilion Energy then integrated into 
the main plant control system. For instance, this included providing the all-electric system with 
pressure and crank angle signals for each compression stage, including scaling functions and 
start/stop information. 

7. Installation and commissioning 
The four-stage KB310 compressor has 14 suction valves: four each on the first three stages 
and two on the fourth stage. Each suction valve is fitted with an unloader and actuator. 
The supplier’s French subsidiary delivered and installed the new system, plus new valves and 
other parts to improve energy efficiency and reliability. Each actuator is self-contained (
Figure 3 and 
Figure 4), requiring only one connection to a local power and control unit (
Figure 5). Installation of the new valves, unloaders, actuators and valve covers was therefore 
straightforward. A single multi-core cable connects the compressor to a control cabinet (
Figure 6), from where the system links to the main operator room. The supplier also has remote 
access to the system for monitoring and troubleshooting. 

Payback for the system is estimated at less than a year. 

Figure 3: Valve covers and actuators as installed 
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Figure 4: Another view of the electric actuators (14 in total) 

Figure 5: The local power and control units for the system are very compact 

Figure 6: The main cabinet for the capacity control system 

8. Conclusions 
Although adequate information for a full quantitative evaluation of operational parameters 
(OpEx, efficiency, & maintenance) is not yet available, the lower capital costs, shorter project 
timing, less complex installation and increased operating envelope have proven to be a value-
add for Vermilion Energy. 
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Abstract 
In a compressor installation of NAM (Dutch Petroleum Association) at Coevorden, natural gas is 
produced and injected into the national gas grid. Three reciprocating compressors are used to 
compress the gas to grid pressure. To mitigate the declining suction pressure of the depleting 
wells, larger cylinders and new pulsation dampers have been installed. Upon startup noise is-
sues and integrity issues with the compressor valves were observed. The noise emission was 
an atypical intermittent barking sound, apparently radiated from the piping and the pulsation 
dampers. The noise raised questions on the integrity of the installation as a whole and caused 
an environmental concern to the neighbors. The issues with barking noise could not be easily 
identified. Also a high failure rate of the compressor valves was observed. During the design 
phase, the pulsation study indicated significant over- and under-compression in the cylinders, 
limiting the compressorʼs capacity and increasing the power consumption. An extensive field 
survey was done to identify the barking noise, the issues with compressor valves and the com-
pressor performance. The survey included various measurement techniques, such as pulsation 
measurements, vibration measurements, PV chart registration, power measurements, flow 
measurement, torque measurements and noise recording for a variety of process conditions. 
The analysis of the data and the subsequent RCA confined the area for generation of noise in-
side the cylinder. It appeared that the barking noise was caused by a defect in the suction 
valves, which was resolved satisfactorily by refitting of the compressor valves with an improved 
design. This resolved both the valve integrity issues and the barking noise. The compressor 
capacity appeared to be in agreement with the original datasheets. The power consumption was 
high in comparison to the specification, but within the agreed tolerance between NAM and the 
Vendor. An improved layout of the cylinder internals could result in a significant reduction of the 
power consumption. However, such a retrofit appeared difficult in the installation, due to practi-
cal restrictions. For future projects, it is recommended to investigate the power consumption 
during the early design of the cylinders, considering the valve losses, ventilation losses and the 
unsteady effects of the pulsating flow. 
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1 Introduction 
The reciprocating compressor system of NAM in Coevorden consists of two locations COV-17 
and COV-24, separated by an 8 km pipeline. The identical compressors K-170 are the ʻ1st stageʼ 
of the compression process. The 2nd stage K-270 and 3rd stage K-370 compressors are located 
on COV-17. Compressor K-370 is manufactured by a different vendor, than K-170 and K-270. 

Figure 1. Schematic representation of compressor system NAM Coevorden. 

Most relevant for this paper are the 1st stage compressors K-170. These are 4-throw natural gas 
compressors, operated at a fixed speed of approximately 370 rpm. The design range for the 
suction pressure is from 1.5 to 6 bar. The design range for the discharge pressure is from 4 to 
15.5 bar. The gas is natural gas (MW=18 g/mol). The capacity is controlled with suction valve 
unloading, with automatic regulation from 100% down to 50% in steps of 12.5%. The maximum 
power consumption of K-170 running at 100% load is approximately 2 MW. 

2 Re-vamp of the compressor station 
In case of a new reciprocating compressor system, the API 618 standard stipulates that during 
the design stage, a pulsation study shall be carried out. The same requirement for a pulsation 
study applies for a compressor system subject to a re-vamp. Examples of re-vamps that affect 
the behavior of pulsations are: changing process conditions (for example depleting gas wells), 
changing gas composition (for example upgrades in refinery compressor systems), increased 
cylinder sizes, modified clearance, modified compressor valves, alternative capacity control 
strategy (such as step-less reverse flow capacity control), modified compressor speed, re-
staging of an existing compressor and adding compressors to an existing system.  
For the installation of NAM in Coevorden, enlarged cylinders were applied on compressors K-
170 (COV-17 and COV-24) and K-270 (only COV-17). Also, the pulsation dampers were modi-
fied on K-170 and K-270. The discharge conditions for the ʻ3rd stageʼ compressor K-370 re-
mained nearly the same as in the original system. One of the main challenges was the spatial 
restriction between the compressor cylinders and the existing foundation. This spatial restriction 
had to be met in the design of the new cylinders, dismounting area for the discharge valves and 
the new discharge dampers. 

3 Pulsation study 
During the design phase for the re-vamp, a pulsation study was carried out in accordance with 
the API 618 standard, 5th edition, which included the following tasks: 

• Analysis of the pulsation dampers (ʻdamper checkʼ) 
• Pulsation analysis of the field piping 
• Mechanical response analysis 
• Dynamic compressor valve analysis 

The damper check is a very important preliminary assessment of the ʻheart-beat areaʼ of the 
pulsations. This step is typically performed in an early stage of the project when the details of 
the field piping have not yet been addressed in the design. The simulation model for the damper 
check is shown in figure 2, and includes all 4 cylinders of compressor K-170. Even though the 
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two sides of the compressor have a symmetric line-up of the cylinders, pulsation dampers and 
interconnecting piping, this model allows to investigate the acoustic interaction between all the 
cylinders and between the dampers and inlet KO drum. 

Figure 2. PULSIM model for damper check. 

During the damper check, PV diagrams of the cylinders are normally presented and analysed, 
for various operating cases defined in the compressor datasheets. In this particular project, 
considerable losses were noticed, associated with the flow in the cylinder gas passages. The 
gas passages (connecting the working chambers on Head End (HE) and Crank End (CE) side 
to the cylinder flanges are shown in figure 3. 

Figure 3. Schematic representation of cylinder gas passages, supplied by compressor vendor. 

The calculated pressure overshoot inside the cylinderʼs working chamber and the excess power 
consumption (compared to the ideal, adiabatic PV diagram) was judged as remarkable. Closer 
inspection indicated high mean gas velocities in the cylinder channels, up to 60 m/s. Consider-
ing the unsteady effects of the flow due to the pulsating action of the compressor pistons and 
valves, the instantaneous gas velocities reached values of 200 m/s. 
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.
Figure 4. Typical PV diagram, calculated during the early design of the pulsation dampers. 

The pressure overshoot and the excess power consumption is determined by the losses in the 
cylinder gas passages, the compressor valves and the pulsation effects. 

4 Noise issues upon start-up 
Upon start-up, strange noises were observed. During an initial site visit, it became apparent that 
two separate noise mechanisms were causing nuisance to the disturbed neighbours: 

• High frequency tonal noise with a continuous character (whistling); 
• Intermittent noise, originating from the compressor assembly (barking). 

The high-pitch whistling noise (approximately 2 kHz) was identified as originating from the tem-
porary inlet strainer. The identification was rather straightforward by inspecting the noise emis-
sion from the piping. The inlet strainer was located outside the compressor building. By remov-
ing this temporary filter, the noise disappeared. 

Figure 5. Inlet strainer. 

The other phenomenon caused strong noise emission inside the compressor building. The 
noise resembled the barking of a dog and was inter-mittent, on an irregular basis. Up to 60 
barking effects per minute were recorded.  

The barking noise could be described as ʻviolent burstsʼ, containing high-pitch noise. The bursts 
occurred on an irregular basis. The noise appears to be originating from all cylinders. 

33



Figure 6. Barking noise events

Rotating equipment engineers were initially puzzled by the noise. No experience with similar 
noise phenomena was available. The issue was soon labelled the ʻbarking dogʼ, or more specif-
ic ʻthe Keeshondʼ1.  

Figure 7. Noise resembled barking of the Keeshond 

The location of the origin of the noise could not be found easily. Based on aural inspection, the 
noise was radiated from the area of the cylinders and suction dampers.

The noise caused a concern to neighbours and to the operators of NAM. It was suspected that 
the noise corresponded to in-line noise of high  amplitude and frequency. Hence, the dynamic 
loading on the internals of the pulsation dampers, due to the mysterious barking noise, may be 
considerable. The integrity of the internals of the pulsation dampers due to high-frequency load-
ing had not been evaluated during the design phase, in contrast to the normal low-frequency 
loading due to the compressor pulsations.  

To identify the origin of the barking noise, a root-cause analysis effort was initiated. TNO was 
asked to participate and propose appropriate actions to identify and resolve the issues. 

5 Issues with compressor valves 
In addition to the noise issues, an excessively high failure rate of the compressor valves was 
observed, in particular on the compressors K-170.  
Mainly suction valves have failed, discharge valves failures have been considered as conse-
quential damages of the suction valve failures due to loose parts such as valve ring pieces and 
broken valve springs.  

Out of a high number of inspected broken suction valves, the following failure sequence was  
determined: 

                                            
1 Formerly called the Dutch barge dog; a very alert dog race, known for their loud, distinctive bark. 
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• Valve springs have been compressed by shock loading. 
• Consequently free length of the valve springs was reduced by 2mm resulting into the 

loss of pretension. 
• Valve springs have been able to move free in the spring pocket, leading to excessive 

wear on the outer diameter and consequently valve spring breakages. 
• After the valve springs have failed, some individual valve rings were not properly spring 

loaded and their uncontrolled movement lead to valve ring breakages. 
  

Figure 8. Consequence of shock loading valve springs: Free length of springs reduced by 2mm, 
therefore loss of  pre-loading. 

Detailed investigations showed that shock loading of this specific valve springs starts to appear 
at impact speeds of  more than 13m/s while the valve dynamic report returns for the suction 
valves opening speeds only less than 3m/s. The deviation of real impact speeds and calculated 
impact speeds lead to the assumption that the real process condition in the compressor differed 
from the design process condition.  

  
Figure 9. Valve ring damages observed on individual rings of the multi-ring valve. 

6 Concerns with compressor capacity and power consumption 
When the noise issues and the issues with the compressor valves were observed, as a first step 
the results of the pulsation study were closely inspected. Again triggered by the remarkable PV 
diagrams, the performance of the compressor was evaluated in a generic way. This was done 
by comparing the measured compressor capacity with the value in the datasheets (location 
COV-24). The measured flow was low by approximately 15%. These observations aroused 
suspicion on the performance of the compressor. Therefore, it was decided to do an extensive 
in-situ performance test for the compressor installation on COV-17.  
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7 Root Cause Analysis and field testing 
During project meetings, additional analysis was presented by several partners in the project, 
including NAM, TNO, Hoerbiger and the engineering contractor of the re-vamp. Preliminary 
acoustic registration of the noise was used to analyze the intensity of the intermittent noise and 
the frequency content. 

Various candidate mechanisms for the noise generation were raised by the project team. This 
included anomalous flow inside the cylinder passages, choking flow and shock waves, inade-
quate separator performance, condensation of liquid in the cylinder passages, accumulation 
and ingestion of liquid into the cylinders.  It was suspected that the observed noise, valve fail-
ures and high gas velocities in the cylinder were related mechanisms, but this was hard to con-
clude firmly.  

The performance of the separators was double-checked and found to be according to the de-
sign standards. The heat tracing and acoustic insulation were verified and in accordance to de-
sign specifications. Draining connections were added to the suction dampers, and the amount 
of liquid drained appeared to be small. Based on thermodynamic analysis, it was excluded that 
inside the cylinders excessive expansion was responsible for condensation. Also the inspection 
of the failed valves did not show typical signs of failure due to liquid ingestion. In short, the hy-
pothesis that the issues were caused by liquid ingestion was classified as ʻunlikelyʼ and discard-
ed.  

Based on the reports by the operators and the preliminary noise measurements in the compres-
sor building, no clear relation between the barking noise and process conditions could be estab-
lished. The barking appeared on an irregular basis, originating apparently from all cylinders. In 
the absence of a key phasor registration, the exact timing of the barking event could not be re-
lated in time to the operation of the compressor valves.  

The field survey focused on the barking noise, to identify the origin of the noise. In addition to 
unsteady pressure measurements inside the working chambers of various cylinders, pulsations 
were recorded at the cylinder nozzles and in the field piping. Vibrations were recorded on the 
suction dampers and radiated noise was recorded with a microphone. 

Furthermore, during the survey, the performance of the compressor was critically investigated. 
This was done with various independent measurement techniques: 

• Electric power measurement with a Watt meter, performed by a specialized sub-
contractor. 

• Thermodynamic power extracted from PV diagrams, performed by TNO [3]. 
• Shaft power measurements, performed by a specialized sub-contractor. 
• Enthalpy rise method, using pressure,  temperature and flow readings from instruments 

in the field, in combination with an Equation Of State (EOS) to compute the enthalpy 
rise [3,4]. 
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Figure 10.  Typical line-up of measurement locations for performance testing [3]. 

To localize exactly the position where the barking noise is generated, the choice for the pres-
sure sensor locations is critical. Since not only the effect of pulsations was evaluated during the 
tests, but also locations of flow losses had to be verified, special pressure sensors, recording 
both the static pressure and the dynamic pressure fluctuations, were used. Prior to the perfor-
mance testing, the measurement method, sensor locations and proposed analysis were dis-
cussed and agreed upon with all parties. For all measurement equipment used for the perfor-
mance testing, calibration certificates were shared in advance of the measurements.  

Prior to the field survey and performance testing on location COV-17, a ʻdry-runʼ was done on 
the same compressor K-170 system on location COV-24. It was concluded that the initial obser-
vation of low capacity of the compressor may be due to a leaking recycle valve. Therefore, the 
performance tests on COV-17 were performed with the recycle valve of K-170 removed. 

Figure 11.  Recycle valve removed for the testing. 

The actual field survey on location COV-17 was witnessed by NAM and the   compressor ven-
dor. 

Pulsations were recorded inside the working chambers of all 4 cylinders, both on Head End 
(HE) and Crank End (CE) side. In addition, pulsations were recorded on all cylinder connec-
tions. This enabled an assessment of the losses between the pulsation dampers and working 
chamber. Finally, pulsation measurements were taken on two points in the suction line, up-
stream of the dampers and on one location on the discharge damper drain. The pulsation 
measurements in the field piping were done with dynamic pressure sensors.   

The measurement program for the performance testing focused on the compressor running at 
100% load, without valve unloading. The program included a variation in suction pressure from 
3.1 to 5.5 barg and in discharge pressure from 9.3 to 12.8 barg.  For the barking noise testing, 
various load conditions from 100% down to 50% load were recorded. Since the barking phe-
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nomenon was highly irregular, a continuous measurement approach was used, recording large 
traces of data. 

With respect to the various recordings of the compressor power, it must be clearly understood 
that the methods represent different power definitions.  For example, the measured electric 
power is the overall power: the accumulation of energy transferred to increasing the pressure 
and temperature of the gas, thermal loss, flow losses, mechanical losses in the drive train and 
electric losses in the E-motor. The electric power is measured using a Watt meter, using a direct 
measurement of the voltage and current. Also the phase relation between voltage and power is 
required, in addition to information from the E-motor vendor.  

On the other hand the power derived from the PV charts (by integrating the enclosed area) in-
cludes only the thermodynamic power. The difference of the measured PV diagram with the 
theoretical (adiabatic) curve is an indication of losses generated by flow losses and unsteady 
effects occurring between the working chamber of the cylinder and the points where the line 
pressures have been recorded. To relate the thermodynamic power to the overall power, all 
other losses need to be estimated (mechanical losses in the cylinders and the drive train and 
the limited efficiency of the E-motor). For this specific compressor and motor, the mechanical 
losses were estimated at 120 kW and the E-motor efficiency was specified by the vendor at 
95.7%. 

The enthalpy rise method uses high-level performance parameters derived from field instru-
ments and is relatively straightforward to use. However, no detailed information on the root 
cause of any losses can be obtained. Only in case of a substantial discrepancy between con-
sumed power and predicted power based on enthalpy rise, a potential issue is identified and 
additional analysis is required. If the consumed power is much larger than the power estimated 
based on enthalpy rise, this may be an indication of excessive losses inside the cylinder. Also in 
case of this method, other losses (mechanical losses, E-motor efficiency) have to be estimated 
with sufficient accuracy.  Moreover, the requirements on the reliability and accuracy of the field 
equipment are considerable. 

Finally, the shaft power, determined from a strain gauge measurement on the rotating shaft in-
cludes the effects of mechanical losses of the drive train and the flow losses but excludes the 
efficiency of the E-motor. Normally it is expected that the shaft power will have an intermediate 
value between the electric power and the thermodynamic power. 

Figure 12. Pulsation measurements inside the cylinder (CE/HE). 

To study the effect of the barking noise more conveniently, the lower frequencies (compressor 
pulsations) have been filtered out. The frequencies of the barking effect are collapsing with the 
acoustic resonances in the measurement branches for the pulsations. Therefore,  a quantitative
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assessment of the noise levels is difficult. In any case, no industrial guidelines are available, to 
assess the urgency of the barking noise  

Prior to the field survey, all compressor valves on K-170 were replaced by new valves. During 
the testing, it appeared that the rate of barking was substantially lower than prior to valve re-
placements. This suggested a relation between the barking noise and the condition of the com-
pressor valves. 

The barking was most prominent at the cylinder connections, at the suction side of the cylin-
ders.  

In the suction piping upstream of the dampers, the noise was perceivable, but much weaker. 
From the amplitude and the time delay between the cylinders, it can be clearly identified from 
which cylinder the barking noise originates.  

Figure 13. barking effect on cylinders 2 and 4.

From this picture, it is also concluded that the noise is generated in the cylinder connections 
(between the suction damper and the working chamber of the cylinder) and not in the suction 
damper volume, nor in the piping upstream of the pulsation dampers. 

The barking appeared at all load conditions, but appeared most regularly during part-load condi-
tions. This suggested that the barking originates from the channels leading to HE or CE side 
(inside the cylinder) and not in the ʻcommonʼ channels where the flow is significantly lower dur-
ing unloaded conditions. 

Finally, the pulsation signals in the working chamber of the cylinders were analyzed.  

The barking noise is present also inside the working chambers. In all barking cases, the noise is 
generated at the Crank End side. 

Figure 14. Barking noise, at t=0.5s on suction side, and in CE/HE working chambers. 
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A detailed analysis of the synchronization of the barking noise in the working chamber and the 
cylinder connection indicated that the barking is observed in the working chamber of the cylin-
der and on the suction side, on time intervals when the suction valves are supposed to be fully 
closed. The barking noise is hardly perceived at the discharge side. Based on this observation, 
it was concluded that the noise is associated with intermittent opening of the suction valve, dur-
ing the exhaust phase in the PV diagram.  

Upon barking, there appeared to be an temporary connection between the high-pressure work-
ing chamber and the suction side. The pressure ratio is considerable (>2) and the jet is ex-
pected to be a strong noise source, containing high-frequency broadband noise. 

A considerable amount of higher-order acoustic modes may be triggered inside the suction 
dampers. Due to efficient coupling with mechanical resonances (shell) modes, break-out noise 
radiation from the suction dampers is expected. 

  
Figure 15. Acoustic modes, that may be excited in the suction damper.

With respect to the performance testing, the compressor flow was in accordance to the specifi-
cation in the datasheets. The power consumption was higher than the values in the datasheets, 
but remained within the margin agreed between NAM and the Vendor. 

The pressure signals inside the working chambers of the cylinders were compared with the 
pressure signals at the suction and discharge cylinder connections, and with the line pressures: 

Figure 16. Pressure signals in working chamber (HE/CE), at suction and discharge cylinder 
connections, compared with suction and discharge line pressures (dashed lines).
  
The overshoot at the discharge side and the undershoot at the suction side are apparent, and in 
line with the preliminary conclusions made during the pulsation study. The pulsation levels at 
the discharge cylinder connection contain an acoustic resonance effect at a multiple order of the 
compressor speed. The pulsation levels are 9% peak-to-peak, which is relatively high, com-
pared to the limits in API 618. The high pulsations are caused by the relatively long pipe length 
between the compressor valves and the discharge damper volume (the discharge damper con-
tains a prolonged half-pipe toward the middle of the vessel). 
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Figure 17. Theoretical and measured PV diagram. 

8 Conclusions and proposed solutions 
The performance tests indicated that the performance of the compressor was in line with the 
specification in the datasheets, within the agreed tolerance.  

After the detailed analysis of the results of the field survey, it was concluded that the barking 
noise was associated with the observed issues (refer to chapter 5) in the suction valves. There-
fore, the project team focussed on an improved design of the compressor valves.  

The initially supplied ring type valves have not been developed to handle impact speeds as high 
as 13m/s, as observed during the RCA. It was therefore decided to change the valve design 
from   ring type to profiled valve plate type.  

Viewing seat and guard geometry and especially valve plate geometry as a whole, this design 
minimizes sticktion and improves on the  impact situation of the profiled plate and guard (Figure 
18). 

Figure 18. Cross section of seat, valve plate and guard of a profiled plate valve.  

Although this  suggests a straightforward modification of the valveʼs aerodynamics, improved 
construction material of the valve plate has a positive effect on valve life as well. 

The profiled plate design with its  contoured single sealing element (Figure 19) behaves differ-
ently than the original ring valves. Less load generation on specific valve internal components, 
such as valve springs, make it more resilient to impact forces and material fatigue. Furthermore 
this design enables reduction of valve losses, even at a lower valve lift than the original valve. 
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Figure 19. Profiled valve plate. 

With the applied modification the compressor has been operated now for more than 13500 
hours without any valve failures reported so far.  

9 Lessons learned and recommendations for future projects 
• The observed barking noise appeared to be related to intermittent erroneous operation 

of the suction compressor valves. 
• Identifying and locating the area where the noise was generated required a substantial 

effort, with detailed measurements in the field. 
• The issue was satisfactorily resolved with an upgrade of the compressor valves to pro-

filed valve plate type. 
• To evaluate the capacity of a reciprocating compressor in detail, is not a straightforward 

exercise. Various methods are available to assess the capacity in the field. 
• In case of the enthalpy-rise method, using the readings of non-custody measurement 

equipment (flow meters and pressure transmitters) is liable to significant uncertainty and 
erroneous conclusions.  

• Performance testing requires a careful agreement on the approach, by all parties. If in-
dependent measurement techniques are used, measuring related (but not identical) 
quantities, such as electric power, shaft power and thermodynamic power may display 
significant differences. An independent party may be preferred to supervise the testing 
activities, and to judge and interpret the independent measurements. 

• The flow losses in the cylinders in this specific project were considerable. In theory, an 
alternative design may have significantly reduced the power consumption and may have 
increased the capacity. However, due to the specific spatial and operational require-
ments in this case, an easy re-fit was not feasible for this project. 

• It is recommended to perform an independent verification of the flow losses inside the 
cylinders and the associated power consumption, during the early design phase.  

• For such an evaluation during  the design phase, it is essential that the geometrical rep-
resentation of the cylinder internal channels is adequately described by the compressor 
vendor. 
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ABSTRACT 
Machinery vibration is one of the main causes of damage and failures in industrial plants, and 
reciprocating compressors are particularly subject to vibration-related phenomena as alternating 
forces and pressure pulsations are inherent in their design. 

Vibration problems may also arise after a machine is installed and is set in operation due to in-
adequate attention to interaction between the compressor and plant as a whole during the de-
sign stage.  

This paper will examine a case that occurred in a polyethylene plant located in Ragusa, Italy, 
where high vibration issues resulted in broken pipes and welding failures. In particular, the area 
that was most affected by vibration was the inter-stage cooler and the piping in the immediate 
vicinity. 

New, more effective supports were studied and the exact positioning of the supports was based 
on the results of a dynamic forced-response FEM analysis; the vibration measurements were 
also used to tune the FEM model, and subsequently to identify, through the model, the key 
points where a stiffer structure was required. As a result, many of the existing supports were 
reinforced and additional supports were positioned where they would be more effective accord-
ing to the FEM analysis. High damping rubber pads were also added between the supports and 
the piping in order to further lessen the impact of the vibration. Finally, also the cooler structure 
and foundations were reinforced. 
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1 INTRODUCTION 
The production of Low Density Polyethylene requires compressors capable of bringing the gas, 
ethylene or an ethylene-based mixture, to the polymerization pressure, ranging from 160 to 350 
MPa depending on the type of process utilized [1]. Due to the very high pressure, safety and 
plant operation are key factors. [2] 

The compression of the gas is normally made in two steps: 

• the first step, up to about 30 MPa, is normally performed with a heavy-duty balanced-
opposed reciprocating compressor, called Primary Compressor;  

• the second step, to reach polymerization pressure, is fulfilled with very special compres-
sors, still reciprocating type but with many high-technology features to withstand the ex-
treme working conditions, widely called Hyper Compressors or Secondary Compressors  

The reactors where the polymerization occurs are normally of the tubular type for the highest 
pressure processes and of the autoclave vessel type for the lower pressure ones.  

Due to the fact that the piping, valves and other devices of LDPE plants have to operate under 
very high and variable pressures an accurate acoustic calculation of the pressure pulsations is 
necessary to avoid problems in operation also in consideration that, volume bottles cannot be 
used in this environment. The basic law governing pressure pulsation is the following: 

∆P/P = ∆Q K/S c 

where ∆P is the pressure pulsation, P is the average pressure, ∆Q is the flow pulsation, K is the 
ratio of the specific heats, S is the pipe section and c is the speed of sound. 

In the case of Hyper compressors there are very special conditions of the parameters influenc-
ing pressure pulsations: the speed of sound is very high (f. i. in second stage discharge it is 
about five times that of air at atmospheric pressure) but also the K is very high so that pressure 
pulsations are largely dependent on the pipe diameters. However a deep knowledge of the 
thermodynamics of the gas is essential. 

As it is known, pipes can originate acoustic resonance in the following conditions: 

• Quarter-Wave (λ/4) when the acoustic circuit is closed at one end and open at the other, 
with resonant frequency FR = [2N-1] c / 4 L 

• Half-Wave (λ/2) in two configurations when the acoustic circuit is closed or open at both 
ends, with resonant frequency FR = N c / 2 L 

Where: λ  = Wave length, N  = Harmonic number, L = Resonant pipe length, c =  speed of 
sound 

In both cases, high harmonic numbers are expected because of the high speed of sound of eth-
ylene at high pressures.  

Pressure and flow pulsation must be kept at low level as they are linked with acoustic energy 
which interacts with the mechanical system of the plant generating mechanical vibrations which 
require special attention.[3]  
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The dynamic forces that are the source of the vibration phenomena are due to: 

• unbalanced inertia forces and moments of the compressor; 
• forces induced on the gas pipes by displacement of the cylinders; 
• pressure pulsations; 

High vibrations generated by acoustic resonance conditions which, as stated above, can be of 
rather high frequency. Moreover, if this frequency is close to the mechanical natural frequency 
of the piping, vibrations can result extremely high and cause fatigue failure phenomena.  

In order not to fall into this kind of problems an accurate acoustic analysis followed by a me-
chanical analysis is necessary taking care of a correct simulation of both the thermodynamic of 
the gas and the piping arrangement with the relevant supporting system. 
The paper will discuss a problem that occurred at a polyethylene plant, where there were high 
vibration issues which resulted in piping failure recurring almost every 3-4 months over some 
years. High vibration velocity occurred on the interstage lines and on the intercooler structure 
(as shown on Tables 1 and 2).  

During the survey on site, the piping system was analysed, data collected and the history of 
failures reconstructed to overcome the encountered problems. 

2 ISSUES EXPERIENCED ON A HYPERCOMPRESSOR 
The compressor was an old machine, installed in the seventies. About ten years ago it was re-
vamped, and the  frame and the driver were replaced, increasing the average piston speed. 
After these modifications, the customer started to experience frequent piping issues, generally 
in the form of cracks on the flanges or pipe segments in the intercooler area.  

Despite the installation of restriction orifices following an acoustical study in the new conditions, 
the problems persisted. At that time, it was also suggested that some supports be modified but 
this was only partially implemented. The compressor is equipped with four 1st stage and four 
2nd stage cylinders, and the intercooler has four sections. 

The historical failures of the last 8 years were studied and it was found that not all the sections 
experienced the same behaviour: the area where the failures were most frequent was line B, 
especially on the pipes at the cooler exit. Subsequently, also lines A and D experienced a com-
parable number of failures while line C was the most reliable. 

A detailed vibration measurement campaign had revealed 17 points with high vibrations on the 
interstage piping, with displacement values exceeding both the EFRC vibration amplitude limits 
and the South West Research Institute danger curve (in the frequency spectrum), above which 
corrections are urgently needed as failures are likely to happen even in a short time. Figure 1 
and 
Table 1 shows some of these points with high vibrations.

46



Figure 1: Interstage piping layout and Points with high vibrations on 2nd stage suction lines D 
and B 

Table 1: Points with high vibrations on 2nd stage suction pipelines D and B 

In addition, also the cooler was analysed and the vibration amplitudes were found to be in some 
cases even 10 times over the danger limit. To give an idea of the magnitude of those vibrations, 
some of the horizontal pipes of the cooler vibrated at more than 300 mm/s rms while the EFRC 
unacceptable limit (keyzone C/D) is 28.5 mm/s!  

Despite the technical measures that were undertaken over the last few years to avoid high lev-
els of vibration (i.e. acoustical and mechanical analysis, restriction orifices and new piping sup-
ports) vibration continued to be a problem. In this case, the vibrations were not the result of a 
poor detailed design of the compressor piping system but were due to the fact that acoustical 
interaction between the compressor and the plant had not been taken into account with all due 
attention. 

In particular, some of the circumstances that led to this situation were: 

• the modifications to the piping supports suggested by the compressor manufacturer 
were assigned by the end user to another contractor and resulted in a poor and weak 
design (see Figure 2); 

• the coolers structure was not originally supplied by the compressor manufacturer, who 
therefore did not have the fabrication drawings and related engineering details. When 
the new acoustical and mechanical analyses were performed, only the acoustical aspect 
was considered while the cooler was assumed to be a rigid body; however, it was in very 
bad condition due to rust, repeated repairs and invasive maintenance activity (for exam-
ple, some beams had been cut several times and re-welded to change the pipes). See 
Figure 3; 

• the vibrations on the cooler foundations were also high above cooler B, and a borescope 
inspection revealed underground voids due probably to subterranean water erosion 

Overall 
displacement

overall 
velocity

Frequency of 
the max Peak

[µm RMS] [mm/s RMS] [Hz]
P002T X 165 41 37.3
P004T X 76 38 78.8
P007T Y 177 55 49.8
P009T Y 350 95 41.5
P011T Z 116 56 62.3
P013T Y 116 56 70.5

Direction

D 
C 

A 
B 

Line D and B
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(cooling pipe joints were continuously leaking a large amount of water). As a result, the 
foundations, where the shaking forces are transferred in order to limit the vibrations, 
were not acting properly. 

Figure 2: Examples of the ineffective supports 

Figure 3: Cooler structure 

The two main areas with high vibrations were identified and a different approach was used for 
each one, due to the dissimilar nature of the vibration. 

In the interstage piping area, between the compressor and the cooler, like the area shown in 
Figure 2, most of the highest vibration harmonics (peaks) were between 60 and 70 Hz, there-
fore at a very high frequency, considering that the first exciting harmonic was at just 4.1 Hz. The 
pulsation amplitudes at this high frequency were very low, especially after introduction of the 
restriction orifices, therefore a simplified analysis of the piping segment mechanical frequency 
was performed, according to API 618.  

The result was that most of the pipe segments with a length between 1.5 and 1.7m had a me-
chanical natural frequency in the range of 60-70Hz. In particular, this was due to the fact that 
these supports should have acted as fixed constrains, whereas in the actual situation, they were 
simply mono-directional supports. 

In the intercoolers section, instead the main criticalities were that: 

• the bends shown in Figure 3 had a small bend angle, thus the exiting supporting beams 
were not suitable  to sustain the resulting shaking forces; 

UNFIXED BIG MASSES 

WITHOUT 

SUPPORTS 

WOOD CLAMP 

GAP 

WOOD 

CLAMPS 

REPETITIVE 

WELDINGS
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• the inlet and outlet connections were considered in the mechanical analysis as fixed 
supports but were instead just fixed with wooden clamps  (see Figure 2), so they had a 
very low stiffness; 

• the side pipes were more than 7 m long and were just clamped in the middle with simple 
U bolts; 

• on cooler B also the baseplate vibrations were above the limit, due to voids in the foun-
dation. 

3 PROBLEM SOLVING: MODIFICATIONS INTRODUCED 
In consideration of the short time available for the intervention (10-day outage), a simplified 
support design (Figure 4), was studied to minimize the time required for order processing and 
delivery of materials: 

• a uniform clamp design was developed, using a variable support plate to adapt it to each 
pipe height 

• a layer of  fabric reinforced, elastomeric pad, 4mm thick, was placed between the clamp 
and the gas pipe (rolled all-round the pipe) . 

• the clamp was made from a bent plate and the anchoring was made using U-bolts weld-
ed around the outer diameter. 

Figure 4: Typical support design

This type of clamp was adopted to substitute all the weak supports of the interstage piping, to-
gether with a reinforcement of the beams with the addition of stiffening plates. 

A total of 83 weak supports were selected for substitution and for each one a criticality value 
was given to indicate the priority to be given to the substitution, considering that only a certain 
number of supports could be replaced within the scheduled outage. 

In order to identify the most efficient and effective upgrades to significantly reduce the vibrations 
on the cooler structure, it was decided to perform a dynamic FEM (Vibration Analysis). Not hav-
ing the construction drawings, the cooler structure (both front, bay and cylinder rear side) was 
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modelled based on dimensional measurements carried out in the field. Once modelled, the 
analysis of linear dynamic vibration was set, paying particular attention to extrapolation of the 
forcing factors to be imposed on the existing structure. 

Using the results obtained from the acoustic calculation, the pressure pulsation values related to 
each loop were extracted. After that, the shaking forces were calculated using the API RP 688 
[4] formula: 

  

  




Where: 

F  is the shaking force 
 is the dynamic pressure 
 is the internal diameter 
FResult is the resultant shaking force 
  is the elbow angle 

The shaking force values indicated in Figure 5 were calculated for each harmonic (Shaking 
Force harmonic cut-off frequency ~139.7 Hz). Subsequently, these values (Harmonic Loading) 
of Shaking Force amplitude [N] were imposed in the FEM model using the principle of superpo-
sition. 

Figure 5: Shaking force harmonic amplitude 

The modal superposition method represents the vibration response of a structure by using the 
superposition of responses that characterize Single Degree of Freedom systems (SDOF). The 
natural frequencies and directions of vibration of these systems correspond to the natural fre-
quencies of the analysed structure. The number of SDOFs contributing to a dynamic response 
is equal to the number of modes calculated by a pre-requisite modal analysis or frequency anal-
ysis. 

A harmonic analysis assumes that the load is a function of frequencies rather than being directly 
dependent on time as is in the case of a time response analysis [5].  

      	 sin  	 	 cos 
Where: 
[M] Mass matrix 
[C] Damping matrix 
[K] Stiffness matrix 
F(t) Vector of nodal loads (this vector is a function of frequency) 
,  ,  Unknown vector of nodal displacements, speed, acceleration   
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In this case the analysis shall be performed in the range between 0 to 70 Hz, because the high-
er frequencies will have a negligible value of shaking force amplitude. 

After defining the frequency range on which the vibration dynamic response shall be analysed, 
a modal Global Damping of 3% was defined. Assigning the same damping ratio to all modes 
represents a simplified and conservative approach. In most cases damping for higher modes 
will be higher than that for lower modes. 

The results of the vibration analysis confirmed that the model has values very close to those 
obtained by the measurements in the field: 220 mm/sec rms measured on the front surface of 
the cooler vs a calculated value of 218 mm/sec rms as a mean of various points. 

Figure 6: Cooler model 

After creating a reliable model (Figure 6), four different options were studied, proceeding to 
check the vibrational response of each of them applying the same excitations (Figure 7): 

• solution n°1: lateral “L” profile supports and boxing reinforcement of the vertical support. 
• solution n°2: bottom lateral support in lower position. 
• solution n°3: bottom lateral support in higher position. 
• solution n°4: reinforcing gusset added on the top of vertical support.  

On the basis of the structural response obtained through dynamic analysis, (carried out at the 
front of the cooler subjected to variable loads in the frequency domain), it was decided to select 
and engineer solution n°4 as it offered the best compromise between the vibration reduction 
and the activities required in the field: 

Figure 7: Dynamic analysis structural response
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During a planned shutdown, it was decided to implement the changes both on the line clamps 
(about 60 of them) and on the two most critical coolers. In Figure 8 there are two examples of 
clamps installed in the field. 

   
Figure 8: New clamp design 

The structural stiffening of the cooler  realized and installed during the plant shutdown is shown, 
highlighted in green, in Figure 9. 

    
Figure 9: New cooler stiffening structure

The tightening torque for the bolts of the new clamps and support were chosen as the best 
compromise between the damping efficiency of the fabric pad and the support stiffness, using 
proprietary software developed specifically for this purpose. In fact, the manufacturer of the ma-
terial recommends a specific maximum pressure to be applied in order not to excessively re-
duce the thickness of the material, with a consequent reduction in its damping effect. The opti-
mum torque to be applied to the bolts was obtained from this value. 

Figure 10: Screenshot of the software used to evaluate the appropriate tightening torque 
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4 VIBRATION MEASUREMENTS AFTER MODIFICATION 
A few months after the modifications, a diagnostic survey was performed at the plant to evalu-
ate the effectiveness of the new supports by making new measurements and comparing them 
to the old ones taken before the modifications. 

Displacement and velocity were measured and a real-time frequency analysis was conducted. 

The survey covered all the 4 interstage lines, each with the related cooler. The measurement 
points were the same as those of the preliminary survey before the optimization.  

The frequency peak of each measured point was compared with "Piping Allowable Vibration 
Limit Correction Curve" and "Piping Allowable Vibration Limit – Danger Curves "of the SwRI [6] 
[7]. These curves define the acceptable limits of the vibrations on the pipes associating a maxi-
mum displacement value with each frequency. 

Regarding the interstage pipeline, Figure 11 shows an example of comparison between fre-
quencies recorded on one point, before and after the optimization. The peak frequency is the 
most relevant to be considered in the current analysis, because it is the one that, without inter-
vention, will cause pipe failure in the long term. 

All the measured points were no longer above the “danger curve”, but close to or below the 
“correction curve” so that one can say that the piping vibration issue may be considered solved. 

Figure 11 Amplitudes of the harmonics at the most relevant point, before and after modifications 

Regarding the coolers, the ones considered most critical due to high vibrations and history fail-
ures are those related to lines A and B: on both, the measurements show a clear improvement 
with respect to the previous situation.  Table 2 shows the vibrations in terms of velocity (mm/s 
rms) "before" and "after" the intervention. The main vibration frequencies of all coolers are the 
same as the compressor speed (4.3 Hz). 

Cooler E303B 
(mm/s rms)

X Y Z
before after before after before after

inlet pipe 26 27 14 17 25 33 
mid curves 255 29 200 36 15 27 
outlet pipe 40 18 24 8 26 24 
lower lateral pipe 170 30 - 9 150 16 
upper lateral pipe 16 28 - - 22 10 

Table 2: Cooler  B vibration (mm/s rms): comparison before and after the optimization 

0

50

100

150

200

250

300

350

400

Am
pl

itu
de

 [µ
m

 0
-p

k]

Frequency [Hz]

Vibration comparison on "point 009" before and after modifications
before

after

SwRI - Correct Curve

SwRI - Danger Curve

53



It was noticed that on two parallel sections of the suction line (line A and B) there was a signifi-
cant difference in vibrations on certain sections of the piping. These lines are symmetrical to the 
compressor and cooler and have identical supports. The difference in vibration was explained 
by a different tightening torque being applied to the new clamps during the mounting stage: a 
test was carried out, observing the shift in the spectrum frequency in real time as tightening of 
the bolts was decreasing. The effect was the lowering of peak frequencies, moving within the 
acceptance area of SwRI curve. 

Piping supports 
The supports optimization produced a general improvement in the vibrations throughout the 
whole interstage system. 

According to the frequency analysis, all points with vibration above the "danger curve" of SwRI 
dropped below it; moreover, the peaks of vibration and the relative frequency peak of each 
point, are now all below, or in a few cases near the "correction curve" of SwRI. At the moment, 
no point is believed to be in the danger zone. Regarding the few points that are still next to the 
"correction curve", all of them had an increment of the vibration frequency, which is more likely 
due to an over-tightening, which has altered the damping power of the rubber installed between 
the pipe and support. 

Coolers  
Observing the vibrations measured as velocity rms, a strong improvement was noted for all the 
coolers, including the items C and D where no structures had been stiffened. 
This is probably due to the combination of the following actions:  

• Reduction of vibrations in the interstage piping, which now transmits less excitation to 
the cooler. 

• Intervention on the cooler B foundation and skid  
• Replacement of the wooden blocks of the cooling jackets on the cooler C and D them-

selves. 

Observing the peak displacement, coolers B and C have still some isolated vibrations peaks on 
the lower side pipes, still below the "danger curve". 

Further improvement may be obtained adjusting tightening of the clamps, measuring in real time 
the effect on vibration, to optimize the clamping to the value that generates a lower vibration. 
However, in order to be sure of bringing all points below the "Correction curve" it is necessary to 
completely revise the cooler structure. 

It was also recommended that a new measurement campaign be carried out after the winter 
period to assess whether the vibrations on cooler C and D returned to high values: in which 
case, the cause should be sought in the loss of damping power of the new wooden dowels.  

After 5-6 months of operation a couple of other failures occurred on cooler B, which was the 
most critical. These failures occurred at points where vibrations and supports were not consid-
ered critical at the time of the first survey. Analysis and recommendations are still in progress 
but the conclusion has been that the cooler structure and its foundations were not responding 
“ideally” as per the FEM analysis due to the state of preservation of the foundations, the pres-
ence of holes in the cooler structure caused by rust and the repeated welding and fixing on the 
old clamps and beams. An injection of concrete in the foundations and a general replacement of 
the ruined cooler parts has been scheduled for the next shutdown to better replicate the struc-
ture that has been simulated in the FEM analysis. 
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5 CONCLUSIONS 
This case history is a typical one. An old compressor that was revamped with most of the auxil-
iary equipment remaining the same as at the beginning of its operation. During its life the vari-
ous parts of the machine and the associated system have gone progressively deteriorating even 
if in a not evident and dramatic manner. Nevertheless that machine is a part of a plant that can 
continue to be productive, provided that it is submitted to an expert maintenance to take care of 
the modified operation, of the deterioration occurred and of the steps made by the technology in 
the meantime. 

In the case of the high pressure LDPE plant reported in this article all of this was present with 
the addition of the non-availability of original drawings of the cooler. Nevertheless an accurate 
survey of the real actual situation, an assessment of the performance for the identification of the 
critical points and the application of new more powerful investigation technologies allowed to 
strongly improve a vibratory situation that exceeded by far the values considered acceptable. All 
of that was done also considering the constraint due to the production schedule of the plant 
which is not a research center but an economic activity and has to fulfil its engagements. 
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1. Introduction 
Piston rod packing in reciprocating compressors often utilizes side-loaded seal rings in vent 
seals and buffer seals.  Traditionally these seals have a side-loading mechanism that uses an-
gled wedge rings and/or overhung springs to push two ring components apart and load them 
against the side faces of the packing cups.  This design tends to generate excessive frictional 
heat which ultimately can lead to early packing failure.  Historically this has been a major limit-
ing factor in the service life of packing using buffer systems. 

There are alternative side-loading technologies existing, but most of these have small loose 
parts and can be difficult to maintain and install, which makes them unpopular to users.  New 
technology has been developed that achieves a Low-Friction side-loaded seal without contrib-
uting added frictional heat to the piston rod.  These seals have been shown to run at lower pis-
ton rod temperatures when compared to traditional side-loaded seals, which can lead to ex-
tended service life. 

2. Side-Loaded Packing Rings 
Piston rod packing in reciprocating compressors often utilizes side-loaded packing rings in vent 
seals and buffer seals.  A “Side-Loaded Ring” is any packing ring that is designed to expand in 
the axial direction of the piston rod when installed, such that they seal against one or both faces 
of the adjacent packing cups.  Typically the side-loading mechanism does not require gas pres-
sure to activate.  This allows side-loaded rings to seal effectively at packing vents or in buffer 
seals where there is insufficient pressure to activate a typical packing ring. 

Most traditional side-loading is achieved by the use of angled wedge rings and/or overhung 
springs.  Either type typically uses spring pressure to push two rings apart or to push a ring 
away from a cup face.  Figures 1 and 2 below show the most common types of side-loaded 
rings used in rod packing. 

Figure 1–Single-Acting Side-Loaded Ring “WAT” Figure 2–Double-Acting Side-Loaded Ring “AL”

The WAT is a single-acting ring commonly used as a vent ring.  This is typically used as an up-
grade to the standard double-tangent ring.  Since there is little to no pressure between the pack-
ing case vent and the distance piece, there is not enough pressure to keep a double-tangent 
ring sealed against the cup face. Thus the ring moves back and forth in the cup with the motion 
of the rod, allowing some leakage. The WAT ring, however, stays loaded against the cup face 
regardless of pressure and thus gives a tighter seal.  

The AL is double-acting and is typically used for buffer seals.  This ring seals against both sides 
of the packing cup and contains a purge or buffer gas within that cup, creating a barrier against 
process gas leakage.  Buffer seals may be included as part of the main pressure packing but 
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can also be used as intermediate seals in double distance pieces and can even be added to oil 
wiper packing assemblies. 

Both of these ring assemblies feature a wedge ring with a 45° angle that uses the downward 
load from the garter spring to push against the adjacent ring(s).  The primary drawback to this 
design is that the springing that achieves the side load also imparts an added radial load.  This 
load can be significant, depending on the geometry of the ring. 

For example, consider an AL ring for a 1.125” piston rod.  The garter spring used here has a 
spring rate of 4 lb-f/in [0.7 N/mm] and an initial tension of 0.5 lb-f [2.2 N].  The contact area be-
tween the ring and the rod is 0.64 in2.  The center diameter of the spring when installed on the 
ring is 1.717” [43.7 mm]. 

	ℎ = 1.717" ×  = 5.39"
	ℎ = 	ℎ − 2 × 	

	 = 5.39 − 2 × 1.5
4 = 4.64"

The spring length is rounded down to 4.50” for manufacturing, giving a final installed deflection 
of 0.89” [22.6 mm].  The calculation for contact pressure is then as follows. 

	 = 	 2 ×  × 	ℎ + 	
		 × 	ℎ = 2 × 4 × 0.894.50 + 0.5

1.125 × 0.182 = 10.16	

Meanwhile, the assumed radial spring load was 1.5 lb-f [6.7 N].  When translated to an axial 
force along a 45° wedge, this results in  

1.5 × 	45° = 1.06
So, in order to achieve just 1.06 lb-f [4.7 N] of axial force, a contact pressure of 10.16 psi [70 
kPa] is applied to the ring. 

For many years, users have complained of heat generated by these rings, particularly AL rings.  
Occasional packing failures result from overheated AL rings, especially in high-speed and/or 
non-lube service.  This is especially true for intermediate packings where there is no gas 
movement or any active cooling mechanism to help remove heat. 

One recent incident in the field demonstrated the potential for heat-related failures with AL rings.  
A packing set installed on a 1.125” piston rod, running at 1200 RPM, failed on two separate oc-
casions within hours of startup.  Extrusion of the PTFE (Polytetrafluoroethylene) material was so 
severe that all five rings of the AL set fused together into a single unit.  The other rings in the set 
failed in a similar fashion.  See figures 3 and 4 below for the failed AL ring.  As shown in the 
above calculations, the contact pressure on the AL rings due to spring load was approximately 
10 psi [70 kPa].  Simply increasing the spring lengths by 0.25” [6.35] mm reduced the contact 
pressure of that ring down to 7.7 psi [53 kPa], a reduction of 24%, after which multiple sets of 
the packing ran successfully and the problem has not repeated. 
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Figure 4 – Overheated AL Ring Figure 5 – Overheated AL Ring 

The tendency for these rings to run hot is obviously a liability for operation since a heavy spring 
can lead to failure.  This forces the designer to keep the spring loads relatively low.  Unfortu-
nately, since the garter spring load also drives the axial loading, this limits the available axial 
load we can apply.  Ultimately this limits the overall sealing effectiveness of the AL ring. 

3. Available Alternatives to Traditional Side-Loaded Rings 
There are, in the industry, some alternative rod ring types that achieve side-loading without an 
added garter spring.  The most common of these, the XRBD, uses a standard double-tangent 
ring but adds a third backup ring with a series of compression springs to achieve the required 
axial load.  This successfully loads the ring in the groove without adding unneeded and prob-
lematic frictional heat. 

Figure 6 – XRBD Ring

This ring has two variations, one which has spring holes in the backup ring and the other which 
relies on spring holes in the cup.  In either case, these small springs are not fully captured, and 
when the packing is disassembled they are loose and can easily be dropped and lost.  Installa-
tion can be difficult because the springs must be carefully lined up by hand before the next cup 
is laid down, which can be tedious and problematic.  Many compressor mechanics prefer to 
avoid using these rings, and their popularity is limited. 
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4. Solution – The Cartridge Assembly 
We have found that the methodology of the XRBD ring can be applied to achieve side-loading 
but in a more user-friendly manner.  This is accomplished with a cartridge-style assembly that 
includes a series of side-loading compression springs, but captures these springs such that they 
are held in place throughout assembly, installation and removal. 

Figure 7 – Cartridge Assembly Exploded 
The cartridge assembly consists of 3 metallic plates (cast iron or steel, similar to the other pack-
ing cups), along with two PEEK (Polyether ether ketone) pressure plates and a series of 16 
compression springs.  The compression springs are captured in drilled holes in the center plate, 
and are held on either side by the PEEK pressure plates. A counter bore in the left-hand and 
right-hand plates holds the PEEK plates in place, allowing some side movement but keeping 
them contained within the assembly.  The entire assembly is then bolted together with three 
socket-head screws. 

What results is an assembly that can be treated as a single cup. The cup then has counter 
bores on either side in which to install two simple double-tangent seal rings. When installed in a 
packing case, the spring-loaded pressure plates push these two rings outward against the 
neighboring cup faces to seal.  Buffer gas is injected into the assembly through the center plate.  

The compression springs provide a substantial outward load but do so with zero added radial 
loading, so no additional frictional heat is produced.  Because the internals of the cartridge are 
captured, assembly of the packing case and installation are relatively simple. 

Figure 8 – Cartridge Assembly  
with Rings 

Figure 9 – Cartridge Assembly in Packing Case
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The compression springs in the cartridge assembly do not cycle once the packing is assembled, 
so there is no concern for spring failure.  Also, none of the components should experience any 
impact wear, so the cartridge requires very little maintenance and should not need to be disas-
sembled in the field.  Packing changes require only that the two seal rings be replaced and the 
cup assembly be reinstalled to the packing case. 

The cartridge assembly can be designed to fit any new packing case design or can be retrofitted 
to most existing packing cases.  Since 2008, 152 unique cartridge assemblies have been built.  
Since that time several have been brought in for packing case repair.  The cartridges have held 
up well, and we have found that only a minimal amount of debris is collected in the assembly, 
due to the “L” shaped design of the pressure plates and the resulting difficult path for particu-
lates to penetrate.  There has been minimal need to disassemble these cartridges, even for 
cleaning. 

The primary benefit of this technology is the minimal frictional load on the rod as compared to 
traditional AL rings. Comparative laboratory testing was conducted in a pressure packing case 
on a 2” rod, operating at 1200 RPM and 1160 psi [80 bar]. The packing case was first set up 
with an AL ring with typical purge pressure of 15-20 psi [1.0 – 1.4 bar]. A temperature contact 
probe was mounted just behind the flange of the packing case to continuously measure rod 
temperature at the back of the packing case.  Five repetitions were conducted, each consisting 
of an 8-hour run.  The test was then repeated five times with the identical packing setup but with 
a side-loading cartridge assembly in place of the AL ring. Purge pressure was again 15-20 psi 
[1.0 – 1.4 bar].  Over each of the five runs, the average rod temperature with the AL rings was 
214°F [101°C], while with the cartridge assemblies the average was 181°F [83°C]. 

This result has been replicated in the field as well.  An AL ring in an intermediate packing on a 
2.5” rod running at 1200 RPM was consistently overheating and failing within a matter of days, 
despite several attempts to troubleshoot and through material changes.  The cartridge assembly 
was applied, reducing the rod temperature by nearly 54°F [30°C] and extending the intermedi-
ate packing life to better than 8000 hours. 

5. Conclusion 
Traditional buffer seals using side-loaded rod rings are quite effective at helping to reduce 
emissions, but the frictional heat that they often generate raises rod temperatures and often 
leads to early packing failures. 

The cartridge assembly presented here achieves the same side-loading but does so without the 
added frictional burden.  Piston rod temperatures are significantly lower and packing life is ex-
tended in many cases.  This is especially useful in high speed and/or non-lube packing, and 
also in intermediate packing seals where there is no gas movement nor any other method of 
managing heat. 

This technology has been proven in laboratory trials and more importantly has proven itself in 
several field applications, where some troublesome packing problems have been dealt with 
successfully. 
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Summary 
Reciprocating compressors are using a piston rod that is connected to the drive train at the 
crosshead section. A large amount of oil is lubricating the drive train as well as the cross head 
section in order to ensure a proper operation by avoiding fretting between moving parts that are 
in contact to each other. Especially at dry-running compressor applications lube oil can cause 
tremendous problems if a leakage from the crosshead section into the piston rod packing oc-
curs. Mixed friction conditions will increase the wear of the sealing elements and therefore de-
crease the life-time of the piston rod packing. Oil wiper systems are used in order to avoid this 
problem, but the common systems are sometimes not efficient enough especially at high speed 
or if the moving crosshead is creating a differential pressure due to its movement.  

For these high duty applications a novel oil wiper system was invented that maximizes the 
scraping efficiency due to small scraping edges and a high tightness by its unique design. Two 
scraper rings are combined to one scraping unit and oil is being sealed also at harsh conditions 
due to the fact that the rings are covering each otherʼs gap. This enables a high sealing perfor-
mance and even differential pressures caused by a reciprocating cross-head can be sealed off 
by using this novel oil wiper system. 
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1. Introduction 
Reciprocating compressors are often used in dry-running applications where the packing rings 
as well as the piston and guide rings are operating without any oil lubrication. The wear re-
sistance of the sealing elements at these applications is improved by adding so-called dry lubri-
cants like carbon black or molybdenum disulfide to the material mix. Every drop of a liquid oil-
based lubricant might spoil the application as the gases are for example used for refinery pro-
cesses with catalyzers that will be blocked by even small traces of oil.  

Figure 1 Typical compressor system with compression chamber (A), 1st distance piece (B), 
2nd distance piece (C), drive train (D), stuffing box (E), intermediate packing (F) and oil wiper 
packing (G)

However, reciprocating compressors are systems that convert a rotating movement into a linear 
reciprocating movement by a cross head connection and all moving parts at the drive train have 
to be lubricated by the use of oil in order to achieve the maximum life-time of the compressor 
system (see Figure 1). This lubrication oil has to be prevented from entering the stuffing box 
area and the cylinder. 

Oil wiper systems are used (see position G in Figure 1) for separating the lubrication oil of the 
drive train from the stuffing box and compression chamber. We will go into more detail about 
these oil wiper systems at the next section.  

2. Traditional Oil wiper systems 
Traditional oil wiper systems are consisting of scraping rings with one or more sharp scraping 
edges (see Figure 2). They are mostly made out of weak white metal compounds to ensure the 
sharpness of the craping edges and to provide some flexible behavior for a good alignment of 
the oil scrapers with the surface of the piston rod. However, some material combinations with 
polymer compounds are known in the field (i,ii), which are addressing this downside of pure me-
tallic scraper rings. 

Figure 2 Typical oil scraper ring design with 2 scraping edges and bores/grooves for oil 
drainage 
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All of the oil that is scraped off by the oil scrapers will be collected within the oil wiper housing. 
Therefore a drain line has to be established that allows a continuous reflux of the collected oil 
back to the drive train. Standard oil wiper designs as shown in Figure 2 are including design 
features like grooves and radial bores to ensure efficient oil drainage from the inner diameter 
where the scraping edges are located to the outer diameter of the oil wipers. 

So far, so good, the described oil wiper elements are working very efficient in standard process 
machines where the speeds are low and the intermediate distance pieces are ensuring a 
stroke-free operation of the oil wiper systems. The term “stroke-free” in this context means that 
after the oil wiper system there is a free running part of the piston rod that is at least as long as 
the compression stroke. Background of this requirement is the fact that even the best metallic 
oil scraper leaves a thin oil layer at the piston rod that has only a few micrometers in its film 
thickness. This oil film lubricates the oil scraper, reduces the wear of the scraping edges and 
prevents the rod from being scratched by the sharp oil wiper elements. Thus, this oil film is nec-
essary for efficient operation and it re-enters the oil wiper system at every back-stroke of the 
compressor. 

3. Combination of oil wipers with other systems 
If thereʼs no stroke-free operation and the area with the small oil layer is entering another sys-
tem like for example the intermediate packing (Element F in Figure 1), then the risk is given that 
this layer will be destroyed and the oil will not re-enter the oil wiper area. Most likely the oil will 
instead enter the disturbing system like the intermediate packing in this example. 
One difficult application is an oil wiper packing with a combined buffer gas system like it is 
shown at Figure 3. These combinations are often used at compressors with flammable or ex-
plosive gases in order to ensure that no process gas will be able to enter the crank case from 
the distance piece side. The downside of this solution is that the buffer gas sealing rings out of 
PTFE are partially scraping off the oil film that remains on the rod after passing the oil scraper 
rings. 

Figure 3 Combination of an oil wiper packing with a buffer gas system 

It could be assumed that the scraping efficiency of the buffer gas sealing rings is superior over 
the scraping efficiency of the designated oil scraper rings. However, as the buffer gas sealing 
rings are made out of PTFE, their contact area to the piston rod will be deformed during the 
stroke causing a so-called elasto-hydrodynamic effect (EHD). This effect leads to a pressure 
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buildup between the sealing ring and the piston rod and the oil will be squeezed into the direc-
tion of the intermediate distance piece. 

Consequently, the next logical step is to use this elasto-hydrodynamic effect in order to increase 
the scraping efficiency of standard oil wiper systems. A novel oil wiper system can be created 
by combining the gas tightness of the buffer gas system with the scraping efficiency of oil wiper 
rings and by using sealing elements out of plastic materials like PTFE and PEEK in order to 
benefit from the elasto-hydrodynamic pressure buildup during the stroke of the compressor. 
Another benefit of using non-metallic scraper rings is the fact, that the piston rod cannot be 
damaged by the oil wiper system due to scratching. In principle non-metallic scraper rings are 
well-known in the field but their working principle is mostly comparable to their metallic counter-
parts, thus, they are not gas-tight and they donʼt take advantage out of hydrodynamic effects.  

4. Introducing the Novel Oil Wiper system 
To realize a new and improved oil wiper system, the elasto-hydrodynamic effect of PEEK and 
PTFE sealing rings was combined with the scraping efficiency of an oil wiper system. This was 
achieved by modifying a conventional twin ring design in such way, that both sealing elements 
are showing an oil scraping edge (see Figure 4). With two scraping edges out of a non-metallic 
material (PEEK or PTFE), the scraper ring combination utilizes a double elasto-hydrodynamic 
effect in order to maximize the oil tightness and to maximize the oil reflux into the drive train. 

Figure 4 Novel gas-tight oil seal combination out of two scraper rings and a tension spring 

Both scraping rings have different angles at both sides of their scraping edges. These different 
angles are producing different oil pressures at the scraping edge during the upstroke of the pis-
ton rod compared to its backstroke due to hydrodynamic as well as elasto-hydrodynamic theory. 
The oil pressures are causing corresponding volume flows at the craping edge resulting in a 
ʻback-pumping effectʼ at the scraping edge geometry. Thereby, the resulting oil flow at the up-
stroke in the direction towards the crank side is higher as the oil flow at the downstroke towards 
the cylinder side. The net flow is called the ʻbalanced residual flowʼ across one revolution of the 
crank and it shows an excess of oil transport from the cylinder side to the crank end side, caus-
ing the already mentioned ʻback pumping effectʼ. The flows during up- and downstroke are 
shown schematically at Figure 5.
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Figure 5 Volume flow at the scraping edges during one revolution at up- and backstroke of 
the rod. 

For wear compensation, the 1st scraper ring shows a gap to adjust its inner diameter to the pis-
ton rod diameter. At this gap there is also space for taking an anti-rotating nose of the 2nd

scraper ring. This ensures that the gap of the 2nd scraper ring for adjusting to the piston rod is 
on the opposite side of gap of the 1st scraper ring and both scraper rings are covering the gap of 
each other. A circumferential tension spring keeps both elements together and presses the el-
ements against the surface of the piston rod. 

The combination of the two rings leads to a gas tight system where no leakage path exists for 
oil creeping trough the ring package in the direction towards the distance peace. Beside the two 
scraping edges this furthermore increases the tightness of the novel oil wiper design. The de-
sign is used together with a clamping ring (see Figure 6) that clamps the ring system axially 
against the wall of the oil wiper housing in order to avoid leakage in radial direction between the 
housing and the front surface of the ring package which is formed by the common surface of the 
1st and 2nd scraper ring. 

Figure 6 Novel gas-tight oil wiper with clamping ring and with bores and grooves for im-
proved oil reflux; drain passages are mainly the radial bores of the 1st scraper ring as well the 
radial grooves and axial bores of the clamping ring 
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For improved oil reflux back to the drive train of the oil that has been scraped off, the 1st scraper 
ring and the clamping ring are showing bores and/or grooves in radial and/or axial direction. As 
shown at Figure 6 the 1st scraper ring has radial bores for oil getting from the inner diameter of 
the ring combination to the outer diameter, where the bores of the housing for oil drainage are 
located. The clamping ring has bores in axial direction and grooves in radial direction for the 
same purpose. Thus, the oil drainage from the scraping area back to the drive train can be max-
imized by these design features. 

5. First experimental results 
The novel oil wiper system was tested at the test compressor as well in a first field test. We will 
describe our experiences below. 

5.1   Experiences at the test compressor system
In the first step the novel oil wiper design was tested at the test compressor system (see 
Figure 7). The oil wiper system was installed at the horizontal axle of the test compressor and 
the machine was running at the following conditions: 

• Speed: 623 rpm 
• Stroke: 130 mm 
• Average piston velocity: 2.7 m/sec 
• Rod diameter: 70 mm 

A tube with a milliliter scale was installed at the distance piece after the oil wiper system to 
measure the amount of leak oil that passes the oil wiper system and that will be collected by the 
tube. 

   

Figure 7 Test compressor system (left) and mean to collect the oil leakage (right) 
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With the standard oil wiper rings a leakage of approximately 10 ml per day could be observed 
during continuous operation. After installing the new oil wiper system there was no oil leakage 
detectable at the test compressor system.  

Thus, the novel oil wiper system provides increased oil tightness, but the test compressor sys-
tem is operating relatively slow. The higher the speed of the reciprocating compressor system, 
the more demanding is the application in respect to the sealing efficiency of the oil wiper sys-
tem. Higher speed means that the cross-head is pushing an increased amount of lube oil 
against the oil wiper packing. Therefore a field test with a high speed system was needed to 
verify the good result at the test compressor system. 

5.2   Field Experiences
At a biogas compressor application a customer did have problems with high leakage rates of 
the oil wiper packing. The leak oil was entering the stuffing box and was finally reaching the 
compression chamber leading to mixed friction conditions at the sealing elements. As a result 
the sealing elements only did only survive for a few thousand hours. ʻMixed frictionʼ means that 
itʼs not a dry-running operation anymore because of the leak oil, but the amount of oil is too low 
to enable a sufficient lubrication. Sealing rings designed for dry-running service are showing a 
very low life-time at these mixed friction conditions. 

The compressor system of the customer was running with the following parameters: 

• Speed: 1080 rpm 
• Stroke: 100 mm 
• Average piston velocity: 3.6 m/sec 
• Rod diameter: 40 mm 

So, it was clear, that the standard oil wiper systems are not working sufficiently at this applica-
tion. With the high leak rate the oil is collected within the oil wiper system, because the amount 
of leak oil is too high for returning to the drive train through the drain connections. The drain 
connections are blocked and the oil will continue its way in the direction towards the compres-
sion chamber. 

After installing the novel oil wiper system at the customer compressor the leakage rate was re-
duced by 70 %. Thus, the amount of the remaining lube oil was less than one third of the former 
leakage rate and the drain channels were able to allow the reflux of this remaining leak oil into 
the drive train. This shows the increased sealing efficiency of the new system which was then 
chosen by the customer to be the standard oil wiper system at this type of compressor applica-
tions. 

6. Summary 
A novel oil wiper was introduced which consists of two oil scraping rings that are combined to a 
gas tight oil sealing system. This system is been completed by a clamping ring for axial contact 
pressure of the sealing surfaces against the chamber wall. The two scraper rings are manufac-
tured out of PEEK or PTFE and the choice of non-metallic materials enables the appearance of 
elasto-hydrodynamic effects. The contact areas of the scraper rings will be deformed during the 
stroke of the compressor and this leads to a pressure buildup at the scraping edges. This pres-
sure buildup is one characteristic aspect of the elasto-hydrodynamic effect and it supports the 
high sealing efficiency of the oil wiper system. 
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The on-site test compressor is equipped with a tube for collecting leak oil after passing the oil 
wiper system. By the installation of the new oil wiper system the amount of leak oil was reduced 
to Zero as no leak oil was collected within the first 2000 hours of operation. 

The new oil wiper system was also installed at a biogas field application. This specific biogas 
compressor did suffer from high oil leakage through the oil wiper system equipped with conven-
tional oil scrapers. The leak oil was passing the distance peace causing increased wear by 
mixed friction conditions within the stuffing box of this dry-running machine. After installation of 
the new oil wiper system the leakage rate was reduced by 70 % which did solve the increased 
wear of the packing internals. The customer (OEM manufacturer of recips) now uses the new oil 
wiper system as a standard for his biogas applications and more results of field testing are ex-
pected in the near future. 
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Summary 
An increasing number of centrifugal compressors are being installed in older reciprocating com-
pressor stations to increase flow capacity or to retrofit existing pipeline infrastructure. In these 
mixed compressor stations this has often resulted in spurious interactions between the recipro-
cating and centrifugal compressors. The primary reason for this phenomenon are common 
header pulsations from the reciprocating compressor severely affecting the operating range of 
the centrifugal compressor, restricting the operability of the reciprocating compressor, and re-
quiring the retrofitting of additional pulsation control into the compressor station. An improved 
knowledge of these mixed compressor station pulsation interactions during the station design 
phase could have avoided this. But unfortunately the industry knowledge and state-of-the-art of 
design tools are limited in analyzing this phenomenon. 

Mixed compression has been a topic of concern raised and discussed in theory by multiple au-
thors. For example, Sparks (1983), Kurz et al., (2006), and Brun et al., (2014) provided analysis 
and numerical predictions on the impact of discrete and periodic pressure pulsation on the be-
havior of a centrifugal compressor. This interaction came to be known as the “Compressor Dy-
namic Response (CDR) theory.” CDR theory explains how pulsations are amplified or attenuat-
ed by a compression systemʼs acoustic response characteristic superimposed on the compres-
sor head-flow map. Although the CDR Theory describes the impact of the nearby piping system 
on the compressor surge and pulsation amplification, it provides only limited usefulness as a 
quantitative analysis tool, primarily due to the lack of numerical prediction tools and test data for 
comparison. Recently, Brun et al., (2014) utilized an efficient 1-D transient Navier-Stokes flow 
solver to predict CDR in real life compression systems. Numerical results showed that acoustic 
resonances in the piping system can have a profound impact on a centrifugal compressorʼs 
surge margin. However, although interesting, the fundamental problem with both Sparkʼs and 
Brunʼs approach was that no experimental data was available to validate the analytical and nu-
merical predictions. 

In 2014, laboratory testing of reciprocating and centrifugal compressor mixed operation was 
performed in an air loop at Southwest Research Instituteʼs (SwRI) compressor laboratory. The 
specific goal was to quantify the impact of periodic pressure and flow pulsation originating from 
a reciprocating compressor on the surge margin and performance of a centrifugal compressor in 
a series arrangement. This data was to be utilized to validate predictions from Sparksʼ CDR 
theory and Brunʼs numerical approach. For this testing, a 50 hp single-stage, double-acting re-
ciprocating compressor provided inlet pulsations into a two-stage 700 hp centrifugal compressor 
operating inside a semi-open recycle loop which uses near atmospheric air as the process gas. 
Tests were performed over a range of pulsation excitation amplitudes, frequencies, and pipe 
geometry variations to determine the impact of piping impedance and resonance response. De-
tailed transient velocity and pressure measurements were taken by a hot wire anemometer and 
dynamic pressure transducers installed near the compressorʼs suction and discharge flanges. 
Steady-state flow, pressure, and temperature data were also recorded with ASME PTC-10 
compliant instrumentation. This paper describes the test facility and procedure, reports the re-
duced test results, and discusses comparisons to predictions. Results provided clear evidence 
that suction pulsations can significantly reduce the surge margin of a centrifugal compressors 
and that the geometry of the piping system immediately upstream and downstream of a centrif-
ugal compressor will have an impact on the surge margin reduction. In severe cases, surge 
margin reductions of over 30% were observed for high centrifugal compressor inlet suction pul-
sation. Pulsation impact results are presented as both flow versus surge margin and operating 
map ellipses. Basic design rules were developed to relate predicted flow pulsation amplitudes to 
corresponding reductions in surge margin. 
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Background 
Over the last 20 years it has become a common design practice to combine the operation of 
centrifugal and reciprocating compressors in a single compression plant for several reasons. 
This arrangement can provide benefits for highly cyclical process profiles. Also the market trend 
on older pipelines is to add new centrifugal compressors into existing reciprocating compressor 
stations for capacity addition or horsepower replacement. Thus, many compressor stations now 
operate a mix of reciprocating and centrifugal compressors either in parallel or in series ar-
rangement. For example, on pipeline applications, the compressors are placed in parallel opera-
tion such that a large gas turbine driven centrifugal compressor provides the base-load com-
pression while a smaller reciprocating compressor follows cyclical or peaking demand compres-
sion demands. Other applications such as gas gathering, gas reinjection, or gas storage often 
have reciprocating compressors placed in series with centrifugal compressors to achieve high-
pressure ratios while taking advantage of the operational flexibility of centrifugal compressors. 
For example, a centrifugal compressor may be placed upstream of a reciprocating compressor 
in gas reinjection applications to handle the higher flow volumes at low pressure while the recip-
rocating compressors are better equipped for high pressures and pressure ratios. 

Conventional thinking was that a centrifugal compressor may experience some pulsations from 
the reciprocating compressor when in series or from both the common suction and discharge 
headers, but good reciprocating compressor bottle and manifold designs would result in minimal 
impact on the operational stability of the centrifugal compressor. This assumption held true for 
small horsepower and low speed applications and with older, high-pressure drop and often sig-
nificantly oversized pulsation control systems. However, recent experience with mixed com-
pressor stations utilizing large power and high speed modern separable reciprocating compres-
sors with modern efficient pulsation control systems shows that the centrifugal compressor can 
be moved into pulsation-induced operational instability for both parallel or series arrangements. 
This clearly presents a station design challenge, operational range limitation, and a basic safety 
concern. 

Interfacing a centrifugal and a reciprocating compressor within the same piping system, intro-
duces two transient fluid mechanisms that have the potential to create damaging inlet/outlet 
conditions on the centrifugal compressor. These mechanisms are: (i) pulsations generated by 
the reciprocating compressor and (ii) pulsations generated by the reciprocating compressor that 
are amplified by an acoustic resonance within the piping system. Both mechanisms can move 
the centrifugal compressor operating point into a surge or choke (stonewall) condition and, thus, 
should be avoided or at least controlled. Whereas the first pulsation mechanism can be mostly 
analyzed using a classic acoustic pulsation analysis, for, the second mechanism the model is 
more complex and must include the physical and thermodynamic functions of the compressors. 

The surge and stall regions on a head vs. flow map of a compressor typically define its perfor-
mance. This map is critical to assess the operating range of a compressor for both steady-state 
and transient system scenarios. However, the compressor map is generic to any piping ar-
rangement and does not provide a complete picture of how the compressor will respond to rapid 
transient inputs and how its surge behavior is affected by these events. Specifically, the re-
sponse of the compressor to rapid transient events such as single or multiple (periodic) pres-
sure pulses is also a function of the compressorʼs upstream and downstream piping systemʼs 
acoustic response and impedance characteristics. This unique response phenomenon was first 
described in the 1970s and is known as the “Compressor Dynamic Response (CDR) theory.” 
CDR theory explains how pulsations are amplified or attenuated by a compression systemʼs 
acoustic response characteristic superimposed on the compressor head-flow map. Although the 
CDR theory explains the impact of the nearby piping system on the compressor surge and pul-
sation amplification, it provides only limited usefulness as a quantitative analysis tool, mainly 
due to the lack of computational numerical tools and benchmark test data available at the time. 
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Introduction 
Detailed descriptions of centrifugal compressor surge can be found in numerous papers. A 
summary of the findings of these papers can be found in Kurz and Brun (2006) and in Brun and 
Nored (2008). On the other hand, the impact of the piping system on surge from both the im-
pedance and acoustic response has received very little attention. The principle reference paper 
on the topic is over thirty years old and was published by Sparks (1983). Sparks discussed the 
theory of piping acoustics and resonances and how they can affect the surge line of a centrifu-
gal compressor. At that time, numerical modeling capabilities did not exist to properly simulate 
this phenomenon. Recently, Brun et al., (2014) utilized an efficient 1-D transient Navier-Stokes 
flow solver to predict CDR in real life compression systems. Numerical results showed that 
acoustic resonances in the piping system can have a profound impact on a centrifugal com-
pressorʼs surge margin. However, although interesting, the fundamental problem with both 
Sparkʼs and Brunʼs approach was that no experimental data was available to validate the ana-
lytical and numerical predictions. 

Centrifugal Compressor Performance and Surge 
Most researchers have agreed that the actual location of a surge line is a function of the com-
pression system and not solely a function of the compressor itself. The system is impacted by 
the impedance and acoustics of the piping system to which the compressor is connected. This 
interaction between the centrifugal machine and its surrounding piping and valves is explained 
by CDR theory. 

When CDR theory was first understood, engineering analysis tools were inadequate to properly 
predict pulsating flows in complex geometries, although, from a surge control and safe com-
pressor system operating design standpoint, it is imperative to be able to accurately predict the 
interaction phenomenon. For example, if a compressorʼs discharge piping impedance design 
amplifies suction pulsations, the result could restrict the operating range and cause unaccepta-
ble discharge piping vibrations. The typical centrifugal compressor performance map (head or 
pressure ratio versus flow rate) with the corresponding speed lines indicates there are two limits 
on the operating range of the compressor. Global aerodynamic flow instability, known as surge, 
sets the limit for low-flow (or high-pressure ratio) operation while choke or “stonewall” sets the 
high flow limit. The exact location of the surge line on the map can vary depending on the oper-
ating condition and, as a result, a typical surge margin is established at 10% to 15% above the 
stated flow for the theoretical surge line. This should not be confused with turn-down, which is 
the flow difference between the operating point and surge line for the same head produced by 
the compressor. Throughout this paper, we will only use surge margin since all testing was 
done at a constant compressor speed. Most centrifugal compressor manufacturers design the 
machine to have at least 15% surge margin during normal operation and set a recycle valve 
control line at approximately 10% surge margin. That is, once surge margin falls below 10%, the 
recycle valve is opened to keep the compressor operating above the 10% surge margin line. 

This classic compressor performance map is appropriate for the characterization of steady-state 
and slowly changing operating conditions, but it is not fully applicable for rapidly transient or 
high frequency periodic compressor flow inputs. It is acceptable to assume that the relatively 
fast flow transients (above 1-2 Hz) experienced by the centrifugal compressor do not affect the 
compressorʼs operational speed (Brun and Kurz, 2010). The centrifugal compressor continues 
to operate at a constant speed as the rotational inertia of the compressor (and its driver) will 
torsionally dampen any fluid induced by the rapid blade loading changes. Thus, the compressor 
will operate on a fixed head-flow speed line. However, when the compressor experiences suc-
tion or discharge flow fluctuations are superimposed on the mean-flow, these fluctuations can 
often be enough to momentarily move the compressor operating point on the mapʼs speed line 
across the surge limit and affect the forward flow stability of the compressor. Although this flow-
reversal event may be very short-lived (depending on the frequency of the flow fluctuation), it is 
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usually sufficient to drive the compressor into a full surge cycle. Thus, even if a compressor is 
operating with an adequate surge margin based on the mean-flow, high inlet or discharge side 
pulsations have the potential to cause the compressor to operate in periodic unsteady surge 
cycles. 

Therefore, it is clear that surge or choke can be induced in a centrifugal compressor by strong 
pulsations in pressure and flow. Brun and Kurz (2010) showed the velocity fluctuations in time 
at the inlet to a centrifugal compressor (Brun and Kurz (2010)). In their case inlet pulsations 
(velocity fluctuations shown on the y-axis) became periodically negative given the acoustic and 
impedance system effects. This corresponds to short duration surge cycles at a frequency equal 
to that of the inlet pulsations. As previously noted, the dynamic behavior of the compressor sys-
tem near the surge line was outlined by Sparks (1983), further discussed by Kurz et al., (2006), 
and then implemented into a numerical analysis tool by Brun et al., (2014). They explained how 
pulsations are amplified or attenuated by a compression systemʼs acoustic and piping response 
characteristic superimposed on the compressor head-flow map. Kurz et al., (2006) also noted 
that centrifugal compressor stability is sensitive to highly pulsating flows, especially in cases 
where operating at piping acoustic resonance frequencies cannot be avoided. Choke should be 
avoided, as it is an inefficient operating regime and may result in damage to the compressor. 
On the other hand, it is critical to avoid any kind of surge event, as these can cause bearing or 
seal damage, blade rubbing, or even catastrophic compressor failures. 

Compressor Dynamic Response Theory 
A piping systemʼs acoustic impedance, Z, is given by (Equation 2): 

where Z is the acoustic impedance, A is the pipe cross section area, p is the sound pressure, U 
is acoustic volume flow, z is the specific acoustic impedance, ρ is the fluid density, u is the mo-
lecular particle bulk velocity, and c is the local speed of sound. This impedance relates pressure 
to acoustic volume flow for pressure waves traveling at the speed of sound. One should note 
that acoustic impedance Z, which is an extensive property, is affected by local pipe flow condi-
tions, while the specific acoustic impedance z, which is an intensive property, is a fluid physical 
property for a given temperature and pressure in both incompressible and compressible flows. 
In pipe flow pressure pulse modulation and reflection occurs whenever there is a change of im-
pedance Z. 

A centrifugal compressor has a piping system that either attenuates or amplifies pulsations at its 
discharge or suction side as demonstrated by its reaction to any fluctuation in flow with a fluctu-
ation in head. This can be easily seen from its performance characteristics (Sparks, 1983). 
Sparks (1983) explains the process as the interaction of a piping system with given acoustic 
impedance and a compressor that reacts to a change in flow with a change in head (or pressure 
ratio). The piping impedance is usually a combination of resistive impedance (i.e., due to fric-
tional losses) and acoustic inertia (due to the mass of the gas in the pipe) and stiffness (due to 
the compressibility of the mass in the pipe). The compressor head-flow characteristic will differ 
widely from the steady-state characteristic for higher fluctuation frequencies. Sparks (1983) also 
discusses practical piping system design approaches to reduce pulsation levels using acoustic 
elements such as bottles, nozzles, choke-tubes, and resonators. 

Brun et al., (2014) further explains that for fast transient pressure pulses in the acoustic range, 
the pipe flow resistance curve is not applicable, and the impedance curve must be utilized to 
analyze the compressor operating point on the compressor performance map. Based on this 
analysis, the surge line can be crossed when short pressure pulses result in flow variation due 
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to low gradient (“flat”) impedance curves as shown in Figure 1. Here, a short suction pressure 
pulse interacts with the pipeʼs flat impedance line to cause a large flow fluctuation that crosses 
the surge line momentarily and results in an onset of a surge event. 

Figure 1. Flat Impedance Line Results in Suction Pressure Pulse Causing Surge 

Brun et al., (2014) also validate CDR, numerically showing that pulse amplification or attenua-
tion for centrifugal compressors is primarily a function of the piping upstream and downstream 
impedance. Piping impedance can be controlled by varying pipe diameter and pressure drop 
elements in the flow path as shown in Figure 2. 

Figure 2. Downstream Pipe Impedance Determines Pressure Pulse Amplification 

A number of other studies are available in the public domain that discuss centrifugal compres-
sor surge and the impact of flow pulsations on turbomachines. A detailed literature review on 
this topic was provided by Kurz, et al., (2006), Brun and Nored (2008), and an overview of the 
state-of-the-art of pulsation analysis technologies was included in Brun et al., (2007). 

Testing Objectives 
Due to the lack of numerical prediction tools and test data, CDR theory can only describe the 
impact of the nearby piping system on the compressor surge and pulsation amplification. There-
fore, it provides only limited usefulness as a quantitative analysis tool. As discussed above, 
more recently Brun et al., (2014) utilized an efficient 1-D transient Navier-Stokes flow solver to 
predict CDR in real life compression systems. However, although interesting, the fundamental 
problem with both Sparkʼs and Brunʼs approach was that no experimental data was available to 
validate the analytical and numerical predictions. Thus, while many compressor stations have 
both reciprocating and centrifugal compressors installed, there is still a limited understanding of 
how pulsations, piping resonance, and impedance impact centrifugal compressor performance 
and surge. 

Laboratory testing of reciprocating and centrifugal compressor mixed operation was performed 
in a full scale laboratory setting to overcome these technology gaps and a deficiency of funda-
mental physical understanding. The specific goal was to develop benchmark data that quantifies 
the impact of periodic pressure and flow pulsation originating from a reciprocating compressor 
on the surge margin and performance of a centrifugal compressor. This data was then utilized 
to validate predictions from Sparksʼ CDR theory and Brunʼs numerical approach. For this test-
ing, a single-stage reciprocating compressor provides inlet pulsations to a two-stage centrifugal 
compressor operating inside a semi-open recycle loop and utilizing atmospheric air as the pro-
cess gas. Tests were performed over a range of pulsation excitation amplitudes, frequencies, 
and pipe geometry variations to determine the impact of piping impedance and resonance re-
sponse. Although the testing was performed for a series arrangement, the results are equally 
applicable to mixed station parallel arrangements. Detailed transient velocity and pressure 

78



measurements were taken with a hot wire anemometer and dynamic pressure transducers in-
stalled near the compressorʼs suction and discharge flanges. Steady-state flow, pressure, and 
temperature data was also recorded with ASME PTC-10 compliant instrumentation. This paper 
describes the test facility and procedure, reports the reduced test results, and discusses the 
comparison to predictions. From the test results, some basic design rules were developed to 
relate surge margin reduction to flow pulsation amplitudes. 

Mixed Compression Test Loop 
Laboratory testing of reciprocating and centrifugal compressor mixed operation was performed 
in an air loop at the SwRI compressor laboratory. Figure 3 shows a schematic of the test ar-
rangement and photos of the compressors. The facility allows for open, semi-open, and closed 
loop operation with either or both reciprocating and centrifugal air compressors arranged in se-
ries or parallel operation. Semi-open loop operation was chosen for the subject testing to best 
control flow and pressures at low loop process pressures. The testing was performed using a 50 
hp single-stage, double-acting reciprocating compressor mounted upstream of a two-stage 700 
hp centrifugal compressor. The reciprocating compressor suction was open to atmosphere with 
an operating range of 300 to 1,000 rpm (5-17 Hz) using a variable frequency driver. Similarly, 
the centrifugal compressor was operating in a semi-open recycle loop with the loopʼs discharge 
throttled back to atmospheric pressure, a speed range of 2,000 to 14,000 rpm, and maximum 
pressure ratio of 3:1. However, for safety reasons, the centrifugal compressorʼs speed and dis-
charge pressure were limited to 7,000 rpm and 2 bar (30 psi), respectively, for the subject test 
series. 

Figure 3. Schematic of the Test Loop Arrangement 

To reduce overall measurement uncertainty, flow, pressure, and temperature measurements 
were installed in the test loop per ASME PTC-10 requirements. Instrumentation included four 
(4) static pressure and temperature measurements on each of the compressorʼs suction and 
discharge sides, six (6) dynamic pressure transducers mounted throughout the loop, steady-
state flow measurement from an orifice plate meter in the main and recycle loop, reciprocating 
compressor flow and power from a PV card measurement, centrifugal compressor power from a 
shaft torque meter and enthalpy rise analysis, and transient inlet flow measurement using a high 
speed hot wire anemometer near the compressorʼs suction flange. All individual instruments 
were calibrated prior to the test to manufacturerʼs accuracy requirements. End-to-end calibra-
tions with all data acquisition system included were also performed. Total measurement and 
data acquisition uncertainties were predicted using the perturbation method and validated ver-
sus data scatter. 

Results 
Since the primary objective of the project was to determine the impact of pulsation on the surge 
margin of the compressor, accurately identifying the onset of surge is imperative. On most cen-
trifugal compressors, surge symptoms include high axial rotor vibrations and suction/discharge 
cyclic pressure fluctuations at low frequencies. Previous experiments on the subject compressor 
had demonstrated that the compressor surges at a frequency of approximately 4 Hz. Thus, a 
series of tests were performed to validate the surge line of the compressor and to establish 
clear instrument measurement output criteria indicating that the machine is operating in surge. 
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Compressor Map Validation 
All surge tests were performed with the centrifugal compressor operating at 7,000 rpm and near 
ambient suction pressure to minimize the risk of damage to the compressor during the antici-
pated surge events. For example, Figure 4 shows 4 Hz axial rotor vibration measured by prox-
imity probes for no-surge versus surge operating conditions of the compressor. Clearly, a signif-
icant rise in 4 Hz vibration amplitudes is observed. Similar results showing significantly elevated 
surge pressure pulsations at the characteristic 4 Hz were seen from the suction and discharge 
dynamic pressure transducers. Thus, for all test series, the onset of surge criteria was estab-
lished to be a rapid increase in 4 Hz compressor axial vibrations and suction/discharge flange 
dynamic pressure pulsations. 

Figure 4. Axial Compressor Vibrations Before and in Surge Conditions 

Figure 5. Axial Vibrations versus Flow at the 7,000 Rpm Speed Line 

Figure 5 shows axial vibrations as a function of flow measured by the hot-wire anemometer up-
stream of the compressor. The centrifugal compressor is seen to surge when the flow reaches 
approximately 100.5 acfm. Based on the surge vibration and pulsation criteria, the compressor 
map and surge line were thus established. However, one should note that based on changing 
ambient conditions, the steady-state surge line varied throughout the testing and had to be re-
measured for every single test series. 

Effect of Pulsating Flow on Centrifugal Compressor Performance 
To determine the impact of externally induced pulsations on the surge margin of the centrifugal 
compressor, the reciprocating compressor is operated upstream in series with the centrifugal 
compressor. The pulsations from the reciprocating compressor thus travels through 55 ft of var-
ying diameter pipe as shown on the P&ID before they enter the centrifugal compressor suction 
flange. Some pulsation attenuation or acoustic amplification will occur in this pipe segment and 
must be quantified for the analysis. Time domain pulsations were measured at the reciprocating 
compressor discharge, the centrifugal compressor suction, and the centrifugal compressor dis-
charge. 

For the testing, the centrifugal compressor was initially operated at a stable point with approxi-
mately 15% surge margin to the right of the surge line. The reciprocating compressor was then 
started, brought to a fixed speed, and its pressure and flow pulsation amplitudes were recorded 
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at the centrifugal compressor suction flange using dynamic pressure transducers and the hot 
wire anemometer, respectively. The centrifugal compressor loop recycle valve was then slowly 
closed until surge was clearly indicated by axial vibrations and suction/discharge pulsations. 
Only when the previously established surge criteria were fully met, was the pulsation-induced 
surge point recorded. The difference between the previously recorded steady-state surge point 
(from the performance map) and the pulsation-induced surge point was used to calculate the 
difference in surge margin. 

Figure 6 shows a typical test run with the reciprocating compressor running. Pressure fluctua-
tions and compressor inlet flow are plotted versus test recording time. In this case, the 4 Hz 
discharge pulsations are used as an indicator for the onset of surge. The test started at 1:55:44 
pm with the recycle valve being slowly closed, decreasing the flow into the centrifugal compres-
sor (red line). At the time of 2:00:53 pm, the 4 Hz discharge volute pulsations are seen to in-
crease which corresponds to a flow of 106.5 acfm, about 6 acfm away from the steady-state 
surge line. As the recycle valve is further closed, and the flow is further decreased, the pulsa-
tions are seen to increase, approximately linearly with flow reduction. A drastic 4 Hz pulsation 
increase can then be observed when the flow reaches the steady-state surge line at 100.5 
acfm. In this particular case, a gradual onset of surge can be observed well before the machine 
is operating near the surge line. This provides evidence that periodically unsteady flow can in-
duce surge in a centrifugal compressor when the compressor is seemingly still operating to the 
right of the surge line. 

Figure 6. Test Results of 4 Hz Pulsations and Flow versus Test Time 

Figure 7. Axial Vibration versus Flow Showing Difference in Surge Onset for Cases with and 
Without Suction Pulsations 

A direct comparison of the onset of surge and surge margin for cases with and without the re-
ciprocating compressor running can thus be made. For example, Figure 7 shows the axial vibra-
tions versus flow for cases with and without the reciprocating compressor running. The axial 
vibrations in the case with the reciprocating compressor running start rising at a much higher 
flow (106.6 acfm) than the case without the reciprocating compressor running (100.2 acfm). The 
difference in surge margin is thus approximately 6% between the two cases. This difference 
between steady-state and pulsating flow surge margin is the pulsation-induced surge margin 
differential. The surge margin differential corresponds to an actual reduction of compressor op-
erating range and can severely impact a mixed compressor stations operability and safety. 
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Operating Map Ellipse 
For the 106 acfm surge onset case (with the reciprocating compressor running), the pulsations 
entering the centrifugal compressor just before the onset of surge were measured to be 44 acfm 
peak-to-peak in flow and 0.058 psi peak-to-peak in pressure. One can thus plot an ellipse of the 
actual operating point of the centrifugal compressor based on its fluctuating suction flow and 
pressure conditions as shown in Figure 8. This operating map ellipse defines the cyclically un-
steady operating point of the compressor on its performance map. Specifically, the ellipse close-
ly represents the true operating range of the compressor on the compressor map, since with 
periodically transient cyclic suction/discharge operating pressures, the compressor operating 
point will never be on its time-averaged or steady-state operating point. One should note that 
pulsations from a reciprocating compressor are not perfectly sinusoidal. The actual shape of the 
periodic operating cycle will typically not be a perfect ellipse but more irregular, depending on 
the higher order frequency content of the pulsations. Nonetheless, the assumption of an ellipti-
cal shape significantly simplifies further analysis and was found to not introduce significant error 
when used as a design tool. 

Figure 8. Pulsation-Induced Operating Cycle Ellipse versus Actual Surge Margin Reduction 

From Figure 8, one can clearly see that, although pulsation amplitudes in flow (44 acfm) indi-
cates that the compressor should have surged at the much higher flow of approximately 
122 acfm, truly measurable surge occurred only around 106 acfm. Specifically, the surge mar-
gin reduction caused by the flow pulsation is significantly lower than the flow fluctuation magni-
tude. Similar trends were found for all cases measured. The cause for this is still under investi-
gation but may be attributable to higher order frequency induced pulsations not having sufficient 
transient time to affect the low frequency surge cycle. Further discussion of this phenomenon is 
provided below. The operating map ellipse can be further refined by showing the different pulsa-
tion frequency orders as shown in Figure 9. In this example, the reciprocating compressor run-
ning speed was 615 rpm, the excitation frequency was 10.25 Hz, and a surge margin differential 
of 41.2% was found. Clearly, the compressor surged before it had reached its peak pressure 
ratio on the 7000 rpm speed line. The 1st order ellipse shows the induced pulsation only from 
the pulsations at the 10.25 Hz operating frequency (running speed), the 1st and 2nd order ellipse 
show energy from both 1st and 2nd orders (up to 20.5 Hz), and the 1st, 2nd, and 3rd order ellipse 
show energy up to 30.75 Hz for all three orders. Pulsations from reciprocating compressors 
have significantly higher order frequency content when the cylinders are double-acting since the 
pulse wave form is not sinusoidal. Thus, in this case, most pulsation energy was in the 2nd order 
as can be seen by the much larger 1st and 2nd order operating map ellipse. The energy from the 
3rd order does not significantly increase the radius of the operating map ellipse (1st, 2nd, and 3rd) 
as it does not contain significant pulsation energy. Fourth and higher order frequency energy 
content was also found to be negligible. In most cases, for reciprocating compressors operating 
below 1,500 rpm, almost all surge-relevant pulsation energy is contained in the frequency or-
ders below 90 Hz. One should also note that the local impedance line can be directly deter-
mined from the operating map ellipse as shown in Figure 9 (red line). The fundamental defini-
tion of acoustic impedance, as shown in Equation 2, relates bulk acoustic flow to pressure rise 
for pulsations at acoustic frequencies (i.e., at the speed of sound). Thus, the slope of the im-
pedance line must be equal to the aspect ratio of the operating map ellipse. 
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Figure 9. Operating Map Ellipses for Different Pulsation Frequency Orders 

Results and Analysis 
The above described tests were performed to determine the impact of pulsation on the surge 
margin (surge margin differential) of the centrifugal compressor for a number of operating condi-
tions, pulsation amplitudes, pulsation frequencies, and piping suction/discharge geometry 
changes. For most of the tests, the compressor suction conditions were held at near ambient 
conditions with inlet temperatures varying between 70 and 90 degrees Fahrenheit. Because of 
the changing inlet temperatures and associated air density variations, the surge line had to be 
retested and validated for every test series. To test varying pulsation amplitudes on the centrif-
ugal compressor and to determine the impact of piping acoustic resonances, measurements for 
surge margin and operating map ellipses were performed at four (4) different reciprocating 
compressor speeds. Also, to increase and vary the pulsation amplitudes into the centrifugal 
compressor, three (3) of these operating points corresponded to piping acoustic resonance fre-
quencies. Suction piping resonances were found at the 405 rpm (6.75 Hz), 480 rpm (8 Hz), and 
615 rpm (10.25 Hz) reciprocating compressor operating speeds. An additional test point at 310 
rpm (5.17 Hz), corresponding to a non-resonant operating condition, was also tested as a low 
amplitude pulsation test case. 

Table 1 and Table 2 summarize the results from the four (4) different cases that were tested 
and include the flow and pressure pulsation levels at both the reciprocating compressor exit and 
centrifugal compressor inlet. For these cases the centrifugal compressor was running at 7,000 
rpm and the reciprocating compressor speeds are indicated in the tables. 

Table 1. Impact of Acoustic Resonance: Pulsations and Flow Fluctuations 

In Table 2 the pressure and flow results are converted into surge margin differential and percent 
area across the surge line. 
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Table 2. Effect of Pressure and Flow Fluctuations on Surge 

To evaluate the impact of suction/discharge piping impedance changes, for each of the four (4) 
running speed cases (5.17 Hz, 6.75 Hz, 8 Hz, and 10.25 Hz), six (6) different piping system ge-
ometries were tested. The piping geometry changes involved replacing 1.2 m (4 ft) segments of 
suction or discharge pipe with different diameter pipes of 7.6 cm, 10.2 cm, 15.2 cm (3 inch, 
4 inch, and 6 inch) spool pieces. For the 5.17 Hz case, only the 6 inch suction and discharge 
piping case was tested. Thus a total of 16 operating conditions were tested. 

Experimental Test Data 
The raw data from tests 1 through 16 was reduced to determine pulsating flow, pulsating flow 
coefficient, pulsating pressure, pulsating pressure ratio, pulsating head coefficient, operating 
map ellipse, surge margin differential, area of operating map crossing the surge line, pulsation 
amplification/attenuation, steady head and flow coefficient, compressor power, compressor effi-
ciency, impedance slope, etc. It is beyond the scope of this paper to present all this data. How-
ever, since the raw test data and reduced results produced herein are intended to be open to 
the industry for benchmarking, code validation, and design comparison, Table 3 shows test re-
sults for the most critical parameters: Pulsation pressure amplitude, pulsation flow amplitude, 
surge margin differential, and pulsation amplification/attenuation. As shown by the data in the 
table, for very high pulsation amplitudes, surge margin reductions above 40% were seen. How-
ever, for more moderate pulsation levels, similar in range to pulsation to mean line pressure 
ratios found in industrial compressor station applications, surge margin reductions were closer 
to 15-25%. The flow and pressure pulsation data in Table 3 can be utilized to determine the 
operating map ellipse and the area of the ellipse that crosses the surge line. For all test cases, 
this area was found to be approximately 30-35% of the total operating map ellipseʼs area. 
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Table 3. Results from Tests 1 Through 16 

Impact of Pulsation Amplitude on Surge Margin 
The impact of pulsation amplitudes on compressor stability can be illustrated by comparing the 
pulsation flow coefficient, ϕ∆ , as defined in Equation 3, to the reduction of surge margin (surge 
margin differential) of the centrifugal compressor. 

Here, Q∆  is the pulsation flow amplitude, N is the running speed of the compressor and Dtip is 
the tip diameter of the compressor impeller. Similarly, a pulsation head coefficient, ψ∆ , can be 
defined as: 

where sH∆ is the pulsation head amplitude. Results recording the pulsation flow coefficient ver-
sus surge margin differential for tests 1 through 4 are shown in Figure 10. As anticipated, the 
surge margin reduction appears to be a near linear function versus pulsation amplitude. In-
creasing pulsations will increase the radius of the operating map ellipse and thus, decrease the 
distance between transient operating points and the surge line. Tests 5 through 16 showed very 
similar results and trends. 
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Figure 10. Pulsation Flow Coefficient versus Surge Margin Reduction 

One should note that pulsation pressure amplitude or pulsation head coefficient could also be 
plotted versus surge margin reduction and the trends would look identical. The reason for this is 
that pulsation pressure and flow are directly related by impedance as shown in Equation 2. The 
piping impedance in this test series (1 through 4) was not changed, so the relationship between 
pulsation pressure and volume flow stays constant. Figure 10 also demonstrates that when the 
reciprocating compressor is running on or near acoustic piping resonance frequencies, the pul-
sation amplitudes into the centrifugal compressor will be changed and thus, the surge margin 
differential will be affected. Specifically, test cases 1 through 4 correspond to reciprocating 
compressor running speeds on three (3) piping acoustic resonance frequency (405 rpm/6.75 
Hz, 480 rpm/8 Hz, 615 rpm/10.25 Hz) and one non-resonant frequency (615 rpm/10.75 Hz). 
Clearly, each one produces a different amplitude pulsation and different surge margin reduction. 
When designing a mixed compressor station, it is important to keep this in mind, as the worst 
case surge margin reduction scenarios will likely occur for cases where the reciprocating com-
pressor is running on an amplifying acoustic piping resonance. 

Finally, the pulsation flow coefficients versus surge margin curve as shown in Figure 10 was 
compared to numerical results presented by Brun et al., (2014). They modeled the impact of 
various levels of periodic pulsations on the surge margin of an industrial centrifugal compressor 
operation at 14,400 rpm and 52.4 bara suction pressure inside a 20 m recycle loop. Although 
speed, pressures, temperatures, and gas compositions of the compressor modeled by Brun et 
al., (2014) were significantly different than the cases tested herein, the predicted impact on 
surge margin differential versus pulsation flow coefficient are similar. Specifically, for their mod-
eled case, Brun et al., (2014) predicted a surge margin differential of 17% for an equivalent pul-
sation flow coefficient of 0.0039. This is within 15% of the curve shown in Figure 10. However, 
one should not assume that this one good correlation between test data and numerical predic-
tions (for these very different operating cases) allows for a broad generalization of the test re-
sults from Figure 10. They are specific for the geometry and operating conditions described 
herein only. 

Impact of Piping Impedance on Surge Margin and Pulsation Amplification 
CDR theory (Sparks (1983)) and numerical results from Brun et al., (2014) predict that changing 
the acoustic suction or discharge impedance of the pipe will affect the level of modulation of a 
pulse as it travels through the centrifugal compressor. That is, based on CDR, one can predict 
whether a compressor and piping system will either amplify or attenuate an externally induced 
pulse. Tests 5 through 16 were primarily intended to validate or disprove this theory. 
An easy method to alter the piping impedance is to change its internal flow area. Tests 5 
through 10 changed the discharge piping diameter area of the centrifugal compressor and its 
impedance by replacing the original 6 inch pipe with smaller 4 and 3 inch spool pieces. Similar-
ly, tests 11 through 16 changed the suction piping impedance by replacing the 6 inch suction 
piping with 4 and 3 inch spool pieces. Since pipe acoustic impedance increases linearly with 
decreasing through flow area, it has a square functional relationship with decreasing pipe diam-
eter. 
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The primary effect of a compressorʼs associated piping system impedance is on the amplifica-
tion or attenuation of periodic pulses through a centrifugal compressor. This indirectly impacts 
the surge margin, as larger pulses tend to decrease the surge margin differential. Figure 11
shows pulsation amplification through the centrifugal compressor versus discharge piping im-
pedance slope for the 405 rpm (6.75 Hz) running case. For the 0.0001 and 0.0002 impedance 
slope cases, the pulsations are attenuated by factors of 0.7 and 0.9, respectively. For the high-
est impedance slope case (0.0005) the pulsations are amplified by a factor of 1.2. Thus, con-
sistent with CDR and numerical predictions, an increase in the discharge pipe impedance line 
slope will result in higher discharge pulsations out of the centrifugal compressor. Similar trends 
were observed for the other running speed cases. 

The above finding can provide some compressor station design guidance: To minimize the risk 
of pulsation amplification through a centrifugal compressor, the downstream piping should be 
designed with the flattest possible impedance slope. However, a flat impedance slope can also 
result in the highest conversion of pressure to flow fluctuations and thus the greatest risk for 
pulsation-induced surge. Furthermore, low impedance piping often corresponds to large down-
stream compressor volumes which are undesirable from a transient ESD surge perspective. A 
careful compressor station piping design must balance these opposing requirements for mixed 
flow applications. 

Figure 11. Pulsation Amplification versus Discharge Impedance Slope 

The impact of suction piping impedance changes on the surge margin differential is shown in 
Figure 12 for the 480 rpm (8.00 Hz) running case. Here the surge margin differential is decreas-
ing with increasing impedance slope. The cause for this is that with a flat impedance slope, 
more pulse pressure is converted to pulse flow fluctuations which decreases the distance be-
tween the operating point and the surge line. Thus, the steeper the impedance slope on the 
compressor suction side, the lower the surge margin differential. This trend was consistent for 
all running cases with suction piping changes. 

Figure 12. Surge Margin Differential versus Suction Impedance Slope 

The above test findings can be summarized into trends as shown in Table 4. Here ↑ is for in-
creasing, ↓ is for decreasing. The number of arrows corresponds to weak, medium, and strong 
effects. 
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Table 4. Impact of Suction/Discharge Piping Impedance on Pulse Amplification and Surge Margin 

Although the information in the above table can be used to guide the design process, it does not 
replace the need to perform a proper pulsation analysis for mixed compressor stations. 

Design Recommendations 
To avoid centrifugal compressor surge or operating range reduction due to pulsations from a 
reciprocating compressor in a mixed compressor station, it is worthwhile to establish some basic 
engineering guidelines for station design. The most conservative design rule is simply to require 
that the centrifugal compressorʼs operating map ellipse does not cross the surge line for all op-
erating conditions of the compressor station. However, this rule may be excessively conserva-
tive and could result in a significantly reduced operating range of the centrifugal compressor. 
Specifically, for high pulsation amplitudes and low piping impedance cases, an operating map 
ellipse with a large radius may force the compressor manufacturer to set the recycle valve con-
trol line well beyond the industry typical standard of 10%. 

Figure 13. Operating Map Ellipse With 30% of the Ellipseʼs Area Left of the Surge Line 

A more pragmatic approach is to set a threshold interference level between the operating map 
ellipse and the surge that results in measurable surge. From the results of the above testing, it 
was found that surge was consistently identified when approximately 30% of the area of the 
operating map ellipse had crossed the surge lines for all suction/discharge pulsation frequency 
orders under 90 Hz. This basic design guideline is graphically illustrated in Figure 13. Figure 13
shows the operating map with 30% of the ellipseʼs area crossing surge. 

It was found that when the operating map ellipse for pulsation orders below 90 Hz and the surge 
line overlap area was less than 30%, surge was not measurable and assumed to not have oc-
curred. The reason for this consistent finding requires further investigation, but it is likely a result 
of the higher order frequencies not having sufficient transient time and amplitude across the 
surge line to initiate the onset of a surge cycle. Specifically, the wavelengths of higher order 
pulsations are likely to be too short to cause flow-reversal throughout the internal gas passage 
of a centrifugal compressor. For example, the half-wavelength of 100 Hz pulsations is less than 
1.6 m (5 ft), which is shorter than the internal through-flow passage length of most industrial 
centrifugal compressors. Intuitively, one would not expect a surge cycle to be initiated unless 
the induced pulse half-wavelength can alter the pressure and flow of the full length of a com-
pressorʼs meridional internal flow path. Thus, the above design guidance could be expanded 
beyond the proposed 90 Hz frequency limit and include all orders whose half-wavelength is 
greater than the centrifugal compressorʼs internal flow-path. However, to determine whether this 
assumption can be generalized to all operating conditions of a mixed compressor station or is 
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simply limited to the test conditions and compressor geometry tested, requires further testing 
and analysis. 

Summary, Recommendations, and Basic Design Rules 
An increasing number of centrifugal compressors are being installed in older reciprocating com-
pressor stations to increase flow capacity or to retrofit existing pipeline infrastructure. In these 
mixed compressor stations this has often resulted in spurious interactions between the recipro-
cating and centrifugal compressors. The primary reason for this phenomenon are common 
header pulsations from the reciprocating compressor severely affecting the operating range of 
the centrifugal compressor, restricting the operability of the reciprocating compressor, and re-
quiring the retrofitting of additional pulsation control into the compressor station. An improved 
knowledge of these mixed compressor station pulsation interactions during the station design 
phase could have avoided this. But unfortunately the industry knowledge and state-of-the-art of 
design tools are limited in analyzing this phenomenon. 

External pulsations applied to the suction or discharge flange of a centrifugal compressor can 
reduce its surge margin significantly, going so far as to move the compressor into surge condi-
tions. In mixed pipeline compressor stations where centrifugal compressors operate in series or 
parallel with reciprocating compressors, this is of special concern for operational range and 
safety reasons and must be considered during the design process. CDR theory, first developed 
in 1983, describes how a centrifugal compressor and its associated piping system interact with 
pulsations from external sources such as a reciprocating compressor. Unfortunately, CDR pro-
vides only limited usefulness as a quantitative analysis tool, primarily due to the lack of validat-
ed numerical prediction tools and benchmark test data for comparison. The lack of experimental 
data for the validation of engineering analysis tools posed a fundamental problem. 

Testing of reciprocating and centrifugal compressor mixed operation was performed in an air 
loop at the SwRI compressor laboratory. The specific goal was to quantify the impact of periodic 
pressure and flow pulsation originating from a reciprocating compressor on the surge margin 
and performance of a centrifugal compressor in a series arrangement and to utilize this data to 
validate predictions from CDR and numerical approaches. For this testing, a 50 hp single-stage 
double-acting reciprocating compressor provides inlet pulsations into a two-stage 700 hp cen-
trifugal compressor operating inside a semi-open recycle loop and utilizing atmospheric air as 
the process gas. Although the testing was performed for a series arrangement, the results are 
equally applicable to mixed station parallel arrangements were performed over a range of pulsa-
tion excitation amplitudes, frequencies, and pipe geometry variations to determine the impact of 
piping impedance and resonance response. From the test and analysis results, the following 
conclusions can be made as summarized below: 

Surge was consistently identified when approximately 30% of the area of the operating map 
ellipse had crossed the surge lines for all suction/discharge pulsation frequencies orders under 
90 Hz. 

Test result and trends were consistent with predictions from CDR (Spark, 1983) and numerical 
predictions (Brun, 2014) for pulsation amplification and attenuation across a centrifugal com-
pressor. 

Utilizing the transient operating map ellipse of the centrifugal compressor to identify whether 
induced pulsations can result in the operating point temporarily crossing the surge line is a use-
ful tool to identify the potential onset of surge. From the operating map ellipse surge margin dif-
ferential can be calculated for various orders of pulsations. 
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If the upstream piping system impedance curve is flat, pressure pulses are converted to high 
volume flow pulses which increase the centrifugal compressor pulsation-induced surge margin 
differential. On the other hand, steep piping impedance curves of the downstream piping reduce 
the surge margin differentials. 

The geometry of the piping system immediately upstream and downstream of a centrifugal 
compressor can have significant impact on the surge margin reduction (surge margin differen-
tial). 

The reduction of surge margin due to external pulsations is a function of the pulsationʼs ampli-
tudes and frequencies at the compressor suction and discharge flange. High suction flange am-
plitudes at low frequencies significantly increase the risk of surge. 

A transient time domain 1-D Navier-Stokes pipe network analysis model was able to accurately 
predict suction/discharge pulsations into a centrifugal compressor and thus, itʼs operating map 
ellipse. 

A critically important step in designing a compressor station is to evaluate the impact of the sta-
tionʼs piping system on the compressor dynamic behavior. Both acoustic resonance and system 
impedance are functions of the entire piping system connected to the compressor. Thus, a care-
ful acoustic and impedance design review of a compressor station design should be performed 
to avoid impacting the operating range of the machine and to properly balance these needs 
against the surge control system design requirements. 
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Executive Summary 
For a number of years visible vibrations were noticeable in the process piping connected to a 
reciprocating compressor at a refinery, this was despite a pulsation analysis having been con-
ducted at the design stage.  The effects of these vibrations were also visible in the small-bore 
instrumentation pipes, even though they were braced back to the main run pipe. The operator of 
the plant was worried that fatigue cracks could occur, especially in the small bore lines, and 
therefore a study was conducted to determine how the vibration levels could be reduced and 
whether they were leading to stress levels exceeding the endurance limit. 

To calculate the stress magnitudes arising in the piping, including those in the small bore con-
nections, a forced mechanical response analysis was performed using a numerical computer 
model. As well as using the as-built technical drawings the behaviour of the model was tuned to 
replicate the findings of in-field vibration measurements taken upon both the piping and the 
bracing. Tuning a piping model to replicate the dynamic behaviour of an operating piping sys-
tem is not a trivial undertaking. Within this paper the effect of various factors that were given 
special attention in tuning (matching) the computational model will be discussed.  

Attention was given on how to ensure that the correct mechanical mode shapes were present in 
the model and that they were excited to the same level as in the field. These mode shapes were 
identified from the vibration measurements taken using a three-axis accelerometer. Factors 
such as equipment weights within the piping, and gaps and stiffnesses in the supporting deviate 
to varying degrees from those envisaged at the design stage in any piping system. Consequent-
ly the mechanical resonance modes predicted by the numerical model, initially based on the as-
built technical drawings, exhibited some differences from those measured in the field. This was 
in terms of their shapes but also their response at a given excitation frequency.  

In tuning the model the stiffness of the spring loaded guide supports, both laterally and axially 
had to be varied, as well as the stiffness of the bracing of the small bore branches. Only by 
modifying these values was it possible to match the vibration amplitudes seen in the field with 
the computational simulation of the piping system. It is impossible to include these factors at the 
design stage and they are addressed by the requirement that all mechanical resonance modes 
should be above 2.4 times the compressor rotational speed. However unintentional installation 
factors could result in this margin not being met in the field, and thus this additional modelling 
step with a tuned model is required for determining the stress level and the margin of safety. 

The output of the study was a robust set of conclusions to the operator of what changes should 
be made to ensure there was sufficient margin to prevent cracking in the line. The vibrations in 
the header lines were reduced using rigid supports where possible, given thermal expansion of 
the system, which have far fewer unknowns in their installation in the field than supports with 
pre-loaded springs. Additionally recommendations were given for the bracing and gussets on 
the small bore instrumentation lines so they were less sensitive to vibrations in the header.  

In sharing this study though the intention is to increase the awareness of the factors that need 
to be considered when tuning a numerical piping model to replicate the field experience under a 
dynamic loading such as pressure pulsations. Thus improving the robustness of numerical 
simulations used for assessing potentially critical situations in the field. It is noted that the pre-
sented method is not as detailed as an Operating Deflection Shape (ODS) analysis of the sys-
tem or an analysis in which the mechanical natural frequency and damping where determined 
directly. The method presented here though is easier to apply and is suitable for indicating rela-
tive improvements to the system. 
  

92



Introduction 
During operation noticeable vibrations were observed by the operator of a reciprocating com-
pressor plant. The vibrations had been noted over a significant period of time and there was a 
concern that they may ultimately lead to fatigue. The vibrations were observed in both the main 
large bore run piping as well as in a number of the small bore instrumentation branches. Vibra-
tions are always a potential risk in reciprocating compressor piping [4] [5].  The request from the 
operator was to assess if the observed vibration levels and resulting stress levels were within 
allowable design limits. The outcome from the study for the operator was a series of recom-
mendations, where necessary, for mitigating the fatigue failure risk. 

The aim of this paper is however not to discuss the project and conclusions for the operator, but 
instead the focus will be on the complexities of tuning a dynamic computational simulation to 
match the measured vibrations in the field. Here three of the part models used for conducting 
the study are presented, with the intention of introducing the reader to different factors to con-
sider, and the impact of these uncertainties on the results. It is noted that the presented method 
is not as detailed as an Operating Deflection Shape (ODS) analysis of the system [6] [7] or an 
analysis in which the mechanical natural frequency and damping where determined directly. 
The method presented here though is easier to apply and is suitable for indicating relative im-
provements to the system. The paper closes with an overview that will helpfully assist an engi-
neer in conducting a robust analysis. 

System Overview 
The system under investigation had three double acting compressors arranged in series of 
which two were in use at any one time. Each compressor provided two stage compression with 
an air cooler located in the inter-stage loop. The reciprocating compressors had a running 
speed of 298RPM or 4.96Hz. As the compressors were always running at 100% part load the 
largest pulsation amplitudes were arising at a frequency of 9.9Hz. At the time of installation a 
pulsation analysis had been performed which showed that all of the piping mechanical natural 
frequencies were above 15Hz (3 x the running speed), which was predominantly achieved 
through the use of spring loaded guide supports. 

During the site visits, visual inspection revealed observable piping movements especially imme-
diately downstream and upstream of the pulsation bottles, and in the small branch connections. 
Vibration measurements were made in these regions. The measurements were made using a 
tri-axial accelerometer, with a sampling frequency of 48 kHz, which was connected by a magnet 
to either the piping or a pipe support. Given the highly-explosive nature of the process gas and 
that the isolation had to be removed to permit the measurements it was desired by the operator 
to keep the number of measurement points to a minimum. 

The systems that will be discussed in this paper are as follows: 

• Discharge side of the interconnecting line immediately downstream of the compressor 
• The second stage discharge line 
• A small bore branch located in the interconnecting line 

Each of these systems will be introduced and discussed separately and the salient features in 
matching the vibration measurements will be explained. 
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Computation Modelling Approach 
The dynamic computation simulation has been conducted using the piping stress analysis soft-
ware CAESAR II [3]. CAESAR II is a FEA package using beam elements, which is appropriate 
given that the resonance modes at the frequencies of interest are all beam type modes (and not 
shell modes). The piping model was split into small elements, 3 to 4 pipe diameters in length, to 
ensure that there was sufficient resolution to capture the shape of the mechanical eigenmodes.  

The model of the compressor piping was built according to the received piping isometrics, and 
the routing and supporting were verified during the site visits to conduct the vibration measure-
ments. The insulation weight was included and the weights of the valves and flanges were tak-
en from typical design data given their nominal diameter and pressure class. Only the structural 
steel supporting frames were included in the models which in the experience of the authors 
could not be considered be rigid (for instance insufficient stiffness in the plane of the applied 
load) and thereby they could have a significant impact on the calculated mechanical 
eigenmodes. 

For this study the modal and harmonic solvers in CAESAR II were used. The former determines 
the natural frequencies of the piping system whilst in the latter the response of the system to a 
(series of) sinusoidal load(s), or displacement(s), of a given frequency and phase angle is eval-
uated. A harmonic solver calculates the stress level at every phase angle of an applied sinusoi-
dal load, from which the most critical phase angle based on the maximum stress amplitude was 
automatically selected. When this automatic selection was found not be sufficient then the 
phase angle at the location of interest was selected manually. The mechanical damping coeffi-
cient for the harmonic simulations was 0.03, a value in accordance with the range recommend-
ed in piping design practice, for example the design code EN13480. 

System 1: Interconnecting line 
The system is shown in Figure 1 and runs from the discharge side of the compressor to the inlet 
of the air cooler. During the site visit it was seen that there were noticeable vibrations in the pip-
ing close to the discharge bottle and near the support frame, as highlighted in Figure 1. Meas-
urements were taken at these two locations, where Location 12 was on the support frame just 
below the pipe show and Location 11 was on the rest support underneath the flange connection 
with the bottle exit nozzle. The measured vibration amplitudes are shown in Table 1. It is seen 
that the rms velocity exceeds the Energy Institute [1] T7.2.2 guidelines. It is noted the compres-
sor bottle is not included in the model as the focus of the study at the request of the operator 
was the piping, and the directional anchor immediately downstream of the bottle nozzle meant 
that the bottle flexibility had no impact on the mode shape at measurement location 12. 
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Figure 1: Overview of System 1 with measurement locations. 
Table 1: Vibration amplitudes in System 1, peak at 10Hz is shown. 

Location Axes p-p disp. 
Measured 
(mm) 

rms ve-
locity 
(mm/s) 

EI 'problem' rms 
velocity* (mm/s) 
[2] 

Meas. Loc. 11 X 1.8 38.7 23.8 
Meas. Loc. 11 Y 1.6 35.3 23.8 
Meas. Loc. 11 Z 1.7 36.2 23.8 
Meas. Loc. 12 X 0.5 10.7 23.8 
Meas. Loc. 12 Y 0.5 10.7 23.8 
Meas. Loc. 12 Z 1.0 21.8 23.8 

*allowable at 10Hz. 

Applying the displacements to the model 
The first stage in trying to match measured vibrations was to apply the displacements shown in 
Table 1 with all the spring loaded guide supports as stiff rigid supports which fully restraint dy-
namic motion. On running the model it was seen that the stress levels remained within the fa-
tigue design limit at all locations, however measurements were only possible for two discrete 
points and it is needed to extrapolate these results to other locations for example downstream 
of the support at location 12. 

To extrapolate the results it was required to determine the magnitude of the underlying unbal-
anced forces that are causing the vibration. Here the unbalanced forces were calculated using 
the worst case pulsation amplitudes at 10Hz per straight pipe section (between elbow pairs) 
from the earlier third party pulsation analysis of the system. The unbalanced force was then 
modified if the length between elbow pairs was shorter than the wavelength of a 10Hz pulsation. 
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Running the model with these pulsation amplitudes did not result in any significant vibrations at 
location 12, with those in the axial direction (Z) being an order of magnitude smaller than those 
in Table 1. It could be that the compressor pulsation amplitudes were higher than calculated, 
but as displacement is linear with applied force it is unlikely to provide the full explanation as 
they were unlikely to be ten times larger than the calculated pulsation amplitude at the design 
stage. 

Investigation therefore moved to the spring loaded supports and the stiffness of the support at 
measurement location 12. As the vibration measurement at location 12 was taken on the struc-
ture (and not on the pipe) the spring support at this location must be providing a reasonable 
degree of axial restraint. It was found however that if the spring support further downstream was 
made free then a resonance mode existed in that section with a frequency of 9.5Hz. This mode 
shape is shown in Figure 2. When the pulsation loads were applied for this case the observed 
displacement at 10Hz matched the displacement in the Z direction at location 12 from the 
measurements. 

It can be seen in Figure 2 that the compressor bottle has not been modelled, and has instead 
been replaced by an anchor for the modal analysis. This was done as the directional anchor 
(rather than spring support) located between the compressor bottle exit and measurement loca-
tion 12 (see Figure 1) meant that the mode shape at measurement location 12 was independent 
of flexibilities in the compressor bottle. 

Figure 2: Mode arising at 9.5Hz if spring guide support assumed not to be restraining dynamic 
axal forces, photograph shows the structural frame at measurement location 12 (note angle of 
photograph is mirrored). 

Conclusions from Model 1 
This example has shown that the spring guide support cannot necessarily be presumed to be 
providing full restraint against dynamical axial loads. It is unlikely that this was providing no re-
straint to the axial forces and given the large displacements seen at the compressor bottle dis-
charge (location 11) it was suspected that the pulsation amplitudes were also higher than those 
simulated at the design stage. Thus the measured vibration appeared to be a combination of 
larger than designed pulsation amplitudes and a non-ideal spring guide support. This concept 
will be taken further in the following model. 
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System 2: Compressor Discharge Line 
This model is the discharge line downstream of the compressor bottle up until the connection 
with the general discharge header between the three compressors. An overview is shown in 
Figure 3, with the three locations at which the vibration levels were measured. The vibration 
amplitudes are listed in Table 2 and these are compared to the ʻproblemʼ rms velocity limit from 
the Energy Institute guideline.  

As for model 1 the displacements shown in Table 2 were applied as harmonic displacements at 
the measurement locations. In this case though it was found that the stress amplitudes near 
measurement locations 22 and 23 exceed the allowable value for the fatigue design curve. Ad-
ditionally the displacements at measurement location 21 lead to significant stresses (which 
would have caused fatigue failure) in the compressor nozzles. The harmonic displacements 
from measurement 21 were thus applied as a boundary condition as the vibrations arose partial-
ly across the entire compressor skid and not only the bottle and piping. It is reminded here that 
the operator wanted to keep the focus of this study on the piping only. 

Table 2: Vibration amplitudes in System 2, peak at 10Hz is shown. 

Location Axes p-p disp. 
Measured 
(mm) 

rms veloci-
ty (mm/s) 

EI 'problem' rms 
velocity* (mm/s) 
[2] 

Meas. Loc. 21 X 1.5 32.6 23.8 
Meas. Loc. 21 Y 2.3 49.5 23.8 
Meas. Loc. 21 Z 2.8 60.7 23.8 
Meas. Loc. 22 X 0.8 16.3 23.8 
Meas. Loc. 22 Y 0.8 16.7 23.8 
Meas. Loc. 22 Z 1.5 32.6 23.8 
Meas. Loc. 23 X 2.1 46.7 23.8 
Meas. Loc. 23 Y 0.6 12.6 23.8 
Meas. Loc. 23 Z 0.8 17.5 23.8 

*allowable at 10Hz 

Figure 3: Overview of System 2 with measurement locations, photograph shows the design of 
the guided spring supports. 

97



Matching the displacements 
To tune the model, the design stage pulsation amplitudes, as in System 1, were used to provide 
the unbalanced forces acting between all elbow pairs. By doing so the vibration amplitudes at 
points other than the measurement location could be estimated. The unbalanced forces were all 
taken to act in phase, as detailed phase information was not available from the earlier third par-
ty pulsation study. 

The simulated displacements at measurement locations 22 and 23 were compared to the 
measurements considering the spring guide supports as perfectly stiff or flexible. However in 
both cases the calculated displacement was lower than that from the measurements. Reviewing 
the mechanical resonance modes when the spring loaded support was assumed to provide no 
axial restraint it was seen that there was a mode at 8Hz (shown in Figure 4) that could be caus-
ing the measured vibration amplitudes. 

  
Figure 4: Mode arising at 8 Hz if spring guide support assumed not to be restraining dynamic 
axial forces. 

In Figure 5 the impact of varying the stiffness and the axial restraining capacity is shown, here it 
is seen how the frequency of maximum response varies as the axial stiffness is increased. In 
the computational model this was done by introducing the stiffness friction factor (FF). This is an 
arbitrary calibration factor for a dynamic system used in the following formula to create the dy-
namic frictional stiffness (Kfric,dyna) [3]. Where µ is the static friction coefficient at the applicable 
support location, Fvert is the vertical static load and δstatic is the calculated static displacement at 
the support location. 

, =  ∙ , =  ∙  ∙ 
The effect of varying the friction factor is to stiffen the system and the resonance frequency in-
creases. This can be seen in the two graphs below for measurement locations 22 and 23. Here 
it is seen that frequency increases as the friction factor is increased. Here it is seen that increas-
ing the friction factor (FF) to 10 means that the displacement measured at location 22 is the 
same as that measured. At location 23 however the situation is more complicated as increasing 
the resistance of the spring support to a FF of 5 provides the best match in frequency response 
but the displacement is lower than measured. 

A further option was to review the stiffness of the guide supports. Initially as for the limit stops 
these were also modelled to be stiff, however calculating the stiffness of these using a shell FE 
model this was found to be 1.6kN/mm. As shown in Figure 5, applying this value at all of the 
guide supports means that the resonance frequency changes and now the displacement at lo-
cation 23 exceeds that measured. 
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Figure 5: Displacement at measurement locations 22 and 23 for varying stiffnesses in the limit 
stop and guide. 

Conclusions from model 2 
Here it has been shown that it is necessary to modify the support stiffnesses (rather than take 
them to be rigid) to obtain a best fit with the measured vibration levels. However, as for system 
1 this is complicated by the fact that the unbalanced forces in the system are based on design 
pulsation levels. The solution offered to the client for both model 1 and model 2 was to increase 
the stiffness by ensuring the stiffness of the spring supports and where possible, given thermal 
expansion, to introduce directional anchors. The sensitivity of the system in this approach clear-
ly justifies the criteria of API 618 to ensure that all resonance modes are above 2.4 times the 
compressor running speed. 

System 3: Small bore connection 
Subsequent to the measurements on the header the vibration levels in the small bore lines were 
checked. A typical example of one of these small bore lines is shown in Figure 6(a). The small 
bore connection has a ND of ½”, is gusseted to the header and has two 1500lb valves. Between 
the two valves it is restrained to the steel bracing by means of a U-bolt, which was taken to re-
strain lateral movement only. The measurement locations are shown in Figure 6. Here it is seen 
that the location 31 is found on the header and 32 and 33 are on the steel frame.  

The amplitudes of the measured vibration for this small bore connection are shown in Table 3 
for both the compressors that were in service at that time (B and S). These are the displace-
ments recorded at 10Hz, there is also amplification between the header and the branch which 
indicates that a resonance mode within the branch is being excited. 

Calibrating the model 
When calibrating the models for the measured vibrations what is important is the combination of 
the absolute amplitude and the amplification compared to the header. For instance a large am-
plitude on its own does not mean a large stress in the small bore connection as if it is moving in-
phase with the header then no bending stress is generated. Similarly a large amplification is 
irrelevant if the displacement amplitudes are small. By reviewing the mechanical response when 
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applying different frequencies in the computational analysis it was concluded that the header 
and branch excitations were in-phase unless the mechanical resonance frequency was exactly 
matched.  

To determine which mechanical resonance mode was being excited the modal solver was used 
to determine the in-plane and out-of-plane resonance modes. These are shown in Figure 6 (b) 
and (c), and both have a frequency of 31Hz, which is significantly above the response at 10Hz 
seen in the vibration measurements.  

The resonance frequency of a branch connection is a function of  ⁄  where k is the stiffness 
of the branch and the mounting of the bracing on the pipe, and m is the mass of the compo-
nents such as the valves in addition to the bracing and piping. To establish the effect of different 
parameters on the resonance frequency a number of these parameters were varied as listed 
here: 

• Case 1: Baseline, all valve weights are as per typical information. 
• Case 2: As Case 1, but with branch U-bolt assumed to work as a three way stop (also 

restrains axial movement). 
• Case 3: As Case 1, but doubling of the weight of the valve (for example due to uncer-

tainties such as the control equipment). 
• Case 4: As Case 3 but with increased flexibility of the connection between the bracing 

and the run pipe, (for example due to a loose buckle). 
• Case 5: As Case 4 but with the flexibility of the gusset/weld connection reduced. 

Figure 6: Overview of System 3 with (a) measurement locations and (b) showing the resonance 
modes. 
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Table 3: Vibration amplitudes in System 3 at 10Hz 

 Frame displacement 
amplitude (mm)* 

Increase compared 
to header (-) 

Comp B – in plane 0.18 2.7 
Comp S – in plane 0.04 11 
Comp B – out of 
plane 

0.13 1.4 

Comp S – out of 
plane 

0.28 2.0 

*Mean of points 32 and 33 

The effect on the system response for a given excitation frequency is shown in Figure 7. In Fig-
ure 7(a) the response of the branch connection to in-plane amplification is shown whilst in Fig-
ure 7(b) the response to out-of-plane amplification is shown. The location of the maximum am-
plification indicates the resonance frequency. It can be seen from Figure 7 that introducing flexi-
bility into the branch and frame connections leads to a large reduction in the resonance fre-
quency. The amplification for Case 5 (and for Case 4 out of plane) is now similar to that shown 
in Table 3 for 10Hz as it shows approximately a two-fold increase. 

Conclusions from model 3 
It has been shown here how to the response at 10Hz could be matched, however it cannot be 
certain that this accurately models the branch at all frequencies. Given the uncertainties the 
choice was taken to provide a robust solution as the current vibration levels in the gusset weld 
toe were close to the design fatigue limit. The solution was to introduce additional in-plane brac-
ing and additional out of plane bracing. This had the effect of increasing the resonance frequen-
cy (for Case 5) to 30Hz for both modes and thereby significantly far away from the excitation 
frequency. 

Figure 7: Effect of different factors on the resonance modes. 
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Conclusions and Recommendations 
As stated at the beginning of this paper the aim here is not to explain the solutions for this spe-
cific reciprocating compressor plant, but more to demonstrate and explain the factors involved in 
trying to match vibration measurements in the field to a computational model of the system. Of 
course in a perfect computational model the vibration amplitudes would match perfectly, but a 
perfect model relies on exact knowledge of the system, which given uncertainties including cor-
rosion, support stiffnesses, small clearances and equipment weights is not readily available for 
a practical study. 

A possible method to avoid this uncertainty is to take sufficient measurement points through the 
system. The arising modes shapes and associated stresses can then be calculated and if they 
are within the fatigue allowable then no further analysis is required. In this the stiffness of the 
supports (including the spring guide supports) are all rigid and that the measurement needs to 
be made at the location of maximum vibration amplitude. However as shown in this study this 
could lead to large stresses as the flexibility of the modelled system is significantly reduced 
compared to the case with some flexibility in the supports. 

If the stresses are excessive or if intermediate points need to be calculated then the forces act-
ing on the piping (due to the pulsations) should be estimated. Even if a computational pulsation 
study is available there is no certainty that this is an accurate representation of what is occurring 
in reality, as appeared partially to be the case in the analysis presented here. The measured 
vibration is a function of the product of the applied force and the DAF (Dynamic Amplification 
Factor). If the applied force is unknown then calculating the DAF and the precise mode that is 
being excited is not possible. This difficulty is implicitly addressed by the requirement in API 618 
[2] that the mechanical resonance frequencies should be greater than 2.4 times the rotational 
speed of the compressor, as the DAF is minimal if there are no resonance frequencies to excite. 

The question then arises how do vibration measurements assist in solving a vibration issue? In 
the cases shown here the DAF was not minimal as the vibration amplitudes could only be 
achieved if a mechanical eigenmode was excited. The methods shown here, where uncertain-
ties in support and connection stiffnesses have been varied, provides a simple method to identi-
fy the resonance mode that has been excited. The authors note that more detailed analysis, 
such as Operating Deflection Shape or Mechanical Mode Shape analysis could have been pos-
sible if significantly more vibration measurements and post processing had been performed. 
The current method though is easier to apply and was more desirable to the operator in this 
instance given the explosive nature of the process fluid. The method was able to provide target-
ed recommendations for the operator to reduce the relative vibration levels. 
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Summary
Machinery today must have ever-increasing performance capabilities, which also means greater 
compression system vibration risks. 
A thorough knowledge of dampener pulsation force phenomena and related best practices is 
essential to significantly reduce system vibrations. While loads acting on the foundation are 
defined early in the process to allow a proper design, “cylinder gas loads” depend on 
compressor data sheet specifications and cannot be adjusted without changing requirements.  
Due to their high amplitudes and frequency spectrums, some exciting frequencies are more 
likely to coincide with the natural frequencies of the mechanical system: this can generate 
mechanical resonance phenomena. 
For these reasons, extensive efforts are required during preliminary cylinder manifold response 
studies to guide compressor general arrangement (GA) design. Specific software that includes 
Compressor standard elements selection and that allow building dampers by parametric inputs 
is cost effective in model creation. 
In addition to significant cost benefits, this software helps the designer to simulate multiple 
configurations by a quick rebuilding of the model, in order to explore several solutions and find 
the most suitable for vibration control.
A finite element method (FEM) specialist is not required for the model build-up, as the software 
allows the designer to automatically apply cylinder gas loads at the model and run the analysis. 
The design of the dampers must be done balancing the pulsation shaking forces so that to 
minimize their impact on the vibration behaviour. The software can apply also the pulsation 
induced forces on the dampers if they are available at the first run, otherwise these must be 
applied in a new run immediately after the dampers check execution. 
The software then compares the results (in terms of vibrations) to the limits. If the limits are 
exceeded, the GA designer can easily change the inputs and run the new solution, iterating this 
loop until satisfactory results are achieved. 
Obviously, the preliminary CMS analysis has to be repeated each time a significant mechanical 
modification is made at system or an operating parameter adjustment is required.  
These software iterations can be quickly performed and repeated, to design dampers and 
supports with reduced vibration risk enhancing quality and safety. 
This paper explains how the compression system layout can be optimized during the design 
process using this specific software, in order to avoid excessive vibrations of reciprocating 
compressor system. 

Nomenclature

Parameter Symbol 
Computer Aided Design CAD 
Cylinder Manifold System CMS 
Finite Element Method FEM 
General Arrangement GA 
Mechanical Natural Frequency MNF 
Revolutions per Minute RPM 
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1. Introduction 
Chemical and petrochemical applications often rely on highly efficient and flexible reciprocating 
compressors. Large-scale plants require equipment with greater capacities (a larger acoustic 
damping system) or step-less capacity control to improve system performance.  
Variable flow compressors, such as Reciprocating compressors, generate pulsations and 
vibrations that can lead to elements fatigue failure, capacity loss, and associated increased 
maintenance costs [3]. The cylinder manifold system is made up of the compression system 
and related dampers. This system represents the heart of the application, but also can be a 
source of severe vibrations. The preliminary cylinder manifold study must be made using the 
most advanced simulation methods to assure safety and reliability prior compression system 
and dampers manufacturing. Finally, after the final acoustic study inclusive of the whole plant 
system involved by the pressure pulsations, a complete CMS forced response analysis is again 
conducted. This study includes cylinder gas loads and pulsation induced forces on the dampers 
and piping around the compressor, so that any problems with the piping supports could also be 
adjusted. This paper describes a cost-effective procedure that can guide compressor and 
dampener design from the beginning of a project to avoid excessive CMS system vibrations, 
assure safe and smooth plant operation, and meet contract project delivery requirements.  
This is a fundamental target for very complex applications with several stages and many 
dampeners such as booster-primary low density polyethylene (LDPE) applications. 

2. Description of the Problem  
Standard compressor components are dimensioned with a stress analysis that is performed 
during the machineʼs design. This analysis defines loads and vibration limits to assure safety 
and operability. However, the same process cannot be used for dampeners, whose 
characteristics vary, depending on the specific application [3]. Additionally, dampener design 
requires information relevant to the piping plant system, which is usually available only in later 
project stages. For this reason all parts have to cooperate in order to meet the contractual 
delivery date, scheduling in advance the design of critical compression system components 
(API 618 5th Edition) [1] such as pulsation suppression devices. Theoretically, these long-term 
delivery components must be procured after the results of the acoustic and mechanical dynamic 
analysis that considers the entire scope of supply of the customerʼs piping plant. Because 
application schedules are often tight, when customers are unable to provide the necessary 
information quickly the project contract delivery is jeopardized. In these cases, design risks are 
sometimes taken in the attempt to stay on schedule. The following new design procedure 
significantly reduces vibration risks and limits final study CMS requirements only to the piping 
supports that are directly connected, without negatively impacting project schedule. 

3. Exciting Forces 
Reciprocating compressors generate different types of exciting dynamic forces that may induce 
high vibration levels, poor performance, noise and high risk of fatigue failures.  
The most significant dynamic forces are described below. 

Pressure Pulsation 
Pressure pulsation harmonic components, generated by the compressor pulsating gas flow, 
may produce plant resonance effects when interacting with plant piping and equipment. 
Pressure pulsation analysis recommendations can protect plant operation by limiting their effect 
through a proper damping/filtering system. This study aims to determine a method that limits 
pulsation amplitude and consequently reduces the relevant induced forces in the compression 
system, connected piping, and equipment [3, 4, 5].Shaking forces are generated by geometrical 
discontinuities in the dampener (e.g. a change of direction or closed end). Because it is 
impossible to avoid such occurrences, the only way to limit their effect is to balance the opposite 
forces placing the cylinder connection at the center of the dampener. For multiple cylinders, 
connections should be placed at the center of the chambers by the internal pipes or deviators 
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welded in the shell (see Fig.1).When this type of balancing approach is used, the pulsation 
induced forces are not critical for the project's vibration design (i.e. they can be neglected in the 
initial CMS verification). The same results can be achieved by baffles that divide the equipment 
into chambers of equal size or by internal pipe that reach the centre. 

Figure 1 - Dampener of two cylinders with deviator 

Foundation Loads 
Reciprocating compressors induce dynamic forces on the foundations mainly due to centrifugal 
forces of the rotating masses, inertia forces due to masses reciprocating motion and torque 
transmitted by the motor to the compressor. Compressor design strongly influences the forces 
and moments amplitude, so the design parameters must be carefully adjusted in order to 
reduce their effects. Full balance is generally not feasible – excluding special arrangements – 
for various reasons (such as type of crank-gear, pistons weights, etc.). As a result, unbalanced 
couples and forces acting on the foundations are always present. After balancing, the remaining 
forces and moments define foundation design. Therefore, loads acting on the foundation are 
known from the beginning, so the foundations can be properly designed without significant 
vibration risk. 

Gas Forces Due to Compression 
Significant gas forces are generated by compression on cylinder internals. They depend on 
bore and operating pressures in the cylinder ends under various operating conditions. Being 
strictly dependent on the data sheet and capacity control system, they cannot be adjusted 
unless the requirements are changed. In theory, if the system was rigid, these forces would be 
balanced/reclosed on the compressor frame. In actual operation, these gas forces cause 
“cylinder stretch”, which can result in vibration problems. Cylinder stretch occurs as the cylinder 
assembly lengthens and shortens at the compressor RPM frequency. Because of cylinder gas 
loadsʼ high frequencies spectrum (5th to 10th harmonic components) and relatively large 
amplitudes, their frequencies may easily coincide with the MNF of the compression system, 
resulting in mechanical resonance phenomena. For this reason, a detailed dynamic 
investigation of the effects of cylinder gas loads vibration is an important early project step in 
guiding compressor general arrangement design. This effort involves a costly preliminary CMS 
analysis because study has to be repeated each time a significant system modification is made.  

4. Project execution 
To properly design the compressor GA, at the project start, it is essential to perform a 
preliminary dynamic analysis of compression system vibrations due to cylinder gas loads and 
pulsation induced forces.  
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Influence of Capacity Control and Variable Speed on cylinder Gas Loads  
 Step-less capacity control can produce several high exciting frequency harmonic 

components, in respect to standard system such as suction valve unloading.   
 Compressor variable speed results in variable exciting frequencies that can easily fall in the 

range of mechanical natural frequencies of the CMS. 
 Wide operating range may produce resonances conditions due to exciting forces amount. 
All above factors should be considered to limit capacity control range to the actual needs.  

Knowledge of operating conditions allows identification of the “worst-case” cylinder gas loads 
harmonics distribution (Figure 2). By analysing the maximum loads spectrum and the conditions 
that produce high harmonics peaks, the designer can evaluate possible parameter adjustments 
(such as capacity control steps and compressor ratio distribution among the stages). This is 
done in an attempt to optimize harmonics distribution (by limiting the harmonic peaks). Figure 2 
shows the differences in terms of frequency spectrum between two capacity control systems. 
Moreover this activity makes the designer aware of the forces amplitudes and frequencies.  

Figure 2 - Cylinder gas forces distribution depending capacity control used 

Dampener Selection 
One fundamental action is the selection of the type (empty volume or filter) and size (volume 
and piping connections) of pulsation devices. A preliminary sizing dedicated program [6] that 
takes data directly from compressor simulation software calculates the volume, diameters, and 
length of chokes as well as the relevant pressure drop, optimizing the results for all operating 
conditions. These basic elements (without dampener geometry) are sized to meet API618 STD 
Approach 3 pulsations limits with a sufficient margin (70-80 percent of the limits according to 
API 618 5th edition section 7.9.4.2.3.4 “pre-study”) [1].  

Preliminary General Arrangement Design
The initial compression system and dampeners layout design (as shown in Figure 3) can be 
completed with sufficient accuracy to prepare a very detailed FEM by selecting compressor 
frame, cross-heads, cylinders, cylinder supports and dampener characteristics. 
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Figure 3 – Selection of damper shape and CAD of model Booster-Primary GA 

To ensure that the vesselʼs manufacturing schedule can be met, CMS forced dynamic response 
studies should be performed as the project start. These analyses are necessary to verify that 
the vibration levels of the CMS are within the limits. The scope of preliminary studies is to 
drastically reduce the chances of discovering CMS problems later in the project when the 
schedule impact can be significantly larger. Studies must be repeated when significant changes 
are applied to the system during project execution. The use of specific software allows the GA 
designer to comply with the schedule without to be vibration or FEM expert.  
The software helps the designer by:  
 Perform CMS FEM build up by selecting compressor standard elements (frame, cross-

heads, cylinders, cylinders supports and so on) and dampener elements by parametric input; 
 Automatically apply the cylinder gas loads (resulting from compressor sizing) and pulsation 

induced forces (after dampers check) to the FEM model; 
 Run the CMS forced response analysis (initially without the connecting piping); 
 Compare the results with the vibration limits;   
 Change the input data (such as the dampener shape type or related support data) when the 

results are above the limits and repeat the study till satisfactory results are found. 
To achieve satisfactory results, GA designers should work together with vibration specialists to 
enhance their sensitivity to dynamic aspects for a 360° design approach. 

Finite Element Model Building 
The main step in building a FEM model able to simulate the real dynamic behaviour of a CMS is 
to carry out an accurate structural evaluation of the system, paying special attention to 
components that affect dynamic behaviour. Applying suitable simplifications, it is possible to 
achieve an appropriate balance between accurate and quick calculations. The decision on how 
to best model the CMS system must be driven by these goals, so for each part of the model a 
specific structure element type have been selected.  
The dampers are different each time, thus they need to be verified each time (usually they are 
the most sensitive dynamic elements). The dampers are modelled as shell elements, which are 
appropriate on simulating components with small thickness (e.g. parts made from plate metal). 
The standard parts of the compressor (frame, sliding body and distance piece) have been cyclic 
stresses designed in advance, in order to define loads and compressor vibration limits to assure 
safety and operability. These thicker elements are modelled using the super-element (see 
Figure 4) derived from solid elements so that to have equivalent static and dynamic behaviour. 
This technique allows a simplification of the frame- sliding body-distance piece model, using 
only a minimum set of degrees of freedom, to provide proper stiffness and mass properties at 
the concrete anchoring and connecting bolts (i.e. connection points between the compressor 
and the other parts of the system).This simplified elements structure needs minor computational 
effort maintaining high model accuracy, like a solid element model.  
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Compared to other compressor components, cylinders behave like a rigid body that is sensitive 
only to its mass distribution; therefore they can be treated as solid bodies. Modelling of the 
bolted junctions between the cylinders, distant pieces, crosshead guides, and compressor 
frame is fundamental to estimating the elasticity response related to connecting different 
components. A standardized software procedure using manufacturing drawings data (such as 
n°, diameters, length, distribution of the bolts, and flange dimensions) can translate these 
junctions into the equivalent spring elements needed for a proper FEM simulation.  
In conclusion the chosen approach attempts to balance the required complexity to assure FEM 
accuracy with a model that includes all significant parts of the CMS. By limiting the computation 
time, the GA designer can quickly test different configurations to verify which one is the best.   

Figure 4 – Frame Super-element simulation technique applied 

Finite Element Parametric Input Selection 
The input and selection interface must allow for simple parametric input so that the user can 
build an accurate FEM model without to be a FEM software specialist. The creation of the FEM 
model is a complex task, so the software interface is divided into several parts that allow the 
user to select and define compressor parts, cylinder support, and dampener type (see Fig. 5). 

Compressor Parts Standardized Selection  
The software must include a library containing the compressor super-element models of the 
CMS standard parts (such as the frame, slide-body and distance piece). The user has only to 
select these components and insert the related dimensions using a parametric input interface. 

Cylinder and Support Selection 
The interface must allow the user to set the type and size dimensions of the cylinders along with 
the type and dimensions of the relevant supports. 

Dampener Type Selection  
The dimensions and support arrangement of dampeners varies by application. Standardization, 
based on experience, allows the selection of a limited set of shapes whose parametric models 
must be included in the software library. Then the user has only to select the types of 
dampeners used in each cylinder compressor stage. 
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Figure 5 - Interface for general parameters 

In the second part of the interface, the user inputs the dimensions of each dampener of the 
system. Because the dampeners are the most sensitive elements, their definitions are critical for 
CMS mechanical natural frequencies modal shapes and dynamic forced response. Due to the 
large amount of detail needed, the input of this part is the most time-consuming. For each 
dampener type, a specific interface allows the user to set the specific parameters.  
In conclusion using specific libraries that contain parametric models and super-element models, 
the proper simulation of each CMS component can be completed.

Model Generation 
After the parameters have been entered, the user can run the batch process to generate the 
FEM model (see Figure 6). The software creates several images of the model that help the user 
to easily verify inserted input parameters and in case apply adjustments. 

Figure 6 - FEM model built by parametric software 

5. Software Dynamic Analysis 

Forced Response 
Before performing the forced response, the software batch procedure must extract the cylinder 
gas loads directly from the compressor sizing program archive and automatically apply such 
forces on the CMS FEM model through the interface. The same can be done for the pulsation 
induced forces when available (i.e. the preliminary study has to be repeated after the dampers 
check execution).The software creates some images of the model with red arrows to indicate 
the applied forces. The designer can easily control the model to verify that forces have been 
properly applied.  
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Next, the forced response [3] of the system is performed for each harmonic component using 
the relevant cylinder gas loads (such as the pressure and phase acting on each cylinder axis) 
as input to calculate the relevant vibration amplitude.  
The forced harmonic response is performed for each possible mechanical resonance condition. 
Through the Campbell diagram (which shows the correlation between mechanical natural 
frequencies and exciting forces harmonic frequencies) it is possible to define resonances that 
may occur. Usually the analysis is carried out for each harmonic, within a certain percentage 
variation (for instance, plus or minus 20 percent) of the nominal frequency (RPM).  
An important aspect in performing a forced mechanical analysis is the evaluation of the 
damping coefficient, which is influenced by typical structural material and the connection 
between components (such as joints and gasket). Standards, piping, and compressor systems 
typically have damping ratios between 1 and 5 percent, and therefore have amplification factors 
of 10 to 50. Field experiences indicate that it is conservative to include only the structural 
damping of the material in the standard forced response analysis. Therefore, when possible (for 
instance, when measurements are available for an existing application), a damping value 
derived from field measurements can be used. The model used to evaluate the forced response 
of the system at a specific frequency is based on the uniform structural damping model; the 
user can either set this value or leave the 2 percent default value. 
CMS forced response results produced by the batch procedure are: 
 An amplitude-frequency chart (Fig.7), which shows harmonics vibrations amplitude vs limits 
 Several CMS vibrations images to identify vibration locations that are outside the  limits   

Figure 7 - Calculated vibrations vs. limits and Vibrations displacements picture 

When the amplitude-frequency chart vibration identifies an exceeding of the limit, the GA 
designer must view all stored vibration amplitude pictures (usually 21 steps are made +/-20%) 
relevant to the harmonic components, to define the necessary modifications. Usually, during this 
phase, vibration specialist cooperation is necessary, especially for complex cases. 

Typical Modifications 
The CMS vibration images highlight which components can be critically affected by vibrations. 
Several modifications can be applied to the system to reduce vibration levels: for example, 
stiffening the cylinder supports or changing the volume bottle type from single support to double 
supports (as shown in Figure 8).
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Figure 8 – typical modifications 

Once the modifications are defined, the parametric input of FEM must be updated and the 
calculation repeated until satisfactory results are achieved. When the vibration levels are within 
the limits, the preliminary vibration design is completed. After the acoustical analysis is 
completed, the final CMS study has to include the piping immediately connected to the 
compression system to solve any possible issues related to piping supports.  

Dampers Check Prior to Manufacturing 
Once upon the best dampers shape is selected achieving acceptable vibration levels, the next 
step on vibration design validation process is the damper Check. This check calculates the 
pulsation induced forces on the cylinders and dampers so that these forces can be applied to 
the FEM model and the CMS forced response verification can be repeated. Usually dampers 
shaking forces are not critical, if properly balanced, however this have to be confirmed by the 
analysis prior their fabrication. 
The dampeners (including nozzle orientation and necessary internals to balance shaking forces) 
are subjected to a pre-study (or “bottle check”) with the piping system replaced by an infinite 
length (acoustically non-reflective line) to verify that the pulsation requirements are achieved 
with a sufficient margin (such as 70 to 80 percent of the limits as per API 618 5th ed. para 
7.9.4.2.3.4). This approach usually allows satisfactory control of the acoustic resonance 
conditions that may be discovered during the final pulsation study. In theory, the procurement of 
dampeners must be done after the results of the acoustic and mechanical dynamic analysis, 
including analysis of the customer plant. However, because the customer may not be able to 
provide the necessary information in a timely manner, the described procedure is the best 
approach to use prior to dampener manufacturing to avoid vibration risk and keep the project on 
schedule.   

6. Final acoustic and Mechanical piping Studies 

Acoustic Analysis 
Verifications will take place again after the entire plant system with the final acoustic and 
mechanical analysis is available, and will be performed considering all possible compressor 
operating conditions and the capacity control range. All significant components (such as piping, 
cylinders, valves, orifices, dampeners, equipment) are analysed to the proper boundary points. 
Pressure pulsations and shaking forces acting on the components are calculated at all 
significant points, reduced to acceptable levels, and used as input for the mechanical studies.  
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Figure 9 – Acoustic plant model 3D view 

Piping Vibrations and Cyclic Stress 
The piping-induced forces (shaking forces) calculated by pressure pulsation analysis are 
introduced automatically as input data for the plantʼs final mechanical study. This study is 
performed by a FEM program that provides the mechanical natural frequencies, total vibration 
amplitudes, and relevant stresses, along with the reactions at support location. 
Then, the overall forced response of the piping system is calculated using the “modal super-
imposition” technique as the sum of the response of each mode to the exciting harmonics, each 
with its module and phase [7]. Finally, the piping maximum alternate stress is calculated using 
the procedure explained in ASME VIII-2 appendix 5 [2]. The calculated stress is compared with 
the cyclic stress limit and, if needed, a combination of additional orifices and/or supports can be 
adopted to maintain cyclic stress within the limit.  

Final CMS Forced Response 

Finally, the CMS model must be updated considering manufacturing drawings and inserting 
directly connected piping (generally up to the second support upstream and downstream of the 
dampeners).Then the forced response [3] of the CMS is repeated using as input the exciting 
forces resulting from the pulsation study, cylinder gas loads and foundations dynamical loads. 
This allows the calculation of vibration amplitudes and cyclic stresses, along with the dynamic 
reaction forces at the constraints.  

Results and Considerations 
The forced analysis is made to determine the vibration amplitude and cyclic stress.  
The vibration amplitude (Figure 9) should be compared to the manufacturer vibration limit levels 
for the cylinder-frame-spacer block (such as alarm limits with an adequate margin). For the 
dampener and piping, the relevant limits are based on experience and field measurements. 
The cyclic stress (Figure 10) should be compared with the limits (API cyclic stress limit 180 
N/mm2) [1], reduced to consider the stress concentration factors and safety factor. 
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Figure 10 - Vibration displacements and relevant cyclic stress 

Typical Modifications 
Several modifications can be applied to the system to reduce CMS vibration levels. However, 
when the described procedure is applied, the final CMS analysis made after the addition of 
customer piping can only identify minor piping support adjustments (such as additional piping 
constraints) and structures (e.g. to increase the stiffness of the bearing support structure).   

7. Reciprocating Compressor uprating/revamping 

The same tool can be used in case of compressor revamping or change of capacity step control 
(e.g. from suction valve unloaded to step-less). In these cases, being existing plants, it is 
important to define the field vibrating baseline (to be sure of the initial vibration levels and 
evaluate possible need of maintenance, see figure 11) so that to tune (e.g. adjust constrains) 
the model and properly predict the future plant vibrations once upon the plant is uprated.  

Figure 11 – Field vibrations Vibration vs model calculated values 

This kind of analysis is fundamental, like the feasibility compressor checks, to verify if the 
compression system can properly run once the uprating is applied, can identify possible 
adjustments to avoid big issue are discovered on field with negative impact on production. 
The same tool, by an additional dedicated section, can model the skid baseplate and 
compressor base (see figure 12) that in case of high speed compressor are essential elements 
to properly predict the real vibration levels. 
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Figure 12 – Compressor baseplate - Complete model mounted on skid    

8. Conclusions 
Reciprocating compressors and systems that include associated dampeners (CMS) may be the 
source and location of severe vibrations. For safe and reliable operation, specific analyses are 
necessary to properly design CMS components from the beginning of the project to avoid major 
modifications that could jeopardize the delivery date or be discovered when the system is 
manufactured. By using best practices related to pulsation-induced force phenomena, the 
system vibrations can be reduced significantly.  
Loads acting on the foundation are known from the beginning; therefore adequate foundations 
can be easily designed.
Depending on compressor data sheet and capacity control specifications, cylinder gas loads 
may not be able to be significantly modified unless changes are made to the requirements. 
Considering their amplitudes and frequencies spectrum, they easily can generate mechanical 
resonance phenomena.  
For this reason, it is essential to use specific software based on an FEM archive of compressor 
standard elements. The software can complete the CMS FEM by a parametric input of 
standardized dampener types. To be effectively used by a GA designer who is not a vibration 
specialist, the software input and selection interface must allow for a straight-forward input 
procedure to create the FEM model. Finally, the software must automatically apply the cylinder 
gas loads resulting from compressor sizing (after dampers check also the pulsation induced 
forces can be applied), quickly run the CMS forced response, and then compare the results to 
the limits. This procedure must be repeated if changes are applied at the CMS prior to 
manufacturing.
Later in the project, after the acoustic study is complete, an analysis of the CMS (including the 
piping around the compressor and pressure pulsation induced forces) must be repeated.  
By applying the process as described, the final studies will only require minor modifications on 
piping supports and their bearing structures, without impacting the project delivery schedule. In 
addition, the process allows for controllable project costs, reduced vibration risks, and safe, 
smooth compressor operation.  
If, instead, the CMS response study is used only for final verification, the project may be 
exposed to significant vibration risks. While this latter approach is less costly, the associated 
risks should be carefully evaluated.  

115



References 
[1] API 618 STD 5th edition, Reciprocating Compressor for Petroleum, Chemical and gas   
Industry services American Petroleum Institute. 

[2] ASME - Boiler and Pressure Vessel code, sect. VIII DIV. 2 2001, The American Society of 
Mechanical Engineers. 

[3] Passeri M., Generosi S.: Cylinder Manifold forced,  7th Conference of the EFRC October 
21th / 22th, 2010, Florence, Italy 

[4] Giacomelli E., Passeri M., Giusti S., Zagli F., Generosi S.: Modeling of Pressure Pulsations 
for Reciprocating Compressors and Interaction with Mechanical System, Proceedings of ESDA, 
Eng. System Design and Analysis, 19-22 July, 2004, Manchester, UK, The American Society of 
Mechanical Engineers. 

[5] Giacomelli E., Passeri M., Romiti M., Generosi S.: Forced Response of cylinder manifold for 
Reciprocating Compressors applications, proceedings of ESDA 2006: Eng. Sys. Design 
Analysis 4-7 July 2006 

[6] Giacomelli E., Passeri M., Battagli P., Euzzor M.: Pressure Vessel Design For Reciprocating 
Compressors Applied in Refinery and Petrochemical Plants - PVP2005-71292, Proceedings of 
PVP conference 2005,Pressure Vessel and Piping July 17-21, 2005, Denver, Colorado, USA 
The American Society of Mechanical Engineers.  

[7] Passeri M., Generosi S., Bagagli R., Carmelo M.: Preliminary piping sizing and pressure 
pulsation evaluation, Proceedings of ASME PVP 2014 Pressure Vessels & Piping Conference 
PVP 2014 July 20-24, 2014, Anaheim, California, USA 

[8] Passeri M, Bagagli R, Carmelo M.: Compressor general arrangement design guided by 
cylinder manifold forced response, Proceedings of ASME PVP 2015 Pressure Vessels & Piping 
Conference PVP 2015 July 19-23, 2015, Boston, Massachusetts, USA 

[9] A. Eijk: Cost-effective and detailed Modelling of Compressor Manifold Vibrations, ASME 
Pressure Vessels and Piping Conference  21-26 July, 1996, Montreal, Canada 

[10] A. Eijk: Economic benefits of CAD models for compressor manifold vibration analysis 
according to API 618, 3rd EFRC Conference 27-28 March, 2003, Vienna 

EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

Phone: +49 (0) 351/4633-1983, Email: contact@recip.org

Technical Paper

Session:  40-1 

Session Name:  New Concept

Experimental and numerical investigation of the heat transfer 
inside a hollow piston rod

Author: 
Konrad Klotsche 
TU Dresden 
Research associate, Bitzer-Professur für Kälte-, Kryo- und Kompressorentechnik 
01062 Dresden, Germany 

Co-Author 1: 
Christiane Thomas 
Postdoctoral researcher, Bitzer-Professur für Kälte-, Kryo- und Kompressorentechnik 
TU Dresden 
01062 Dresden, Germany 

Co-Author 2: 
Ullrich Hesse 
Professor, Bitzer-Professur für Kälte-, Kryo- und Kompressorentechnik 
TU Dresden 
01062 Dresden, Germany

116



EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

Phone: +49 (0) 351/4633-1983, Email: contact@recip.org

Technical Paper

Session:  40-1 

Session Name:  New Concept

Experimental and numerical investigation of the heat transfer 
inside a hollow piston rod

Author: 
Konrad Klotsche 
TU Dresden 
Research associate, Bitzer-Professur für Kälte-, Kryo- und Kompressorentechnik 
01062 Dresden, Germany 

Co-Author 1: 
Christiane Thomas 
Postdoctoral researcher, Bitzer-Professur für Kälte-, Kryo- und Kompressorentechnik 
TU Dresden 
01062 Dresden, Germany 

Co-Author 2: 
Ullrich Hesse 
Professor, Bitzer-Professur für Kälte-, Kryo- und Kompressorentechnik 
TU Dresden 
01062 Dresden, Germany

EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

Phone: +49 (0) 351/4633-2815, Email: contact@recip.org 

Technical Paper 
 
 
 
Session:  36-1 
 
 
Session Name: Controls
 
 
 
 
 
Reciprocating compressor capacity control –  
simple reliable solutions 
 
 
 
 
 
 
 
Author: 

William C. Wirz 
Business Development Manager 
Dresser-Rand Company – A Siemens Business 
14830 Painted Post, USA 
 
 

117



Summary 

The temperature inside the working chamber of a reciprocating piston compressor and its 
temporal behavior influences the efficiency of the compression process. In addition, for non-
lubricated compressors it has been shown that there is also a relation between the temperature 
in the sliding zone and the wear of the piston rod sealing elements. Thus, the lifetime of the 
sealing elements and their sealing performance are affected. For all three effects the behavior 
can be improved if the prevailing temperatures are reduced. One opportunity to positively 
influence the mentioned aspects is to reduce the temperatures of the adjacent components, for 
instance the piston and the piston rod, by an enhanced component cooling. 

Here, the approach for this is that the piston rod and / or the piston are designed with an internal 
cavity to contain a fluid. The oscillating translational motion of these components can be used to 
accelerate the fluid and thus to transfer heat by the fluid movement from hot regions in the area 
of the cylinder to the colder usually oil-lubricated crosshead. Due to the high operating 
frequency of such compressors the heat transfer capability of the piston rod and the piston can 
be increased significantly with respect to conventional solid material designs of these 
components. 

Among other factors the heat transfer of the cooling technology depends on the filling fluid and 
the volume ratio of the liquid and gas phases. To improve the heat transfer inside the piston rod 
both influencing factors are investigated experimentally on a test rig. The test rig comprises a 
vertically oscillating hollow rod which is heated at its upper end and cooled at the lower end. 
Additionally, both the heat input and the temperature of the cold end can be varied. Using 
temperature measurements at relevant points of the test rig the quasi-stationary thermal 
behavior of the test rig and in particular of the fluid can be investigated at various speeds. 

The results are presented and the influences of the two varied parameters regarding the filling 
fluid are discussed. In order to compare different test rig configurations by means of a 
generalized parameter the results can be reduced to the axial heat flux of the internal cavity. For 
this purpose the temperature field of the test rig is reproduced using a numerical simulation 
based on the finite element method and the achieved axial heat fluxes can be shown. Based on 
the resulting values the heat transfer capability of the prescribed cooling technology can be 
predicted and the benefits for the compression process can be derived.

Introduction 

When there is a demand for oil-free compression typically dry-running reciprocating piston 
compressors are used. The applied sealing elements are usually made of polymer composite 
materials which do not require an additional lubricant, offering economic and environmental 
benefits. In this field not only a growing research but also an increasing utilization can be 
observed over the last decades1,2,3,4. 

Especially for higher flow rates the advantages of crosshead-based compressor designs are 
typically preferred, requiring a sealing at the piston rod – the so-called packing – in order to 
minimize the leakage to the environment. Due to the lack of lubrication the mechanical and 
thermal stress of the sealing elements are significantly higher compared to oil-lubricated 
designs. Hence, on the one hand friction increases and on the other hand the omitted lubricant 
reduces the heat rejection. This leads to higher temperatures and to an increased wear of the 
sealing elements. As a result the service life of the sealing elements is reduced and the 
operating costs of the compressor increase. 

According to Kriegel1 the temperature in the contact zone between the non-lubricated sealing 
and the counter surface is crucial to the wear rate of the polymer sealing elements. Their 
attrition increases with increasing temperature hence their cooling is expedient. 

Up to the present a coolant circuit provided in the housing of the packing is often applied for the 
rejection of heat3. However, such an external packing cooling shows several drawbacks in 
terms of additional constructional and operating means giving rise to higher investment and 
operating costs. In addition, the risk of blockage of the coolant ducts as well as leakage of 
coolant is well-known. 

Based on these circumstances a different cooling approach was created for which a coolant is 
poured into an internal cavity of the piston rod. The hereafter presented investigations and 
related results firstly show the influence of the filling fluid on the heat transfer of a reciprocating 
cooling cavity. Subsequently, the impact of the quantity is examined for the most suitable fluid. 

Internal Cooling Concept for Reciprocating Compressors 

The idea of an internal cooling of the piston rod for reciprocating piston compressors was firstly 
delineated and patented by Quack and Nickl5 in 2007. The following section gives an overview 
of the principle of operation and the latest state of the internal cooling concept as well as the 
consequential motivation for this publication.  

Principle of Operation 

The aim of the internal cooling concept is to extract heat from areas that need to be cooled, for 
instance the packing and the cylinder area, by a filling coolant, transport it through a hollow 
piston rod and transfer it to the oil-lubricated crosshead (see Figure 1). 
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thermal stress of the sealing elements are significantly higher compared to oil-lubricated 
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operating costs of the compressor increase. 

According to Kriegel1 the temperature in the contact zone between the non-lubricated sealing 
and the counter surface is crucial to the wear rate of the polymer sealing elements. Their 
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Up to the present a coolant circuit provided in the housing of the packing is often applied for the 
rejection of heat3. However, such an external packing cooling shows several drawbacks in 
terms of additional constructional and operating means giving rise to higher investment and 
operating costs. In addition, the risk of blockage of the coolant ducts as well as leakage of 
coolant is well-known. 
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poured into an internal cavity of the piston rod. The hereafter presented investigations and 
related results firstly show the influence of the filling fluid on the heat transfer of a reciprocating 
cooling cavity. Subsequently, the impact of the quantity is examined for the most suitable fluid. 
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piston rod and transfer it to the oil-lubricated crosshead (see Figure 1). 
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Figure 1: Design and principle of operation of the internal piston rod cooling concept 

Although the thermodynamic drive is given by the temperature gradient, the main idea and 
benefit of this cooling technology is to utilize the reciprocating motion of the piston rod causing 
an enhanced fluid flow inside the piston rod cavity. In this way the fluid absorbs heat by flowing 
through warmer regions and carries it to colder areas where it is finally released. Here the 
typical high working frequency of the compressor enables an enhanced heat transfer through 
the piston rod and an increased cooling of high temperature compressor parts compared to 
conventional solid piston rods. 

Previous Work and Results 

Since the first reference of the described idea several experimental and theoretical studies were 
conducted focusing on its feasibility and general applicability. Hammer et al.6 measured a 
significant cooling effect at a test rig with a vertical oriented oscillating hollow rod induced by 
internal cooling of the rod. In addition, results were presented indicating the possibility to model 
the heat transfer processes inside the rod’s cavity by means of a Finite Element (FE) simulation. 
In 2013 Thomas4 presented extensive results from both experimental and theoretical 
investigations which show the effectiveness of the internal cooling at three different test rigs, 
including a single-stage double-acting balanced-opposed compressor. Making use of the 
internal piston rod cooling the measured gas and solid body temperatures inside the packing of 
this compressor could be reduced by up to 70 K. In addition, the sealing quality could be 
improved by reducing the temperatures in the sealing gap. 

Comparable approaches in terms of an enclosed internal cooling cavity supported by a 
reciprocating motion can be found in the sector of combustion engines, for instance the cooling 
of engine valves7 and the heat transfer from the piston to the crankcase oil via heat pipes 
molded into the piston8. Unfortunately, different scales impede the transfer of these results to 
dry-running compressor piston rods. 

Open Tasks 

Since the feasibility and effectiveness of the internal piston rod cooling has been demonstrated 
the next target is to optimize the heat transfer. A variety of parameters, influencing the heat 
transfer of the discussed cooling technology, allow for more detailed investigations. The results 
of these investigations are the basis to enhance the heat transfer capability. These parameters 
are 

 the fluid itself and its charge, 
 the cross section (shape, size) of the cavity,
 the kinematics of the crank drive (speed, stroke), 
 the orientation relative to gravity, 
 the temperature difference between the heat source and sink, and 
 the heat quantity to be transferred 

as well as other thermal resistances. 

Two of the most significant influences are the kind of the filling fluid that transfers the heat and 
its quantity which leads to the volume ratio of the liquid and gas phases. In order to find the 
optimum filling for a maximized heat transfer experimental investigations are conducted with a 
variety of fluids and with different charges. 

Test Rig and Experimental Investigations 

At present the theoretical examination of the fluid flow by CFD seems not expedient since the 
transient and turbulent processes in the shaked-up cavity can’t be simulated by reasonable 
effort. In contrast, an experimental approach is less complicated and more appropriate at the 
moment. Hence, the general construction of the used test rig and the obtained results are 
shown in this section. 

Test Rig Setup 

For the experimental investigation of the heat transfer inside a reciprocating hollow rod a test rig 
is available at the Technische Universität Dresden (see Figure 2). It comprises a vertically 
reciprocating hollow rod actuated by a crank drive that is driven by an electric motor. The stroke 
is 100 mm and the length of the connecting rod is 250 mm. The rod is mounted onto a 
temperature-controlled crosshead. It comprises a cooling duct connected to an external cooling 
circuit providing the entire heat to be completely rejected at the rod’s lower end, i. e. the 
temperature at this location can be held constant for all operation points. At the upper end of the 
rod a cylindrically shaped electrical heater is installed to provide a defined heat input and the 
rod is closed by an end cap. All relevant components except the crosshead are insulated 
against the ambient environment to guide the majority of the heat input through the rod and the 
filling fluid. In order to connect any electrical signals to the measurement system and to guide 
the crosshead coolant from the test rig to the cooling unit of the laboratory an energy chain is 
attached to the rod’s cap.
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benefit of this cooling technology is to utilize the reciprocating motion of the piston rod causing 
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the next target is to optimize the heat transfer. A variety of parameters, influencing the heat 
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of these investigations are the basis to enhance the heat transfer capability. These parameters 
are 
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 the kinematics of the crank drive (speed, stroke), 
 the orientation relative to gravity, 
 the temperature difference between the heat source and sink, and 
 the heat quantity to be transferred 

as well as other thermal resistances. 

Two of the most significant influences are the kind of the filling fluid that transfers the heat and 
its quantity which leads to the volume ratio of the liquid and gas phases. In order to find the 
optimum filling for a maximized heat transfer experimental investigations are conducted with a 
variety of fluids and with different charges. 

Test Rig and Experimental Investigations 

At present the theoretical examination of the fluid flow by CFD seems not expedient since the 
transient and turbulent processes in the shaked-up cavity can’t be simulated by reasonable 
effort. In contrast, an experimental approach is less complicated and more appropriate at the 
moment. Hence, the general construction of the used test rig and the obtained results are 
shown in this section. 

Test Rig Setup 

For the experimental investigation of the heat transfer inside a reciprocating hollow rod a test rig 
is available at the Technische Universität Dresden (see Figure 2). It comprises a vertically 
reciprocating hollow rod actuated by a crank drive that is driven by an electric motor. The stroke 
is 100 mm and the length of the connecting rod is 250 mm. The rod is mounted onto a 
temperature-controlled crosshead. It comprises a cooling duct connected to an external cooling 
circuit providing the entire heat to be completely rejected at the rod’s lower end, i. e. the 
temperature at this location can be held constant for all operation points. At the upper end of the 
rod a cylindrically shaped electrical heater is installed to provide a defined heat input and the 
rod is closed by an end cap. All relevant components except the crosshead are insulated 
against the ambient environment to guide the majority of the heat input through the rod and the 
filling fluid. In order to connect any electrical signals to the measurement system and to guide 
the crosshead coolant from the test rig to the cooling unit of the laboratory an energy chain is 
attached to the rod’s cap.
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Figure 2: Setup of the test rig (a), CAD representation (b) and sectional view with installed 
thermocouples (c)

To accurately record the temperature fields of the relevant components 39 type K thermo-
couples (TCs) are installed whose signals are sampled by 1 Hz. Their locations can be seen in 
Figure 2 (c). Five TCs (FT1…FT5). positioned inside the cavity are distributed along the rod’s 
axis measuring the fluid temperature. Thirteen temperature sensors are positioned 2 mm below 
the rod’s external radial surface capturing the wall temperature (WT1…WT13). They are 
distributed along the rod’s length similar to the fluid TCs. For the benefit of the thermal 
simulation of the experiments and therefore required boundary conditions two TCs are located 
at the rod’s cap and 3 TCs at the lateral surface of the cap bracket as well as 2 TCs inside the 
cooling duct of the crosshead. The rod is equipped with two insulation layers. Fourteen TCs 
within the insulation layers measure the temperature along the rod’s axis. A first setup of the 
facility exhibited only one layer and the boundary condition at its outer surface was a convective 
heat transfer which is rather difficult to specify6. The TCs at the insulation are now utilized to 
provide the temperatures as boundary condition for the numerical simulation which is more 
accurate than the previous setup. 

Measurement Procedure 

At first the fluid to be investigated is poured into the cavity and the hollow rod is closed. This 
results in a coolant-air mixture at ambient conditions. Then the rotational speed (in this study 
only 600 min-1 are presented) is adjusted and the flow through the crosshead’s cooling circuit as 
well as the power supply of the heater is switched on. After a transient period in which the 
temperatures are converging towards a steady state the following interval is used to record the 
final temperatures which are averaged over 5 minutes. In this way long term transient 
phenomena are excluded. All measurements are carried out under laboratory conditions 
ensuring the ambient temperature to be sufficiently constant over time. 

The power input of the heating device (P = 70 W) and the temperature of the crosshead coolant 
(tC = 10.3 °C) were held constant for all measurements. Hence, the boundary conditions are 
consistent in terms of the heat sink and source. For all experiments the same rod was used 
which has a rod’s length to inner diameter ratio of 20. Thus, all measurements are sufficiently 
comparable.

Measurement Series I – “Fluids”

Since information on reciprocating heat transfer devices and on related fluids is scarce the 
thermodynamic suitability of the fluid is derived from the heat pipe and thermosiphon literature. 
In this area the so called merit numbers for heat pipes as well as for thermosiphons (see9 for 
details) are used to determine the general heat transfer ability of different fluids in the assumed 
application range of 40 °C to 80 °C. Some fluids that actually appeared appropriate with respect 
to the merit numbers had to be excluded due to pressure or safety restrictions or because of 
their unsuitable critical point. One advantage in terms of filling and handling is that the normal 
boiling point is above the ambient temperature. Finally, for a first test series five different fluids 
were chosen according to aforementioned considerations (see table 1 for fluid classification). 
For the experimental comparison of the fluids a volume ratio of liquid to gas of 11.1 % was used 
for all test cases. 

Test case
A B C D E

Fluid
classification

Natural coolant Alcohol Alcohol Aromatic hydrocarbon Saturated hydrocarbon

Table 1: Classification of fluids used within the measurement series

Since this paper aims at determining the heat transfer capability of the fluid, only the temporal 
behavior of the fluid temperature of the measurement’s last six minutes is shown (see Figure 3). 

Figure 3: Fluid temperatures from the evaluation period (highlighted gray) for all five test cases
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Figure 2: Setup of the test rig (a), CAD representation (b) and sectional view with installed 
thermocouples (c)
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ensuring the ambient temperature to be sufficiently constant over time. 

The power input of the heating device (P = 70 W) and the temperature of the crosshead coolant 
(tC = 10.3 °C) were held constant for all measurements. Hence, the boundary conditions are 
consistent in terms of the heat sink and source. For all experiments the same rod was used 
which has a rod’s length to inner diameter ratio of 20. Thus, all measurements are sufficiently 
comparable.
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their unsuitable critical point. One advantage in terms of filling and handling is that the normal 
boiling point is above the ambient temperature. Finally, for a first test series five different fluids 
were chosen according to aforementioned considerations (see table 1 for fluid classification). 
For the experimental comparison of the fluids a volume ratio of liquid to gas of 11.1 % was used 
for all test cases. 
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Fluid
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Natural coolant Alcohol Alcohol Aromatic hydrocarbon Saturated hydrocarbon

Table 1: Classification of fluids used within the measurement series

Since this paper aims at determining the heat transfer capability of the fluid, only the temporal 
behavior of the fluid temperature of the measurement’s last six minutes is shown (see Figure 3). 

Figure 3: Fluid temperatures from the evaluation period (highlighted gray) for all five test cases
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It can be seen that the temperature distribution along the rod differs from one fluid to another. 
So the chosen heat input for the measurements are appropriate to distinguish the thermal 
behavior. In particular, the upper fluid thermocouples allow for confirming the best heat transfer 
as it can be seen for test case A with the lowest temperatures. This test case also shows the 
most stable conditions in the upper part of the cavity affirming a better cooling. The 
temperatures of the alcohols and of the aromatic hydrocarbon show a similar performance and 
appear clearly higher than in test case A for the upper thermocouples. Furthermore, the 
fluctuations of their FT1 and FT2 signals are a little bit more significant than for test case A. 
Therefore, the heat transfer in these cases is inferior to test case A. Test case E shows even 
worse cooling conditions. Here, the temperature distribution along the rod is the highest 
indicating the lowest heat transfer with this configuration. Additionally, the sensor FT1 is 
subjected to the highest fluctuations by far. 

The measured values of both the fluid and the wall temperatures can be averaged over the
steady-state period (highlighted gray in Figure 3). Thereby, the thermal gradient along the rod 
represents the heat transfer capability according to one-dimensional Fourier’s law:

. 

The mean values of the fluid and wall temperatures for the five test cases are presented in 
Figure 4.

Figure 4: Averaged fluid (a) and wall temperatures (b) from the evaluation period of the 
measurement series I

As it is indicated in Figure 4 the fluid of test case A exhibits the best heat transfer between the 
upper and lower end of the rod and therefore leads to the most advantageous cooling. The 
temperatures exponentially ascend with increasing height. Since the TCs are equally spaced 
along the rod the influence of gravity cannot be neglected for the heat transfer in a vertical 
moving internally cooled reciprocating piston rod even at 600 min-1. Interestingly, comparable 
fluid temperatures of the uppermost thermocouple for the test cases C, D, and E do not lead to 
comparable temperatures at the rod’s wall in this region. Here, the upper wall TCs of test case E 
show higher values than C and D. Hence, the heat transfer between the fluid and the wall at this 
height appears significantly lower for test case E in comparison to C and D. 

Measurement Series II – “Liquid Filling Volume”

Based on the results of the test series for different fluids the most promising fluid (test case A) 
was chosen for the second measurement series to find the optimal liquid to gas volume ratio for 
an optimal axial heat transfer. The measurements were conducted in the same way as the first 
measurement series and with the same boundary conditions. 

To achieve a good coverage of the possible range of liquid to gas volume ratios 5 
measurements were taken with different liquid volume fractions. Table 2 summarizes the used 
volume fractions of the liquid normalized by the volume fraction of test case V. 

Table 2: Normalized liquid to gas volume fractions for the test cases of measurement series II 

As shown for the measurement series I the recorded temperatures for different liquid volume 
fractions are averaged over 5 minutes at the end of a measurement when the test rig is in a 
thermodynamic steady-state condition. These mean values for the fluid and for the wall TCs are 
shown in Figure 5. It can be seen that test case X offers the best heat transfer leading to both 
the lowest fluid and wall temperatures. Moreover, this test case seems to represent the global 
maximum of axial heat transfer since the increase of quantity of liquid from test case V to W and 
further from W to X improves the cooling indicated in particular for the upper wall TCs. However, 
a further increase of liquid volume – as can be grasped by comparison of test case X, Y, and Z 
– is detrimental to the heat transfer. 

Figure 5: Averaged fluid (a) and wall temperatures (b) from the evaluation period of the 
measurement series II

Presumably two contrary effects occur: if the quantity of liquid is too small, not enough heat can 
be absorbed at the upper part of the rod (test cases V and W). However, if the liquid amount is 
too high, the lower end of the rod is blocked by liquid and the mixing in this area is reduced (test 
cases Y and Z). 

Parameter Symbol Unit Test case
V W X Y Z

Normalized liquid volume 
fraction

liq/liq,test case V [-] 1.0 2.0 3.0 4.0 5.0
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It can be seen that the temperature distribution along the rod differs from one fluid to another. 
So the chosen heat input for the measurements are appropriate to distinguish the thermal 
behavior. In particular, the upper fluid thermocouples allow for confirming the best heat transfer 
as it can be seen for test case A with the lowest temperatures. This test case also shows the 
most stable conditions in the upper part of the cavity affirming a better cooling. The 
temperatures of the alcohols and of the aromatic hydrocarbon show a similar performance and 
appear clearly higher than in test case A for the upper thermocouples. Furthermore, the 
fluctuations of their FT1 and FT2 signals are a little bit more significant than for test case A. 
Therefore, the heat transfer in these cases is inferior to test case A. Test case E shows even 
worse cooling conditions. Here, the temperature distribution along the rod is the highest 
indicating the lowest heat transfer with this configuration. Additionally, the sensor FT1 is 
subjected to the highest fluctuations by far. 

The measured values of both the fluid and the wall temperatures can be averaged over the
steady-state period (highlighted gray in Figure 3). Thereby, the thermal gradient along the rod 
represents the heat transfer capability according to one-dimensional Fourier’s law:
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The mean values of the fluid and wall temperatures for the five test cases are presented in 
Figure 4.

Figure 4: Averaged fluid (a) and wall temperatures (b) from the evaluation period of the 
measurement series I

As it is indicated in Figure 4 the fluid of test case A exhibits the best heat transfer between the 
upper and lower end of the rod and therefore leads to the most advantageous cooling. The 
temperatures exponentially ascend with increasing height. Since the TCs are equally spaced 
along the rod the influence of gravity cannot be neglected for the heat transfer in a vertical 
moving internally cooled reciprocating piston rod even at 600 min-1. Interestingly, comparable 
fluid temperatures of the uppermost thermocouple for the test cases C, D, and E do not lead to 
comparable temperatures at the rod’s wall in this region. Here, the upper wall TCs of test case E 
show higher values than C and D. Hence, the heat transfer between the fluid and the wall at this 
height appears significantly lower for test case E in comparison to C and D. 

Measurement Series II – “Liquid Filling Volume”

Based on the results of the test series for different fluids the most promising fluid (test case A) 
was chosen for the second measurement series to find the optimal liquid to gas volume ratio for 
an optimal axial heat transfer. The measurements were conducted in the same way as the first 
measurement series and with the same boundary conditions. 

To achieve a good coverage of the possible range of liquid to gas volume ratios 5 
measurements were taken with different liquid volume fractions. Table 2 summarizes the used 
volume fractions of the liquid normalized by the volume fraction of test case V. 

Table 2: Normalized liquid to gas volume fractions for the test cases of measurement series II 

As shown for the measurement series I the recorded temperatures for different liquid volume 
fractions are averaged over 5 minutes at the end of a measurement when the test rig is in a 
thermodynamic steady-state condition. These mean values for the fluid and for the wall TCs are 
shown in Figure 5. It can be seen that test case X offers the best heat transfer leading to both 
the lowest fluid and wall temperatures. Moreover, this test case seems to represent the global 
maximum of axial heat transfer since the increase of quantity of liquid from test case V to W and 
further from W to X improves the cooling indicated in particular for the upper wall TCs. However, 
a further increase of liquid volume – as can be grasped by comparison of test case X, Y, and Z 
– is detrimental to the heat transfer. 

Figure 5: Averaged fluid (a) and wall temperatures (b) from the evaluation period of the 
measurement series II

Presumably two contrary effects occur: if the quantity of liquid is too small, not enough heat can 
be absorbed at the upper part of the rod (test cases V and W). However, if the liquid amount is 
too high, the lower end of the rod is blocked by liquid and the mixing in this area is reduced (test 
cases Y and Z). 

Parameter Symbol Unit Test case
V W X Y Z

Normalized liquid volume 
fraction

liq/liq,test case V [-] 1.0 2.0 3.0 4.0 5.0
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Test Rig Temperature Field Simulation 

The experimental results presented in the previous sections allow a qualitative evaluation of the 
axial heat transfer capability of reciprocating hollow rods depending on the kind of the filling fluid 
and its quantity. To estimate the axial heat flux inside the cavity, the recorded temperatures can 
be used to simulate the temperature distribution of the relevant parts. Therefore, the following 
section introduces the developed simulation model and the related assumptions as well as the 
resulting axial heat fluxes. 

Structure and Conception of the Simulation Model 

For calculating the thermal distribution of the test rig a steady-state thermal simulation is used 
which is based on the finite element method. This simulation model consists only of solid 
elements. By this, the fluid’s thermal behavior (and not its flow characteristics) is represented by 
an equivalent thermal conductivity. Since most of the test rig components are nearly axially 
rotationally symmetric, the three-dimensional construction is transferred into a two-dimensional 
model (see Figure 6). Moreover, the domain to be calculated is demarcated to an essential 
extension. This means, that some parts of the insulation as well as the lower part of the 
crosshead were not adopted to the simulation model. 

Figure 6: 2D CAD model (a) and derived simplifying FE model (b) with striped areas 
representing the cavity

As shown in Figure 6 (b) the area of the filled cavity (highlighted striped) is divided into several 
parts taking into account different behaviors of the heat transfer. According to different 
temperature gradients and corresponding to the design of the test rig this area is separated in 
axial direction. Additionally, these sub-areas are segmented into one part close to the rod’s wall 
and a second internal part, resulting in 12 areas representing the filling. 

After meshing the model with reasonable accuracy (for details see10) all boundary conditions 
(temperature specifications and rotational symmetry) provided by the measurements (see 
Figure 2) and the thermal conductivity of all parts of the model except the fluid’s one were 
predefined. Additionally, the heat input is specified as heat generation rate for the cross 
sectional area of the heating device. Then, the only unknown influence is the thermal behavior, 
i. e. the thermal conductivities of the filling areas. The idea here is to find a thermal behavior of 
the modelled filling that corresponds to the fluid’s one in the experiments and is done by an 
iterative procedure. In order to check this correspondence the calculated temperature field is 
compared to the measured fluid and wall temperatures shown in Figure 4 and 5. The result of 
such a comparison for test case A is presented in Figure 7.

Figure 7: Measured and simulated steady-state temperatures of test case A 

A sufficiently good correspondence between the measured and simulated fluid and wall 
temperatures can be seen in Figure 7. Hence, the assumed equivalent thermal conductivities of 
the simulated filling areas represent the thermal behavior of the fluid in the experiment with 
sufficient accuracy. With this finding the temperature field is used to deduce the heat flux of the 
filling in axial direction at a significant height. For logical reasons this position is chosen to be at 
the middle of the rod’s length. To determine this value the axial heat fluxes for all simulation 
elements associated with the fluid at this height are averaged. This reduction to only one 
generalized parameter enables the simplifying comparison of different measurements. The 
procedure of adjusting the simulation model to the experiment was done for all measurements 
resulting in the values summarized in table 3 and table 4. 

Table 3: Axial heat fluxes of the test cases A, B, C, D, and E 

Table 4: Axial heat fluxes of the test cases V, W, X, Y, and Z

Conclusion 

Experimental and theoretical investigations have been carried out in order to verify the impact of 
different fluids used as coolant in a vertically oriented hollow rod with regard to the axial heat 
transfer. The comparison of the resultant temperature distributions and a subsequent FE 
simulation yield the most effective fluid offering the highest axial heat transfer capability. 
In a second measurement series a similar approach shows the effect of different liquid to gas 
filling ratios for the most suitable fluid identified in the above-mentioned study. The best 
proportion was found resulting in the highest axial heat transfer that was quantified by a 
simulation. 

These results constitute the basis for the selection of the two addressed parameters for future 
configurations and lead to an enhanced performance of the internal piston rod cooling. From a 

Parameter Symbol Unit Test case
A B C D E

Axial heat flux |𝑞̂̇𝑞z| W/mm² 0.140 0.099 0.092 0.116 0.096

Parameter Symbol Unit Test case
V W X Y Z

Axial heat flux |𝑞̂̇𝑞z| W/mm² 0.140 0.141 0.143 0.136 0.123
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Test Rig Temperature Field Simulation 

The experimental results presented in the previous sections allow a qualitative evaluation of the 
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and its quantity. To estimate the axial heat flux inside the cavity, the recorded temperatures can 
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section introduces the developed simulation model and the related assumptions as well as the 
resulting axial heat fluxes. 
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which is based on the finite element method. This simulation model consists only of solid 
elements. By this, the fluid’s thermal behavior (and not its flow characteristics) is represented by 
an equivalent thermal conductivity. Since most of the test rig components are nearly axially 
rotationally symmetric, the three-dimensional construction is transferred into a two-dimensional 
model (see Figure 6). Moreover, the domain to be calculated is demarcated to an essential 
extension. This means, that some parts of the insulation as well as the lower part of the 
crosshead were not adopted to the simulation model. 

Figure 6: 2D CAD model (a) and derived simplifying FE model (b) with striped areas 
representing the cavity

As shown in Figure 6 (b) the area of the filled cavity (highlighted striped) is divided into several 
parts taking into account different behaviors of the heat transfer. According to different 
temperature gradients and corresponding to the design of the test rig this area is separated in 
axial direction. Additionally, these sub-areas are segmented into one part close to the rod’s wall 
and a second internal part, resulting in 12 areas representing the filling. 

After meshing the model with reasonable accuracy (for details see10) all boundary conditions 
(temperature specifications and rotational symmetry) provided by the measurements (see 
Figure 2) and the thermal conductivity of all parts of the model except the fluid’s one were 
predefined. Additionally, the heat input is specified as heat generation rate for the cross 
sectional area of the heating device. Then, the only unknown influence is the thermal behavior, 
i. e. the thermal conductivities of the filling areas. The idea here is to find a thermal behavior of 
the modelled filling that corresponds to the fluid’s one in the experiments and is done by an 
iterative procedure. In order to check this correspondence the calculated temperature field is 
compared to the measured fluid and wall temperatures shown in Figure 4 and 5. The result of 
such a comparison for test case A is presented in Figure 7.

Figure 7: Measured and simulated steady-state temperatures of test case A 

A sufficiently good correspondence between the measured and simulated fluid and wall 
temperatures can be seen in Figure 7. Hence, the assumed equivalent thermal conductivities of 
the simulated filling areas represent the thermal behavior of the fluid in the experiment with 
sufficient accuracy. With this finding the temperature field is used to deduce the heat flux of the 
filling in axial direction at a significant height. For logical reasons this position is chosen to be at 
the middle of the rod’s length. To determine this value the axial heat fluxes for all simulation 
elements associated with the fluid at this height are averaged. This reduction to only one 
generalized parameter enables the simplifying comparison of different measurements. The 
procedure of adjusting the simulation model to the experiment was done for all measurements 
resulting in the values summarized in table 3 and table 4. 

Table 3: Axial heat fluxes of the test cases A, B, C, D, and E 

Table 4: Axial heat fluxes of the test cases V, W, X, Y, and Z

Conclusion 

Experimental and theoretical investigations have been carried out in order to verify the impact of 
different fluids used as coolant in a vertically oriented hollow rod with regard to the axial heat 
transfer. The comparison of the resultant temperature distributions and a subsequent FE 
simulation yield the most effective fluid offering the highest axial heat transfer capability. 
In a second measurement series a similar approach shows the effect of different liquid to gas 
filling ratios for the most suitable fluid identified in the above-mentioned study. The best 
proportion was found resulting in the highest axial heat transfer that was quantified by a 
simulation. 

These results constitute the basis for the selection of the two addressed parameters for future 
configurations and lead to an enhanced performance of the internal piston rod cooling. From a 

Parameter Symbol Unit Test case
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scientific perspective the attained findings allow for an improved insight into the thermal 
mechanisms of an internally cooled reciprocating device. 
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Summary 

There is a tendency that more and more reciprocating compressor installations are designed 
without lubrication of the piston rings/rider bands and packings. The lubrication of the contacting 
sealing elements has the advantage that the lifetime of those wearing parts is typically more 
than acceptable. At least three years of uninterrupted operation can be expected for lubricated 
service. But, there is the disadvantage that typically oil is not desired in the process gas. There-
fore, it needs to be removed from the gas by the installation of separators. For some applica-
tions, it is even forbidden to lubricate the compressor since any oil residual in the gas can harm 
the underlying process. Non-lubrication of the wear parts overcomes these difficulties. A devel-
opment process of the plastic materials used for the wear parts of non-lubricated services has 
been observed during the last years. An even warranted lifetime of 8,000 hours is usual in many 
applications nowadays. But, three or more years of uninterrupted operations is hardly feasible 
for non-lubricated services with contacting sealing elements. The lifetime of the compressor 
concerning the wearing parts is restricted by the packings for most applications. The reason for 
that is the worse cooling of the tribological contact area of piston rod to sealing elements com-
pared to the contact area between the piston rings and cylinder liner. The contact area between 
piston ring and liner is directly cooled by the water cooling system of the cylinder whereas the 
contact area between piston rod and packing internals is just indirectly cooled by the water cool-
ing of the packing chambers. A better frictional heat removal by the piston rod is essential to 
improve the life time of the packing. The concept described in this paper to improve the frictional 
heat removal is based on a much better thermal conduction from the contact area of the pack-
ing along the piston rod to the well cooled part of the piston rod at the crosshead end. This is 
accomplished by drilling a bore into the piston rod and filling it with copper. The heat conductivi-
ty of copper is about ten times higher than the one of steel. This physical fact is used to improve 
the frictional heat removal. This effect has been verified by tests on a reciprocating compressor 
test bed. In addition, the improvement of the wear rates was shown by comparative run tests 
with and without the copper-filled piston rod. The paper covers the theoretical heat examina-
tions and the comparison with the test bed measurements. The wear rate results of the com-
parative packing run tests are given. Since the piston rod is one of the highest loaded part in a 
reciprocating compressor the necessary strength verifications are also included. 
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1. Introduction 
The tribological system of the contact area between piston ring/rider band and liner and packing 
elements and piston rod respectively in a lubricated reciprocating compressor service is rather 
complex. A comprehensive attempt to understand the hydrodynamic and mixed-frictional mech-
anisms was done by A. Vonckeni. This work revealed that the complexity of the combination of 
mechanics, thermodynamics and hydrodynamics taking place in parallel for this tribological sys-
tem needs a tremendous calculation effort even with modern multi-body-simulation software. A 
practical design approach to determine the minimum necessary oil amount is not possible at the 
moment. Nevertheless, the experience of lubricated compressors shows that an absolutely reli-
able design of a lubricated compressor is feasible with very simple design rules for the number 
of rings and the oil amount. 

The tribological system of a non-lubricated ring/liner or ring/piston rod contact is even more 
complex. Experiences show that a stable transfer layer is necessary to create acceptable wear 
rates for a non-lubricated contact. This transfer layer is created by tribo-chemical reactions in 
the contact zone. These tribo-chemical reactions depend on material and fillers of the sealing 
elements, on the material, hardness and surface roughness of the counter surface (liner, piston 
rod), on the compressed gas, on the contact pressure and contact temperature. 

It is readily acceptable that any attempt to describe and predict this tribological behavior with a 
comprehensive analytical approach will not be successful. Therefore, the experimental ap-
proach has been used by various authors. There are two options to experimentally describe the 
tribo-system. 

1. The tribo-system is approximated by a so-called tribometer. With this system, the real 
reciprocating tribo-system is replaced by a simplified tribo-system which includes some 
major influencing factors like contact pressure, materials of contacting partners, gas and 
humidity of gas. These tribometers can either incorporate the reciprocating movement of 
the real contact or just replace the reciprocating movement by a fixed-speed rotational 
movement. 

2. The tribo-system is analyzed by a real test compressor installation. Such a test installa-
tion is very close to the reality but has the disadvantage of higher effort in terms of 
space, time, power and gas consumption. In the end, this is an expensive approach. 

Both approaches should be followed in a development process. A pre-selection should be done 
with a tribometer to select promising tribo-systems. These promising systems need to be veri-
fied on a test compressor installation before going into real field installations. Experiences have 
shown that promising systems identified by tribometer tests failed completely on the test com-
pressor. Simplifications introduced by the tribometer test can sometimes exclude important fac-
tors for the tribo-chemical reactions. 

A pioneering work in experimentally analyzing the tribo-contact of non-lubricated reciprocating 
compressor contacts with a tribometer was fulfilled by U. Tomschiii. A remarkable extension of 
this work was done by N. Feisteliii. His studies were done on a nitrogen packing test rig and on a 
hydrogen compressor test installation. Both works revealed that temperature at the contact and, 
therefore, a good cooling of the tribo-contact is essential for a low-wear sealing contact. Feistel 
explicitly stated that the indirect packing cooling via the packing chambers is necessary for de-
manding applications in terms of sealing pressure. This result was experimentally verified alt-
hough the frictional heat flux through the sealing elements into the packing chambers is poor 
compared to the heat flux through the piston rod. He anticipated that a direct cooling through 
the piston rod would improve the overall cooling and the wear behavior. 
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Based on those fundamental works, C. Thomasiv researched a hollow piston rod filled with an 
air-water mixture. The intention of this work was to effectively remove frictional heat from the 
packing contact area in order to improve the lifetime of the packing elements. The analyses re-
vealed that such a system effectively removes the heat only at a certain amount of acceleration 
(piston speed). Another disadvantage of this system is that the hollow piston rod needs a bore 
to fill the water and is manufactured by a welding procedure. This has a dramatic impact on the 
rod load capability of the rod. That means one could make use of the advantage only at reduced 
rod loads. Another point, maybe only psychologic, is that in the reciprocating compressor world 
a great rejection needs to be assumed with having water close to the compression chamber. 
Any chance of liquid loss into the compression chamber could create a liquid slug with cata-
strophic consequences. 

2. The new piston rod heat removal concept 
The API 618v states that reciprocating compressors need to be constructed for at least 3 years 
of uninterrupted operation. Even though the standard accepts that interruptions to the continu-
ous operation may occur due to exceeding the lifetime of wearing parts the intention of the pe-
troleum, chemical and gas industry is to run the compressor for at least 3 years of uninterrupted 
operation. 

Typically, only the valves, rings and packings are responsible for not reaching that goal. The 
valves can be designed more conservative in terms of the impact velocity which makes it feasi-
ble to reach the goal. For the rings and packings, the typical approach is to lubricate them. For 
lubricated service, the 3 years of uninterrupted operation is not demanding at all. But, the oil 
needs to be removed and the oil is negatively influencing the lifetime of the valves by the oil 
sticking effect. 

Target should be to reach similar lifetime of the wear parts and higher working pressure limits at 
the packing than the typical limit of 80 to 100 bar also for non-lubricated service. 

The new concept contrary to the concept of C. Thomasvi is to fill the hollow piston rod with an-
other solid material of a much better heat conductivity, e.g. copper. The frictional heat removal 
mechanism is heat conduction instead of heat convection. A possible contact temperature re-
duction at the contact area of the packing is visualized in figure 1. 

Figure 1: Comparison of temperature profile along the piston rod with/without copper filling 
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The temperature profiles of figure 1 are the result of a calculation under the following assump-
tions: 

- The same amount of frictional heat is introduced at the piston end of the piston rod. 
- The crosshead end of the piston rod is cooled down to the oil temperature. 
- The convectional heat flux along the piston rod to the ambience is neglected. 
- No heat flux from the compression chamber into the piston rod. 

Figure 1 clearly demonstrates that a dramatic reduction of the contact surface temperature is 
possible by introducing a material of excellent heat conductivity like copper. Of course, the real 
behavior will be different since the piston rod will also remove compression heat through the 
piston rod. So, the temperature in the packing area cannot fall below the mean piston tempera-
ture. Nevertheless, at tribologically critical application a contact temperature of 200°C is possi-
ble which obviously will not result in good wear rates. A reduction of the temperature down to 
e.g. 120°C could dramatically improve the situation. 

3. Strength considerations 
At conventional piston rod designs, the weak location in terms of fatigue is always at the con-
nection to the crosshead due to the unavoidable stress concentration. The piston rod in the area 
of the main diameter is never critical because of no stress concentration and a large cross-
sectional area. The use of a copper core piston rod however requires looking at this location, 
too. The definition of an admissible copper core diameter requires a detailed knowledge of the 
piston rod strength, especially the influences caused by fretting fatigue which is described in this 
section. 

The rod load due to gas and inertial forces as well as a certain amount of bending creates a 
cyclic elongation of the hollow piston rod which the copper core is not completely following at 
every location. Consequently, there is a resulting axial micro-slip between the copper core outer 
diameter and the piston rod bore diameter. This slip gives rise to tribological effects which can 
reduce the material fatigue strength significantly. The mechanisms of such fretting have been 
investigated in many publicationsvii viii ix x xi xii xiii xiv. The slip creates local mechanical (adhesion and 
abrasion) and chemical (oxidation, micro-welding) loads on the surface, creating micro cracks 
which may propagate into macro cracks at the presence of respectively high bulk stress levels. 

The amount of loss in fatigue strength can be very high as indicated in the following diagram 
(Fig. 2). 

Fig. 2: Fatigue limits of different materials with and without fretting13
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It turns out that high-strength steels can lose fatigue strength by a factor of 2 or 3, whereas low-
strength steels lose only little strength. Exposed to fretting, both material groups seem to ap-
proach about the same fatigue level! 

It must be noted that the diagram above can only give an exemplary idea in quality about the 
expected loss in fatigue strength. For the individual case, the quantification is more complex 
and includes load parameters like slip, contact pressure, friction factors and load cycle frequen-
cy. An important parameter to be considered is the amplitude of the cyclic slip. Fig. 3 shows the 
dependence of the slip (U-shaped curve), which was already described by Vingsbo and Söder-
berg7 in 1988 and confirmed by many otherse.g.8 later. 

Fig. 3: Life time vs. slip (U-shaped curve) and wear of a surface exposed to fretting (Vingsbo 
and Söderber7). Note that the numbers given here are not generic and give only a representa-
tion in quality. 

The life time (and also the fatigue strength limit) has a minimum at a certain slip level. Below 
this level, strength increases which is explained by the creation of shorter micro-cracks. Above 
this slip level, strength also increases which is explained by the prevention of crack propagation 
because of continuously wearing away every newly initiated crack. More recent investigations 
show the strength minimum of the U-shaped curve at much lower slip numbers10 11. 

The effect of the material strength on the strength loss of parts exposed to fretting is shown in 
Fig. 4 

Fig. 4: Comparison of the Söderberg U-curve (Fig. 3) for different material grades14 
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The obvious problem in the quantification of fretting fatigue limits is the uncertainty of the slip 
amplitudes at the different locations. A pragmatic approach is to use the fatigue strength mini-
mum that has been experimentally found for the most critical slip and contact pressure. Using 
this approach, the design is always conservative. 

4. Packing test rig results  
The influence of the copper core on the temperature development as well as on the packing ring 
wear was tested on the horizontal axle of a reciprocating test compressor (see Fig. 5). The 
compressor is operating at a speed of 623 rpm with a stroke of 130 mm which gives an average 
piston speed of 2.7 m/s. The cylinder was pressurized with 80 bar static Nitrogen pressure and 
a piston rod packing with 4 sealing elements was installed to seal the static pressure against the 
atmosphere. All testing was performed by using a white PTFE material in dry-running service 
under Nitrogen atmosphere in order to generate a fast wearing material combination together 
with a high amount of frictional energy generated by the sealing elements. This ensures a quan-
tification of the influence of the copper core at short test durations. 

Fig. 5: Reciprocating test compressor, horizontal axle was used for the test 

In the first step, the temperature development of the piston rod between the packing area and 
the cross head was characterized with and without the use of the copper core. Additionally, the 
rod temperature at chamber 3, which is located in the middle of the pressure packing, was 
measured. The goal of this pre-test was the quantification of the cooling effect caused by the 
copper core. 

After a run-in time of 24 hours the compressor was stopped and the rod temperatures between 
the piston rod packing and the crosshead connection were measured every 50 mm as well as 
the piston rod temperature at chamber 3. Fig. 6 illustrates the positions of the temperature 
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measurement. This procedure was repeated after additional 24 hour of running time and the 
average values of the measurement with and without copper core were calculated. 

Fig. 6: Sketch for illustrating the temperature measurement positions along the piston rod 

The results are summarized in Table 1 and they are graphically shown at Fig. 7.  

Table 1: Results of the temperature measurements without and with copper core 

Position [mm] 0 50 100 150 200 250 300 350 
Temperature w/o copper [°C] 109.5 105.5 91.0 83.5 75.0 70.0 66.0 63.5 
Temperature with copper [°C] 95.5 93.5 89.0 87.5 82.0 79.5 74.0 74.5 

Position [mm] 400 450 500 550 600 @ chamber no. 3 
Temperature w/o copper [°C] 64.5 61.5 60.0 54.5 51.0 104.6 
Temperature with copper [°C] 75.5 68.5 70.5 62.0 56.0 93.4 

The red curve at Fig. 7 shows the temperature development along the piston rod with the use of 
a piston rod with a copper core. Starting from the end of the pressure packing the temperature 
decreases linearly towards the crosshead connection. This temperature development indicates 
a good heat transfer along the rod and it proves the working principle of the copper core by in-
creasing the thermal conductivity of the rod in the axial direction. Without the use of a copper 
core an asymptotic temperature decrease can be observed due to the significant lower thermal 
conductivity of the rod. This result clearly shows the improved heat transfer by the use of the 
copper core. Additionally, the temperature at chamber 3 is reduced by more than 10 °C be-
cause of the increased thermal conductivity which creates the desired cooling effect within the 
piston rod packing. 
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Fig. 7: Graphical results of the temperature measurement along the rod (left) and at chamber 3 
(right)

In the second step the compressor was operating for additional 192 hours after the temperature 
tests in order to achieve a total running time of 240 hours for both cases, with and without cop-
per core. As already explained above, a white PTFE material was used at this dry running nitro-
gen application to get significant wear in this relatively short operational time. After the test, the 
remaining gaps of all 4 sealing rings were measured, which did have an original gap of 12 mm 
per sealing ring at the beginning of the operation. From the remaining gaps the maximum life-
time of the ring sets could be calculated. 

The results of the ring life tests are summarized in Table 2. The conditions at both 240 hours 
test runs were identical except the presence/absence of the copper core. At test no. “A46-5” the 
rod was used with the copper filling and after test duration of 240 hours all 4 sealing rings were 
showing significant gap to adjust the sealing segments to the piston rod. The total gap of all 4 
sealing rings was 41.0 mm compared to the total manufactured gap of 48 mm at the beginning 
of the operation. Thus, more than 85 % of the original gap was left, which in turn means that the 
wear at the sealing elements was below 15 %. Thus, an expected service life-time of approxi-
mately 1,646 hours for this system can be calculated by combining the low wear with the dura-
tion of this test. 

Test no. “A46-6” was performed without the copper core and here we get a complete different 
picture. After the 240 hours test run the last three sealing rings didnʼt have any remaining gap to 
adjust to the piston rod which means that they were fully worn. The 1st ring did have a small 
remaining gap of 4.0 mm, which was the total remaining gap of the whole sealing system. By 
setting the remaining gap into relation with the 240 hours test duration an expected service life-
time of only 262 hours can be calculated for this application.  
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Table 2: Comparison of ring wear at the piston rod packing with/without copper filling 

Test run no. A46-5 A46-6 
Rod With copper core Without copper core
Original gap 4 x 12 mm = 48 

mm 
4 x 12 mm = 48 mm 

Remaining gap ring no. 1 10.5 mm 4.0 mm 
Remaining gap ring no. 2 11.1 mm 0.0 mm 
Remaining gap ring no. 3 10.7 mm 0.0 mm 
Remaining gap ring no. 4 8.7 mm 0.0 mm 
Total remaining gap 41.0 mm 4.0 mm 
Actual run-time 240 hours 240 hours 
Predicted maximum run-time 1,646 hours 262 hours

With the copper core a predicted life-time of 1,646 hours was estimated whereas this number is 
reduced to 262 hours without copper filling of the piston rod. This clearly indicates that the 
measured temperature drop by the improved thermal conductivity has a significant influence on 
the life-time of the sealing elements. The reason for this has not yet been investigated but it is 
most likely, that the Tribofilm stability increases by lowering the temperature at the piston rod 
which in turn reduces the wear of the sealing elements. 

5. Summary 
There is a clear tendency to get rid of the lubrication for reciprocating compressor applications. 
For lubricated service, more or less infinite lifetime of the sealing elements can be achieved. 
This is explained by the dominating hydrodynamic tribology. The tribology in the contact zone 
for non-lube is rather complex. Tribo-chemical reactions are responsible for a stable or unstable 
transfer layer. Only when a stable transfer film is created good lifetimes will be reached. The 
tribo-chemical reactions are very complex and depend on several influencing parameters. One 
of these parameters is the temperature in the contact zone. Studying the literature revealed that 
reducing this contact zone temperature will probably increase the lifetime of a non-lubricated 
tribo-system. 

This paper proved that the temperature in the packing contact area can be reduced by increas-
ing the thermal conductivity of the piston rod by filling it with a copper core. The thermal conduc-
tivity of copper is much higher than the one of steel. 

In addition, it was demonstrated by tests on a compressor test rig that a reduction of the wear 
can be achieved by reducing the contact temperature. 
Since the piston rod load capability is influenced by filling it with copper a detailed fatigue analy-
sis is necessary to assess this effect. The necessary theory to comprehensively check the fa-
tigue was summarized. 

140



Bibliographic details 

                                            
i A. Voncken, Study on cylinder lubrication, Final Report, 2014, EFRC R&D work group 

ii U. Tomschi, Verschleißverhalten von Trockenlaufwerkstoffen für Abdichtelemente in Kolbenkompresso-
ren, Dissertation Universität Erlangen-Nürnberg, 1995 

iii N. Feistel, Beitrag zum Betriebsverhalten trocken laufender Dichtsysteme zur Abdichtung der Arbeits-
räume von Kreuzkopfkompressoren, Dissertation Universität Erlangen-Nürnberg, 2002 

iv C. Thomas, Temperature Reduction of the Piston Rod, Final Report, 2013, EFRC R&D work group 

v API 618, 5th edition, 2007 

vi C. Thomas, Temperature Reduction of the Piston Rod, Final Report, 2013, EFRC R&D work group 

vii Vingsbo, Söderberg: On fretting maps. Wear, 1988, 126 (2), 131-147 

viii Rabb, Hautala, Lehtovaara, Fretting Fatigue in Diesel Engineering, Paper No. 76, CIMAC Congress 
2007, Vienna 

ix Merrit, Zhu, The Prediction of Connecting Rod Fretting and Fretting Initiated Fatigue Fractures, SAE 
International 2004 

x Madge, Leen, McColl, Shipway, Contact-evolution based prediction of fretting fatigue life: Effect of slip 
amplitude, Wear 262 (2007) 1159-1170 

xi Forschungsvereinigung Verbrennungskraftmaschinen FVV, Auslegungsrichtlinie Reibkorrosion, Heft 
984 -2013 

xii Forschungsvereinigung Verbrennungskraftmaschinen FVV, Reibkorrosion, Heft 1097 -2016 

xiii Issler, Ruoß, Häfele, Festigkeitslehre – Grundlagen, Springer Verlag 1997 

xiv Knop, Hoff, A closer Look at Rod Load Definitions and Rod Load Limitations of Reciprocating Com-
pressors, Gas Machinery Conference (GMC) 2015 

141



EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

Phone: +49 (0) 351/4633-1983, Email: contact@recip.org

Technical Paper

Session:  40-3 

Session Name:  New concept

Vibration analysis and investigation of crack failure of  
reciprocating compressor

Author: 

Jaroslav Kraml 
Senior Designer, FEA Engineer 
Howden ČKD Compressors
19000 Prague, Czech Republic 

Co-Author: 

Martin Lamrich 
Senior Designer, FEA Engineer 
Howden ČKD Compressors
19000 Prague, Czech Republic 

142



EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

Phone: +49 (0) 351/4633-1983, Email: contact@recip.org

Technical Paper

Session:  40-3 

Session Name:  New concept

Vibration analysis and investigation of crack failure of  
reciprocating compressor

Author: 

Jaroslav Kraml 
Senior Designer, FEA Engineer 
Howden ČKD Compressors
19000 Prague, Czech Republic 

Co-Author: 

Martin Lamrich 
Senior Designer, FEA Engineer 
Howden ČKD Compressors
19000 Prague, Czech Republic 

EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

Phone: +49 (0) 351/4633-2815, Email: contact@recip.org 

Technical Paper 
 
 
 
Session:  36-1 
 
 
Session Name: Controls
 
 
 
 
 
Reciprocating compressor capacity control –  
simple reliable solutions 
 
 
 
 
 
 
 
Author: 

William C. Wirz 
Business Development Manager 
Dresser-Rand Company – A Siemens Business 
14830 Painted Post, USA 
 
 

143



Summary 
There are 2 units of reciprocating compressors in severe operation at a petrochemical plant in 
Russia. Those units have been delivered by our company. They are two-stage, six-cylinder, 
moderate speed, and horizontal-opposed types (boxer type) reciprocating compressors. The 
assembly is shown in fig.1. Cylinders of the compressors are not lubricated and work with haz-
ardous explosive gas with rich percentage of hydrogen at quite high pressure. 

A fatigue cracking has been observed in the supports of 1st stage damper .Detailed measure-
ment of vibration levels has been performed by our company for the purpose to identify an op-
erating deflection shape and to improve the structural design. 

Figure 1: Assembly of the compressor at the customer site 

Technical data of compressor: 
Speed     1000 rpm 
Compressed medium   rich hydrogen gas 
Suction pressure   2.3 MPa 
Discharge pressure   8.6 MPa 
Suction temperature   40 °C 
Discharge temperature   110 °C 
Stroke     150 mm 
Number of cylinders   6 
Number of stages 2 
Bore (1st stage/2nd stage)  280/210 mm 

The compressor is provided by a step capacity control from 100 to 0 % using suction valve de-
pressors. 

It is powered by electric motor via flexible couplings. The compressors are anchored directly to 
concrete foundation. 

Introduction 
Reciprocating compressors are widely utilized in the natural gas transmission and natural gas 
industries because they are flexible in throughput capacity and discharge pressure range.  

Compression process in these machines is intermittent (stepper), respectively done in steps. 
Gas is drawn into a cylinder, trapped, compressed by the moving action of a piston and finally 
discharged. Pressure forces increase and decrease on the piston during the cycle. In addition, 
even non-steady state inertial forces are created as the piston accelerates and decelerates. The 
combination of pressure and inertial forces create varying forces during each revolution of the 
compressor. These forces are transmitted to the main crankshaft bearings, then through the 
casing to the base frame. In a “boxer” type (i.e. horizontal opposed cylinders) reciprocating 
compressors, these forces are balanced by an opposing piston and optimization of the weight of 
all rotating parts [4]. 

This optimization and the balancing cannot be done perfectly and there will always be some 
unbalance. The unbalance, naturally, creates moments and unbalanced forces that are the 
cause of vibrations of reciprocating compressors. The vibrations could be damped and become 
insignificant but could be the reason of a bearing damage and even cracking in the construction 
as well [1]. 

A typical resonant frequency generally occurs at 1st and 2nd harmonic frequency of running 
speed. A standard running speed is around 1000 RPM, which means 16, 6 Hz (almost 17 cy-
cles per second). It is around one and a half million cycles per a day so we are definitely talking 
about high cycle fatigue stress. This means that even if the vibrations are under an allowable 
limit, stress of the most part of the construction has to be under the material fatigue endurance 
limit. It is hard to determine the vibration and stress of the construction in the design phase. 
Hence it is not always easy to determine correct design of all parts such as supports and 
mountings. The best way to determine the cause of a problem is to do a vibration measurement 
which provides inputs for simulations and reveals what is actually happening in operation.  
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which provides inputs for simulations and reveals what is actually happening in operation.  

145



Description of the failure 
The compressors had shown some high level of vibrations (200 mm/s) since the very beginning 
that had not been within acceptable limits (28 mm/s)[5]. Discharge pressure dampers were pro-
vided with adjustable vibration-isolation elements that decreased vibrations. Totally different 
situation occurred in the suction pressure dampers that are installed on the top surface of the 
cylinders through flange connections and vibration-isolation elements could not be used in here. 
There were not any supports of the suction damper; each suction damper had three flanges 
connected to the individual cylinders of the same stage (shown in fig.1).

The high level vibrations had to be reduced by some reinforcing. The situation was consulted 
with the damper manufacturer and we both recommended a partial change in damper design.  

These changes consisted in reinforcing of flange connections to the damper shell using U-
beams supports welded to the shell of damper. These improvements reduce the vibration to 15 
mm/s, but U-beams supports cracked after a few days. A big crack at both connecting sides 
was found after 3 days of running. (It is shown below in Fig. 2). 

Detailed measurement of vibration levels has been performed by our company for the purpose 
to identify an operating deflection shape and improve the structural design. 

Finally we designed new system of supports in 3D CAD software and analysed by Finite Ele-
ment Method solver. These supports were applied on dampers and performed well. 

Then we decided to do a detailed measurement of all vibration levels to confirm our solution and 
identify a possible root cause of the failure. 

Figure 2: The final crack propagation in the supports after 3 days of running 

Experimental measurement 
An experimental measurement was done to identify mode shapes of oscillation (vibrations), fre-
quency of the oscillations, amplitude and natural frequencies of the machine. There were se-
lected about 200 points distributed on surface of cylinders, dampers and piping at suction side. 
Wire-frame model based on measured points is shown in fig 3. Marking system is shown in 
fig.4. 

Usage of sophisticated instrumentation was limited by explosion hazard environment due to 
hydrogen service in the machine room. At least one of the machines was in operation. Due to 
this fact the results of bump test (experimental modal analysis) have been influenced by the 
operation of another machine that was operating next to the measured one. [2].  
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Detailed measurement of vibration levels has been performed by our company for the purpose 
to identify an operating deflection shape and improve the structural design. 

Finally we designed new system of supports in 3D CAD software and analysed by Finite Ele-
ment Method solver. These supports were applied on dampers and performed well. 

Then we decided to do a detailed measurement of all vibration levels to confirm our solution and 
identify a possible root cause of the failure. 

Figure 2: The final crack propagation in the supports after 3 days of running 

Experimental measurement 
An experimental measurement was done to identify mode shapes of oscillation (vibrations), fre-
quency of the oscillations, amplitude and natural frequencies of the machine. There were se-
lected about 200 points distributed on surface of cylinders, dampers and piping at suction side. 
Wire-frame model based on measured points is shown in fig 3. Marking system is shown in 
fig.4. 

Usage of sophisticated instrumentation was limited by explosion hazard environment due to 
hydrogen service in the machine room. At least one of the machines was in operation. Due to 
this fact the results of bump test (experimental modal analysis) have been influenced by the 
operation of another machine that was operating next to the measured one. [2].  
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Figure 3: Wire frame model based on measured points Measured point example 

Figure 4:  Marking system of the measured points 

Measured data provide us with information in 3 areas: 

 bump test natural frequencies 
 frequency spectrum qualification of system behavior under operation 
 operating displacement shape quantification of structure displacement / deformation 

Bump Test results 
The bump-test has been performed on the machine out of operation. However, the data are 
affected by the second machine operated nearby and the nominal speed is clearly visible in 
figures below (Fig.5) [2]. Some of the results of the bump test are shown below, there are visible 
a lot of peaks out there, many of them are caused by the other operated machine, but still there 
can be seen some natural frequencies at or very near to operation speed. It is hard to say which 
of the measured frequencies are really natural frequencies of the machine and which of them 
are just caused by operation of the other machine, so the results of the bump test have been 
more or less just a huge pile of useless data.

Figure 5: Suction damper of the 1st stage  Cylinders of the 1st stage 

Frequency Spectrum  
Frequency spectrum measured on the 1st stage cylinders is shown below (Fig.6)[2]. 

Figure 6: Frequency spectrum measured on the 1st stage cylinders 

FEA Simulation and Fatigue Analysis 
Measured data have been cleaned and applied into finite element model. A pseudo-static anal-
ysis has been run. The analysis simulates modal shapes of oscillation for individual frequencies 
of the operation. 

0,0

0,5

1,0

1,5

2,0

2,5

0 20 40 60 80 100

am
pl
itu

de
[-]

frequency [Hz] 

1AX

1AZ

2AZ2

3AX

3AZ

AX

AY

AZ

1BX

1BZ

0,0

0,5

1,0

1,5

2,0

2,5

0 20 40 60 80 100

am
pl
itu

de
[-]

frequency [Hz] 

1CX

1CY

1CZ

2CX

2CY

2CZ

3CX

3CY

3CZ

0,0

1,0

2,0

3,0

4,0

5,0

6,0

7,0

8,0

0 100 200 300 400 500

am
pl
itu

de
[m

m
/s

]

frequency [Hz]

C1 +X

C1 +Y

C1 +Z

C3 +X

C3 +Y

C3 +Z

C5 +X

C5 +Y

C5 +Z

148



Figure 3: Wire frame model based on measured points Measured point example 

Figure 4:  Marking system of the measured points 

Measured data provide us with information in 3 areas: 

 bump test natural frequencies 
 frequency spectrum qualification of system behavior under operation 
 operating displacement shape quantification of structure displacement / deformation 

Bump Test results 
The bump-test has been performed on the machine out of operation. However, the data are 
affected by the second machine operated nearby and the nominal speed is clearly visible in 
figures below (Fig.5) [2]. Some of the results of the bump test are shown below, there are visible 
a lot of peaks out there, many of them are caused by the other operated machine, but still there 
can be seen some natural frequencies at or very near to operation speed. It is hard to say which 
of the measured frequencies are really natural frequencies of the machine and which of them 
are just caused by operation of the other machine, so the results of the bump test have been 
more or less just a huge pile of useless data.

Figure 5: Suction damper of the 1st stage  Cylinders of the 1st stage 

Frequency Spectrum  
Frequency spectrum measured on the 1st stage cylinders is shown below (Fig.6)[2]. 

Figure 6: Frequency spectrum measured on the 1st stage cylinders 

FEA Simulation and Fatigue Analysis 
Measured data have been cleaned and applied into finite element model. A pseudo-static anal-
ysis has been run. The analysis simulates modal shapes of oscillation for individual frequencies 
of the operation. 

0,0

0,5

1,0

1,5

2,0

2,5

0 20 40 60 80 100

am
pl
itu

de
[-]

frequency [Hz] 

1AX

1AZ

2AZ2

3AX

3AZ

AX

AY

AZ

1BX

1BZ

0,0

0,5

1,0

1,5

2,0

2,5

0 20 40 60 80 100

am
pl
itu

de
[-]

frequency [Hz] 

1CX

1CY

1CZ

2CX

2CY

2CZ

3CX

3CY

3CZ

0,0

1,0

2,0

3,0

4,0

5,0

6,0

7,0

8,0

0 100 200 300 400 500

am
pl
itu

de
[m

m
/s

]

frequency [Hz]

C1 +X

C1 +Y

C1 +Z

C3 +X

C3 +Y

C3 +Z

C5 +X

C5 +Y

C5 +Z

149



Measured points Finite Element Model Modal shapes

Workflow of the FEA simulation 

The results from measurement (directional displacements, frequency spectrum) were imported 
to FEA software. All simulations have been done for the first compressor stage (the damaged 
one). FE model has been loaded by directional displacements for individual harmonic mode. 
Due to FE model it is possible to simulate modal shapes in operation across whole frequency 
spectrum. Dependency of total amplitude on frequency is shown in Fig.7 and dependency of 
directional amplitudes on frequency is shown in fig.8. 

Figure 7: dependence of the total amplitude at oscillation frequency

Figure 8: Dependence of the directional amplitude at oscillation frequency 

Maximum value of total amplitude was measured at around 16, 6 Hz which is 1st harmonic mode 
(operation speed is 1000 RPM), and it is almost 150 µm. Modal shape at the first harmonic 
mode is shown in fig.9. This modal shape is characterized by dominant oscillating of suction 
damper and suction pipe system.  

Figure 9: 1st harmonic modal shape (frequency 16, 66 Hz) 

Second high pick (fig.10) is at second harmonic mode (around 33, 3 Hz). Oscillation of the suc-
tion pipe is dominant in this mode shape. Max. Total amplitude at this shape is 60 µm. Modal 
shape for 2nd harmonic frequency is shown in Fig.10. 
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Figure 10: 2nd harmonic modal shape (frequency 33, 3 Hz) 

The last high pick is at third harmonic mode (around 50 Hz). Oscillation of the suction pipe is 
dominant in this mode shape as well. Max. Total amplitude at this shape is 45 µm. Modal shape 
for 3rd harmonic frequency is shown in Fig.11. 

Figure 11: 3rd harmonic modal shape (frequency 50 Hz) 

Fatigue Analysis of Damper Supports 
A sub-model of supports of a suction damper has been created; the sub-model was loaded by 
displacements from global model at cut boundary conditions. This simulation provides mechani-
cal stress due to oscillation in operation. The results of simulations are shown in fig 12. It is in-
appropriate and incorrect to evaluate fatigue endurance limit based on this results. The real 
stress could be very different due to structural errors of model such as: 

 stress singularity 
 poor mesh quality (at critical spots) 
 interpolation of cut boundary conditions 
 stress concentration of sharp edges 
 unknown geometry of welds 
 omission of residual stress after welding 
 omission of static stress 

All these fact more or less significantly influence the final value of the mechanical stress. Never-
theless the simulation can identify critical spots subsequently critical modal shape and try to 
suggest some design change to eliminate fatigue stress.  

Figure 12: Stress distribution of supports at 1st harmonic shape oscillation 

As is seen in fig. 12, critical spots from Finite Element simulation are the same as the cracked 
ones. Main stress is produced by 1st harmonic shape. Stresses of all other harmonic shapes are 
negligible compared with the 1st harmonic [3].  

Solution 
The simulations from previous chapter show that the problem is caused by oscillating on 1st

harmonic shape (1st natural frequency 16, 6 Hz). This oscillation causes displacement of suction 
damper and cylinders as well. These are connected by supports which are too stiff and there-
fore don’t adapt to the deformation. Hence stress concentrations on connection spots occur. 
The fastest and most effective way to solve the issue is to redesign the supports. The new de-
sign was focused on better adaptability to the operation condition, mainly the oscillation at 1st

harmonic shape. The new design was loaded by the displacements from the measurement to 
find the most optimal geometry. The final design is shown below (Fig.13) [3]. This design 
change has decreased the vibration of the suction dumper to 17 mm/s (ISO 10816-6 allows 28 
mm/s) [5]. 

Figure 13: Stress distribution of the new design of supports and execution of the new design 

The design has been installed at site in November 2013 and still works. Pictures of the installa-
tion and the embodiment are shown in Fig.14. The cause of the cracking of supports is inappro-
priate design of the supports.
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Figure 14: Pictures of the installation and the embodiment 

Conclusion 
Some high levels of vibration (200 mm/s) have been observed at the very beginning of start-up
of the machine. The highest amplitude was measured at suction dumper of the machine. This 
problem was eliminated by reinforcing of flanges of the suction dumper by U-beam supports. 
This change decreased the level of the vibration to 15 mm/s (ISO 10816-6 allows 28 mm/s, for 
this type of machine)[5], but a fatigue cracking has been observed in the supports of 1st stage 
damper .Detailed measurement of vibration levels has been performed for purpose to identify 
natural frequencies, frequency spectrum and vibration level in the operation. The results of the 
measurement have been compiled and imported to FEA simulation software to simulate an op-
erating deflection shape and improve the structural design.  

Individual modal shapes of operation and even the problematic modal shape were determined 
due to simulations. A sub-model of supports has been loaded by deflection from the simulated 
shapes. The cause of the cracking is a response to 1st harmonic shape. The supports are too 
stiff to resist and adapt to this oscillation and that’s the reason of the fatigue cracking. 

A new design of supports was made and optimized based on FEA simulations and the results of 
measurements. The redesign has been installed in November 2013 and it is still working so the 
cause of the failure seems to be incorrect design of the supports and its oscillating in the opera-
tion and even the vibration level of the redesigned construction have dropped to 17 mm/s, which 
undoubtedly meets the required standards [5]. 
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Summary 
Designing and manufacturing a new crankshaft for an Einheitsverdichter compressor dating 
back to the late 1930s poses considerable challenges. The aim was to avoid the cracking of the 
crank pins that had plagued the original design. Without a clear understanding of the failure 
mode and a full set of documentation, however, a previous manufacturing attempt could not 
even replicate the service life of the original crankshaft. 

Study of this failed attempt showed that fretting fatigue in the shrink-fit joints of the crankshaft 
was probably to blame. An innovative mathematical model taking into account the effect of fric-
tion work was backed up by experimental studies. The latter revealed the stress/slippage re-
gimes under which fretting fatigue is likely, and the number of cycles to failure under different 
conditions. 

This understanding led to a revised design with larger-diameter crank pins. By reducing the 
necessary compressive stresses in the crank web, this should reduce the likelihood of fretting 
fatigue. This primary finding was backed up by other design details to reduce stress concentra-
tions, shot peening to introduce compressive stress, and a re-think of how the shrink-fit joints 
are assembled. As a result, two new crankshafts were manufactured and installed successfully. 
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1 Introduction 
The compression system on the fresh gas stream of the hydrocracker at the Wesseling refinery 
dates from the late 1930s. It comprises five compressors with a total of nine compression trains 
(cranks). The compressors are of the type known as Einheitsverdichter (“integral compressors”). 
This design of each has just two parallel (non-opposed) throws, with five cylinders on each 
crank (stages 3, 4, 4 auxiliary, 5, and 6). Each Einheitsverdichter is driven by a 4 MW electric 
motor and compresses hydrogen from 15 to 320 barg. 

The Einheitsverdichter crankshaft is a large assembly weighing around 25 t. It is of the “fully 
built” type, in which the crank pins are manufactured separately from the webs, rather than be-
ing forged in one piece. Both the crank pins and the main journals are attached to the webs by 
shrink-fit joints. As far back as the early 1960s, the crankshaft always cracked after extended 
operation (~700 million cycles or app. 15 years of operation). The cracking usually occurred 
within the shrink-fit joint between the web and the crank pin, approximately 30 mm from the end 
of the pin. 

Earlier occurrences of this problem had necessitated extensive manual repairs. In the absence 
of replacement crankshafts, it became necessary to manufacture two new crankshafts. Because 
of the age of the equipment, however, no detailed information was available describing how this 
type of crankshaft should be built. It was not possible to manufacture a new crankshaft as a 
single forging, nor could the crank pins be repaired on a crankshaft grinding machine. 
As far as is known, Shell Rheinland and BASF SE, Ludwigshafen, are the last two operators of 
this type of reciprocating compressor. As a result, the two companies established a joint re-
search team to study the problem. 

2 Previous manufacturing attempt proved unsuccessful 
The first attempt to manufacture a new crankshaft based on the available part drawings failed. 
The new crankshaft ran for just 16,000 hours before showing the same signs of cracking that 
were usually expected after many years of operation (Figure 1).  

Figure 1: Damage following crankshaft cracking [1] 

The unexpectedly short operating life prompted the engagement of an independent expert from 
AZT, Munich, to conduct a comprehensive root cause analysis. A study of past incidents, includ-
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ing laboratory analysis of steel samples, yielded the hypothesis that the problem was due to 
fretting fatigue. 

A detailed calculation was also carried out at TU Dresden. The result of load variation during 
each rotation (Figure 2) was taken into further investigation of the relief undercut at the crank 
pin shoulder and the shrink-fit. 

Figure 2: Torque and force development calculation [2] 

Mathematical modeling in the form of finite element analysis (FEA) was decided on to explore 
the detailed engineering of the shrink-fit in the existing crankshafts. The aim was to confirm the 
hypothesis of fretting fatigue, learn more about how the damage occurred, and study design 
variants that might lead to a more durable crankshaft. Another question was why the service life 
of the most recent crankshaft was negligible compared to the old crankshafts.  

3 Limited historical information available 
Reports available from archives as well as other literature on fretting fatigue formed the basis 
for the present investigation. For instance, crankshaft damage that occurred in the 1960s was 
analyzed at the time in the refineryʼs Construction Design Department with the help of acrylic 
samples and polarized light (Figure 3). 

Figure 3: Analyses of load distribution in 1967 [3] 

The findings from these studies were reflected in a number of design optimizations, such as the 
relief bores in the crank web.  
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Figure 4 shows some of the variations. Other suggestions to optimize the axial undercut or 
crank pin shoulder, however, could not be found in any existing design drawing. Consequently, 
no comparisons existed of the performance of these hypothetical variants. 

A further problem was that the available sources did not describe how to create the shrink-fit in 
such a way as to reduce the likelihood of potential failures. 

   

Figure 4: Some design variations appear in contemporary drawings,  
while other suggestions apparently were not implemented [8] 

4 Root cause analysis based on the previous failure 
Macro- and microscopic investigation suggested that the fracture could be related to fatigue 
overloading stemming from the benchmarks and the smooth surface structures. The stress 
mode responsible was a combination of bending and torsion (the inclination of the fracture sur-
face relative to the shaft axis can create significant torsion). 

The crank pin surface showed fretting marks from where the observed crack obviously propa-
gated. Both axial and circumferential movements, clearly identified by scanning electron mi-
croscopy (SEM), caused fretting marks and wear even on the inner side of the crank (Figure 5) 
[1]. 

Figure 5: Deformed surface in the transition region [1] 
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5 FEA and experiment combine to explain fretting 
5.1 Understanding fretting fatigue 
Generally speaking, there is a particular risk of fretting fatigue when components are braced 
under high surface pressures and experience reciprocal relative movements (slippage) as a 
result of dynamic loads. This causes progressive cracking, and ultimately failure. Fretting fa-
tigue occurs in both bolted joints and shrink-fit assemblies. In reciprocating compressors, typical 
highest risk areas are the crosshead/piston rod joint, the fit in the crosshead body for the cross-
head pin, the surfaces where the cylinder attaches to the engine frame, and the seats in the 
bearing blocks that accommodate the sliding bearings, or fitted bolts in the case of rigid clutch-
es. These areas should receive special attention when metal surfaces in the compressor are 
being examined. 

Empirical tests show that fretting does not always result in surface cracking followed by crack 
propagation and eventual component failure. Statistical evaluations of experiments reveal vari-
ous different damage profiles based on the degree of relative movement. They also indicate a 
relationship (qualitative if not quantitative) between the amplitude of the slip and the applied 
surface pressure. Figure 6 shows results from many experiments in which an alternating flexural 
load was applied to a shaft/hub shrink-fit joint.

Figure 6: Experiments show five different damage regimes based on the stress and the degree 
of slippage [4] 

More tests were conducted with flat specimens that were moved with small amplitudes between 
bridges pressed together with defined forces. This yielded a qualitative understanding of the 
relationship between slippage, surface pressure, and the number of cycles until fracture (Figure 
7)  

Slippage 

(1) no incipient cracks, minor abrasion, small pitting 

(2) incipient cracks, no fracture 

(3) fracture with additional incipient cracks 

(4) fracture without additional incipient cracks 

(5) no incipient cracks, strong abrasion 
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Figure 7: Fretting experiments with a flat specimen showed how time to failure relates to  
the applied stress and the amplitude of the slippage [5] 

It appears that fretting fatigue is not always considered – or at least not predicted – in the de-
sign of reciprocating compressor components that are subject to dynamic loads. To complicate 
the situation, the root cause of fretting fatigue is frequently either improper assembly or compo-
nent quality with respect to wear pattern, geometric dimensioning and tolerancing that is no 
longer ideal.  

5.2 Fretting fatigue in a crosshead 
Computer aided design of mechanical components frequently takes into account equivalent 
stresses, along with the corresponding notch effects and safety factors, when evaluating 
strength and fatigue strength. If relative movement and surface pressure are ignored, however, 
components may still fail through fatigue despite having been designed with adequate strength. 
With this in mind, we will look briefly at a case in which fretting fatigue damaged a compressor 
crosshead. The experience gained in solving this problem proved very useful when the time 
came to create a mathematical model to aid the optimal design of the shrink-fit joint between the 
crank pin and the web.  

In the case of the crosshead, the crosshead body cracked at the piston rod joint (Figure 8). 
This happened repeatedly, at almost identical time intervals, and the cracks always originated 
from the same spot. The origin of the crack was clearly localized at the periphery of the clamp-
ing point. The first step was to establish that the compressor was not operated outside its in-
tended range, that the permitted load was not exceeded, and that assembly errors could be 
ruled out. Next, a strength analysis was carried out using the finite element method, but this did 
not reveal the damage mechanism. On the contrary, the model showed that the equivalent 
stresses at the spot where the crack originated were anything but excessive. As a result, the 
mathematical model was initially useless in explaining the cracking. 

A theoretical understanding only became possible when microstructure replicas revealed sur-
face distress and a multitude of microcracks in the surface. The calculation of friction work (WR 
= µ FN s) based on the finite element model was found to be extremely useful in assessing the 
local criticality of crack formation as a result of fretting fatigue. This method allowed the origin of 
the crack and the location of the most advanced surface distress to be recreated precisely. It 
was then possible to use the mathematical model to compare design modifications with a view 
to minimizing friction work and hence prevent cracks caused by fretting.  
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Figure 8: Surface damage due to fretting led to cracking of the crosshead body, even though 
the equivalent stresses at this point were comparatively low 

The model was initially framed in terms of two load cases, corresponding respectively to the 
maximum piston rod axial force in each direction. The model took into account the local surface 
pressure, the elastic deformation of the components, and the resulting relative movements 
(Figure 9 and Figure 10).

Figure 9: (left) Surface pressure map of the crosshead joint, and Figure 10: (right) Slippage [10] 

Comparison with the real crosshead, which showed the same damage time and again, revealed 
that the crack always originated at the point where the product of compression and slippage is 
greatest. The ability to use the mathematical model to minimize local friction work allowed the 
crosshead to be redesigned to prevent cracking, and this knowledge was even incorporated into 
the FE-Analysis of the Einheitsverdichter crankshaft. 

5.3 Adapting knowledge to the crank pin joint 
In the case of the failure of the shrink joint between the crank pin and the web, the clear finding 
is that slippage occurred between shaft and hub. The combination of slippage with high com-
pression forces caused by the shrinkage overlap that surface distress and microcrack formation 
were accompanied by additional crack propagation. Ultimately this caused the newly manufac-
tured crankshaft to fail prematurely due to fatigue. As expected, the crack originated on the side 
of the shrink-fit facing the periodically reversing forces (Figure 11). The crack appeared in par-
ticular in areas of low partial slip regime. 

Origin of crack 

Origin of crack in 
the clamping point 
periphery
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Figure 11: Slippage at a shaft/hub connection subject to torsion caused by elastic deformation 
[5] 

In addition to fretting fatigue, alternating flexural bending loads must not be overlooked in the 
crank pin/web shrink joint, since these can play a decisive role in the propagation of mi-
crocracks from the distressed surface. 

As with the crosshead discussed in section 0 above, a solid model of the crank pin joint was 
created. As well as calculating the expected equivalent stresses, the model also provides infor-
mation about the compression of the component surfaces and their relative movement. The 
model was then used to evaluate variations in fretting fatigue, equivalent stresses, fatigue 
strength, and alternating flexural loads caused by the changing operating load. The ultimate aim 
was to produce a detailed design for a new crankshaft. 
To begin with, press fits with differing shrinkage overlap and the resulting slippage were ana-
lyzed. This investigation was accompanied by a thermal analysis for creating the press fit. This 
showed that, with growing shrinkage overlap, slippage also increased by virtue of the press fit 
and operating force. 

For the purpose of comparison and rating, the product of joint pressure (determined by shrink-fit 
and operating load) and slippage was used. 

In addition, differing material versions were analyzed since the earlier crankshafts were made of 
Ck35 (1.1181) and the more recent crankshafts of 34CrNiMo6 (1.6582). The material 
34CrNiMo6 +QT was selected due to its better behaviour in terms of mean stress sensitivity. As 
expected, the newer material produced higher strength characteristics, and the equivalent alter-
nating stress was also significantly below the permissible values, resulting again in greater reli-
ability.  

As a result, design variants that might reduce the maximum amplitude of friction work by better 
distributing the slippage along the length of the shrink-fit joint. One idea was to chamfer the 
edge of the bore at a small angle (Figure 12).

Figure 12: Chamfering the bore of the crank web might be expected to distribute slippage more 
evenly [9] 

zone of slip-
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However, this “softer” transition did not significantly reduce the maximum friction work ampli-
tude. Instead, it merely caused a small shift in the location of the maximum friction work, ac-
companied by a slight but undesirable increase in flexural stresses. 

Another variant was the introduction of a relief groove extending around the bore (Figure 13).
Figure 13This did not usefully decrease the slippage amplitude, though its effect on flexural 
stresses in the shaft was less than in the case of the chamfer.

Figure 13: A relief groove surrounding the bore of the crank web had little effect on slippage [9] 
Several variants of relief grooves and chamfers were checked with the mathematical model, 
primarily by evaluating the maximum equivalent stresses in the shaft caused by operation loads, 
bending, torsion and transient loads. As expected, the type of relief did not have any great influ-
ence on the friction work that occurs in the area of slippage. 

On the other hand, it was found that varying the diameter of the shrink-fit joint does influence 
the maximum friction work essentially. Increasing the joint diameter from its starting figure of 
431 mm initially to 480mm causes a minor increase in slippage. However, the increased area of 
the joint makes it possible to reduce the amount of compression, resulting in a “softer” web. The 
model showed that reducing the compression also reduces the maximum friction work 
Figure 14 and Figure 15). 

Figure 14: Slippage with a shaft diameter of 431 mm [9] 

Operating load 800 kN Load from interference fit connection only

Slippage: 0.071 mm  
The slippage was created by the difference between the slips in the 
two load situations shown above. 
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Figure 15: Increasing the shaft diameter to 480 mm reduces slippage [9] 

The minimum friction work amplitude was found to occur at a shaft diameter of 480 mm (

Figure 15). Any further increase in diameter makes the crank web increasingly “softer”, the slip-
page amplitude rises, and so does the friction work. Depending on the value of the friction coef-
ficient, sliding may also occur.

In addition to minimizing the friction work, increasing the shaft diameter also has the advantage 
of reducing the equivalent stresses in the shaft (
Figure 16 and 
Figure 17). This increases the safety factor to 4.8, from an already high value of 3.5 with the 
original diameter. 

Figure 16: Distribution of surface pressure for a shaft diameter of 431 mm [9] 

Slippage: 0.086 mm  
The slippage was created by the difference 
between the slips in the two load situations 
shown above. 

Load from interference 
fit connection only

Operating load 800 kN and bearing 
pressure 24 MPa
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Figure 17: Distribution of surface pressure for a shaft diameter of 480 mm [9] 

The mathematical model is valuable in analyzing failures that have already occurred, but cannot 
make predictions about components where real failure data is not available. This is because no 
limit values are yet known for the amount of friction work that will cause fretting failure. Each 
joint requires its own dedicated model. 

6 Other important features in manufacturing and assembly 
Besides increasing the shaft diameter as discussed above, the literature on fretting fatigue in 
shrink-fits [6] revealed two other critical points required to increase the fatigue strength of a new 
crankshaft. First, the design requirements of the axial shaft undercut must be optimized 
Figure 18). Second, the surface must be work-hardened, for instance by shot peening (Figure 
19). The latter is intended to decrease susceptibility to cracking by inducing residual stress into 
the shaft in the transition area of the joint, between the solid support and the part of the crank 
web in which slippage occurs. The literature describes decreased susceptibility to cracking 
compared to untreated surfaces of 20% for such shrink-fits. 

Figure 18: Optimized undercut design Figure 19: Residual stress from shot peening [7]  

The crankshaft components were manufactured as forgings (
Figure 20). After the shoulders had been machined and the respective fit dimensions created, 
the critical areas were work-hardened by shot peening (
Figure 21). Since this increases the dimensions slightly, the surfaces were then polished down 
to the desired size. 
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Figure 20: Forged crankshaft components 

The most critical dimensional accuracy is required in the area of the shrink-fit. This was 
achieved by final honing of the bores in the crank web (Figure 22). 

  

Figure 21: Shot-peened shoulder Figure 22: Honing the bores of the crank web 

The shrink-fit process itself is also critical to success. In previous attempts, the crank pins were 
first joined to the web, with the main journals attached as a separate step. This approach was 
abandoned, however, when it was discovered that the process of fitting the crank pins distorted 
the main journal bores. Instead, it was decided to create both shrink-fit joints during the same 
operation, so as to create a homogeneous distribution of stresses in the crank web. 

Each web was therefore heated uniformly while the crank pin and the main journal were cooled 
with dry ice. Figure 23 shows the insertion of the crank pin, and Figure 24 shows both joints 
after assembly. 

Figure 23: Joining the crank pin Figure 24: Position test of the crankshaft 
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Figure 25: H2 compressor station for hydrocracking service 

7 Summary 
The failed first attempt to manufacture a crankshaft based on individual production drawings, 
without any in-depth analysis, highlighted the potential risks inherent in this type of assembly. 

A successful design was possible only through a combination of studies: careful analysis of pre-
vious failure modes, finite element modeling, an appreciation of the role of friction work, and 
laboratory experiments to identify the different regimes of stress and slippage that influence 
fretting fatigue. This work was backed up by investigations of various previously suggested de-
sign variants, and a good understanding of the processes of shot peening and shrink fitting. 

With reliable partners at all stages of the work – from investigation, through forging and machin-
ing, to assembly and testing – it was possible to develop an effective solution in this case. 
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1. Summary  
The reliability of process gas compressors has never been more in the focus of plant managers 
and process equipment engineers. Often, the presence of gas contaminants in the form of 
abrasive particles is not taken into consideration during the design stage. The sign of 
accelerated wear due to hard particle contamination is only usually observed after an 
unscheduled process gas compressor shutdown. In many cases, condition based monitoring is 
a valuable aid in detecting early signs of accelerated wear. During operation, problems due to 
hard particle contamination are most often indicated indirectly by valve failure. Once the 
process gas compressor is shutdown, in order to understand the failure root cause and bring 
the process gas compressor reliability to acceptable levels, in a first step, it is required that a 
detailed forensic investigation to be conducted on sealing rings, guide rings, packings and 
cylinder liners. As a second step, corrective actions are required to be implemented. In such 
cases, the investigation brings the entire process gas compressor and process under scrutiny. 
The relation between the compressor OEM and End User/Operator becomes extremely 
strained. The potential corrective actions are in many instances limited as the plant has already 
completed the engineering stage and plant managers want to focus on production. The cost of 
such gas contamination, both in compressor downtime and material costs can in many 
instances exceed several thousands of euros. The origin of such gas contamination can be 
various, such as materials used as adsorbents in pressure swing adsorption (PSA), which is a 
technique used as gas dryer and purifier. The lack of piping cleanliness after welding and fitting, 
the absence of rust inhibitors during hydro testing are potential sources for contamination. The 
material selection on the gas compressor can be made in order to counteract the accelerated 
wear created by the foreign particle ingression The cause/effect understanding of hard particle 
contamination is critical for a reliable compressor operation and for drafting of maintenance 
schedules. Thermally sprayed tungsten carbide coatings or other ceramic based materials have 
seen successfully used in mitigating the consequences of abrasive particle ingression. This 
paper will provide an overview of such investigated cases; it will disclose effects of two body 
and three body abrasion found on cylinder liners and piston rings. The paper will disclose 
potential repair and protection measures required for trouble free compressor operation. 
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2. Introduction 
Process gas compressors under API 618 are designed to a minimum of 20 years lifetime and a 
minimum of three years of continuous operation [1]. Most operators have their own 
maintenance schedule and their mean time between overhaul (MTBO) varies greatly. Upon the 
occurrence of a major breakdown it is inevitable that maintenance and repairs are immediately 
required. The cost of such failures remains difficult to quantify, but it can incur in to the 6 digits 
sums. Also cylinder liners are critical compressor parts with long leads times. It has been 
reported in literature [2] that 8.8% of failures can be related to process related problems. In the 
same survey, the top causes for unscheduled reciprocating compressor shutdown were 
compressor valves (36%), pressure packings (17.8%). Within the failures related to process 
related problems, it is not possible to find exactly the ratio between process-related liquids in the 
gas stream and debris entering the compressor cylinders, or its impact to valves and piston rod 
packings. It is well accepted as one of the main parameters for reciprocating compressor 
reliability is the cleanness of the gas [2]. Possible parts affected by gas contaminations in a 
reciprocating process gas compressor, to name a few, and represented in  
Figure 1:

 Cylinder Liners 
 Piston rings & Rider bands 
 Packings 
 Compressor Valves 

Figure 1 – Process gas compressor cylinder cross section 

Considering the parts affected, the occurrence of such event can have disastrous effects. The 
time of which these occur is usually within the first year of operation (8000 hours). Some failures 
have occurred in periods less than 500 hours. Critical equipment can be delivered with online 
monitoring system and the information required is collected and evaluated. Process operation 
conditions, vibration, dynamic pressures, temperature and rod position are typical monitored 
parameters. The performance of piston rings and valves can be monitored by dynamic pressure 
curve measurement, pressure/volume diagram, (pV diagram). Rod position can give a very 
good insight on the condition of the rider band wear condition, as they carry the piston weight. 
The location of the wear band should be in a position which is protected from direct contact with 
the process gas, i.e between the two piston ring packs – for a double acting piston. This 
translates to an increased reliance on the pV diagrams to detect blow-by, by a shift in the pV 
diagrams, crossing the theoretical curve for both chambers. If compressor valves begin to leak, 
one of the immediate reactions is the increase of the gas temperature.  
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In some cases crankshaft bearings can modify the effective load angle of the piston resulting in 
increased surface pressure in the cylinder, hence the frame vibration is also important to 
monitor.

Figure 2 –Microstructure of carbon/ graphite-filled PTFE. 

3. Compressor parts – Piston rings and Cylinder liners  
For many years Polytetrafluoroethylene (PTFE) based materials are used for both sealing rings 
and rider bands in the compressor industry. The most commonly used fillers are 
carbon/graphite which are known to be soft and ductile. PTFE, Figure 2, is known for poor 
abrasion resistance due to the lack of mechanical resistance in an unfilled state. Graphite and 
carbon fillers are added in defined quantities to improve wear resistance. The cold flow/creep 
limit of filled PTFE depends of a number of factors, intrinsic to the operational window and 
depending on material properties and piston ring design. During the design stages, some 
operational parameters have to be known, such as, temperature, pressure difference, piston 
ring geometry and joint sealing to name a few. This is linked with the operational performance of 
filled PTFE based materials which begin to creep, therefore reducing the sealing efficiency and 
lifetime of piston rings. With proprietary PTFE processing and careful piston ring pack design, in 
some cases the pressure limit can be extended further than 250 bar. High temperature 
polymers, e.g. Polyether ether ketone (PEEK), in combination with PTFE, graphite and carbon 
fiber is known to have low scuffing resistance and sliding and micro abrasive wear resistance 
when compared to its pure state [3]. PEEK is recommended to be used at heavy duty 
applications.  

Figure 3 shows a bearing grade PEEK microstructure. The cylinder liner material can be made 
out of 34CrAlNi7, in Gas nitrided condition. Gas Nitriding is a ferritic thermochemical treatment 
in which nitrogen is diffused into a steel surface at a temperature between 480-570 °C. After 
nitriding, a thin compound layer known as white layer is formed at the surface, which is 
composed of iron nitrides. The thickness of the white layer is typically between 5-30 µm. This 
formation of this layer is actively controlled by heat treatment process. To prevent the white 
layer from spalling during operation, the white layer needs to be mechanically removed [4]. The 
motivation to nitride cylinder liners is mainly to improve the surface hardness and wear 
resistance, with a reduced risk of scuffing and galling. A typical micrograph of nitride surface is 
shown in Figure 4. 
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Figure 3 –Microstructure of bearing grade PEEK 

For all cylinder liners the white layer is removed by a further honing operation, using diamond 
impregnated honing stones. This results in typical surface hardness values between 900-1100 
HV [4]. Soft cylinder liner materials such as Cast iron and Ni resist can also be used in 
compressors but their matrix is recommended to be run against PTFE based materials and in 
cases of particle free process gas. The expected wear rate of a good performing lubricated 
process gas compressor cylinder liner wear rates tends to be lower than 0.1 mm/1000 hours 
operation. Piston rings and rider bands which are considered being a consumable, have wear 
rates ranging between 0.1-0.3 mm/1000 hours, for lubricated service, further depending on 
other process conditions and after careful selection of the material type for the specific service.  

4. Cases  
The situation of external particle contamination remains a “taboo” subject within the compressor 
industry. Many processing plants receive the process gas from other gas providers; hence the 
contamination origin cannot always be ascertained. The occurrence of such events is rare but 
extreme troublesome. In some cases cylinder wear rates could be extremely high, as 6 
mm/1000 hours of operation and piston ring wear rates higher than 15 mm/1000 hours. 
Occasionally, it has occurred that operators have several older process gas compressors 
machines in operation and use increased capacity of the most recently engineered process gas 
compressor, as the base load equipment and the older equipment becomes peak load 
equipment. In some cases even though for the other machines it had ordered more than 30 
cylinder liners in the last 25 years. One aspect that remains unanswered is the fact that lower 
stages of process gas compressors are not affected. This can be attributed several factors: a) 
lower pressure difference, b) softer polymer ring, PTFE (60-70Shore A) vs PEEK (80-85ShoreA) 
and c) tribology pairing between a soft cylinder liner, e.g cast iron, which has a graphite open 
structure being capable of embedding particles.  

Figure 5 shows a piston ring from a hydrocarbon compressor, which suffered from extreme 
cylinder liner wear with clear metal particles embedded. Using scanning electron microscopy 
with energy dispersive X-ray spectroscopy (SEM/EDX) it was possible to determine the 
chemical composition of the particles embedded on the ring surface (Figure 6) which was Al2O3.
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Figure 4 – Typical microstructure of 34CrAlN7 – etched condition. 

The piston ring during operation is a very dynamic component. During the compression stroke 
the ring flank is compressed against the piston ring groove. As the rings are relatively soft, 
metal particles coming from the process gas or even wear particles from the cylinder liner wall 
can be embedded on the piston ring flank, creating wear on the piston ring groove as seen in  
Figure 7. The cylinder liner can present heavy scoring marks, as shown in Figure 8. These 
marks will be in the sliding direction and with ploughing, only visible under SEM. The wear 
mechanisms will be further detailed in section 6. There are cases where fine filtration systems 
are fitted in upstream of compressor.  

Figure 5 – Piston ring with embedded metal particles. 

However, some operator startup procedures include operation with the filter in bypass mode, 
due to their experience of fast filter clogging. This means that particles could ingress the 
compressor until the filter is put into operation. Once the filter is in operation the cylinder liner 
wear rate is expected to decrease to acceptable levels. 
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Figure 6 – SEM micrograph of Al2O3 particles embedded in piston ring. 

Figure 7 – Piston ring groove wear 

5. Contamination Origin 
The source of contamination can arise from multiple sources. Outside of the compressor OEM 
battery limits, there is usually little or no information is exchanged. Some factors have to be 
taken into consideration depending whether the plant is new or already for some years in 
operation, i.e new process gas compressor in old pipes. In some occasions during 
welding/fitting some debris can remain, after the hydro testing the absence of rust inhibitors in 
some cases combination with aggressive process gases might lead to pipe corrosion. Iron oxide 
based particles are the most prolific in this case. Table 1 summarizes the hardness values of 
possible contaminants. Certainly these types of contamination would create limited compressor 
damage. However, if the process gas contamination level remains high and constant immediate 
measures have to be taken. Such measures include gas treatment/conditioning, by means of 
filtration systems and a careful revision of the materials used. In order to obtain purified process 
gas, pressure swing adsorption (PSA) is a well-established gas separation, gas drying and 
hydrogen purification technique. In general it is used to separate some gas species from a 
mixture of gases, according to their characteristics and affinity for an adsorbent material. Typical 
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adsorbents can be activated carbon, silica gel and zeolites. The PSA process is based on a 
physical method to cage the bigger water molecules by holding them in porous material. 

Figure 8 – Dry running H2 Compressor 

Therefore huge columns are built and filled with corresponding material, in order to provide 
good flow distribution across the adsorbent bed. Some of these materials are based 
alumininosilicate minerals, Cax, Nax, AlxOx and SiOx. The hardness values of such materials are 
summarized in Table 1. The composition of such materials can vary widely depending on the 
application. 

Hardness Scale
Vickers (HV) Mohs scale 

Alumininosilicate minerals  3.5 - 4.5 
Iron oxides (FexOx) ~600 4.5 – 5.5 
Silicon Oxide (SiO2) ~1200 7-8 
Aluminum oxide (Al2O3) ~2000 9 

Table 1 – Hardness values of possible compressor contaminants. 

The cleaning process of such columns is based on the back flow process. By introducing dry 
and hot gas, to the cleaning process this can cause damage to the adsorbent material. Small 
broken parts of ceramic nature will then travel with the process gas flow into the compressor 
equipment. The backflow process is assured by a network of valves; in the case of PSA dusting, 
the valves are subjected to excessive wear. During the first few hours of operation, it is also 
practiced to bypass the filter to prevent excessive fouling and clogging the filter within the first 
few hours of operation. Some other cases due to economic constraints the filter bypass line 
does not have any filtration. Also, improper filter design can result in the same effect as no 
filtration at all. In addition it is also possible that remains from the construction period are still in 
the system. Due to the fact that dirt will reduce over the time assuming that the process gas is 
fairly clean, the effect of rapid wearing cylinder liners will decrease. In any case itʼs of the 
utmost importance a properly designed filter  
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Figure 9 – Two and Three-body abrasion wear. 

6. Wear Mechanisms 
Abrasive wear is a general term which requires to be analyzed with great care. For an in depth 
comprehension of the abrasive wear mechanism a few insights into abrasion theory are given. 
In order to wear occur by abrasion, relative contact between two surfaces with a given load is 
required and obviously knowledge of the material properties in question. Some abrasive wear 
mechanisms are [5]: micro-cutting, fracture, fatigue and grain pull-out.  

Figure 10 –WC coated liner after 6000hrs of operation 

The nature of abrasive wear is given by the interaction between the external particle and the 
surface, i.e two-body and three-body abrasive wear. In simple terms for the case of polymer 
based piston ring vs a metal cylinder liner. The rigid external particles are held by the soft 
polymeric matrix acting in a similar manner as a cutting tool, as shown in Figure 9, left side. In a 
three-body the external particles are not held on the polymeric matrix and are free to roll and 
slide over the surface, Figure 9, right side. The abrasion is mainly dependent of the hardness 
ratio between the particle and the surface. If the ratio is higher than 1.2, then plastic 
indentations are produced on the surface, hence hard, fast abrasion. If the hardness ratio is 
below 1.2 there is no plastic indentation on the surface [5]. The shape and size of abrasive 
particles is also of great importance. Angular particles cause much more severe wear then 
rounded particles. Furthermore, particles with sharp edges cause more abrasion than round 
particles. Large particles can produce high values of abrasive wear. For high wear rates, a 
constant flow of hard particles needs to be introduced in order to create such amount of wear in 
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a short time frame. In the case of hydrodynamic lubricated parts such as piston rings, abrasive 
damage only occurs if the particle size overcomes the fluid film thickness, and the highest 
amount of wear concentrates on the mixed lubrication areas (TDC and BDC). Hence the 
appearance of such cylinder liners is close to a double trumpet shape – in case of a double 
acting compressor. From experience it has shown the critical size for particle damage ranges 
between 10-100 µm. This is within the expected range for the fluid film thickness.  

Figure 11 – Micrograph from WC coating.  
Courtesy of RHEIN-RUHR Beschichtungs-Service GmbH. 

7. Solutions – Path Forward 
If a process gas compressor is being fitted to a new or existing plant good working practice 
would be to evaluate the equipment upstream of the compressor and evaluate the risk of hard 
particles ingression. Also special attention should be taken to the piping. During the upstream 
piping fabrication and hydro test, appropriate cleaning and passivation should always be 
practiced. If particles are detected during or after commissioning it may be required to bite the 
bullet and chemically clean, flush and passivate the system. Additional measures to protect the 
compressor cylinder liner can be taken even after the commissioning. A revision of the cylinder 
liner materials is the most common approach. Cermetʼs comprising of 88% Tungsten Carbide 
(WC) and 12% Cobalt (Co) present hardness values between 1200 HV and 1400 HV. The 
heterogeneous structure sintered composites of hard carbides (WC-Co – 2300 HV) in a soft 
metal matrix has proven to be wear resistance even in the presence of very hard gas impurities 
such as SiO2 and Al2O3. The microstructure of such coating is shown in Figure 11.  

Figure 10 shows a cylinder liner coated with WC-Co after 6000 hours in operation. Other 
sprayed coatings can be used such as CrxOx and other ceramic ternary alloys [6]. The state of 
the art solution considered is proprietary bi-metal hot isostatic process of the cylinder liner with 
diameters smaller than 200 mm. This implies a solid base body encapsulated (outer surface) 
and inner body (powder form) to be processed by hot isostatic press. This combines the benefit 
of different material properties with a high quality uniform microstructure with a diffusion type 
bonding without segregations. In the case of suspicion of a particle contamination has occurred 
proactive and open communication between OEM and End user/operator is required. In such 
cases focus on well documented information is crucial. The material investigations should be 
properly structured using experienced certified laboratories according to ISO/IEC 17025.  
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8. Conclusions 
The subject of gas contaminations is far from over. These situations will continue to occur in the 
future. Hence it is of vital importance to understand the equipment upstream of the process gas 
compressor and evaluate the risk of occurrence for each project. It remains a critical issue to be 
addressed as early as possible, ideally during the contracting stages. The OEM should be 
prepared with guidelines for maximum contamination values and with appropriate 
countermeasures. In the event of high occurrence risk, the OEM should take the lead, with the 
support of the end used in an open and fair manner in order to understand and resolve the 
situation as swiftly as possible. From the end user side, the system cleanliness and filtration 
should be taken seriously. From the OEM perspective, the process gas compressor materials 
should be appropriately selected in order to assure smooth compressor operation. 
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Summary

This paper deals with the achieving goal along with additional benefit of power saving and how 
by applying engineering techniques the reliability can be improved. Ammonia booster 
compressor is installed to boost ammonia vapors and deliver to the main centrifugal 
refrigeration compressor. 02 compressors are installed, one as a stand by and other in 
operation. The compressor operation required at 50 percent of loading due to plant load 
conditions. Different solutions were discussed and worked upon, however modification of valves 
was finalized. The modification in operating of number of suction and discharge valve not only 
results in achieving the objective of reduced load operation but also decrease in the power 
consumption manifold. However, the problem of connecting rod bearing failure started to appear 
after this modification. Detailed analysis of problem along with rod loads and bearing design 
was carried out. In light of the findings different modifications in system were carried out to 
avoid the bearing failure.  Oil system and bearing babbiting technique were also implemented. 

Currently the system is operating as per expectations and delivering more than expected 
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Discharge Bottle 

Suction Bottle 

INTRODUCTION

Ammonia Booster Compressors are installed to compress ammonia vapors recovered in V-
507 and send to Ammonia Compressor K-441 suction line. 

This is reciprocating compressor with balanced opposed cylinders. Gas is compresses in 
one stage, adopting two double acting type cylinders. Pulsation dampers are placed at the 
suction and delivery to make gas speed and pressure constant inside the piping. Refer Fig 1 

The cooling system is obtained as under; 

 Cooling of crank gear oil coolers, gearbox oil and stuffing box by means of tower 
water circulation 

 Cylinders and cylinder heads cooling is obtained by a forced circulation of ethylene 
glycol solution in closed loop 

The compressor is driven by 3 phase induction motor of 300KW with speed reducer and 
coupling. 

The compressor takes suction at 1 ATA and discharges at 3.1 ATA with capacity of 5980 
Nm3/hr 

Fig: 1 Layout 

185



BACKGROUND  

The flow through one compressor is higher as required by plant parameters. There are 
different standard options for capacity control; 

1. Opening recycle valve: not available
2. Variable speed drive: not available
3. Capacity pocket: can only reduce the load by 5%
4. Offloading by valve loaders: takes 22 Amp

As the volume of vapors recovered during normal operation is not enough to run the 
compressor at full capacity. Therefore one of the compressors i.e.K-451A was reduced to 
50% capacity permanently since the commissioning of plant. During normal plant operation, 
only compressor “A” remains in service at 50 % load capacity. 

But in case of Urea Plant shutdown both the compressors have to run in parallel to full fill 
the process requirement. Although capacity can be reduced by using bypass line, but it 
requires about 4 times more energy. Therefore during plant commissioning, compressor 
was unloaded by removing valves of the compressor permanently.  

 At 50% load one compressor requires 22 Amps 
 At 100% load it requires 56 Amps.  
 When one side valves are removed it requires: 14 Amps  

So to save energy and making the compressor more efficient as per plant requirement the 
option to remove suction valves and blinding discharge valves was opted. 

  K
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Compressor

Ammonia Booster 
Compressor

Discharge Bottle

Suction Bottle

Ammonia Vapors

Fig: 2 Process Flow Diagram of K-451A 
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BEARING FAILURE 

Failure of connecting rod big end and small end 
bearings remains a chronic problem since the 
commissioning of the compressor A. Meantime 
between failures (MTBF) of the compressor 
bearings was 03 to 04 months only. 

White metal of the bearings always found chipped 
off from the bearing shells. Refer picture 1 and 2. 
Lot of work was performed on the machine to 
rectify the problem including the improved 
babbiting techniques, changing the thickness of 
white metal on bearing shells, removal of bearing 
journals ovality and replacement of connecting 
rods.

All these works did improve the situation but could 
not last longer.  

Therefore finally a preventive maintenance plan 
with 03 months of frequency was set for the 
compressor.   

FAILURE ANALYSIS

Bearing Failure problem was persistent with K-451A only and not with K-451B.The only 
difference between K-451A and K-451B was capacity control configuration. Capacity 
control system of the compressor was analyzed focusing on the rod load reversals.  

“Rod Load Reversal is the reversal of rod load on small end bush during one complete 
stroke of reciprocating compressor”

Capacity control system was analyzed as under: 

Since commissioning, all the suction valves of both head end sides of compressor K-451A 
were removed and discharge valves were blinded off. According to this configuration only 
crank end were loaded while head ends were completely off loaded. However, vendor had 
loaded head end valves at 50 % capacity in its “Capacity Control Diagram”. 

Pic 1: Damaged big end bearing 

Pic 2: Close up big end bearing
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Rod loading diagram shows the uneven distribution of load reversals during one complete 
revolution of the crank.  

Considering this uneven rod reversal loads, impacts and machine manual's 
recommendation, head ends were loaded and crank ends were unloaded. This was done 
by blinding off all discharge valves and removing suction valves of both crank ends.  

After Changing the capacity control configuration compressor was taken into service. 
Compressor MTBF increased significantly. 

 
ROD LOAD DIAGRAMS: 

To carry out troubleshooting the API was referred. In view of API standard rod loading during 
each step as shown below is within limits but if we further refine our study, we can see that the 
rod loading is equally balanced (Crank angle during compression 180 degree, crank angle 
during tension 180 degree) at 100% capacity and 50% capacity with head end loaded only, 
while rod reversal at 50% capacity is not equally balanced (Compression 120 degrees, Tension 
240 degree). This may cause uneven impact loading and lubrication/oil starvation in the 
bearings. Therefore taking in account the rod reversal loading it is better to operate the 
compressor at 50% with head end loaded than crank end loaded. This arrangement will improve 
the lubrication of bearings and reduce shock loading 
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LUBRICATION OF BEARINGS
 
A force feed lubrication system is provided on this compressor Refer Fig 3. Following are 
the oil system specifications: 

 Oil Grade: XX 68 
 Oil pressure: 2.5 to 03 Kg/cm2 
 Oil Temperature: 40 to 50 C 
 Auxiliary oil Pump: Yes (Motor Driven) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

OIL VISCOSITY 

Oil viscosity has major contribution on lubrication quality. The oil film forms between stationary 
and rotating parts greatly affects by viscosity of the oil being used. Oil being utilized in 
Compressor crank case since inception was XX-68 which was recommended by the OEM. 
Study of the bearing failure pattern shows instability of oil film between crank pin and 
connecting rod bearing. It was decided to replace the XX- 68 with higher viscosity grade oil. XX 
-100 was selected as the new oil which has viscosity of 100 cSt in comparison with 68 cSt of the 
existing oil. Compatibility of XX- 100 was checked with respect to service and operating 
parameters and found suitable. Therefore Oil grade was changed from XX-68 to XX-100. After 
this change significant improvement has been observed in reliability of the compressor. During 
the past few years, the crankcase has attended with MTBF of 10 months as compared to 03 
months in the past.  

Fig 3: Compressor Lube oil System 
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VISCOSITY GRADE COMPARISON: 

When Kinematic viscosity of oil in use (XX- 68) was compared with OEM recommended oil 
(AGIP F1 SIC 75) viscosity at the same temperature (running oil temperature). It is found 
less than the recommended value.  
It may be summed up as this low viscosity oil is not adequate to handle such an impacting 
load and therefore causing premature bearing failures.   

CONCLUSION: 

During plant operations we operate machines at different conditions. We carry out modifications 
and retrofitting. Although we get desired result but sometimes there are few hidden problems 
generated due to the modifications. These problems require proper engineering study and 
control measures are taken to avoid these problems. We had successfully operated our 
machine as per our requirement and suppress the problem which was generated as a 
consequence of the mode of operation. This was all possible due to technical knowhow, 
comparison with related machines, effectiveness of proper grade of oil and understanding the 
system. 

Description In Use 
since 1982 

OEM 
Recomme

nd

New
Charge

Oil Type XX 68 AGIP F1 
SIC 75 XX 100 

Viscosity  cSt 68 @ 40C 57-64
@50C

100 @40C 

Viscosity Index 97 95 96 

Flash Point °C 218 230 234 

Pour Point  °C -30 -16 -24 
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Summary
What started out as an exercise in exploring the weight reduction potential of those allegedly 
“heavy recip crossheads”, turned out to be a fast leap towards implementation of a new hybrid 
material concept for very lightweight pistons. This was enabled by a next phase in the EFRC 
R&D group research project which has been subject of this conference before. 
 
The 2014 paper was technical in nature, addressing the context and requirements and defining 
the solid polymer concept (SPP) as an exciting solution, as well as the characterization of poly-
mer composite materials in fatigue. Building on these foundations, the current paper focuses on 
the challenge of turning the obvious good idea into a readily available technology under the re-
strictions of pre-competitive research. Therefore it identifies the things that should be done, how 
to do it and also which things are best left until later. 
 
Bypassing the extensive volume of technical work that had to be done to demonstrate feasibility 
and develop key materials and testing technology, the results of the full scale validation experi-
ments are presented as well. Following an earlier 1:10 scale piston fatigue test, a full scale test 
demonstrated a residual strength – after accelerated fatigue – of 400 kN. 
 
Comparing against commonly encountered designs based on steel and aluminium, a 30 – 70% 
mass reduction is found for typical larger size pistons. 
 
Enabled by the full scale validation of the concept, the technology readiness is enhanced to a 
level that by 2016, the technology seems ready for validation in an actual compressor. As a 
matter of fact, the results of the R&D project are industrially applied, witnessed by the emer-
gence of a spin-off company and plans by major compressor manufacturers to design and/or 
launch new and significantly improved machines.  
 
The authors argue that the EFRC R&D project may be seen as a model case in efficacious cre-
ative innovation, where the time between idea generation and industrial application is less than 
3 years. A brief discussion of why we believe this was possible is included. It explains what is 
required to achieve success – in spite of a rather odd idea introducing an unknown ‘plastic’ ma-
terial into a self-declared conservative industry – to get a disruptive innovation like the solid pol-
ymer piston accepted so quickly. 
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1. Introduction 
Lowering the reciprocating mass has been a continuous activity over the past decades because 
of the associated improvements in machine capacity, durability, efficiency and vibration behav-
ior. While the application of conventional metals has supported the current state of the art in 
recip machinery, the returns of these efforts have been diminishing. A previous paper intro-
duced and explained an initiative by the R&D group to explore the potential offered by other 
materials than have normally been applied in the recip world. The present paper describes how 
over the two years since then the feasibility of one candidate material and structural concept 
has been investigated and technology has been developed. In doing so, the master plan as out-
lined in [1] has been essentially followed and implemented. 
 
Focus on the piston 
To summarise, in [1] it was argued that there was good reason to put emphasis on mass reduc-
tion of the piston rather than of the crosshead because of two major reasons: First, the piston is 
typically significantly heavier than the crosshead (and piston rod); this applies especially to the 
low pressure stages where the piston mass may even limit the machine capacity directly. Se-
cond, the crosshead is structurally more complex, limiting the potential mass reduction from the 
outset. 
 
Most manufacturers have obtained some experience with investigating the potential of other 
materials for pistons. For example, ceramic pistons and fiber composite materials have been 
investigated to some extent in scattered research efforts. Whereas no major applications have 
resulted from such studies, it may be argued that the effort spent, scope and expertise was in-
sufficient to result in a breakthrough. This was the background and rationale for the joint re-
search in the EFRC R&D group. In doing so, the master plan as outlined in [1] has been essen-
tially followed and implemented in a three phase project. 
 
From requirements versus the state of the art to a new design concept 
In the early study phases, a careful compilation of requirements was made and an exploration 
study was done against a background of data from materials science and similar developments 
in other industries. For example, it was seen that automotive suspension springs were success-
fully made much lighter under severe fatigue requirements using fiber composite materials. In 
general however, it seemed that high manufacturing cost, design complexity and even more 
severe (very high cycle) fatigue (VHCF) requirements would jeopardise the competitive potential 
of CFRP1. 
 

  
Figure 1 Basic mass-solidity-density 
(MSD) diagram 

Figure 2 Tentative saturation sketch for 
mass reduction 

 
                                            
1 CFRP: Carbon Fiber Reinforced Polymer 
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It was concluded that a radically new approach had to be taken to the design and material se-
lection. Thus, the so-called Solid Polymer Piston (SPP) concept was conceived and presented 
in [1], a hybrid combination of metal and composite polymer (CCPC: Controlled Cavity Polymer 
Compound) which derives its potential competitiveness from three key factors: 
 

 low density core material allows efficient transfer of gas pressure loads to piston 
rod using a solid or pseudo-solid core; 

 relative ease of consistent manufacture from one-offs to series production; 
 an affordable engineering development sufficient to guarantee infinite fatigue life. 

With a mass reduction potential of typically 50% or more relative to both steel and aluminium 
baseline, it was apparent that efforts had to be focused on this concept during the remainder of 
the project. The SPP is discussed under the corresponding header, allowing the reader to be-
come familiar with its basic tenets which already allow dramatic mass savings (Figure 1). More-
over, it was felt that the drive for even further weight reduction would disappear as mass contri-
butions of crosshead and piston rod would become of comparable magnitude and an S-curve 
saturation would be approached (Figure 2). 
 
From precompetitive research to innovation 
A vital aspect that was considered from the outset is what can be called the valorisation of the 
idea/invention. This is a challenge for the pre-competitive EFRC research group. An idea may 
be good in itself, but in practice many obstacles can and do prevent its implementation. This is 
true especially in an industry where any perceived risk may be too much and which has relied 
extensively on metals technology for structural components. Therefore the transfer of the idea 
of using a hybrid polymer concept toward actual application was built into the project using con-
cepts of disruptive innovation theory. This means that the conditions were to be promoted for 
implementing the new technology if and when the specified success criteria had been met. This 
involves aspects of pre-competitive development and follow-up competitive activities, which 
were formulated and concretised during the project, as will be discussed under the heading In-
novation Concept. Members of the R&D group would then have a choice, to embrace and ex-
tend the technology either as their own proprietary development from a common background, or 
to adopt the technology more passively by involving a supplier – be it from a knowledgeable 
perspective enabling a truly smart-buyer position. 
 
On a technological level, it was essential to demonstrate the feasibility by experimentally vali-
dating the concept, again going as far as the precompetitive nature would allow to do so. Under 
the heading Validation, some results are presented of materials and scaled and upscaled exper-
iments which cover manufacturing feasibility and structural integrity. 
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 requirement item requirement SPP compliance 

mass significant saving from ~30% to ~70% depending on size 
and allowable cost 

structural integrity resistant to environmental 
attack (lubrication oil and pro-
cess gas) 

polymer inherent resistance very good; 
elimination of metal surface as a factor in 
fatigue life. 

infinite fatigue life low stress and good testability and pre-
dictability 

thermal boundary conditions 
satisfied 

proper polymer selection allows elevated 
temperature operations 

condition monitoring can be built-in,  

economic value  affordable price comparable to metal for very small 
series 

development feasi-
bility 

3 years, < 1M€ investment qualitative compliance; 2 years pre-
development with core technologies 

industrial require-
ment 

no mandatory single source 
dependence 

SPP as open-ended concept allows mul-
tiple implementations 

limited industrial risk by retaining metal hub and sleeve, many 
aspects remain unchanged and success 
is promoted 

Table 1 Evolved requirement overview for the lightweight piston. 

Requirements 
In the original article [1], the set of requirements was presented and discussed, which should 
guarantee that the developed idea would be both techno-economically feasible and near-
optimum. Such a set of requirements is subject to gradual evolution in a process called re-
quirement discovery. Some of the most important evolved requirements, together with an as-
sessment for the SPP concept, are listed in Table 1. 
 
 
2. The Solid Polymer Piston (SPP) concept 
Anatomy of the SPP 
In its most basic form, the SPP consists of three elements as illustrated in Figure 3. By being 
solid, the low density core offers a simple load path from pressurised faces to the piston rod. 
Corresponding shear stresses (discussed below) are relatively low because the load transfer 
area (via the shaft or hub) is large. 
 
The sleeve, being well-supported by the core, can be shaped as desired from considerations of 
weight and manufacturing. A choice for metal such as stainless steel or aluminium would be 
obvious for several reasons, but not required in itself. 
 
For lower values of the piston length-to-diameter ratio of the desired piston design, a fourth el-
ement may be introduced, namely a piston pressure face liner which could be metal and could 
be integrated with the sleeve. 
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As a solid element, the core would be subject to the square cube law, implying that its mass 
contribution would become   large for the larger size pistons. For such cases, there exists an 
obvious possibility to design a core with cavities which would counteract this trend. We may 
designate such a concept with the abbreviation CSPP (Cavity-SPP). 
 
Variations could be applied throughout. For example, one could be in the assembly on the inter-
faces: these could be smooth and adhesively bonded or with a form-fit in combination with ad-
hesive bonding. In all cases, the common feature is the low density core of the CCPC type. The 
possibilities to conceive such a core is discussed next. 
 
Low density materials 
Typical polymer densities are in the range of 0.95 to 1.25 kg/dm3. In order to transfer these into 
CCPC materials of even lower density, they should be mixed (compounded) with low density 
fillers, but this is not a straightforward issue. The reason is that many desirable polymer proper-
ties lead to high viscosity which inhibits proper mixing. To promote easier processing, the poly-
mer is best chosen to be of a thermosetting type. Then, in combination with the fillers and de-
pending on the compound composition, a density in the range of 0.4 to 0.8 kg/dm3 can be 
achieved. 
 
In the previous article [1] it was argued that the mechanical performance (e.g. fatigue strength) 
does decrease due to the fillers, but if done properly will maintain a sufficient level to sustain the 
applied stress typical for piston application. It was also remarked that comparison of our project 
data and literature suggests that achieving an outstanding manufacturing quality is essential for 
good fatigue performance. The ideal would be to produce defect-free cured compound, as 
VHCF performance is especially susceptible to minor flaws. 
 

  
Figure 3 The generic SPP  Figure 4 Stiffness and damping as a function of 

temperature for a medium temperature thermosetting 
polymer. 

 
For any elevated temperature application of polymers, temperature is a driving requirement. 
For the present project, a high temperature curing epoxy was selected to support also interme-
diate temperatures. A tentative equilibrium temperature requirement range was formulated 
pending a full measurement or validated computation of the temperature distribution through the 
piston. On the low end, a 90ºC requirement was considered to be on the safe side. On the up-
per side, a value of 140ºC seems to be representative. Figure 4 shows how stiffness of a typical 
thermosetting polymer is a function of temperature. Also, the internal damping of the material is 
seen to increase as the glass-to-rubber transition (Tg) is approached in this so-called DMTA 
test diagram. While it is typically good practice to maintain a 30ºC margin between the Tg onset 
and an operational temperature under load, it is probably even more important to consider the 
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fatigue performance under elevated temperature. The corresponding fatigue limit is a property 
which cannot be computed, but is only accessible through empirical research. As discussed in 
the next section, this was beyond the scope of the precompetitive work and only room tempera-
ture data were generated for the VHCF range, although [1] also presents data up to 120ºC in 
the HCF range. 
 
Stress levels and fatigue performance prediction 
The core material will be loaded in a three-dimensional state of stress, especially near the criti-
cal areas. Therefore we have stress concentration (reduction) and multi-axial fatigue perfor-
mance as our main challenges. Moreover, stress will arise due to imposed strain (from the pre-
load on the shaft) as well as from alternating (gas and inertia) loads. In addition, residual stress 
from manufacturing will be present depending on the processing that has been applied. Figure 5 
shows typical computed stress components for the shaft to core interface. We may consider the 
situation as an average shear stress (P/(π.Ds.L)) with stress concentrations, superimposed on a 
compressive stress distribution. The average cyclic shear stress will for low pressure stages be 
of the order of 1 or 2 [MPa], according to: 
 
 τ = ∆p π /4 D2/(L.Ds)  = ∆p π/4 (D/L) . (D/Ds) 
 
, where ∆p is gas pressure difference, P is maximum piston rod force, D and L are piston diam-
eter and length and Ds is shaft diameter. The imposed (axial) compressive stress in the polymer 
will depend on the shaft stiffness, i.e. modulus and cross sectional area. It will also be of this 
order of magnitude especially if aluminium alloy is chosen. Even in this case, there is an option 
to reduce this stress field if desired by performing the bonding operation under load. In addition, 
elevated temperature curing may be used to tune the core stress levels at the operational tem-
perature to a desired value. 
 

 
Figure 5 Representative stress components along a simple (straight) shaft-to-core inter-
face; sp1, sp2, sp3 are principal stresses; sr and sz are radial and longitudinal stress, srz is 
shear stress. 
 
When designing the piston using the SPP concept, a fatigue evaluation for the core material 
should be enabled by a database obtained from experimental work. In [1], results from a uniaxi-
al test into the High Cycle Fatigue (HCF) domain of 10 Mcycles was presented. The uniaxial 
stress condition was obtained by using a 3 point bending test. In order to better represent the 
three-axial stress condition from Figure 5, a unique shear strength test for the VHCF domain 
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(Very High Cycle Fatigue, 1 up to 10 Gcycles) was developed especially for the SPP applica-
tion. This biaxial test could be combined with an axial load to achieve the desired tri-axial state 
of stress. Table 2 shows the possibilities using this technology, together with the limitations of 
scope as applied in the present project. The last column contains the “Final” requirement which 
would apply to an actual application where such a material characterisation would be part of a 
risk reduction effort as required. The 100ºC test temperature used in the table would cover 
many applications such as API-618 machines, but would have to be increased for cases where 
the piston local equilibrium temperature is expected to be higher. To clarify this, the section 
about critical aspects contains a discussion of the thermal behavior. 
 

test method 

stress type temperature * test -
frequency 

Nmax EFRC 
R&D 

Final

uni-
axial

bi-
axial

tri-
axial

RT ~100ºC [Hz] [ - ]   

3P bending x   x x < 25 2. 106 phase 2  

torsional shear  x  x  < 300 3. 109 phase 3  

torsional shear  x   x < t.b.d. 1. 109 – ✔ 

residual 
strength 

 x  x   n/a – ✔ 

pre-stressed 
torsional shear 

  x x   0.1 
109 

– ✔ 

Table 2 Overview of applicable material test methods related to fatigue performance  
 (RT = Room Temperature), to be applied to CCPC materials (* indicates achieved or 
  allowable frequency). Nmax is the maximum number of load cycles. 

Hybrid Elements 
From the outset, the SPP is conceived as a hybrid structure, allowing for the best materials to 
be applied locally to achieve the best compromise for performance and cost. In particular, metal 
is initially retained in the inner and outer zones so that the best of both worlds may be combined 
and transition would be easier and risk severely reduced. Table 2 presents a brief overview of 
options and design considerations. 
 
 materials options optional features baseline SPP 
shaft aluminium alloy; stainless 

steel; fiber composites 
straight or form-fit; interface to 
torque-nut; recess for collar 

straight where suffi-
cient, Al 7075-T6 

sleev
e 

stainless steel; aluminium 
alloy; filled polymers 

full castellation contour straight, modestly 
staggered 

face metal sheet; filled polymer 
gelcoat 

- no face cladding 

core thermoset polymer and 
controlled cavity filler com-
pound 

stress concentration reducing 
features, gradient zones, macro 
cavities 

 

Table 3 Specification of basic SPP components 
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Critical aspects for the SPP and research efforts 
General concerns about potential shortcomings of polymer composites and several specific to 
the SPP concept and CCPC (Controlled Cavity Polymer Compounds) are listed in Table 4 be-
low, together with a brief discussion on the relevance and criticality. The major aspects have 
been addressed in the current project and are discussed more extensively below. 
 
The most important design driver which is decisive for the feasibility of the SPP concept is the 
fatigue strength. It was argued in [1] that for a polymer one cannot simply assume the existence 
of a fatigue limit, one will have to test it into the VHCF domain of 1 Gigacycles. However, at the 
normally allowable testing rates (below 10 Hz), such an effort would take much too long. The 
first concern then is to find or design a material that will allow accelerated testing without intro-
ducing failure due to non-representative internal heating. On this subject, the section on Valida-
tion presents some results that have been generated with the testing methods mentioned in 
Table 2, as an essential start of the materials data. Given a dataset for any particular CCPC 
compound, a design can be based on these data and appropriate design margins (on stress, 
not on life2) and this should be sufficient if: (a) product quality is reproducible on every level, and 
(b) if the behavior on a product level has been successfully related to material level test data. 
The latter condition is also discussed in the Validation section where both scaled and full scale 
SPP testing is presented. 
 
A second critical factor is the thermal behavior and the thermal load itself. Because of its im-
portance, work was done to predict the temperature. This is not a trivial task however, since it 
involves complex heat transfer phenomena of a non-steady flow – which is at present beyond 
the state of the art (see for example the discussion in [2]). Nevertheless, one can apply an em-
pirical combination of heat transfer coefficient and average temperature to result in an educated 
guess through a stationary computation. It should be noted that the value obtained from experi-
ence or direct measurement as such on a steel or aluminium piston cannot be used as a re-
quirement, because the SPP’s much lower thermal conductivity will cause a quite different and 
inhomogeneous temperature distribution. Therefore, the code “Compressor 3D” as developed 
for the EFRC R&D group [3], which enables to compute estimated heat transfer coefficients, 
was used. An example of a temperature distribution calculated from these heat transfer values 
and also others, is given in Figure 6.  
 
It is seen that for this particular estimation, temperatures of 90ºC to 110ºC are representative. 
Because of the insulating property of the CCPC material, the result is highly dependent on heat 
transfer through the piston rod; this effect may be cooling, especially for a rod which is specifi-
cally designed to cool (see for example, the EFRC project described in [4]). One contributing 
factor has yet to be implemented: the heat generation due to hysteretic heating by the stressed 
polymer itself. A computational procedure has been devised and work is ongoing to assess the 
total effect of this phenomenon and heat transfer from the gas. This is done in conjunction with 
efforts to experimentally measure the temperature transient on the piston itself, but this is be-
yond the scope of the original EFRC project. 

                                            
2 The mistake is sometimes made to use a design margin on life; for brittle materials especially, the low slope in the 
S-N diagram makes this an inappropriate approach which is too sensitive for scatter, outliers and manufacturing 
error. 
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Figure 6 Stationary temperature distribution within the SPP based on estimated heat transfer 
coefficients. 
 
Thermal expansion of a hybrid piston and its components is a factor that should be well recog-
nised. In itself, thermal expansion behavior of the piston as a whole is sometimes of concern, 
but in general it can be said that it is only necessary to know the final geometry, so therefore the 
main criterion is predictability. More relevant and also more subtle is the structural integrity issue 
that is related to differences in thermal expansion, both during manufacture and in operational 
life. With steels having expansion ratios in the order of 10, aluminium alloy 25 and polymers in 
the range of 30 to 60 [μstrain/K], the effect can only be assessed with consideration of stiffness, 
i.e. modulus and geometry. In general, the consequence is: 
 

 incorporate the thermal state relative to the stress-free condition (from manufacturing) as 
a load case in stress computation; 

 there may be resulting constraints on heating rates as applied during manufacture and 
also heating rates during operation should be checked; this can result in detail design 
changes to guarantee structural integrity. 

 
The material class (CCPC) which has been presently explored, is a brittle material. Lacking duc-
tility, construction needs to be done with care since design mistakes will certainly result in unex-
pected premature failure. Such care starts in the conceptual design phase, where architecture 
should be such that load paths and deformations may utilise the material’s load bearing capabil-
ity under compressive loading. Under tension it will be more prone to fracture. This principle 
implies that, when the material is contained, it can transfer high shear loads while even impact 
loading can be absorbed, for example due to liquid slug3 ingestion. The highest regular design 
loading occurs near the interface to the shaft and is in shear. As argued before, compressive 
stress will dominate in the axial direction. What will happen in the radial direction depends on 
detail design features and also the temperature distribution relative to its as-manufactured state, 
which can be considered a design variable besides being a manufacturing issue. In general, the 
desired containment is an implicit property of the SPP with metal shaft and sleeve at the ex-
tremities. 
 
A final major concern that was addressed/screened in the project was the corrosive effect or 
other susceptibility to either gaseous components or lubrication oils. In general, the resistance 
of thermoset polymers to corrosive gases is good and similarly to oil as well. In the aerospace 
                                            
3 it is interesting to tentatively consider the behavior under slug loading: rather than overloading the piston rod (with 
large scale damage as a consequence), the surface may be indented at relatively low repeated local loads, support-
ing a ‘graceful degradation’ failure mode allowing a regular shut down and repair to be done. 
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world, the most challenging test for polymers is to expose them to hydraulic fluid (e.g. Skydrol) 
and observe residual properties. For one particular candidate polymer (pdcpd), there was con-
cern about potential absorption of a-polar oil types. Subsequent exposure to various oil types at 
90ºC however, did not result in any significant uptake, so the concern was dropped. Even so, it 
will be prudent to apply oil exposure before or during fatigue testing as part of any qualification 
effort. 
 
# aspect assessment # aspect assessment 
1 fatigue prediction solved in project 8 corrosive gas good resistance 
2 temperature re-

sistance 
solved by proper material 
selection 

9 static charge 
build-up 

t.b.d. (avoid by design) 

3 brittleness requires good engineer-
ing 

10 UV resistance not applicable to enclo-
sure 

4 stiffness sufficient in SPP concept 11 condition moni-
toring of core 

candidate technologies 
exist if desired 

5 bonding to metal solved industrially by 
surface treatment 

12 development 
time 

potentially fast, as 
demonstrated in current 
project 

6 creep in control for thermoset-
ting polymers 

13 marginal benefits high mass reduction 
demonstrated 

7 decompression 
damage 

not-susceptible; Helium 
used  

14 economical com-
petitiveness 

moderately expensive 
materials, favorable 
processing; but expen-
sive engineering effort 
for generating data 

Table 4 Overview of 14 compiled potential aspects of concern and their assessment for 
piston application. 

The SPP as an open ended concept 
Combining a product improvement challenge with philosophy, we may refer to the ground-
breaking theory about cognition, concerning concept formation from Ayn Rand [5]. Concepts are 
viewed as an abstraction based on essential properties using measurement emission. We may 
recognise this in the current SPP concept where the elements, material classes and topology 
have been specified, but the dimensions and specific materials are omitted. The concept is 
open ended in that variations can be conceived which involve a specialised application. Such 
extensions of the concept are valuable for the R&D partners involved as these allow a proprie-
tary, competitive edge to be achieved.  
 
The idea of the precompetitive research effort becomes clearer when one considers these op-
portunities. They build on a common technology level among the R&D members, which itself 
would cover TRL64 at the most. A number of potential variations of the concept have been listed 
in Table 5. Both the missing technology to achieve (TRL9) application of the SPP and these 
variations are discussed next under the header Innovation Concept. 
  

                                            
4 TRL: Technology Readiness Level, refer to next section 
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variation feature application
large pistons size up to t.b.d. with special core 

features 
Large API-618 machines 

disk type pistons with L/D < 0.4; introduce integrated 
facing 

certain types of compres-
sors 

trunk type pistons different type of structural concept even combustion engines 
high temperature pis-
tons 

For example for T > 130ºC high pressure ratio and 
T_suction 

graded density core 
SPP 

one way to achieve a lighter core 
for large pistons 

large very lightweight pis-
tons 

integrated piston rod 
piston 

eliminating the pre-stressed joint t.b.d. 

high pressure piston high strength and pressure re-
sistance 

specialties 

aggressive environment 
piston 

special inert polymer compounds t.b.d. 

flexible revamp fully flexible manufacturing for arbi-
trary size and high mass reduction, 
e.g. increasing piston diameter. 

revamping existing machin-
ery, solving an acute prob-
lem 

unlubricated, ringless 
piston 

close tolerance piston with thermal 
control 

e.g. laby-seals 

pressurised cavity pis-
ton 

extra light weight reinforced piston 
with floating piston potential 

e.g. floating pistons 

Table 5 Open ended lightweight SPP concept offspring examples 

3. Innovation Concept 
Precompetitive versus competitive elements in the SPP invention 
This section is concerned with the demarcation line between the competitive area and the 
common ground of precompetitive research. This line was continuously explored as the project 
progressed and further phases were defined within the overall master plan. For the sake of dis-
cussion, the degree of technology maturity towards an actual application will be indicated by a 
measure of technology readiness level (TRL) as defined by NASA [6]. 
 
Competitive development ele-
ments

reasons status* 

high temperature fatigue properties 
database 

high investment required; proprie-
tary knowledge of materials 

pending 

multiple CCPC material screening optimum material formulation is 
application specific and is beyond 
generic demonstration 

ongoing 

extensive building block testing beyond generic demonstration partially ongoing 
in-machine demonstration of piston high investment required imminent 
advanced shaft to core integration beyond generic demonstration – 
Table 6 Competitive elements of SPP technology development towards TRL 9; * sta-
tus refers to known follow-up initiatives. 

 
Obviously, the precompetitive parts addressed those questions which involved the feasibility 
evaluation as such. Clearly, a minimum level of demonstration was necessary of the fatigue 
performance as well as the means for testing them in an economical way. Also, some of the 
concerns listed in Table 5 were addressed such as the potential mechanical capabilities at ele-
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vated temperatures and the resistance to oils. Also, the manufacture of the demonstrator hard-
ware (at the level of a mock-up) was essential in illustrating the feasibility of the SPP concept. 
Finally, both the scaled and the full scale (room temperature) fatigue test into the HCF domain 
were considered suitable technology demonstration stepping stones to TRL6 status. 
 
The parts that were agreed to be outside of the precompetitive domain were agreed on the ba-
sis of a few common sense criteria, refer to Table 6. In general, the precompetitive elements are 
concerned with essential feasibility demonstration and the remainder supports some degree of 
optimisation towards specific applications as well as risk reduction. 
 
Radical innovation theory applied to the piston project 
There is a question how good new ideas can be brought to the market. Looking at the academic 
literature on this subject, this is ultimately done by so-called ‚First-movers’. Schilling [7] de-
scribes these as the first market players that bring a product or service to the marketplace. As 
such, they typically experience additional disadvantages, the so-called ‘First-mover disad-
vantages’. These involve high costs for Research en Development with a long break-even peri-
od, patenting concerns, absence of a distribution channel and all the factors listed in Table 7 up 
to the absence of applicable standards. The development of own proprietary standards may 
even worsen the risks when these standards are not adopted by the industry at a later stage 
(examples: Philips with the V2000 video standard, Microsoft with the .doc standard). Also in 
general, standards which are too far ahead of the industry contribute to problems due to the 
difficulty of communicating with the ‚external world’. 
 
An analysis of so-called success factors is presented in [9]; here the definition of disruptive – 
and radical – innovation was enhanced from Abetti [8], resulting in the following: 
 

A radical innovation is an innovation with a unique and original product , system or busi-
ness model, that will make other already existing ones unnecessary or obsolete and has a 
high uncertainty of success because of the level of newness and obscurity of the needed 
design effort, technology, knowledge and market. 

This definition takes into account that radicalism is accompanied by a high level of uncertainty, 
newness, risk, differentness and market impact. More literature background can be found in the 
original article of Groenewegen [9]. We proceed with considering some related questions and 
making a link to the hard core technology and market context of the present case. We do this 
because studying these issues makes us better able to make a success of the idea. 

Why is it so hard to be successful with a radical innovation?	

A shortlist of the problems when dealing with radical innovations was found in the literature [9], 
see Table 7. 
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Financial Organisational / Market Technological 
High costs of R&D 
and long payback 
period;

Resistance, fear and uncertain-
ty of potential customers;

Non existing ʻenablingʼ tech-
nologies and supporting prod-
ucts; 

Defensive behavior of 
the established order; 

Uncertainty how to manage a 
radical innovation ( R&D and 
businesswise); 

Not matching existing legislation 
and current quality norms; 

Largely unknown size 
of market and cus-
tomer needs; 

Difficulty of getting feedback from 
potential interested parties due to 
secrecy because of competition 
threats 

Struggle about the use of 
standards and agreements 
upon them 

 Non existing distribution channel  
Table 7 Innovation obstacles inventory (categorised, from [9]). 

 
Some of these factors can be influenced by properly incorporating these considerations in the 
development work; these have been printed in bold. For example, the “fear and uncertainty” will 
be mitigated by performing and presenting technological work meeting the highest standards 
and making use of world class expertise. The high cost issue has in our case been tackled by 
first joining forces/funds and then choosing a technology with cost as a main driver. Enabling 
technologies could mean for example the existence of test methods for extremely long durabil-
ity, which were developed here as a necessity. 
 
 What are the success factors of a radical innovation? 
 
After the extensive literature study [9] a conceptual model was designed in which three main 
factors determine the success of growth: the uniqueness of the advantages of the innovation, 
the startup organisation characteristics and the person of the entrepreneur. 
 

 
Figure 7 Conceptual model for the First Mover, towards success in the start-up scenario 
[9].
 
Abetti [8] concluded first and foremost that a radical innovation should have unique advantage 
to existing other solutions which is sufficiently big, so that it helps potential customers and com-
panies to overcome their resistance and fear for the unknown because of the attractiveness of 
the new solution. 
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Table 8 Correlation matrix of success factors [7]; mean, standard deviation and correlations. 
 
In Table 8 an overview can be found with all the variables measured to operationalise the main 
question. Some are related to the uniqueness of the innovation, some to market & organisation-
al approach and others to the personal treats of the inventor/entrepreneur. 
 
With the help of Table 8 some additional observations were done: A very high correlation (>0.5) 
exists between degree of radicalness and uniqueness of advantage of the innovation. This is 
also true between working- experience, industry-experience, management experience and pre-
vious jobs. And also true for turnover growth and personal growth. The percentage of employ-
ment growth turned out to be a factor 4 smaller than the turnover growth. 
 
 What are the conclusions? 
 
The study [7] tried to expand the existing theory of the success factors of a radical starter (Table 
8). In the other empirical research on success factors of starters, we have seen the importance 
of specific organisational and entrepreneurial traits. This we combined with the success factors 
of a radical innovation within an established firm, which added innovation characteristics 
(unique advantage), organizational traits (customer pro-activeness) and confirmed entrepre-
neurial traits. This was combined further with the success factors found for innovative entrepre-
neurs in general which added specific organisational (use of seed capital) and entrepreneurial 
traits (willingness to take risks). All these factors were combined in a model for starters with a 
radical innovation. This model states that to succeed, there are three relevant factors. The 
starter has to be an entrepreneur (with specific personal traits and human capital), the organiza-
tion has to have certain characteristics (business plan, seed capital, etc.) and the innovation has 
to have some unique advantages for the (potential) customers.  
 
Testing this model through a questionnaire, we see a statistical relevance for each measure-
ment of success.  The general findings do support the idea that growth is determined by the 
uniqueness of the advantage of an innovation, specific organizational characteristics and entre-
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preneurial traits. The results however are clearer for turnover then for employment growth and 
not all the factors identified in the existing literature were found statistically significant or posi-
tive. 
 
From the outcomes of this study an image of the radical start-up with the most turnover growth 
in the first 3 years can be drafted. The start-up exist of a team of founders with not too much 
working experience and with a relevant social network. There is a thorough business plan that is 
executed with at least 75,000 euro seed capital. By a pro-active customer approach the start-up 
is able to bring to the market, successfully, a radical innovation with enough unique advantages 
(compared to other existing possibilities) to overcome initial customer and market resistance. 
 
 The EFRC R&D connection 
 
The connection with the Light Weight Piston is obvious. Because of the significant unique ad-
vantages of a lighter weight piston, many people and companies are willing to test and use this 
radical innovation. Obstacles such as listed in Table 7 can be removed. Companies associated 
with the EFRC R&D group are in a position to either choose to develop the last technology ele-
ments themselves, or to adopt a specialised supplier from a knowledgeable position, thus ena-
bling a proper requirement set to be formulated. Because of the open-ended nature of the SPP 
concept, there is a multitude of possibilities to develop proprietary installments or contributions 
for EFRC members. 
 
4. Validation 
Test and verification philosophy 
Test and verification is an essential part of the feasibility assessment, development and imple-
mentation for two reasons: 
 

 the properties that are decisive for the feasibility (e.g. fatigue and a favorable manufac-
turing concept) are accessible only through empirical work (and not by simulation); 

 introducing a novel concept into an industry that relies heavily and successfully on met-
als requires experimental evidence. 

 
A strong emphasis was therefore put on experimental work, after careful early theoretical analy-
sis and synthesis. This even involved developing a new test method for VHCF life of polymers 
under stringent requirements of low budget and decimated testing time. Figure 8 illustrates the 
elements supporting the feasibility assessment and the transition to full scale verification, also 
including manufacturing. It must be emphasised at this point that in a good practices approach 
of composite materials, processing (i.e. manufacture) and materials should be an integrated 
whole5. This leads to the incorporation of the manufacturing concept in the materials and build-
ing block testing. In this respect, it is important to mention that it was chosen to apply pre-cured 
polymer blocks and investigate its particular performance level.  
 
Scaled testing approach 
In developing the technology, it is desirable to apply an approach where for each project phase 
the complexity and predictability of the outcome is under control. In combination with the factors 
listed in Table 4, this leads to the scaled testing overview in Table 9. 
 
SPP Full scale fatigue trials result 

                                            
5 This is not unlike the area of cast metals where material quality is entirely dependent of the casting process. With 
the current CCPC materials, there is an option to choose an in-situ curing or a machined pre-cured route; this can be 
expected to have impact on performance which should be investigated. 
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Figure 8 shows the test setup used for the full scale test. This test rig was specifically designed 
to withstand high fatigue loads and allow the (adjustable) application of prestress on the loading 
rod. Full load reversal could be applied, while even simultaneous testing of two specimens is 
possible. Also, elevated temperature testing is foreseen while diagnostics mainly concern the 
evolution of the pretensioning force in the rod. This feature allows the monitoring of an antici-
pated failure mode along the core to shaft interface. A second technology involving continuous 
fiber optical strain measurement was prepared but was not applied. 
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Material level x x    x  x     
Building block        x     
Scaled SPP x  x x x  x      
Full scale 
SPP 

x  x x x        

Compressor 
piston 

    (x) x x  x x x x 

Table 9 Assignment of research aspects to scaled testing elements 
 (RT, HT: Room and High Temperature respectively) 

 
Figure 8 Illustration of the test and verification philosophy supporting the SPP concept road to 
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implementation. 
 
The result of the test is presented in Table 10 together with the result of the 1:10 scaled “mini-
piston” test. In terms of failure mode and residual strength, it was surprising to see that with a 
maximum sustained load of 400 kN (equivalent to 800 kN design), the failure behavior involved 
stable damage extension up to the maximum load and finally core pull-out at a load of 65 kN 
(LF=1). This was in contrast with the behavior usually observed for brittle materials and indi-
cates a mechanism involving radially compressive stress in confined configuration as discussed 
before. 

 mini piston full scale piston core comment 
Design piston rod 
load Pd 

1.3 kN ± 130 kN 130 kN scaled down to 65 
kN by length reduction 

Demonstrated 
maximum fatigue 
life/loadfactor 

N = 3.50 106, 
LF = 4 

N = 0.82 106,  LF = 2 at shaft prestress factor 3:  
Fpre = 3 x 1.6 x Pd 

Residual strength n/a LFmax = 6.1 after crack growth at LF=2.5 
Table 10  Scaled and Full Scale test results (load factor LF=P/Pd)

In-machine validation 
While it is difficult to explicitly project what kind of “things could go wrong” after full scale fatigue 
testing such as described above, it is equally obvious that any application would first be preced-
ed by a test of the actual piston in a testbed compressor. First and foremost this would involve 
the actual manufacture of the full piston, complete with required manufacturing tolerances for 
installation etcetera. Subsequent testing may take days or even weeks or even longer where 
on-site application is foreseen with the presence of a back-up machine. Among the variables to 
be monitored are the temperature (distribution) and the specimen stiffness. On-piston tempera-
ture measurement is not trivial. Periodic inspection may be labor intensive and hence costly, but 
its frequency could be minimised by proper instrumentation. Final tear-down inspection may be 
done as a last step or even destructive testing (residual strength). 
 
While such a competitive activity will be an expensive exercise, an application to a much small-
er machine might be a useful intermediate step. This would for example allow already the quan-
tification of the actual effective thermal load, which is most difficult to access by theory as dis-
cussed above. One initiative of this kind is already being implemented based on an 11 [kW] two 
stage machine, 35 [bar] air compressor and a hybrid low pressure piston of the trunk type [10]. 
Other applications will be able to benefit significantly from the insights which will result from 
such an exercise. 
 
5. Conclusions 
This paper describes the final outcome of a successful project initiated by the EFRC R&D group 
with the aim to investigate the potential for weight reduction by using non-conventional materials 
and subsequently develop the technology for implementation.  The work started with a creative 
phase which was well grounded in reality by studying the state of the art as well as working on 
the requirements. The outcome was a concept coined the Solid Polymer Piston (SPP) which 
stood out among any other competing concepts such as those based on CFRP material. 
Faced with multiple challenges in inventing a new affordable configuration as well as precom-
petitive considerations, three project phases were construed which each confirmed the expecta-
tions of feasibility towards a typical 50% mass reduction. Not only does this mass reduction en-
able a more than gradual improvement of machines (it can be considered a disruptive innova-
tion), but technology readiness can be obtained in a short period of time and at a modest cost 
associated with the hybrid SPP concept making use of the CCPC class of materials. 
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Validation of the technology was obtained as far as precompetitive research could take it. Start-
ing with an SPP demonstrator (for manufacturing), a materials database was obtained confirm-
ing good “infinite life” fatigue strength and yielding also statistical data. Finally, scaled and full-
scale fatigue testing confirmed the ability to resist enhanced fatigue loading up to 1 million cy-
cles. 
 
Extensive effort has been spent on adopting the right approach and cooperative model to allow 
valorisation of the present development. Implementation by several EFRC members can be 
foreseen in the near future. Among the anticipated machine improvements are efficiency im-
provement, capacity increase and the reduction of vibrations. 
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Summary: 
Loading and unloading processes in gas storage systems are going to play a significant role 
in the energy sector. For example, there is the need for storage systems to compensate the 
fluctuating availability of renewable energies (short periods) or the use of underground stor-
ages to countervail the varying consumption of natural gas over the seasons in combination 
with the constant delivery (long periods). Reciprocating machines offer the possibility to cov-
er a wide range of operating conditions. However, they are nowadays designed as a com-
pressor or an expander where the most occurring difference in design is the valve and espe-
cially its actuation. While compressor valves are normally self-actuated, expander valves 
need a forced actuation. For an economic operation of the loading and unloading process in 
a gas storage facility an expander-compressor-unit can be used, which consists of only one 
reciprocating piston machine. Therefore a valve system has to be designed which could fulfil 
both of the functionalities: the self and the forced actuation. 

The present report points out the general boundary conditions which have to be taken into 
account for such an expander-compressor-machine. Afterwards the design criteria for the 
valves are discussed and a proposal for a general design is derived. For compression mode 
a high, pressure induced force acting on the valve at small pressure differences is desired, 
therefore a large pressure working surface is needed. When working as expansion valve the 
requirement is just contrary. The valve movement is towards the high pressure difference but 
low acting forces are preferable. Hence low pressure working surfaces are desired. Poppet 
valves can handle those conditions when additionally to the valve open cross section the 
opposite surface is used to achieve a pressure balance. Three different possibilities for the 
valve actuation, which are the electro- magnetic, the hydraulic and the pneumatic, are exam-
ined with respect to their functionality in both compression and expansion mode. It can be 
shown, that the pneumatic actuation has several advantages when realized with the process 
gas as pneumatic fluid. Based on those previous findings a general design for the valve as-
sembly is proposed and afterwards adapted to a specific compressor. By numerical simula-
tion of the now achieved reversible compression-expansion-machine at different operating 
points an evaluation of the design concept could be performed. 

Overall it is shown that the proposed valve design allows the two different operation modes 
for a reciprocating piston machine in only one unit. Also it is conceivable to achieve variable 
valve timings with the proposed design, therefore a nearly continuous control of the machine 
would be possible. 

- 3 -

1 Introduction 
Meeting the 2-degree-C-target is one of the main goals of the contemporary climate politics 
of the industrialized countries. To reach that objective governments stimulates the energy 
sector with funds and investment in research to switch from the conventional fossil-based 
fuel to the alternative so called renewable energy sources. However, contrary to the energy 
supply by conventional fuel the amount of renewable energies is fluctuating and cannot be
manipulated to the demands of the customers as good. For that reason energy storages 
have to be built, to compensate the over and under production. Another approach for saving 
energy and therefore decreasing CO2-emission is the optimization of industrial processes 
with respect to efficiency and energy recuperation. 

2 Energy storage systems 
A great potential of energy recuperation is given by the expansion of pressurized gases like 
those used for reactions in the chemical industry or for the underground storage of natural 
gas. To compensate the fluctuation of the demand of natural gas in comparison with the 
nearly continuously delivery over pipelines from the gas reservoirs big underground storage 
sites (UGS) are used, with pressure levels varying from less than 100 bar up to more than 
300 bar [1]. However, the loading process includes pressurizing and cooling of the gas, so 
that it can be stored. For the unloading process the pressurized gas is heated and afterwards 
expanded by a throttle to the pipeline pressure. Compression and heating requires a signifi-
cant amount of energy, contrary the energy of the gas expansion is dissipating. Enhancing 
the storages overall efficiency seems possible by using the energy of the pressurized gas in 
an expansion machine. The power output of such an expansion machine strongly depends 
on the storage and pipeline pressure but can be estimated in a range of 1 GW up to 4 GW 
[1]. However beside ecological advantages of such a process management the economic 
benefit would be increased when the compressor used for pressurizing the gas also could be 
used reversibly as expansion unit when unloading the UGS. 

Another application of such a loading/unloading cycle could be the compensation of short-
term and long-term fluctuations of renewable energy sources like on-shore wind turbines or 
photovoltaic plants. Apart from mechanical and chemical accumulators the use of pressur-
ized air storages or thermal retention with a reversible organic rankine cycle seems promis-
ing. With a combined compression-expansion-machine the economic benefit would increase 
as well. 

There are many industrial plants, which offer the possibility of recuperation using a reversible 
machine. However replacing the existing compressors with new machines – which can han-
dle both compression and expansion mode – seems economically not reasonable. Though a 
possibility for the retrofit of existing machines in such dual-usable machines could be viable. 
The control mechanism of the valves is the reason for the compression or expansion mode 
of a reciprocating machine. Hence a new concept for a valve system is required which can 
handle both operating modes. 
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3 Valves for combined compression-expansion-machines 

3.1 Basic requirements to a combined valve 
To design a combined valve for both compression and expansion mode which could be in-
stalled at existing machines, the following basic requirements should be taken into account: 

 Possibility for retrofit into existing machines 
 Low pressure loss in compression and expansion mode 
 Small leakage to achieve a good volumetric efficiency 
 Low inertia leading to only small delay time during opening and closing 
 Low seat impact in respect to fatigue 
 Good robustness 

Besides those general requirements valves for reciprocating machines have special de-
mands in dependence of the operating mode. Therefore a more profound analysis of the 
valves and their behavior in compressors and expansion machines has to be set up. 

3.2 Working principles of compressor and expander valves 
A closer look into the working cycle of reciprocating piston compressors and expanders re-
veals some differences between the demands of the control mechanism. Figure 1 shows the 
simplified indicator diagrams of single acting piston machines. 

a) b)
Figure 1: Simplified indicator diagrams for a) expansion and b) compression 

For the expansion cycle the entrance valve has to be opened against the pressure difference 
at the top dead center position (6, 1). Then the pressurized working fluid fills the working 
chamber. The valve is closed again at point (2) and the expansion of the working fluid pro-
ceeds until the piston reaches the bottom dead center (3, 4) where the discharge valve has
to be operated. The gas is leaving the working chamber until the discharge valve is closed 
(5) and the compression takes place up to point (6) where the entrance valve is opened 
again. Knowing that the enclosed area in the indicator diagram represents the technical work 
it is emerged that the timing of the actuation of the scavenging organs plays a significant role 
for the entire expansion process. 

The compressor cycle runs counter-clockwise. At the pistons top dead center (1) the dis-
charge valve closes in a self-acting manner and the remaining gas in the working chamber is 
expanded up to point (2) where the suction valve opens automatically driven by the pressure 
difference between the suction and the working chamber. The gas is aspirated as long as the 
cylinder pressure is lower than the suction pressure. Idealized this takes place at the bottom 
dead center (point (3)). Afterwards the gas is compressed until the cylinder pressure reaches 
the discharge pressure and the delivery valve opens self-actuated in point (4). The pressur-
ized fluid is discharged up to point (1). Also in compressors a forced opening of the valves 

- 5 -

can be worthwhile. To operate the compressor with partial load one option is to keep the 
valves open beyond the top respectively the bottom dead center. 

Comparing the two working processes the following differences could be indicated. The 
valves of an expansion machine are force controlled and they have to be opened against a 
high pressure difference with a desired low force. Conversely the valves of a compressor are 
self-actuated during regular operation and at low pressure differences a high opening force is 
requested.  

The indicated work is given by 

(1)

which is represented in the p-V-diagram as the enclosed area. It can be seen, that the pres-
sure loss over the valves decreases the obtained work of the expansion machine (reduction 
of enclosed area) and increases the necessary work for the compressor (enlargement of the 
area). A simple formulation of the pressure loss ∆p in an orifice is  

(2)

where ζ is the pressure loss coefficient, ϱ the fluid’s density and c the fluids mean velocity at
the valve which is indirectly proportional to the flow cross section of the valve. To achieve 
minimal pressure losses a high flow cross section is necessary. 

The size of the valve area is limited by the geometric dimensions of the machine itself. 
Therefor it is necessary to use the same valves for compression as well as expansion mode. 
That means we need a low pressure valve which is the suction valve in compression mode 
and the discharge valve in expansion mode and a high pressure valve vice versa. This re-
sults in a special design for the valves justified by the requirements mentioned above. 

3.3 General designs of scavenging organs for reciprocating piston machines 
Looking at different control mechanisms for reciprocation piston machines a first classifica-
tion needs to be formulated. While in expansion machines mostly sliders are used, where the 
movement of the slider is perpendicular to the fluid flow, valves are the mostly applied control 
units for compressors. The valve motion is parallel to the flow direction. 

The self-acting valves used in compressors typically consist of a sealing element, which is 
pushed to the valve seat by a pre-stressed spring. The sealing element is usually a plate or a 
ring plate. Another common type is the reed valve. An increasingly popular design is the 
poppet valve, where multiple mushroom-shaped valve bodies are pressed to the valve seat, 
each supported by an own spring. This design can result in low pressure drops and has also 
the advantage, that if one valve body is damaged the others can work independently and the 
process has not to be interrupted immediately. 

As already mentioned sliders are the commonly used scavenging organs for expansion ma-
chines. Three types could be distinguished: 

𝑊𝑊𝑖𝑖 − 𝑝𝑝 𝑑𝑑𝑑𝑑  𝑉𝑉 𝑑𝑑𝑑𝑑
𝑝𝑝𝑉𝑉

∆𝑝𝑝 𝜁𝜁 𝜚𝜚 𝑐𝑐
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ized fluid is discharged up to point (1). Also in compressors a forced opening of the valves 
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can be worthwhile. To operate the compressor with partial load one option is to keep the 
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Comparing the two working processes the following differences could be indicated. The 
valves of an expansion machine are force controlled and they have to be opened against a 
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requested.  
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area). A simple formulation of the pressure loss ∆p in an orifice is  
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where ζ is the pressure loss coefficient, ϱ the fluid’s density and c the fluids mean velocity at
the valve which is indirectly proportional to the flow cross section of the valve. To achieve 
minimal pressure losses a high flow cross section is necessary. 

The size of the valve area is limited by the geometric dimensions of the machine itself. 
Therefor it is necessary to use the same valves for compression as well as expansion mode. 
That means we need a low pressure valve which is the suction valve in compression mode 
and the discharge valve in expansion mode and a high pressure valve vice versa. This re-
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Looking at different control mechanisms for reciprocation piston machines a first classifica-
tion needs to be formulated. While in expansion machines mostly sliders are used, where the 
movement of the slider is perpendicular to the fluid flow, valves are the mostly applied control 
units for compressors. The valve motion is parallel to the flow direction. 

The self-acting valves used in compressors typically consist of a sealing element, which is 
pushed to the valve seat by a pre-stressed spring. The sealing element is usually a plate or a 
ring plate. Another common type is the reed valve. An increasingly popular design is the 
poppet valve, where multiple mushroom-shaped valve bodies are pressed to the valve seat, 
each supported by an own spring. This design can result in low pressure drops and has also 
the advantage, that if one valve body is damaged the others can work independently and the 
process has not to be interrupted immediately. 
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 the flat side slider, which is a very simple design but has a very limited possibility for 
timing 

 the rotary slider, which has some more flexibility in timing 
 the piston slider, which has the advantage of a complete pressure relief and therefor 

only forces to compensate the friction have to be applied.

Also valve designs are known for expansion machines. Double seated pipe valves can be 
designed with pressure relief and valve timing could be independent [1]. Poppet valves can 
also be used as scavenging organ and also an independent valve timing is possible. An 
overview of common used control organs for piston expanders is listed in Table 1. 

Sliders Valves
+
-

Pressure  relieved designs available
Often considerable frictions forces

+
-

Pressure relieved designs available
Always oscillating movement

Flat side slider Rotary slider Piston slider Pipe valve Poppet valve
+

-

-

-

Very simple 
design
No pres-
sure relief
Difficult 
lubrication
Fixed tim-
ing

+

+

-

-

-

More flexi-
bility in tim-
ing
Continuous 
movement 
design pos-
sible
Sealing ef-
fect de-
pendent on 
gap width
Difficult lu-
brication
Vulnerable 
against par-
ticles

+

+

+

-

Completely 
pressure 
relieved
Piston seal-
ing is proven 
technology
Simplified 
rod-sealing
No inherent 
timing flexi-
bility

+

+

-

Pressure re-
lieved design
Independent 
valve timing
Double-seats 
usually not 
completely gas-
tight

+

-

-

Simple and prov-
en design
Independent 
valve timing
Usually no pres-
sure relief

Table 1 Overview over commonly used scavenging organs for expanders [1]

Summarizing the demands for expander and compressor mode the requirements for a com-
bined expander-compressor-valve are the following: 

 possibility to switch between self-actuation and forced-actuation 
 variable valve timing 
 low valve mass in respect to valve dynamics and valve response 
 low pressure loss over the valve  high flow cross section 

Looking at this overview one valve stands out: the poppet valve. In the past this type has 
been used in expanders as well as in compressors. Furthermore there is the possibility to 
pilot the valve lift over the two control surfaces on the front and back side of each single pop-
pet. The simple design allows the implementation in already existing configurations. 

3.4 Valve actuation concepts 
To enable the control of the valve lift in expansion mode, an actuation concept for each sin-
gle poppet is necessary. One possibility is the use of electric magnets, as shown in Figure 2
a). Actuating each single poppet, a design with no internal leakage path is possible. Disad-
vantages are the high effort for the integration and a high valve impact velocity through high 
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magnet forces. This is caused by the increase of the electromagnetic field when the magnet 
anchor moves towards the end position. Another design concept could be the use of a hy-
draulic actuation (Figure 2 b)). Separated by a membrane, each poppet is manipulated by a
hydraulic pressure provided by an additional pump. Similar concepts are already used for 
forced opening of suction valves in compressors, however there in combination with a grip-
per. The additional hydraulic cycle with a pump and sealing is a drawback. Furthermore an 
internal leakage could occur if the membrane fails, which would lead to a critical mixing of the 
process gas and the hydraulic fluid. A third possibility is the use of a pneumatic actuator 
which uses the process gas itself (Figure 2 c)). The necessary pressure is provided by the 
compression-/expansion-process. That is why no additional pump is required. As with the 
hydraulic coupling a leakage could occur, but this is non-critical to the process since the 
pneumatic gas and the process gas is the same. Using the poppet’s shaft and guidance as 
gap seal a good integration into the system could be realized. 

a) b) c)
Figure 2: Forced valve actuation (a) electrical, b) hydraulic, c) pneumatic concept) 

Comparing the three presented concepts the pneumatic actuation with process gas seems 
the most promising to realize the combined expansion-compression-valve. 

3.5 Design of a combined valve 
Figure 3 shows exemplarily the CAD-model for a combined expander-compressor-valve for 
the high pressure side which represents the discharge valve for compression and the inlet for 
the expansion mode. As an ordinary poppet valve the basic design consists of the valve seat 
plate and the single poppets mounted to the poppet guidance and each is preloaded by an 
own spring. There is only a small radial clearance between each poppet and its guide to al-
low a smooth poppet lift but only small leakage between the poppets front and back during 
the valve motion. Small pressure channels inside the poppet guidance are connected to a 
slider valve actuated by an electric magnet. In compression mode the slider is in the lower 
position and therefor the poppets control chamber is connected to the high pressure valve 
chamber; the poppets work self-actuated. To open the valve in expansion mode the electric 
magnet moves the slider to the upper position. The connection to the valve chamber is 
closed but the pneumatic connection to the low pressure side is established. The pressure 
difference between the poppet’s front and back side forces the valve to open.
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magnet moves the slider to the upper position. The connection to the valve chamber is 
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Figure 3 CAD-model of the combined valve for high pressure side (springs hidden for better 
clarity) 

4 Process modeling 

4.1 General assumptions and governing equations 
The governing equations for the simulation of a reciprocating piston machine are well known 
and described in the appropriate literature, e.g. [2] and [3]. For the calculations the ideal gas 
equation was used to describe the general fluid properties: 

(3)

The mass flow through an orifice can be described by the one-dimensional adiabatic flow 
through a nozzle 

(4)

with index “R” describing the fluid’s properties upstream the restriction. The discharge func-
tion Ψ is given by  

𝑝𝑝 𝑚𝑚𝑚𝑚𝑚𝑚
𝑉𝑉 𝜌𝜌𝜌𝜌𝜌𝜌

𝑚𝑚𝑚 𝐴𝐴𝐴𝐴𝐴𝐴 𝐴𝐴𝐴 
𝑝𝑝𝑅𝑅𝜚𝜚𝑅𝑅
𝜁𝜁
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(5)

For the mass balance only the fluid flow through the valves is considered and leakage is ne-
glected. Knowing the dependency between the crank angle and the piston stroke 

(6)

the machines working chamber volume can be calculated as 

(7)

Neglecting the heat transfer between the working fluid and the cylinder walls the fluids tem-
perature can be calculated as either the medial temperature or from phase change during 
compression or expansion. 

(8)

The valve motion can be calculated by balancing the forces acting on the valve as shown in 
Figure 4. 

Figure 4: Model for the valve motion of a poppet valve

Allowing only one degree of freedom and assuming that the forces through damping, valve 
sticking and valve return after impact at one of the end positions are negligible, the  move-
ment of the valve can be described by the valve inertia, the spring force and the force caused 
by the pressure difference up- and downstream of the valve: 

(9)

4.2 Thermodynamic model 
To understand the thermodynamic working behavior of the above described valves, a 1D-
model was chosen. The basic concept is shown in Figure 5 with the cylinder (index “c”), a
high pressure (HP) and a low pressure (LP) valve and the low and high pressure ports. The 
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Figure 3 CAD-model of the combined valve for high pressure side (springs hidden for better 
clarity) 

4 Process modeling 
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(3)
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(4)
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(5)
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(6)
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(7)

Neglecting the heat transfer between the working fluid and the cylinder walls the fluids tem-
perature can be calculated as either the medial temperature or from phase change during 
compression or expansion. 

(8)
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3/2-valves symbolize the possibility to switch the pressure on the backside of the compressor 
valves. 

The cylinder volume is described by the kinematic of the reciprocating machine. Pressure 
and temperature can be calculated by solving the equation for ideal gas and the mass bal-
ance under consideration of the mass flow through the valves equally affected by the valve 
dynamics (equation (8)). Using the ideal gas equation and the mass flow through the nozzle, 
the pressure chambers for pneumatic valve actuation can be calculated simultaneously. By 
solving the valve dynamics equation and knowing valve lifts direct influence on the actuators 
chamber gives a coupling of cylinder volume and valve actuation. Although it is known, that 
the leakage path between poppet and poppet guidance has an effect on the poppet perfor-
mance it is neglected for the first step of the study. It could also be suggested that this leak-
age path is influenced by thermal extension during operation. 

Figure 5: Model for simulation of the expander-compressor-valves 

For the comparison to a real reciprocating machine working points of a preliminary chosen 
test compressor where used. The compressor is an Atlas Copco AR1 with two valve assem-
blies for the low and high pressure port at each cylinder. The machine and valve data for the 
first stage are given in Table 2. 
First calculations where made using only the 1st stage of the compressor. Spring tension and 
preload where set to allow only a small closing delay and valve flutter in compressor mode at 
full load. The valve actuation was simulated by changing the inlet pressure of the valve actu-
ation chambers. 

machine data (1st stage) [4] valve data
n 585 min-1 i 2x18
dp 285 mm dseat 20.75 mm
s 150 mm xv,max 1.5 mm
l 295 mm xv,0 1 mm
ε0 0.03448 kf 900 N/m
plow 0.1 MPa mv 40.96 g
phigh 0.177 MPa
Tlow 293 K
Table 2: Machine and valve data for the simulation 

pc, Tc, Vc

Phigh plow

HP-valve LP-valve
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4.3 Results 
Figure 6 shows the p-V-diagram in compressor mode. Since no actuation is used the pres-
sure curve is only influenced by the poppet’s characteristic. The pressure loss during suction 
and discharge is quite high which results from high velocities in the valve flow cross section. 
For decreasing the mean velocity the flow cross section could be increased by enlarging the 
valve lift. However this will have an effect on the speed of the poppet, which has an upper 
limit in respect to the valve impact in the end positions. However the basic concept for com-
pression could be demonstrated theoretically and first steps for the optimization could be 
made. For simulation of the expansion mode only valve timing, which means the position of 
the slider for controlling the poppet’s pressure chamber, was changed. The resulting pres-
sure-volume-diagram is shown in Figure 7. Like in compressor mode the pressure loss is 
quite big. Also due to the machine’s operating point the filling and discharge time have to be 
chosen very large to avoid overcompression respectively underexpansion. 

Figure 6: Indicator diagram in compression 
mode

Figure 7 Indicator diagram in expansion 
mode

Figure 8 shows the behavior of the high and low pressure valves in expansion mode. After 
changing the inlet pressure to the poppets control chamber (ps,in) the control chambers pres-
sure (ps) follows with some delay to the same level and simultaneously the valve moves. This 
behavior has to be kept in mind, since valve opening is not directly coupled to the crank an-
gle like in mechanically controlled valves. The delay might be reduced by an optimization of 
the flow path between the slider and the poppet control chamber. However, since the control 
of the slider for the poppet control is suggested to be managed by a stored program control 
the valve timing can be readjusted during operation. 

a) LP valve b) HP valve

Figure 8 Pressure behavior of poppet control and valve lift in expansion mode 
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5 Summary and Outlook 
A dual use valve design has been conceived which offers the possibility to retrofit actual 
compressors for the possibility to be reversed to work as an expander divergent from the 
regular compression mode. Different valve and actuator concepts were studied and it was 
concluded, that poppet valves with a forced actuation by the process gas can fulfil the re-
quirements. A numerical 1D simulation of a real piston reciprocating machine was used with 
the proposed valve design. It could be shown that compression as well as expansion mode 
behave as expected from initial considerations. Another recognition is, that the valve timing 
needs further observation. Since the valve actuation is not fixed to the crank angle the valve 
movement gives a feedback to the valve control. However, this non-rigid coupling offers the 
possibility of a step-less change of the valve timing. 

The simulation of the actual design shows large pressure drops over the valves. So one point 
of the future work is the optimization of the poppet design for an improved efficiency. The 
thermal behavior of the valves is not considered in the actual calculation. To avoid failure a
small gap has to exist between the poppet and the poppet guide. This gap changes during 
operation caused by thermal strain and therefor the leakage over the valve changes. For a
deeper understanding of the valve dynamics more operation points of the machine have to 
be considered. Afterwards the valves will be manufactured and experimentally analyzed in 
the mentioned a test compressor. 
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Nomenclature 

Symbols 

Latin letters
A area [m²] c velocity [m/s] n rotational speed [s-1]
P power [W] d diameter [m] p pressure [Pa]

R spec. gas constant 
[J/kgK] i number of poppets 

[-] r crank radius [m]

T temperature [K] kf spring rate [N/m] s piston stroke [m]
V volume [m³] m mass [kg] x length [m]
Wi indicated work [J] m mass flow [kg/s] x acceleration [m/s]
Greek letters
Δ difference [-] ε0 dead space factor [-] λs rod ratio [-]

Ψ discharge function 
[-] ζ pressure loss coeffi-

cient [-] ρ density [kg/m³]

Ψeff correction factor [-] κ isentropic exponent [-] φ crank angle [°]

Indices 

0 minimum clearance high high pressure side s control side
1, 2 thermodynamic state hyd hydraulic seat valve seat
R resting state low low pressure side v valve
c cylinder p piston
el electric pneu pneumatic
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Summary
A key factor for the performance of a reciprocating compressor is the gas change. To achieve a 
good design, the physics of the flow in and out of the compressor have to be understood. In 
principle, this can be investigated by using commercial CFD software. However, for many 
applications simpler models turn out to be sufficient. For the prediction of the valve dynamics of 
compressors of barrel design, a one or in the case of multi- valve compressors a two-
dimensional flow modeling is appropriate and have been implemented in the stand-alone tools 
Compressor1D and Compressor2D, respectively. Concerning the heat transfer from the gas in 
the compressor to the surrounding walls, these models are of limited use. During in- and outflow 
the heat transfer could be represented reasonably well since the characteristic flow velocity is 
given by the in- or outgoing mass flow. During expansion and compression, there is no obvious 
characteristic reference velocity for the internal flow. Thus, a three-dimensional flow simulation 
is required. As a consequence, a solver for the three-dimensional Euler-equations has been 
developed in a project of the EFRC R&D working group. The basic idea is that the heat transfer 
does not influence the flow and thermodynamic state of the gas in the compressor significantly. 
Thus, the flow and heat transfer problem can be decoupled. After the inviscid flow in the 
compressor is determined the heat transfer problem is solved using the boundary-layer 
approximation along the cylinder walls. For the flow calculation, the flow domain is split into 
parts; the compression chamber and the valve pockets. Due to the different topology of these 
domains different meshing strategies have been applied. In the cylinder, a structured mesh with 
dynamic layering accounting for the piston motion is used. In the valve pockets, an unstructured 
tetrahedral mesh is employed. The connection of both meshes has been implemented in a 
conservative way by constructing a common partition of the interface between the compression 
chamber and the valve pocket. The valve model is based on Costagliola [4]. For the easy use of 
the program, the user has to specify the main dimensions of the compressor in a graphical user 
interface. To specify the geometry of the compressor, a sample mesh for a valve pocket is 
provided. The user has to specify the actual dimensions of the valve pocket and define the 
direction of the valves in the plane of the cylinder head. The internal flow patterns and valve 
dynamics for selected compressors will be shown. 
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Introduction
In a reciprocating compressor, gas is compressed from a low pressure (suction pressure) to a 
high pressure (discharge pressure). Thus, a certain amount of mechanical work has to be 
supplied which can be easily calculated by simple quasi-static thermodynamic considerations. 
However, in practice losses of many different kinds (valve losses, pocket losses, inertia effects, 
piston masking, and others) occur, and deteriorate the theoretical limit. As a matter of fact, most 
of the losses can be attributed to the flow of the compressed gas through the compressor and 
models have been derived to estimate their effect, see e.g. E. Machu [6]. On the other hand, the 
availability of CFD-software makes it possible to simulate the flow and its interaction with the 
valves, c.f. Steinrück et al.  [9]. It still takes a lot of effort to set up a simulation of a reciprocating 
compressor including the valve dynamics. In particular, the definition of the geometry, and the 
meshing of the valve pockets and the definition of the boundary conditions describing the 
passive valves is tedious. Moreover, the resolution and the prediction of the flow field is far from 
being trivial. Getting the flow structure at high Reynolds number right is even impossible. We 
refer to the well known driven cavity flow problem, wherein the 2D case an uncontroversial 
numerical solution exists only for Reynolds numbers up to about 20000. In reciprocating 
compressors, the Reynolds number is of the order 105 -106 . Thus, we can only expect to get 
the basic flow features correctly. Another issue is the long computation time which is usually a 
matter of hours or days for a complete cycle. Thus, there was the demand for simple, fast and 
reliable compressor models. To answer this need, the EFRC R&D working group funded 
projects to develop the simplified simulation tools Compressor1D, Compressor2D, see Aigner 
[1], and Compressor3D, see Müllner [7]. Since the one- and two- dimensional models have 
been presented at previous EFRC conferences, Aigner et al. [2], [3], we want to present here 
the main features of a simplified three-dimensional compressor model.  
  
The main goals are to predict the valve lift dynamics (valve lift as a function of time), the 
indicator diagram, the time-dependent forces and moments on the piston, and the heat transfer 
to the casing. 
 
 
Model assumptions 
The main objective of the flow modeling of the gas in a reciprocating compressor is to predict 
the response of the gas in the compression chamber to the action of the piston and the valves. 
In particular, one is interested in internal waves as far as the valve dynamics and the time 
varying loads on the piston are concerned and in the global flow patterns to get an estimate of 
the heat transfer. Using a better geometrical model, say a 3D model instead of a 1D model does 
not necessarily improve the quality of the numerical solution. For example, consider a 
compressor of barrel design with only one suction and one discharge valve. The motion of the 
valve plate is affected by internal pressure waves running back and forth between the discharge 
and suction valve. It was shown that these waves could be well described by a one-dimensional 
wave propagation/flow model, see Aigner [1]. In a one-dimensional numerical model, the 
number of grid points can be chosen sufficiently large to compensate numerical diffusion and 
thus the numerical results are in reasonable agreement with measurements. In a 3D-
dimensional approach, one is limited to a relatively large cell size to keep the computation within 
reasonable time limits. Thus, waves will be strongly damped by numerical diffusion. However, 
the benefit of a 3D-solution is that one gets the global flow pattern right. This is essential when 
one is interested in the heat transfer from the compressed gas to the surrounding walls. Thus, 
selecting the numerical model depends on the question one wants to answer. Of course, most 
of these problems can be overcome by using high-performance computing as done when 
simulating the flow and combustion process in internal combustion engines. So the definition of 
the problem was to develop simple tools to predict the internal flow and heat transfer in 
reciprocating compressors, which can assist the design of such machines. 
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Flow model 
The gas flow is described by balance equations for mass, momentum, and energy written in 
conservative form. Neglecting viscosity, these are the well-known Euler equations. As a 
consequence, heat conduction and thus, the heat transfer to the walls of the compression 
chamber is also eliminated. 
 
But this contradiction can be easily resolved by the fact that along the solid walls thin boundary 
layers form. Thus, the heat transfer can be calculated after the inviscid flow calculation a 
boundary layer calculation.  The Euler equations have to be complemented by equations of 
state for the gas. Here, an ideal gas with constant heat capacities is assumed. It is described by 
ϫ, the ratio of the specific heats and the molar mass. The numerical method for the solution is a 
finite volume method. Thus, the computational domain is divided into small finite volumes, and 
the mean values of the state variables (density, momentum, and energy) of each volume are 
used as computational quantities. Due to the conservative formulation, these mean values can 
be changed only by the flux of these quantities across the volume boundaries. Therefore, the 
mass, momentum, and energy conservation principle are strictly satisfied even for the 
discretized equations. In a numerical scheme, the fluxes across a cell boundary have to be 
computed as a function of the cell averages of the state quantities  of the neighboring cells. 
Here, the Roe-method is used. It calculates the numerical flux from the cell average of the 
adjacent cells using an approximate Riemann solver. This is a robust, well-proven method of 
first order accuracy. 
 
 
Description of the geometry 
The flow region inside the compressor consists of the cylinder confined on one end by the 
movable piston and on the other side by the cylinder head, and the valve pockets, see figure 1. 
In the cylinder, a structured mesh for the finite volume method is used. It is given by a two-
dimensional mesh in the plane of the cylinder head, see figure 3a), and is extruded in the 
direction of the cylinder axis. Due to the motion of the piston, these finite volumes are stretched 
in the axial direction. If the aspect ratio of the cells exceeds a critical value, a re-meshing in the 
axial direction will be performed and the cell averaged values of the density, momentum and 
energy have to be interpolated in a conservative way for the new mesh, see figure 2. 
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For the valve pockets, a reference geometry has been chosen. It consists of a cylinder of 
diameter dV , which intersects the cylinder of the compression chamber, and a cone of height hC. 
The axis of both, the cylinder and the cone are in the plane of the cylinder head. Due to its 
complex geometry, it is not possible to mesh it with a structured mesh. A prototype unstructured 
tetrahedral mesh was constructed for the valve pocket, see figure 3b). The prototype mesh will 
be mapped onto the actual valve pocket. Finally, the geometry of a compressor can be 
described by a few parameters: bore diameter, stroke, clearance, the number of valves, the 
direction of the valve pocket axis, the radius of the valve pocket, heights of valve-pocket cone 
and cylinder. At the interface of the valve pocket and the cylinder, the unstructured tetrahedral 
grid and the hexahedral grid in the cylinder have to be coupled in a conservative way. 
Therefore, a common partition of both grids at the common interfaces at the cylinder head and 
the circumference of the cylinder are constructed. In Fig 3c) the common interface with the 
quadrilateral surface mesh of the cylinder and triangular surface mesh of the pocket valve is 
shown.  

 
     
Hence, in order to derive the interface facets, all the triangles of the valve pocket surface mesh 
and all the quadrilaterals of the cylinder surface mesh are decomposed into a priori unknown 
number of polygons, being the result of that intersection. Every single polygon is then part of a 
triangle and a quadrilateral, respectively. Recently, Fahs [5] identified five possible 
configurations for the intersection of triangles with convex quadrilaterals, giving polygons with 
either three, four, five, six or seven edges. Once the number of edges and the positions of the 
intersection points of every polygon is known, the area of every polygon can be computed easily 
by decomposing it into single triangles. It is also not difficult to determine the barycenter of the 
polygons, eventually required for a second order finite volume method. However, for a first order 
finite volume method, the numerical flux computation only requires the area and the unit normal 
vector, here taken in the area center.  

 
 

229



 

Valve model 
The discharge and suction valves are self-acting, spring loaded plate valves. For all three 
compressor simulation tools, the same valve model based on the paper by Costagliola [4] is 
used. The gas flow through the valve is assumed to be quasi-steady. This assumption is valid if 
the transit time of a gas particle through the valve is short compared to the opening time of the 
valve, which is the case under usual operating conditions. Thus, the mass flow through can be 
expressed by the well-known outflow formula by Saint-Venant Wantzel, see Zierep [10], as a 
function of the effective flow cross-section ΦV which is, in turn, a function of the valve plate lift 
xV. 

 
 
Moreover, a model for the state of the valve is needed. That is an equation of motion for the 
valve plate of mass mV . The gas pressure acts on the so-called force areas Af on both sides of 
the valve plate. Springs with spring constant kV and initial deflection LV press the valve plate 
onto the seat and thus define a closing pressure ∆pclosed , see figure 4. 
 
 
Heat Transfer model 
Since the Reynolds number for the gas flow in a reciprocating compressors is large, we can 
expect that the flow is almost inviscid in the interior, and turbulent boundary layers form along 
the walls. In a state of the art commercial CFD software, one would use a more or less 
elaborate turbulence model to describe the Reynolds stresses in the flow region. Rigid walls 
suppress the turbulent fluctuations and thus, special wall treatments are required. Very close to 
the wall viscous stresses dominate, and this region is called viscous sub-layer. In the case of an 
attached flow, the flow profile has to be matched to the so-called defect layer of the boundary-
layer. It has been argued by Prandtl and later be confirmed by measurements that in the 
overlap region of the defect layer and the viscous wall layer the velocity and temperature profile 
is given asymptotically by a logarithmic profile.  
 
Thus, there is the choice to resolve the viscous sub-layer or to use wall functions to describe the 
flow and temperature field close to the wall.  
 
In our approach, the external flow field is given by the numerical solution of the Euler-equations. 
Thus, it remains to solve the boundary-layer equations to obtain the heat transfer coefficients. 
Since the Mach number of the gas flow near the wall is small, we can consider the boundary-
layer flow as incompressible. We remark that in the passage between the valve pocket and the 
cylinder the flow velocity may become supersonic. But this is not the case for the flow along the 
walls. 
 
For the solution of the boundary-layer equations several methods are possible: using turbulence 
models plus wall treatment or integral methods are among them. Since we are interested only in 
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an overall heat transfer coefficient for each face, we will use a very simple integral method. 
Following Gersten Schlichting [8], we will use logarithmic velocity and temperature profiles close 
to the wall. With these assumptions, we derive the relation for the average heat transfer 
coefficient   
                                                                       

 
                                                                                                        
where u is the mean velocity of the Euler flow along the considered face and the Reynolds 
number Re is formed with this velocity and the piston diameter. The value of the turbulent 
Prandtl number Prt is 0.9 and of the von Karman constant κ is 0.4.  ρ and  cp denote the density 
and isobaric heat capacity of the gas, respectively. The function G(Λ, D) is approximated by 1.5, 
see Gersten Schlichting [8]. 
 
 
Results
The program has been tested for four test cases shown in figure 1. The data for the 10-valve 
compressor is listed in table 1 and will be discussed in detail. In Figure 5 the maximal Mach-
number in the valve pocket is shown as a function of the crank angle for the first two cycles of 
the simulation. We remark that the first cycle depends weakly on the initial condition of the 
simulation. Time-periodic behavior is obtained after the first cycle.  During outflow (at a crank 
angle of 320◦ ) the Mach number in the discharge pocket rises up to 0.75. The flow stays sub-
sonic. Only when increasing the compressor speed to 1200 rpm supersonic flow conditions 
occur for a short period, and the present code is capable of dealing with it. 
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The operating point of the four test cases has been chosen such that they can be considered as 
different stages. Thus, they refer to the same idealized compressor cycle. The total mass flow 
through the discharge valves shown in figure 6a) is close to the idealized compressor process. 
However, it can be seen that the compressors with piston diameter 340 mm, 170 mm and 85 
mm show oscillations in the mass flow. This is due to fluttering of the suction and discharge 
valves. By changing the springing, the eigenfrequency of the spring-mass system of the plate 
valve can be decreased to avoid fluttering, see Müllner [7].   
 
For the 10-valve compressor, the suction valves do not stay fully open during intake. They are 
completely opened only for two short moments. They even close for a moment at 515 deg crank 
angle. The discharge valves behave well. It is interesting to note that the central discharge valve 
DV3 opens again after the piston has reached the dead center. For the lateral valves DV2 and 
DV1, this secondary opening is less pronounced. 
 
Calculating the average velocity on each face of the compression chamber and using the 
simplified boundary-layer heat transfer model the heat transfer coefficients on the different faces 
of the compression chamber are estimated. As expected, the heat transfer is large during the 
discharge between 300 and 400 deg. During intake, it is only of moderate size while it is almost 
negligible during compression, see figure 7b). 
 
 

 
 
In the indicator diagram, figure 7, the pressure at the piston, the suction valve, and the 
discharge valve is shown. It can be clearly seen that the pressure at the suction valves is 
markedly larger than the pressure at the piston. In the valve pockets of the discharge valves, 
the pressure is only slightly above the discharge pressure. In figure 8 a)-c), the pressure at the 
piston is shown shortly before and after the opening of the discharge valves. At CA=660 deg the 
pressure is almost uniform. At the interfaces to the valve pockets, the pressure is slightly 
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smaller. Shortly, after the discharge valves open at CA=662 deg, the development of a pressure 
wave traveling transversally through the cylinder can be observed. 
 
During re-expansion internal waves can be observed in the indicator diagram and at the 
snapshots of the pressure field at the piston, figure 8 d)-f). An estimate of the time needed for 
traveling back and forth in the cylinder t = 2d/c gives a crank angle difference of about 20 deg. 
for the complete passage back and forth in the cylinder. Indeed, the pressure snapshots 
between 380 and 390 deg show the wave has once passed the cylinder. 
 
 The velocity field along the piston is shown in figure 9. At a crank angle of 360 deg the piston is 
at the dead center. At 370 deg the re-expansion has already started, and the gas flows from the 
valve pockets back into the cylinder. Since the pressure in the suction valve pockets has been 
larger than that in the discharge valve pockets the flow velocity along the piston at the suction 
side is considerably larger than at the discharge side. During intake (450 deg) we observe the 
inflow from the suction side. At the dead center (540 deg) only relics from the intake motion are 
visible. During compression, there is a slow redistribution of the gas into the valve pockets 
visible. When the discharge valves open at 670 deg the outflow motion into the discharge valve 
pockets sets in. 
 

 
 
Comparison with Compressor1D 
In Compressor1D, the Euler-equations are averaged over the cross section of the compressor 
perpendicular to the diameter between the two valves. Thus, a wave propagation problem 
through a channel with varying cross section has to be solved. It has been shown that the 
restriction to a one-dimensional flow is reasonable during the interesting phases of the 
compressor cycle. However, due to the nature of the one-dimensional flow model the passage 
of the flow from the cylinder into the valve pocket cannot be accurately described due to the 
discontinuous change of the flow cross-section at the interface between the cylinder and the 
valve pocket.  In the following, we compare simulation results of Compressor1D with 
Compressor3D for a 2-valve compressor with a 220 mm bore. In figure 10a), the motion of the 
valve plate during the opening of the discharge valve is shown. The one- dimensional model 
predicts a higher impact velocity of the valve plate. This can be attributed to a larger pressure 
loss at the interface of the valve pocket to the cylinder than in the three-dimensional case. 
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In figure 10b),  the pressure at different positions as a function of the crank angle is shown. In 
the three-dimensional case, the mean pressure at the suction and discharge valve is indicated 
with a cyan-colored line. The blue lines correspond to the pressures at the piston close to the 
valve pockets. At the beginning of the discharge, a pressure difference across the discharge 
valve pocket can be observed. This difference decreases until the end of discharge. In the one-
dimensional model, this pressure difference is obviously larger. On the suction side, there is  no 
pressure difference across the valve pocket. The one-dimensional model predicts on the suction 
side a larger pressure than the three-dimensional model. 
 
During inflow, the 1D model predicts at the piston a lower pressure than the 3D model which 
can be again attributed to a significant pressure loss across the passage from the valve pocket 
into the cylinder. Moreover, the one-dimensional model predicts only slightly damped pressure 
waves running back and forth across the cylinder. These waves are not present in the 3D-
dimensional model. On one hand there is no damping mechanism in the one-dimensional 
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model, except numerical diffusion, which is, however, small due to the relatively large number of 
grid points and on the other hand in the 3D case waves are damped geometrically and by the 
numerical diffusion due to the relatively small number of cells per diameter to keep the 
computational time within reasonable limits. 
 
 
Conclusions
A three-dimensional model for the simulation of reciprocating compressors based on the Euler-
equations has been presented. The interaction of the flow with the valve dynamics and the 
occurrence of internal waves have been shown. Moreover, an educated guess of the heat 
transfer coefficients has been given, and a comparison with the existing one-dimensional model 
has been made. 
 
The use of these models is to obtain an educated guess of the compressor performance with a 
ready-to-use-tool. To study details of the flow and heat transfer,  a detailed analysis using a 
state of the art tool will be unavoidable. 
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Summary 
(Electric motors and drives are the best choice for driving the highest loads as they combine all 
of the essential characteristics required. These include, for instance, high torque or power den-
sity, long service life, high efficiency and reliability. Further, they are flexible when it comes to 
their electromechanical properties, the type of construction and the mounting arrangement, 
which means they can be simply adapted to address the requirements of the driven load. Syn-
chronous and induction motors are both suitable for driving reciprocating compressors. Each 
type has its own specific electrical properties that define the best type for a particular applica-
tion. The typical characteristics, potential and limits of each type will be highlighted in the first 
section of this paper. 

The second section deals with specific requirements and improvements that customers are to-
day asking motor manufacturers for, with the objective of getting the best possible motor for the 
specific application. Using selected examples, it will be shown how the improvements that have 
been requested have been incorporated as part of the redesign process for synchronous motors 
for reciprocating compressors. Top priorities include serviceability and a flexible design with 
respect to features like the type of cooling, the motor inertia, explosion protection and the 
mounting arrangement. 

The third and last section is about advanced condition monitoring for electrical motors driving 
reciprocating compressors. Data acquisition and data analysis of selected physical quantities 
allow failures, wear and aging to be detected at an early stage. It enables users to apply correc-
tive measures before serious damage occurs, often associated with long down times and high 
costs. An advanced monitoring system will be presented in this paper. The focus is on the de-
scription of the system, the physical quantities that we recommend be monitored and the cus-
tomerʼs benefits as a result of the monitoring system. 
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Electric Motors for Reciprocating Compressors and Condition Monitoring 

Introduction 
Figure 1 shows a typical design of a high-rating electric motor. The rotor (1) consists of the piv-
ot-mounted shaft, the active iron (3) and the rotor winding (4). The wide variety of shapes and 
arrangements of the active rotor iron and the rotor winding are determined by the type of ma-
chine and the motor characteristics required. The stator arrangement is similar for almost all 
high-rating electric motors. A three-phase stator winding (7) is inserted in the slots of the stator 
lamination (6), which is surrounded by a support structure (8). 

The active motor parts are surrounded by a housing (9) with a top-mounted canopy (10) that 
protects personnel from severe injury and the motor against the ingress of water and dust. 

Air-to-water cooling is one of the most common methods of cooling high-rated electric motors. A 
fan (5) blows air as primary coolant through the motor and that absorbs the heat generated in 
the active parts. The hot air (red arrows) is cooled down (blue arrows) using an air-to-water heat 
exchanger (11). The air that has been cooled down is recycled through the motor again. 

Figure 1: Schematic of a high-rating electric motor.
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Electric motors suitable for driving reciprocating compressors 
Squirrel cage induction (IM) and synchronous motors (SM) are capable of driving reciprocating 
compressors. The stator design is similar for both, while the rotor design and the operating 
characteristics differ considerably. 
The rotor of a squirrel cage induction motor consists of the rotor lamination and the squirrel 
cage winding. Massive copper bars are embedded in the slots of the rotor lamination and con-
nected to massive copper short-circuit rings on the face sides. When the motor is operational, 
the rotating stator field induces a voltage in the rotor winding, thus requiring the stator field to 
rotate slightly faster than the rotor [1]. Due to the principle of operation, neither an exciter ma-
chine nor sliprings are required for electrically supplying the rotor. Typically, attributes of induc-
tion motors include the cost-efficient and rugged rotor design, high starting- and acceleration 
torques and rugged operating characteristics when disturbances occur, such as external torque 
peaks. They are mostly used in the power range up to approx. 12 MW. 
Synchronous motors have either cylindrical or salient pole rotors (Fig. 2). In the first case, a 
concentric field winding is inserted in the slots of the cylindrical rotor lamination. In the second 
case, the field winding is wound around the salient rotor poles thus providing the machine with 
special characteristics. Usually both types are equipped with an additional damper winding thus 
preventing oscillations in case of sudden load changes. In a more rugged design, the damper 
winding can also serve as the starting cage for a direct online start [2]. For driving reciprocating 
compressors, salient pole rotors offer advantages as discussed below. The field winding is sup-
plied with DC current via sliprings or the rectified rotor current of a separate exciter machine. 
Compared to an induction motor, the rotors of synchronous motors are more complex as they 
require a high number of subassemblies. On the other hand, synchronous motors are more 
suitable when it comes to higher ratings. Further, they are also more efficient and provide the 
option of adjusting the power factor. Induction and synchronous motors are compared based on 
selected criteria in Table 1.  

IM SM 
Rotor design + -

(More complex due to higher 
number of subassemblies) 

Ruggedness ++ +
(Higher number of subas-

semblies) 
Torque o +
Maximum output o ++
Online start performance (DOL) ++ +

(Starting performance can be 
improved by additional 

measures such as starting 
cage or starting resistor) 

Stability during operation ++ +
(Damper winding required) 

Reactive power demand o ++
(Adjustable excitation) 

Efficiency o +
Short-circuit torque - -
Suitability for inverter operation o

(Magnetizing current supplied 
from the stator) 

+

Cost + o
Maintainability ++ +

(Brushes, higher number of 
rotor subassemblies) 
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Table 1:  Comparison of induction and synchronous motors based on selected criteria 

   
Figure 2: Left: Cylindrical rotor [1]; right: salient pole rotor 

Typical and special requirements for motors driving reciprocating compressors 

Power range  … 40MW ↔ approx. … 2000kNm (S1 operation) 
Voltage level 10kV, 13.2kV (other voltage levels are possible) 
Speed range 200 … 600rpm 
Cooling methods IC616, IC81W, IC86W, WPII 

Mounting arrangement IM 1001...7, IM 1101...7, IM1201…7, IM1301…7 
IM 7001...7, IM 7101...7, IM7201…7, IM7301…7 

Degree of protection IP23, IP54, IP55, IP56 
Ex-protection Ex n, Ex p 
Table 2:  Typical requirements for high-rating single-bearing motors driving reciprocating 
compressors 

An overview of the typical requirements for motors driving reciprocating compressors is provid-
ed in the Table 2. The data shown focuses on high-torque single-bearing motors. Further, there 
are several specific requirements relating to the application and the conditions at the installation 
site. 

• The pulsating torque of reciprocating compressors varies from case to case be-
tween 0.5 and 2.5 times the rated motor torque within one shaft revolution. It causes 
current pulsations that need to be restricted according to established standards [3]. 
Providing the rotor with sufficient inertia helps to limit the current pulsations. On the 
other hand, the inertia should not be too high in order to ensure acceptable accelera-
tion times and energy losses in the motor windings and the active iron. 

• A direct online start is the preferred starting method since no additional equipment 
is required – for example an inverter or a starting transformer. While accelerating, 
the armature current increases up to approximately 4 … 7 times the rated current. 
This causes the line voltage and in turn the motor terminal voltage to drop. This 
means that the motor starting torque also decreases. In addition, the voltage reduc-
tion may cause grid loads to be undesirably shed. 

• The starting current depends on the type of motor and its electromagnetic design. 
Synchronous motors have lower starting currents, however, their starting torque is 
also lower. The electromagnetic design offers measures for influencing the starting 
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current such as increasing the leakage inductances, applying a starting resistor and 
so on. 

• The ignition of flammable gases must be avoided at all costs if the motor is installed 
in an explosive atmosphere. In particular, flammable gases must be prevented 
from coming into contact with hot motor parts – and sparks inside the motor must be 
prevented. Sparks may occur in case of partial discharge. Any gas that may have 
accumulated within the motor can be removed by purging the motor with air before 
closing the starting circuit breaker. Creating an overpressure condition inside the mo-
tor prevents flammable gases from entering the motor housing. 

• Noise generated by electric motors predominantly have a fluid-dynamic, mechanical 
or magnetic background. Fluid-dynamic effects are caused by the coolant flowing 
through the motor, and can hardly be influenced. Mechanical effects are mostly 
caused by imbalance, loose parts or bearing noise and can be eliminated by 
measures such as balancing and resolving any loose parts. Magnetic noise is 
caused by periodic magnetic forces that excite mechanical structures to vibrate. Dur-
ing the design of the motor it has to be ensured that the periodic magnetic forces do 
not excite any critical natural frequencies of the mechanical structure, and that the 
excitations are as small as possible. However, a noise-reducing cover should be 
used anyway. 

Large synchronous motors for reciprocating compressors 
Our synchronous motors for reciprocating compressors have gone through a redesign process 
in recent years. The goal was to develop a flexible design at a reasonable cost. A basic design 
should be able to be adapted to the wide range of different customer requirements with a mini-
mum of modifications required. 

Figure 3: Schematic cross-section of a salient pole synchronous motor for a reciprocating 
compressor.

1 

2 

3 
4 

242



Figure 3 shows the schematic cross-section of a typical machine. Its core consists of the active 
parts of the salient pole synchronous motor with a starting cage. A magnetic wheel (1) is shrunk 
onto a solid shaft. The rotor poles (2) are bolted to the magnetic wheel. This design offers a 
couple of advantages. 

• Each rotor pole can be replaced individually (serviceability). 
• The rotor inertia can be adapted by varying the wall thickness of the magnetic wheel 

thus providing flexibility with respect to the requirements for each particular drive 
train. 

• The magnetization, or respectively the air gap width, can be adjusted by just varying 
the heights of the poles. 

The exciter (3) is located between the non-drive end bearing and the salient pole synchronous 
rotor. In the case that the shaft sag exceeds design limits, the position of the exciter and the 
bearing can be changed. When specified, sliprings can be provided instead of an exciter. 
The shaft-mounted fan (4) is positioned next to the magnetic wheel. The design of the ventila-
tion as a one- or two-sided ventilation depends amongst others on the cooling method required 
- and the boundary conditions for the cooling. These include the airflow, motor speed etc. One-
sided ventilation means that the active motor parts are axially supplied with cooling air from one 
side (Fig. 1). Accordingly, in the case of two-sided ventilation, the active parts are axially sup-
plied from both sides. The airflow that can be realized for each ventilation type is decisive when 
selecting the ventilation. For maximum utilization, the solution that ensures the highest airflow is 
preferred. The cooling-circuit has been designed so that different cooling methods can be im-
plemented with a minimum associated modification costs - such as air-to-water, air-to-air and 
open-circuit-cooling. 
Two stator embodiment types are available. The first type comprises separate subassemblies 
for the stator, the base frame and the cover (Fig. 4, left). The base frame is first mounted on the 
foundation. This stator is then mounted on the base frame. Finally a canopy is placed on top of 
the motor. The second type comprises one assembly for the stator, the frame and the cover 
(Fig. 4, right). 

  

Figure 4: Left: Motor with separate subassemblies for the baseframe, the stator (dark 
blue/white) and the cover. Right: Motor comprising one assembly for the frame, the stator and 
the cover.  

Base 
frame 

Canopy 
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In addition to the design changes described above, the electrical design has also been im-
proved. The modifications predominantly involve the rotor design and in particular the optimiza-
tion of a) the rotor winding including its insulation and b) the rotor diameter. These measures 
have improved the heat transfer of the rotor winding, reduced the thermal gradient in the motor 
and enhanced motor utilization. A positive side effect of the enhanced motor utilization is the 
lower starting current. 

A "Drive Train Analytics” approach for electric reciprocating compressor drives 
System overview
The "Drive Train Analytics", offered on the basis of Industrial Service Backbone (ISB), are a 
promising enhancement of conventional condition monitoring. Deployed in industrial plants it 
helps to increase the availability of components, processes and plants and minimizes un-
planned shutdowns. Being a higher-level system, it goes far beyond monitoring limit values or 
issuing alarms. The concept comprises the process of capturing the initial data and generating 
reports: 

• Instrumentation and sensors installed on the motor and other drive train components 
(Figure 5, right). 

• Data acquisition using protection and control devices (Figure 5, left). 
• Data preparation for ISB transfer, primarily the compression and encryption of data 

(Figure 5, top).
• Archiving the data to the ISB server.
• Data processing for the expert- and service network as well as “Digital Twins“.
• Reporting using the “Customer Dashboard”. 

Figure 5: Schematic showing the instrumentation, data acquisition and data transfer on 
site. 

Figure 5 shows an example of the instrumentation, data acquisition and data transfer on site, 
while Figure 6 shows the interface between the plant and the ISB infrastructure. 
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Figure 6: Interface between the plant and the ISB infrastructure 

ISB key benefits are: 
• All of the relevant operating data and documents are recorded at an early stage dur-

ing FAT (Factory Acceptance Test). 
• Direct data connection to the customer support and the factory thus supporting 

smooth commissioning. 
• The company network is used, incorporating experts for the RCA (root cause analy-

sis) and the service infrastructure comprising both technicians and the supply of 
spare parts. 

• The drive or drive train is connected to servers with routines for optimizing mainte-
nance schedules. 

• Abnormal operating conditions are simulated using “Digital Twins” which reduce the 
time until a plant or system is released for operation. 

Condition monitoring, predictive maintenance and optimization of drive train operation 
In accordance with established standards, our high-rating motors are equipped with a basic 
configuration of sensors to protect the motor [3], [4], [5], [6]. Precise information about the con-
dition of motor components and causes of failures can be obtained by enhancing the basic sen-
sor configuration and by processing and analyzing the recorded data. This enhanced approach 
includes condition monitoring, predictive maintenance and the potential for optimizing drive train 
operation. Table 3 shows selected examples for defects or abnormal behavior of motor compo-
nents that can be detected using condition monitoring or predictive maintenance. 

245



Rotor Stator winding Bearing 
Imbalance Aging of the stator insulation Wear and tear 
Misalignment Excessive temperature rise Damage 
Loose or cracked parts Ground/ interturn fault Instability 
Ground fault or interturn fault - - 
Torque pulsations - - 
Lubrication Heat exchanger Base frame and housing 
Oil leakage Temperature differences be-

tween the primary and sec-
ondary coolant 

Tightness of the motor hous-
ing with respect to pressuriza-
tion system 

Bearing jacking system Leakage detection Expected service life of me-
chanical components (moni-
toring external excitations) 

Contamination of the lube oil 
(content of oxygen, copper or 
iron)  

Determination of cleaning and 
replacement intervals 

Vibrational behavior 
(changes in the mechanical 
system or respectively the 
foundation) 

Cooling equipment - - 

Table 3:  Examples for defects or abnormal behavior of motor components that can be 
detected using condition monitoring or predictive maintenance. 

This data can be used to optimize drive train operation. 
• The pulsating torque of a reciprocating compressor produces current pulsations that 

the motor draws from the line and thus influences electrical loads on the local grid. 
These current pulsations can be limited using design measures such as increasing 
the motor inertia. However, the interaction between the electrical and the mechanical 
system offers potential for optimization. 

• Monitoring the starting procedure comprises run-up and pause times. Optionally, it 
can be enhanced by recording the temperature rise of the starting cage with the goal 
to accurately assess the thermal load of mechanical components. On the basis of 
this knowledge, it is feasible that the starting sequence can be optimized. In the case 
of an abnormal starting sequence, the remaining service life of mechanical compo-
nents can be determined based on “Digital Twins”. 

• The pulsating torque of a reciprocating compressor may affect mechanical compo-
nents. Alterations to the mechanical system, such as changes to the foundation, 
cracks or ruptures influence the mechanical resonance behavior. This can be identi-
fied using the appropriate vibration sensors. 
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Executive summary of the subject 

Maersk Oil UK operates the Floating Production Storage and Offloading vessel (FPSO) 
“Gryphon Alpha” in the North Sea with 114 people on board. This 260m long FPSO was built in 
1993; located north east of Aberdeen and produces 20,000 barrels of oil per day. On board are 
three high-speed (850 rpm) horizontal reciprocating compressors in re-ejection service of gas 
that came up with the crude oil. Initially the compressors had been equipped with limited 
condition monitoring equipment that did not provide satisfactory results for various reasons. 
From day one, earthquake sensors have been on the machine frames as safety protection 
measures. Several false alarms from these sensors as well as costly missed detects made an 
adjustment of the maintenance concept necessary. At a later time a kind of condition monitoring 
system was installed but did not have the ability for remote monitoring by specialist vendor. The 
system was not fully commissioned and never utilized or maintained. The only monitoring being 
carried out was manual valve temperature readings which gave limited fault diagnosis. After a 
number of significant and repeat failures it was recognized that a reliable online condition 
monitoring system was required for successful predictive maintenance, and to be used as a tool 
to prevent and or minimize damage resulting from equipment failure. 

In 2013 it was agreed to install a condition monitoring system with distinct features for 
reciprocating compressor diagnoses. The new system shall be based on acceleration and pV 
measurements. Next to this, the monitoring system shall provide gapless and dynamic piston 
rod movement diagnoses, because it is well recognized that many machine trips, based solely 
on acceleration or velocity signals, lack information for subsequent root cause analyses. Having 
a specialized system in place, all these requirements are fulfilled. However, the marine 
environment is an outstanding challenge for the diagnostic capabilities as well as for the 
hardware and system maintenance. 
Based on experience, this paper describes the special challenges presented by the introduction 
of a suitable online condition monitoring system for piston compressors in offline applications. In 
the process, the main focus lies on problems standing in the way of the use of the system for 
condition-oriented servicing. The following points summarize the content with which this article 
deals: 
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- Environmental conditions 
- Training efforts 
- Logistics 
- Servicing of measuring loops 
- Signal analyses on piston compressors 
- Examples of damages 
- Machine protection   

This article is naturally not intended to explain all detailed steps for introducing an online 
condition monitoring system for offline applications. Rather, it covers the special experiences 
and challenges since the commissioning of the system. 

Installation 

After the system was running for close on a year some deficits were detected. The monitoring 
system was installed in dry dock during a general inspection of the ship. This resulted in 
considerable logistical advantages. The final commissioning by the supplier of the system took 
place at sea a few weeks later. At this point, measuring loop errors were identified and 
remedied. Some of the glued sensor sockets fell off and sensitive sensor cables were damaged 
due to improper fastening. 

Figure 1: Broken vibration sensor – 
mounting base detaches from glue

Figure 2: Damaged sensor cable due to 
incorrect installation

After about three months at sea, problems then occurred with the pressure sensors. The 
measuring loop was connected to the sensor with an M16 aluminum screw plug. It emerged 
that, on the one hand, the threaded connection of the sensor for connecting the measuring loop 
had been damaged by strong compressor vibrations (Figure 3a) also the connections on the 
sensors were found to badly corroded (Figure 3b). The cause was determined to be 
electrochemical corrosion in interaction with the high salt content from the ambient air and 
moisture. 
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a) b) 
Figure 3: a) Shows the sensor cable connection socket with thread damage b) Cable 
connection socket with heavy corrosion 

In cooperation with the supplier and sensor manufacturer an appropriate solution was found 
very quickly. The sensors were dismantled during a shutdown and sent to the sensor 
manufacturer. The sensor manufacturer then converted the cable connection. Instead of a 
connecting plug, a cable integrated into the sensor with a length of 2 meters was installed. The 
end of this cable now possesses the connecting plug that can be seen in Figure 4. Through this 
measure, it was possible to install the cable in a way that the connecting plug is decoupled from 
the machine vibrations. The integrated cable also eliminates the problem of the corroded 
connections. During installation all the connections for pressure sensors and vibration sensors 
were also wrapped in self amalgamating tape to further eliminate the corrosive effect of the 
environment. 

Figure 4: Sensor with integrated cable after modification  
Additionally all the pressure sensors were connected to compressor using double block and 
bleed isolation valves with small bore tubing and fittings to orientate sensors in  vertical position. 
This led to issues due to increased number of leak paths. The valves, small bore tubing and 
fittings were subsequently removed and sensors were mounted directly onto compressor 
cylinders in a horizontal orientation. 

Further issues – after first problem solving  

After successful commission, the onshore personnel were trained in the handling of the 
software and the initial approaches for analyzing common machine errors. An important 
component of the training is the maintenance and servicing of the system/all measuring loops. 
This training, however, must also be provided to the three crews of the FPSO and should take 
place offshore live on the system since the shipʼs crew is responsible for performing the 
servicing measures. The implementation of such training requires considerable effort. The 
following prerequisites must be observed during planning: 
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• Scheduling of the training for each crew 
- Availability of the trainer on the part of the supplier 
- Offshore suitability of the supplier  
- Transport and accommodation of the supplier/availability of beds on board 
- Consideration of the crewʼs work load 

• Costs for performing each training course 

The abovementioned organizational efforts led to the first crew training being provided six 
months after the actual commissioning. 

Due to a lack of knowledge of the offshore personnel in the handling of the measuring loops 
and/or the entire system, measuring loops and sensors were repeatedly installed improperly 
during maintenance work in this time period (and beyond). As a result, pre-alarms and main 
alarms occasionally occurred due to damaged measuring loops. The measuring loops of the 
proximity sensors were particularly frequently affected. In addition, the shutdown alarms were 
not triggered early enough due to incorrectly adjusted sensors. Shutdown alarms also frequently 
occurred during maintenance work on the compressors. The frame vibration sensors (velocity) 
were mainly affected in this case. Since the offshore personnel had no knowledge in handling 
the system, these alarms were not reset, which often led to misinterpretations in the initial 
phase after the start of the compressor. 
For economic reasons, the downtimes of the compressors are limited to the minimum possible. 
The compressors were thus quickly recommissioned again after maintenance work. As a result, 
a function check of the measuring loops could often not be performed by the previously trained 
onshore personnel before the restart. Measuring loop errors were thus not discovered until the 
machines were running. Servicing could not be performed, however, until the next, regular 
shutdown of the respective compressor. 

Facing the consequences of continuous loop issues 

Neglecting the causes of the serious measuring loop errors and the faulty alarms, the reliability 
of the system was initially questioned by the offshore personnel. The consequences of this were 
an ignoring of the alarms provided by the system on the one hand and a medium-term loss of 
acceptance for the system if no improvement in the described situation were to occur. 
The abovementioned consequences naturally excluded the integration of the automatic 
shutdown function for machine protection. Frequent false alarms that would lead to a 
deactivation of the compressor were not acceptable for production, regardless of their cause. 
The challenge was now to determine and implement the steps in the right direction to prevent 
the predicted consequences and utilize the full potential of the system. 
There was no question that we had to accept this challenge due to the serious machine damage 
that had occurred in the meantime.  
Two of these damage incidents that occurred after the installation of the system are introduced 
on the following pages. Both damage incidents were analyzed and used as an expressive 
example for the use of the system and significance of proper measuring loop servicing. 

Broken Motor Fan

In the previously mentioned transition phases, frequent alarms occurred due to fault measuring 
loops. As a result, alarms were assigned to one of the compressors in the “Measuring loop 
error” category in case of serious damage. In this case, however, the observance and 
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evaluation of the alarms considerably reduced the extent of the damage. The fan of one of the 
drive motors suffered considerable damage while running. This resulted in a complete 
destruction of the fan blades. The compressor was ultimately shut down after an increase in the 
motor winding temperature, seven hours after the first alarm from the monitoring system. The 
motor had to be removed and sent onshore for internal fan replacement. 
The alarm from the monitoring system was triggered by a measuring loop for the monitoring of 
the engine shaft vibrations. An inductive proximity sensor was used for this purpose. High peak-
to-peak values were achieved in a horizontal measuring direction in particular, but also in a 
vertical measuring direction. Figure 7 shows the clear, sudden increase in the horizontally 
measured peak-to-peak values of the motor shaft vibration as a trend diagram. In addition, the 
alarms resulting from the increase can be seen as entries on the trend diagram (symbols in 
magenta at the top of the figure). 
The two pictures of the damage integrated into the trend diagram clarify the extent of the 
damage. 

Figure 5: Trend view of �Peak-to-Peak values of motor shaft vibration“ in horizontal direction 

Broken Piston Rod:

There are also examples of how the alarms to shut down the compressor were triggered too 
late due to improperly installed measuring loops. One of these cases was a broken piston rod. 
The measuring data show clear signal changes before the actual breakage. Due to an 
improperly set proximity sensor, the measuring signal was very close to the upper measuring 
range nonetheless. It can be recognized that the piston rod completed higher, vertical 
deflections a few seconds before the actual breakage. A shutdown would have taken place 
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based on the peak-to-peak values. Since the measuring signal was “cut off” in the upper 
measuring range, however, the necessary peak-to-peak values for the shutdown were not 
reached. The described behavior can be seen in Figure 6. The shutdown alarm took place five 
revolutions after the breakage of the rod due to high crosshead guide vibrations. These 
vibrations were caused by the rod hitting the piston. Figure 7 shows the signal of the piston rod 
position and crosshead track vibrations in the revolution of the piston rod breakage. 

Figure 6: Trend view of �Peak-to-Peak values of motor shaft vibration“ in horizontal direction 

Signal has been cut by the upper measuring range 

Peak-to-Peak value is close beneath the Safety Limit  
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Figure 7: Vibration and rod position signal from the ring buffer �revolution of piston rod break“ 

  
Figure 8: View from the piston side on the broken piston rod

  

Piston rod 
breaks at 
this point 

Broken piston 
rod hits the 
piston 
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Steps in the right direction 

To utilize the full potential of the system in future, solutions were defined internally and in 
cooperation with the suppliers that should make it possible in the medium term to implement the 
automatic shutdown function and thus automatic machine protection using the online condition 
monitoring system. Some of the following points are obvious, but, as experience has shown, not 
always easy to implement: 
1.) Reduction of the measuring loop errors/failures due to incorrect handling 

• Check of the measuring loop changes before every start of the compressor (using 
onshore personnel trained in remote access, among other things) 

• Creation of clearly defined handling instructions for the shipʼs crew for checking the 
measuring loops/setting the sensors 

• Efficient, timely training measures for the shipʼs crew 

2.) Simplified display of information from the system for the shipʼs crew 
• Definition of the most important information from the system for the shipʼs crew/machine 

operator for an easier handling of the system 
• Creation of a piping and instrumentation diagram (P&I) for each machine in which the 

most important information can be recognized at a glance 

3.) Support of the shipʼs crew by the supplier 
• Use of the 24/7 hotline by the shipʼs crew 
• Clear definitions as to the cases in which the supplierʼs hotline must be contacted 
• Weekly status reports (statuses of both the machine and the measuring loop) from the 

supplier

First achievements 

The implementation of the defined measures and resulting successes were checked and 
evaluated at regular interval. 
A clear improvement in the handling of the system by the shipʼs crew has already been 
determined. The number of measuring loop errors caused by maintenance work has been 
reduced considerably. Individual errors were able to be reliably identified by a regular check of 
the measuring loop through remote diagnosis and then subsequently remedied by the crew. 
The check of servicing measures performed on the individual measuring loops by remote 
diagnosis before each start of a compressor also lead to a considerable reduction of errors and 
false alarms. 
Another important point was the training effort for the core crew especially for the operators. To 
reduce the needed training effort (roughly one day for each group of operators) Maersk Oil 
decided to use a simplified display (P&I) which contains the most important information with 
reference to previous and most common damages in one view. 
Figure 9 shows an example of the simplified display of core information from the monitoring 
system. In addition to the alarm, this P&I diagram contains the statuses of all shutdown-relevant 
measuring loops, including the values of individual analyses. These analyses are calculated 
from the dynamically measured, internal cylinder pressures. Changes in these values due to 
leakage also lead to a change in color of the corresponding fields. This makes it possible for 
control room personnel to identify valve leakages quickly and easily.  
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The introduction of the simplified display of information from the online condition monitoring 
system, the considerable reduction of measuring loop errors and the readiness of the crew to 
work with the system already lead to an authorized, manual shutdown of the compressor due to 
a bent piston rod. 
Due to alarms from the system directly after the start of the compressor, the control room 
personnel decided to shut it down properly first. The subsequent evaluation of the measured 
values by the supplier of the system resulted in clear indications of a fault in the oscillating drive 
train. In Figure 10, the piston rod position in the described fault scenario is compared with a 
reference signal before the fault scenario. In the fault scenario, a clear lift in the piston rod can 
be detected in the movement from the top to the bottom dead center (TDC – BDC). The 
movement of the piston rod from the BDC back to the TDC, on the other hand, leads to a 
lowering of the piston rod. An alignment error was initially assumed. As the investigation 
showed, however, a piston rod was clearly bent. 
Maersk Oil experienced that the online condition monitoring and safety protection system 
provides important benefits compared to preventive or reactive maintenance philosophy if the 
general preconditions are met. We learnt that the integration of such a system requires more 
effort than a standard installation. This article summarizes the challenging events which 
occurred since the installation. Due to the positive achievements the activation of the automatic 
shutdown based on alarms from the condition monitoring system is planned presently. 

Figure 9: P&I – compressor overview with key information from the Monitoring System 
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Figure 10: Upper part of the screen capture shows the piston rod position signals in “good” and 
failure condition. The lower part of the screen shows segmented peak-to-peak values in failure 
condition along with the assigned Safety Limits. 

Final conclusion / lessons learnt 

The harsh offshore environment has strong influence on the functionality of some measuring 
loops and sensors and can lead to failures which make online condition monitoring a challenge. 
Suitable control measures need to be defined and communicated with all personnel involved. 
A key point for the maximum efficiency and reliability of such a system is the cooperation and 
acceptance by the core crew of the offshore asset. Definition and training of clear maintenance 
procedures are very important points to achieve good results in this part of implementation.  
A well maintained system together with the correct handling and usage provides key information 
for efficient predictive maintenance and machine protection. 

Green Signal:  Good condition 
Red Signal:  Bended piston rod 

Peak-to-Peak value is above the Safety Limit  
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Summary 
Chevron North Sea Limited  operates two 3-stage reciprocating compressors on the offshore 
platform which are in service of the Gas Compression and Export System unit. 
Essential information to evaluate the condition of the reciprocating compressor are a base for 
operation decisions, therefore Chevron North Sea Limited installed an online condition monitor-
ing system for reciprocating compressors to increase the reliability and safety protection for their 
compressors. 
This paper presents several case studies about malfunctions like a broken rod, loose crosshead 
shoes and misalignment, as well as lessons learned which helped to reduce outage time and 
costs.  

Introduction  
Chevron - Captain Field and Facilities 
Chevron is one of the worldʼs leading integrated energy companies being engaged in every as-
pect of the oil, natural gas, and geothermal energy industries, including hydrocarbon exploration
and production; refining, marketing and transport; chemicals manufacturing and sales; and 
power generation. The upstream business combines innovation and the effective use of tech-
nology to maximize mature fields, discover new resources and meet the world's growing de-
mand for energy. 
Chevron has key operations in the world's most important oil and gas regions including the 
North Sea within which is the Captain Field. 
The Captain Field is located in block 13/22a in the United Kingdom sector of the North Sea, 
approximately 130 km northeast of Aberdeen. Chevron North Sea Limited and Dana Petroleum 
(E&P) Limited hold licence interest shares of 85% and 15% respectively in the Field and the 
Field is operated by Chevron North Sea Limited. 

Figure 1: Captain Field Location Map 
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The field was discovered in 1997 and developed in three stages; 
• Area A - Platform Drilling 
• Area B - Subsea Drilling (east) 
• Area C - Subsea Drilling (far-east) 

The Captain development consists of a Floating Production Storage and Offload facility (FPSO), 
a Wellhead Protection Platform (WPPA) and the Bridge Linked Platform (BLP). 

Produced fluids consisting of oil/gas/water from the wells are treated through a single process 
train on the BLP and FPSO. Gas, in excess of fuel demands, is exported to the Frigg gas pipe-
line system and oil is exported via shuttle tankers loaded from the FPSO. 

Figure 2: Captain Facilities Map 

Gas System Overview 
The Captain Field gas liberated through partial stabilization of produced fluids is utilized to meet 
the fuel gas requirements of the platform power generation turbines. The remaining gas is com-
pressed and dehydrated for export to the Frigg pipeline system via a 70 km 8" export flow line. 
Gas in excess of fuel requirements is routed to the Gas Compression Package A-4760. The 
maximum A-4760 throughput is 18 mmscf (Million standard cubic feet per day).
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Following removal of entrained liquids, the gas stream is split and routed to two identical Recip-
rocating Gas Compression Trains, A-4760A and A-4760B. Each train consists of three stages of 
compression with inter stage cooling and liquid knockout. Liquids removed from the gas stream 
in each train are routed under level control to a Gas Scrubber Vessel. 
High pressure gas from Compressor After coolers is connected and routed to a Common Dis-
charge KO Drum. From there the gas enters a Glycol Dehydration System which dehydrates the 
gas by contact with Tri-Ethylene Glycol (TEG) to the required export water dew point specifica-
tion. The gas is then metered and delivered to the Frigg pipeline for export. 
The Gas Compression and Export System is supported by lubricating oil and cooling water sys-
tems, and also interfaces with other utilities systems, Inert Gas (Nitrogen), Drains, Compressed 
Air and Flare Systems. 

Gas Compression Train A-4760A 
Type Induction 

Power 1815 kW 

Rated Speed 890 RPM 

Bearing Lubrication Self Lubricated (Oil Ring) 

Coupling Flexible Rubber Segmented Membrane 

Table 1 Main Electic Motor KM-4760A 

The main drive motor for Compression Train A is an HV induction motor. 

Motor to Compressor K-4760A coupling utilises a flexible rubber segmented membrane-type 
coupling designed to accommodate slight lateral, angular and axial misalignment between the 
two machines. 
Type 3-Stage/4-Cylinder, Horizontally Opposed, High Speed Reciprocating 

Capacity 10358 Nm³/h (7670 kg/h) 

Gas Molecular Weight 16.4 – 16.52 

Driver Electric 

Table 2 Gas Export Compressor K-4760A 

Gas Export Compressor K-4760A is an electrically-driven, 3-stage, 4 cylinder reciprocating 
compressor. 
Gas enters Compression Train A-4760A and the first compression stage K-4761A via a 1st 
Stage Suction Volume Bottle. There is a volume bottle at the suction of each stage. The pur-
pose of these bottles is to minimize gas pulsation and starvation in the compressor suction re-
sulting from the intermittent gas flow in and out of the reciprocating compressor cylinder. 
The first stage of compression in cylinders 2 and 4 raises the pressure of the gas to 21.6 barg.  
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Gas then enters the 2nd compression stage via a 2nd Stage Suction Volume Bottle. The 2nd 
stage of compression raises the pressure of the gas from approximately 21 barg to 67.6 barg 
maximum. Compression is carried out in cylinder 3.  
The gas is then directed to the 3rd compression stage from the last Suction Volume Bottle. The 
3rd stage of compression raises the pressure of the gas to approximately 187.3 barg. Compres-
sion is carried out in cylinder 1.  
Gas from V-4764 is then routed to the Glycol Dehydration System and Glycol Contactor for de-
hydration to Frigg export pipeline water dew point specification. 
The compressor has a sister unit, K-4760B, that is the same type and specification of machine. 
It is currently out of service for structural redesign giving K-4760A a heightened criticality to pro-
duction with high availability required for efficient operations. This provided the justification for 
deployment of an online condition monitoring system.  
Reciprocating Compressor Health Monitoring 
The two reciprocating compressors are monitored by an online condition monitoring system. 
With the goal to establish a condition based maintenance strategy, a detailed knowledge of the 
machinesʼ behavior is essential. Vibration measurements at each crosshead slide and at frame, 
in combination with dynamic indicated pressures and rod position are constantly collected and 
analyzed with hard- and software thresholds. The online condition monitoring system synchro-
nizes the vibration signals with crankshaft rotation to associate vibration peaks to the piston 
position along the stroke. This provides machinery protection and detailed information of ma-
chine condition.  
Main drive winding temperature is monitored by the starter motor protection relay. Motor cooling 
is effected via an integral air-to-air heat exchanger. On high exchanger temperature an alarm 
will be initiated in the Unit Control Panel (UCP) and Integrated Control System (ICS). Continuing 
rise in temperature will trip the motor. 
Motor bearing temperature monitoring and over temperature protection is provided for the Drive 
End (DE) and Non-Drive End (NDE) respectively. On high temperature, an alarm will be initiated 
in the UCP and repeated in the ICS. Continuing rise in temperature will initiate a trip of the mo-
tor. 
Also provided on this unit is DE and NDE bearing vibration monitoring and protection. Vibration 
of 7.1 mm/sec will trigger an alarm in the UCP and the ICS. Rise in vibration to 11mm/sec will 
initiate a trip of the motor. 
Crosshead Acceleration 
The mechanical safety of each throw is monitored by accelerometers, which are mounted on 
the top of each crosshead slide. Placing accelerometers over each crosshead slide provides the 
best method to detect machinery problems due to impact-type events. Acceleration spikes in 
the waveform refer to the response of impulse events, occurring during normal operation 
As parts wear over time, the mechanical clearances increase. The extra clearance gives the 
parts more distance to gain velocity and the impacts between the components become more 
energetic. As examples, such impacts can occur between the crosshead and its guide, as the 
babbitt of the crosshead shoes slowly erode. Loose rod nuts or bolts, worn pins as well as liquid 
ingestion can be detected in early stages of development. 
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The mechanical impacts produce a high frequency structural vibration, which is characterized 
by a high amplitude peak, followed by a “ring down”. Crosshead acceleration signals are nor-
mally in the range of about 0.7 to 2.0 g.  
Frame Velocity 
Two Frame velocity transducers on the side of the frame monitor the response of the system to 
the main forces and moments that are occurring on the balanced-opposed compressors. If used 
for machinery protection, these velocity measurements provide additional safety monitoring ca-
pabilities.  
Frame velocity measurements monitor malfunctions such as imbalance due to unusual pressure 
differential or inertial unbalance, looseness in the foundation attachment (such as deteriorating 
grout or shims) and high moments caused by excessive rod load. 
However installing frame vibration transducers only may be insufficient, as the increase in frame 
vibration due to incipient failures developing at the running gear or cylinder assembly will be 
small and typically covered by the larger vibration contribution due to machine movement. By 
the time the malfunction has been detected by the frame velocity transducer and the compres-
sor shut down, major secondary damage may have already occurred. [1] 

Figure 3: Overview of the compressor with installed measurements 

Cylinder Pressure and Forces Monitoring 

The single most effective way of determining the overall health of a reciprocating gas compres-
sor is by examining the cylinder pressure profile. Online access to the internal pressure for each 
compressor cylinder enables continuous monitoring of cylinder pressures, compression ratios, 
peak rod loads, and rod reversal. This provides valuable information on the condition of suction 
valves, discharge valves, piston rings, packing glands, and crosshead pin. In addition, the func-
tionality of capacity control devices, such as unloaders, clearance pockets and stepless control 
systems can be analyzed. 
From the diagnostic standpoint, the dynamic cylinder pressure measurement provides great 
value. The ability to correlate events in the crosshead acceleration waveform with events in the 
pressure, rod load curve and crosshead vertical force plots is essential. This enables to make 
precise maintenance decisions, to exchange the failed parts, only. 
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Figure 4: Crosshead acceleration overlaid with rod loads 
The figure above displays the overlay of the filtered (3-2000 Hz) crosshead acceleration signal 
with impulse events caused by a loose piston. In addition, the rod loads over one revolution are 
presented. At the point A, the gas load (blue line in the rod load plot) changes from compression 
to tension forces and vice versa at point B. The significant impulses of the crosshead accelera-
tion occur exactly at these points.  
For most reciprocating compressors, the mass of the piston is much smaller than the total recip-
rocating mass. If the piston to piston rod bolted joint relaxes, the piston will begin to slide on the 
rod. Since the inertia of the piston is small, the impacts between the piston and rod occur near 
the gas reversal points. 

Vertical Crosshead Force

As the crankshaft turns, the combined rod load (inertia- and gas load) at the crosshead pin var-
ies. As a result, the forces acting at the crosshead can be calculated directly by the monitoring 
system using the cylinder pressures and geometrics of the reciprocating components. 
The crosshead transmits the axial acting pressure loads to the piston through the piston rod and 
absorbs the dynamic forces produced in a direction perpendicular to the horizontal axis of the 
motion.  
The figure below shows a force reaction diagram with summation of all of the forces that are 
acting on the crosshead pin. The angle Ф can be found from the known dimensions of the 
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crank-slider mechanism.

Figure 5: Balance of forces acting on the crosshead pin 

Throughout the pistonʼs stroke, the horizontal component of the connecting rod force (FCR ) 
balances out the Rod Load Force (FRL) generated at the piston rod. With respect to crankshaft 
rotation, the vertical force (FCY) applied to the crosshead pin is affected.  
With the exception of the dead center positions, the acting forces at the connecting rod include 
a horizontal force (to counter the gas and inertia forces acting on the wrist pin) and a vertical 
force, which is in downward or upward direction. When crank angle is 0 or 180 degrees, the 
connecting rod is directly in line with the cylinder bore, and it is incapable of imparting vertical 
forces to the crosshead. At these crank angles, the vertical force on the crosshead will be zero 
regardless of the combined rod load. At all other crank angles, the loaded connecting rod pass-
es a vertical force component to the crosshead pin. 
If this vertical force is in upward direction and exceeds the weight of the crosshead, the cross-
head will physically lift off the lower guide and be pressed against the upper guide. The down-
ward restraining force that is being applied to the crosshead pin is caused by the crosshead 
weight and the reaction between the upper crosshead shoe and the upper surface of the cross-
head guide. This is the secondary motion of the crosshead motion which takes place across the 
clearance between crosshead and crosshead guide  
Thus, the crosshead moves periodically against the inner surface of the crosshead´s lower and 
upper guide which introduces consequently impact-induced vibration, which is one of the 
sources of vibration in reciprocating compressors. 
At balanced opposed vertical compressors, in the case of the left crosshead (which is being 
pulled downward by its connecting rod), the weight of the crosshead adds to the downward ver-
tical load component. For the right crosshead (which is being pulled upward by its connecting 
rod), the weight of the crosshead is subtracted from the vertical load component. . However, for 
a small time period in either case, the force does act opposite of the expected direction.[1] 
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Figure 6: Up- and down- running crossheads  

Rod Position Monitoring 
Horizontal and vertical proximity probes, mounted in an orthogonal arrangement, observe the 
piston rod movement. Continuous monitoring over time measures the rider band wear. But in 
addition, the peak to peak displacement along the piston stroke allows conclusions to the condi-
tion of the rod.  
In the figure below, the three rod position plots (orange, blue, red) illustrate three different stag-
es of a machineʼs condition. The yellow & red dashed arcs represent estimated alarm thresh-
olds (alert & danger, respectively) from the bore clearance extrapolated back to the measure-
ment plane. If the piston rod shifts more than 60 mils / 1520 µm from the geometric center in 
any direction, then an alert condition would be raised to prevent actual piston to cylinder liner 
contact.  

Figure 7: Example for Rod Position Monitoring displaying the rod position in three different 
stages of machine´s health 
The orange trace shows the piston rod motion in reference/baseline conditions with new rider 
bands. The low amplitude and proximity of the piston rod centerline to the geometric centerline 
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indicates that the throw is running smoothly with low peak-peak displacement and Position 
Magnitude values.  
The blue trace shows the rod position at a later time as the condition progresses. The peak-
peak displacement  has increased slightly; however, the Position Magnitude is much larger and 
more significant.  
And finally, when the machine is in an alarm condition (red sample), the peak-peak is much 
larger along with the rod position clearly indicating an alert condition. In this state there is great-
er potential for contact with the cylinder wall; however, it should be noted, that the equivalent 
vertical displacement reading is still indicating much less than the alarm value. This example 
shows the benefit of the horizontal transducer for a fully 2 dimensional measurement. [2] 

Cases - Condition Monitoring helps to define precise maintenance decisions 

Case: Broken Rod at Throw 2, 1st stage 
On July 25th the Machinery Protection System tripped the reciprocating compressor due to high 
frame velocity vibration. The trend showed a sudden increase from 3 mm/s RMS to above 40 
mm/s. The accelerometer, mounted above the crosshead slide at throw 2, 1st stage displayed 
the same symptoms of rapid vibration increase. Also observed in the preceding minutes to trip 
was an indicated fall in throw 2 rod position.  

Figure 8: Trend of the two frame velocity measurements on 25 Jul 2015  

Following the machine stop, the throw 2 covers were removed for internal inspection by the me-
chanical team and the compressor was barred over. It was reported that nothing unusual was 
observed in the course of these activities and that next a restart of the compressor should 
commence.  
However, based on the initial data review, it was considered that prior to attempting a machine 
start a more detailed analysis of the diagnostics should be performed to fully understand the 
shutdown characteristics.  
This encompassed a variety of in-depth dynamic assessments detailed as thus: 
The following crank angle based vibration plots illustrate the sequence of events of the 1st 
stage, Throw 2 at K-4760 A on July 25th. 
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Two minutes before the failure, the crosshead acceleration waveform (upper right plot) shows 
no indication of a developing failure. The piston rod peak to peak movement of 500 µm (lower 
right plot) indicates a typical movement. The cylinder pressures (lower left plot) and the calcu-
lated gas- inertial- and combined forces (upper left plot) are normal. 

Figure 9: 25 Jul 2015 17:38:36 h – normal behavior 

46 Seconds before the rod breaks, no indications are visible at the crosshead vibration, but 
peak to peak movement at the piston rod increases up to 950 µm. It seems that the rod is al-
ready cracked, because the highest peak to peak movement occurs in the area of the rod load 
reversals. 

Crosshead acceleration 

Piston Rod movement: pp ~ 500 µm 
Dynamic Pressures: normal 

Forces
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Figure 10: 25 Jul 2015 17:39:59 h – 46 seconds before the rod breaks.  

As the failure develops, the piston rod peak to peak movement increases significant. The cross-
head acceleration waveforms show a slightly higher acceleration in the load reversal areas – 
which would not provide an alarm, yet. 

Rod load reversal area 

Piston Rod movement: pp ~ 950 µm 

Forces
Crosshead acceleration 

Dynamic Pressures: normal 
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Figure 11: 25 Jul 2015 17:40:41 h – 4 seconds before the rod breaks.  Crosshead vibration sig-
nature changes slightly, but peak to peak movement at the piston rod increases up to 1300 µm.  

Figure 12: 25 Jul 2015 17:40:45 h – Rod is disconnected.  

Piston Rod movement: pp ~ 1300 µm 

Piston is disconnected, no 
pressures are built up

A 

A 

Dynamic Pressures: normal 

Crosshead acceleration slightly changes Forces

Forces
Crosshead acceleration  

Piston Rod movement 

271



The figure above represents a revolution, where the rod is already broken. When the reciprocat-
ing components travel from the Bottom Dead Center (180° crank angle) in direction to the Top 
Dead Center (0° / 360° crank angle), they hit the disconnected piston at point A and pushed it 
towards Top Dead Center. Due to the acceleration of the piston, the head end cylinder pressure 
increases (orange line in lower left plot). The collision of the disconnected rod and disconnected 
piston is also visible in the high amplitude of the crosshead acceleration at point A (plot upper 
right). The amplitude remains in the Top Dead Center, as the piston pumped the cylinder head. 
During machine stop, the following revolutions displayed the sharp impulses, when the recipro-
cating components hit the disconnected piston. 

Figure 13: 25 Jul 2015 17:40:49 h – Rod is disconnected. The sharp knock is again at the point 
where the reciprocating components hit the disconnected piston  

The detailed analysis of the reciprocating diagnostics provided the foundation for a decision not 
to attempt a restart of the compressor and to instead mobilize materials and Original Equipment 
Manufacturer (OEM) field engineers offshore for confirmation and replacement of a sheared 
piston rod at cylinder 2.   

Piston Rod movement 

Forces
Crosshead acceleration  

Dynamic Pressures 
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Figure 14: After the crank end suction valve was removed, the disconnected rod became visible 
Lessons learned from this failure: during the course of the event investigation and data analysis 
a number of parameters were identified with the potential for providing early warnings as to the 
presence of a machine operating environment that could instigate a propagation of mechanical 
defects. In addition, a further layer of shutdown protection limits, to prevent significant second-
ary damage during failure occurrences, were defined. This enhanced machinery protection con-
sisted of peak to peak displacement of the rod movement with Alert level at 750 µm peak to 
peak and 900 µm peak to peak for Danger and crosshead acceleration boundaries which were 
included into the trip logic. 
From the Root Cause Analysis investigation it was highlighted that five days prior to failure, the 
1st stage suction pressure upstream (red trend line in figure below) of the compressor started to 
become more erratic and that this was initiated by a gas scrubber pressure spike. Subsequently 
the gas scrubber behavior became erratic and the export compressor suction pressure started 
to increase in range. The cause of this was narrowed down to the gas recycle valve controlling 
irregularly.

Figure 15: Trend of erratic suction pressure before the failure 
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Reviewing the liquid carryover potential at the time, the levels in the vessels hadnʼt been any 
higher than normal. Deducing from all the associated data and information; fluctuating pres-
sures and therefore changing in the compression ratio could have led to component stress and 
ultimately to the rod failure.  

Figure 16: Trend of pressure ratio of both 1st stages before the failure 
When machines stop – problems start 
Subsequent to the verification of the broken piston rod on line 2 and further assessment by the 
OEM field service engineers; to enable a rapid turnaround restoration to get the machine back 
to an operational ready state, a repair was progressed utilizing materials from the B machine. 
The plan was to undertake a more extensive refurbishment during the planned 12,000 hour ser-
vice in November. A successful post repair start of the compressor was initiated on the 17th of 
August. 

Figure 17: Overall vibration level of all four crosshead accelerometers after the repair of the broken rod 

At time of compressor pressure instabilities, 
cylinder 2 and 4 compression ratio becomes 
very erratic and goes above the OEM rated for 
1st stage is 4.4. 
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An assessment of the compressor in operation highlighted a higher than expected Throw 2 
crosshead acceleration value, exactly the throw with the disconnected piston rod. The vibration 
level was three times higher when evaluated against the usual level and in comparison to the 
other throws. This prompted further analysis and investigation. 
The cause for the high crosshead acceleration became visible in the crank angle domain. A 
large impulse with an amplitude of 6g´s (Band pass-filtered: 3-2000 Hz) occurred at around 
310° crank angle at the cursor position followed by a second impulse at 110° crank angle (Fig-
ure below, upper right plot).  
In addition, the piston rod moved slightly during  these events (lower right plot). 

Figure 18: Crank angle based plots after the exchange of the broken rod 

To determine the nature and severity of an impulse/impact event from a crosshead acceleration 
signal waveform, the most appropriate analytic methodology is based on signal timing. Even 
when peaksʼ position in crank angle domain is tracked, the large number of mechanical events 
occurring in a reciprocating compressor cylinder and running gear components present a real 
challenge for those attempting to determine the source of a knock. [1] 
The synchronization of the vibration signal with crankshaft rotation did not associate vibration 
peaks to gas load or combined rod load reversal positions along the stroke (upper left plot). 
Thus, a loose piston to rod or crosshead to rod connection could be excluded. 
As introduced in the chapter “Vertical Crosshead Force”, the secondary motion of the crosshead 
occurs across the clearance between crosshead and crosshead guides.  
If this vertical force is in upward direction and exceeds the weight of the crosshead, the cross-
head will physically lift off the lower guide and be pressed against the upper guide. After reach-
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ing the maximum vertical force, the crosshead will drop down and continue travelling on the 
bottom guide.  
The overlay of crosshead vibration, piston rod position and vertical force showed that the im-
pact-induced vibrations were related to these areas where the crosshead moves periodically 
against the inner surface of the crosshead´s upper and lower guide. In addition, the dynamic rod 
position displays unusual movement in these areas. Based on this it was recommended to keep 
monitoring for any deterioration and to check the crosshead shoe to guide clearance at the next 
planned service.  

Figure 19: Overlaying of the vertical force (buttom left) with crosshead vibration and rod position 
Due to the production critical function of the gas compressor and the extensive real time diag-
nostics and monitoring capability at the disposal of diagnostics engineers, it was decided to 
modify the surveillance attributes and introduce additional crosshead vibration into the trip logic 
of the machinery protection system. 
This allowed continued operation of the compressor with added confidence that if the fault dete-
riorated the unit could be shut down safely without incurring additional damage.  
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Figure 20: Trend of crosshead vibration, left: during critical operation condition, right: after repair 

One week later, instability of the crosshead vibration started and resulted in the monitoring 
channel blipping into the new alert level of 7.5 g´s. The decision was made to stop the machine 
for the planned overhaul. 
As the connections between the crosshead/rod and rod/piston were confirmed to be tight, the 
technicians inspected the crosshead assembly also and found the following issues: 

• When the crosshead was removed, wear was found on the body due to contact with the 
con rod small end bush. The small end bushing was verified and the dimensions found 
to be ok, but the bushing was not centered on the connecting rod and was in fact flat on 
the pump side and out on the motor side. 

• The bottom crosshead shoe was found to be slightly loose from the crosshead body. 
The lock plate was open. 

Findings highlighted that the crosshead was working with reduced clearances as a result of the 
bottom shoe being slightly loose. This was as a consequence of the small end bush not being 
fully centered, initiating a state of no axial clearance and friction within the crosshead body sur-
faces.   
The abnormalities were rectified and the machine was put back in service. The resultant cross-
head vibration level of 2 g´s pk was normal and three times lower than before. Condition moni-
toring had enabled swift location of the defect and ensured reduced downtime.  

5 Conclusion 

Machinery protection and condition monitoring system data can provide supplementary func-
tionality and vital information when running on the edge of an equipmentʼs working envelope. 
Having the authority of extensive real time reciprocating diagnostics and the facility for continu-
ous trending and modeling ; this opens up additional opportunities for machine operation under 
extenuating circumstances. The augmented capability derived ensures prompt and expedient 
diagnosis of abnormalities and confidence in running with these defects whilst minimizing and 
mitigating the associated threats.  
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Summary 
The demand for higher compressor availability and lower investment costs for new compressors 
has traditionally been the key driver for advances in valve technology. In recent years, however, 
greater awareness of operating and capital costs, and the need to save energy, has also driven 
the demand for more reliable and efficient valves. 
Improved sealing element materials and better simulation methods have paved the way for 
higher lifetimes of standard plate, poppet, and ring valves over the last decade. However, small 
gains in efficiency have often been bought dearly through sacrificing valve lifetime, i.e. 
unplanned compressor shutdowns. 
Fundamental research backed by the latest FEA and CFD simulation technologies has given 
new insight into the reasons for the limited improvement potential of todayʼs various valve types. 
It has been found that a hybrid approach, referred to as profiled valve plate technology, has the 
potential to overcome previous technical limitations and hence to improve both reliability and 
efficiency. This new valve design, featuring a sealing element made from a new impact-resistant 
material, helps to reduce costs for compressor OEMs through its superior efficiency, especially 
in medium- and high-pressure cylinders. By enabling service intervals of three to five years, 
depending on the specific application, valve service costs can be cut by more than 70%. 
Profiled valve plate technology yields substantial improvements in reliability and efficiency, as 
outlined by three case studies presented in this paper. In the first case study, the run time of a 
trouble-prone compressor in a refining application was increased from a few hundred to several 
thousand hours. The second case study shows how energy savings due to increased valve 
efficiency reduce operating costs to an extent that leads to payback times of a few months. The 
third case study shows how investment costs for new compressors can be brought down by 
reducing the required number of valves and even cylinders. 
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1 1 Introduction 
Reciprocating compressors are key elements of many processes in chemical and petrochemical 
plants. Since the valves determine the overall performance of the compressor more than any 
other component, the demand for increases in valve lifetime and reliability has been the 
traditional key driver for new valve technologies. However, nowadays there is also a growing 
awareness of operating and capital costs. Operators of reciprocating compressors demand 
higher power densities and fewer valve pockets, in order to reduce investment costs. They also 
require reliable and efficient valves, so as to reduce operating costs. With standard valve 
technology having more or less reached its physical limits, sufficient valve lifetime in demanding 
applications can only be obtained by sacrificing valve efficiency. 
At the 7th EFRC conference in 2010 in Florence [1] the profiled valve plate concept was 
presented for valve diameters up to 100 mm. This valve type is now running very successfully in 
many critical applications, thereby preparing the ground for the next generation of new and 
larger valves for even more demanding applications. 
Fundamental investigation made it clear that a comprehensive development strategy covering: 

• fluid mechanics, 
• structural mechanics, 
• material science and composite material technology, and 
• manufacturing technology 

is required to push the limits of valve technology beyond current ones. It has also turned out 
that the findings stemming from these fundamental investigations need to be incorporated into 
the engineering tools used in valve design in order to fully exploit the potential of this new valve 
generation. 
2 Requirements to be met by modern compressor valves 
Recent developments in compressor design have tremendously strengthened the market 
position of reciprocating compressors. These machines can nowadays operate at pressures 
beyond 1,000 bar, capacities up to 250,000 SCM/h, and power consumptions of 20 MW and 
above. 
Initial investment costs can be reduced by going to fewer but larger cylinders – which poses the 
challenge of keeping the valve losses within reasonable limits while significantly increasing the 
flowrate through each valve. Energy savings, which result in lower operating costs, can be 
achieved in two basic ways. On the one hand, components can be made more efficient. On the 
other hand, compressors then can cope efficiently with changing operating conditions will 
reduce energy wastage. Since the valves are the main reliability-determining components of the 
compressor, maintenance costs can be reduced by increasing valve reliability and lifetime. 
Thus, the next-generation valve has to excel in the following areas: 

• reliability: the valve should no longer be the component that limits the maintenance-free 
run time of the compressor; 

• robustness: with sealing elements made from materials that tolerate particle-laden 
gases and harsh operating conditions; 

• efficiency: 30% higher efficiency to allow for higher cylinder capacities. 
• strength: with heavy-duty seats and sealing elements for differential pressures up to 

1,000 bar, yet without sacrificing valve efficiency.
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3 Next-generation compressor valve technology for demanding applications 
Reconciling these apparently conflicting targets requires a holistic and interdisciplinary 
development approach. The profiled valve plate technology has already demonstrated its high 
potential [1]. Extending this to even more demanding applications, however, requires a deep 
dive into the research areas of materials, manufacturing technologies, and valve design. 
3.1 Materials research 
The sealing element of the valve is exposed to a dynamic load collective arising from the 
opening and closing impacts during operation, typical failure modes being crack initiation, crack 
propagation and subsequent valve plate failure (Figure 1, left). Suitable sealing element 
materials are thus characterized by their ability to withstand this dynamic load. However, it is 
well known that commonly measured material properties such as tensile strength, tensile 
elongation, modulus, and so on are poor indicators for assessing whether a material is capable 
of resisting this fatigue load. 
It is thus of great importance to test sealing element materials under conditions closely 
resembling compressor conditions. This can be done on a specially designed test rig (Figure 1, 
right). This is basically a serial reciprocating compressor with two cylinders, modified with a 
special cylinder head that carries a chamber in which the cyclic impact resistance of small-
diameter sealing elements can be tested. By achieving two times higher impact speeds than in 
most demanding applications in real-world compressors, this setup allows for accelerated 
lifetime testing. Long-term field experience has provided correlations between the performance 
of a material on the test rig and performance in the field. 

Figure 1: Valve plate failure (left) and schematic sketch of the lifetime tester (right). 

By this means, the effect of different base polymers, additives, fiber types, and filler amounts 
can be systematically investigated. As a result, a new PEEK-based material has been 
developed that shows outstanding performance (Figure 2). 

Figure 2: Lifetime test results of common fiber reinforced PEEK and the newly developed PEEK 
grade. 
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3.2 Manufacturing technology 
Apart from resistance to cyclic impact, valve plates also have to exhibit great robustness when 
being kept open by an unloader in reverse-flow mode (see section 0). This robustness has been 
achieved by using carbon-fiber reinforcement. Since the shape of the mold affects the resulting 
fiber orientation, the interaction between material, mold, and injection molding process is of 
utmost importance. This interaction has been made use of so as to arrive at an optimum fiber 
alignment with respect to thermal expansion and plate stiffness. 
The need to bridge the gap between the requirements to be met by the sealing element material 
and the design restrictions limits potential manufacturing methods and technologies. One 
technology satisfying all the requirements is injection molding, which offers the greatest freedom 
in the design of the valve plate (Figure 3). However, standard injection molding processes 
exhibit severe disadvantages, such as the formation of weak spots in the material – so-called 
weld lines – where two melt streams join during the injection process [2],[3]. Hence, these valve 
plates require an injection molding technology far beyond the capabilities of standard 
technology. 

Figure 3: A profiled valve plate produced by 
injection molding.   

Figure 4: Ejection side of a mold for 
producing profiled valve plates. 

At the heart of the manufacturing process is the injection mold (Figure 4). For the profiled valve 
plate technology a novel and patented molding technology has been developed where the fiber 
orientation and the weld-line formation are actively influenced during the injection process [4]. 
Using melt-flow simulations [5] to optimize process parameters (Figure 5), it is possible to orient 
the fibers in the direction of maximum stresses, resulting in plates of highest robustness and 
strength. 
Apart from optimizing plate strength, special attention was paid to minimizing the difference in 
thermal expansion between the steel valve seat and the thermoplastic profiled valve plate. The 
aim is to ensure optimum sealing behavior of the valve over the entire operating temperature 
range. With the thermal elongation of steel being typically an order of magnitude lower than that 
of thermoplastics, leakage would increase tremendously with operating temperature if no 
countermeasures were taken. By deriving an optimum combination of design, material, and fiber 
orientation, however, it is possible to create a valve plate that exhibits a similar radial thermal 
expansion rate to that of the valve seat, so the valve seals well at all operating temperatures. 
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Figure 5: Melt-flow simulation of a valve plate showing locations of weld lines and fiber orientation. 

3.3  Valve design 
In the standard approach to designing valves, the valve components are optimized more or less 
independently of each other. In contrast, a holistic approach sets the development focus on the 
valve assembly as a whole. Cutting-edge simulation tools for structural mechanics and fluid 
dynamics have been applied. For the structural analysis of the seat, a new fatigue criterion (the 
FKM criterion, see [6]) has been used, taking into account not only the three-dimensional stress 
tensor but also stress gradients. Applying this fatigue criterion can achieve a much better match 
between calculated seat strength limits and physical ones, compared to standard fatigue criteria 
such as the equivalent von Mises stress approach (Figure 6). Computational fluid dynamics 
(CFD) calculations have been performed in parallel to optimize pressure losses without 
sacrificing seat strength (Figure 7). 

Figure 6: Finite-element seat strength analysis (top) showing the fatigue criteria limits (red regions) and 
the difference between a standard fatigue criterion (above left) and the improved FKM criterion (above 
right).  
Figure 7: CFD results showing the optimized flow field for a given seat geometry, with streamlines (left) 
and flow velocity (right). 
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Applying this simulation strategy to the entire valve family has resulted in up to 30% higher 
maximum allowable differential pressure levels, compared to similarly sized valves designed 
using conventional methods, and seat clearance volumes that are up to 20% lower. 
Furthermore, the valve plate and the guard have been designed to strike an optimum balance 
between minimizing oil stiction (less oil stiction on the guard leads to lower closing impact 
speeds) and maximizing gas damping (more gas damping means lower opening impact 
speeds). This allows the technology to be used in applications requiring the highest pressures 
without reducing the reliability or lifetime of the valve. 
A novel spring pocket and guidance systems has also been introduced. The spring pockets are 
equipped with patented spring savers made from a nonmetallic tribological material. These 
spring savers stop the spring coils contacting the spring pocket. In combination with the unique 
way the valve plate is guided directly by the springs, the risk of spring failures during operation 
is greatly reduced. 
3.4  Challenges arising from capacity control systems 
A capacity control system is required to adjust the amount of gas delivered by a compressor. 
For reasons of energy savings and process control, stepless reverse-flow regulation has 
become the most popular approach to controlling capacity in demanding applications. With an 
unloader keeping the suction valve open for a well-defined period of time during the 
compression stroke, only the required amount of gas is compressed; the remainder is pushed 
back into the suction line. 
However, this approach poses significant challenges, as outlined in [7], not only to the actuator 
controlling the motion of the unloader but also to the sealing element of the suction valve. 
Owing to the valve losses, the cylinder pressure is higher than the suction pressure during the 
reverse-flow phase, resulting in a pressure differential ∆preverse across the valve. This pressure 
differential drives the flow of gas out of the cylinder into the suction plenum while the suction 
valve is open. The reverse-flow force gives rise to bending stresses in the sealing element, 
whose resulting deflections reduce the flow area of the valve. This in turn increases    ∆preverse
and hence the reverse flow force. As the suction valve closes, the valve flow area decreases 
further, so there is a steep rise in ∆preverse. This is most pronounced when the suction valve 
closes at the point where the piston is at the mid-cylinder position, and hence travelling fastest. 
For the valve to operate reliably in challenging applications for many years, and thus for billions 
of load cycles, the sealing element has to be of highest robustness. On the other hand, the 
valve has to be very efficient to keep the reverse-flow losses low. A high valve efficiency means 
not only lower reverse-flow forces but also less heating of the gas during part-load operation. 
The latter point is essential in applications requiring high turndown while keeping the discharge 
temperature below critical limits. 
To precisely predict the loads to which the sealing element is exposed in a reverse-flow 
capacity-controlled application, fluid-structure interaction (FSI) simulations have been 
performed. It is important to take into account the fiber orientation in the valve plate. The upper 
part of Figure 8 shows how the gas pressure arising from reverse flow varies over the surface of 
the valve plate. The lower part of Figure 8 shows the corresponding stresses and deflections of 
the valve plate. These deflections (which are exaggerated in the diagram) mean that during the 
closing event, parts of the valve plate will contact the seat before the valve is fully closed. This 
effect is also accounted for in the simulations. 
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Figure 8: (Left) CFD predicts the pressure distribution across the valve, while (right) finite 
element analysis reveals the resulting stresses and deflections. 

The fatigue limit has been determined experimentally by loading the valve plate in a way that 
closely resembles what happens when the suction valve closes following the reverse-flow 
phase (Figure 9, left). In these dynamic load cycling tests, a servo-hydraulically actuated 
unloader pushes against the valve plate at 20 Hz, with a force that varies sinusoidally with time. 
The amplitude of the force was gradually increased over several test series until the valve plate 
cracked. The fatigue limit was then derived by calculating the stresses in the valve plate that 
lead to crack initiation (Figure 9, right).

Figure 9: (Left) experimental rig for fatigue limit testing; (right) finite element analysis showing 
stresses / material utilisation. 
For each configuration of unloader and valve plate, calculations of the interaction between 
reverse-flow forces, stresses, deflections, reduction in flow area, and unloader prong forces 
have been performed. These data sets have been incorporated into a comprehensive 
simulation tool that allows the engineer to choose the optimum valve and predict its behavior 
accurately for each application. 

4 Case studies: three field installations 
Profiled valve plate technology has already proven its outstanding potential in many demanding 
field installations, as the three following case studies demonstrate. 
4.1 Reliable performance in a CCR regeneration loop compressor 
The first case study concerns the compression of nitrogen and carbon dioxide in the 
regeneration loop compressor of a continuous catalytic reformer (CCR) in a Indian refinery. 
Since commissioning of the compressor, the original ring-type valves had been failing every 
500 hours. Significant amounts of liquid were found in the cylinders. This caused corrosion and 
deposition of debris on the valves and inside the valve pockets, which finally affected the 
reliability of the valves. 
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The valves were upgraded to profiled plate types in April 2015 and since then have run without 
problems. A first valve inspection after 3,000 hours showed some debris agglomeration and 
corrosion on guards and seats, arising from the harsh operating conditions (Figure 10). 
However, the performance of the valves was not affected. The robustness of the valves has 
extended the valve lifetime by a factor of more than 10 so far. 

Figure 10: Inspection after 3,000 hours shows the valves in good condition, despite some 
surface corrosion and debris resulting from harsh operating conditions on a CCR unit. 

4.2 Lower operating costs and higher efficiency in natural gas storage 
The second case study demonstrates the potential of profiled plate valves to save energy. This 
customer stores natural gas in one of the worldʼs largest cavern fields. The 3,700 kW 
compressor has eight 211-mm diameter valves on the first stage and another eight 197-mm 
diameter valves on the second stage (Figure 11). Flow is regulated via a combination of step 
control and variable-speed drive. 
Switching from the original plate valves to the new generation of profiled plate valves yielded 
measured savings in indicated power of 2.6% at 70% load, and more than 4% at full load. This 
gives a payback time of just a few months in energy savings alone. In addition, the extra lifetime 
due to the robustness of the valves will also reduce maintenance costs. 

Figure 11: This large natural gas storage compressor has eight 211-mm diameter valves and 
eight 197-mm diameter valves. Profiled plate valves have paid for themselves in a few months 
through power savings alone, with increased valve life as a bonus. 
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4.3 Capital cost reduction for a refinery compressor 
The last case study shows the potential of the profiled plate design to reduce the number of 
valves, and even cylinders, on new compressors. This gives original equipment manufacturers 
(OEMs) a competitive advantage. For a 1,000 kW refinery compressor with a restricted driver 
power rating, one OEM was able to reduce the number of cylinders and valves by utilizing 
profiled valve plate technology. 

Figure 12: (Left) The standard 1-MW compressor design requires six cylinders with 48 valves. 
(Right) profiled plate valves enable a compact four-cylinder design with 32 valves. 

The last case study shows the potential of the profiled plate design to reduce the number of 
valves, and even cylinders, on new compressors. This gives original equipment manufacturers 
(OEMs) a competitive advantage. For a 1,000 kW refinery compressor with a restricted driver 
power rating, one OEM was able to reduce the number of cylinders and valves by utilizing 
profiled valve plate technology. 
The new generation of profiled plate valves with a diameter of 365 mm allowed the number of 
cylinders to be reduced from six to four (Figure 12) and the number of valves from 48 to 32, 
while maintaining the requested throughput even with the restricted driver power rating owing to 
significantly lower valve losses. The four-cylinder design has a significantly lower capital cost 
than the standard six-cylinder compressor. This helped the OEM to win the tender, and reduced 
investment costs for the end user. 

5 Conclusions 
Profiled plate valves are the next generation of valve technology. They match the trend towards 
raised awareness of operating and capital costs for reciprocating compressors by increasing 
valve reliability and life, especially in demanding applications. Pushing the limits of todayʼs valve 
technology requires diving deeply and in an interdisciplinary manner into fluid dynamics, 
structural mechanics, materials science, and manufacturing technology. As the result of such a 
holistic approach, profiled plate technology is proven to substantially improve reliability and 
efficiency in demanding applications. The result is substantially lower investment, operating, 
and maintenance costs for reciprocating compressors. 
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Profiled plate valves 
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Summary 
Since the 1970ʼs plastic materials have been used in cylinder valves of reciprocating 
compressors in order to achieve new goals in terms of energy consumption reduction and in 
reliability improving. With the introduction of thermoplastic matrices such as polyamide PA66, 
polyetherimide (PEI) and, mostly in the 1990ʼs, with the introduction of polyether ether ketone 
(PEEK), additional benefits of reliability and safety have been reached compared with solutions 
of steel valve sealing elements. The amorphous thermoplastic matrices, such as 
polyethersulfone (PES) and PEI are characterized by high deformability and toughness, while 
the semi-crystalline matrices (PEEK, PPS) are characterized by a better crack resistance and 
solvent resistance. 

Several options have been analysed to increase the reliability of the valve sealing elements. For 
example, the use of elastomers ensure a better initial seal, but it is more sensitive to impacts 
and prematurely loses its initial benefits. The use of layers of carbon fibres impregnated in 
matrices of PEEK resin, epoxy resin, phenolic resin, provides high mechanical characteristics 
for the valve sealing elements but it requires a sophisticated production process in order to 
ensure the tightness of the valves.  

Despite continuous technological improvements on the valves, they still remain among the most 
critical elements of the reciprocating compressor. The updated statistics ascribe to the valves 
malfunction most of unscheduled shutdowns of the reciprocating compressors and most of their 
malfunction is associable to premature failure of the valve shutters. Analysis performed on 
broken thermoplastic plates, glass or carbon filled, put in evidence that the fracture mechanism 
appears to be a combination of plastic nature triggering followed by a brittle nature propagation. 
Thanks to the recent evolution of the nano-composite technology, the research target has been 
to evaluate the application of this technology to the valve sealing elements using the nanofillers 
today available on the market. The purpose of this research has been to obtain new materials 
for valve sealing elements characterised by higher mechanical properties using a nanofiller or 
combining their mix into several thermoplastic matrices. This paper highlights the results of the 
research activities showing the benefits gained adding one or more inorganic nanofillers on the 
thermoplastic matrices of PEEK or PEI filled with glass and/or carbon fibres. Several nanofillers 
in different percentages and combinations on a semi-crystalline matrix have been taken into 
account to evaluate their contribution on the mechanical properties of the plate valve. 
Comparison between these new formulations and the currently used materials highlights new 
opportunities to be implemented for innovative valve sealing elements. 
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Introduction 
Automatic valves on reciprocating compressor cylinders are generally acknowledged as being 
one of the most critical components for the proper functioning of these machines.  

These days, the market demands increasingly significant improvements to increase the 
operating time of compressors and consequently extend the Mean Time Between Maintenance. 

Figure 1 – Example of discharge valve 

Every manufacturer specialising in the design and production of valves is continuously 
committed to implementing innovative materials and technical solutions to achieve increasingly 
reliable products, which are therefore capable of reducing the operating and maintenance costs 
of systems. 

The reason for the premature breakage of a compressor valve can often be attributed to various 
causes, such as liquid inside the cylinder, external metal particles in the gas, corrosive 
elements, incorrect lubrication, or operating conditions that differ from the design specifications. 

Figure 2 – Example of damaged valve plate by external elements 
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These factors may lead to a critical situation inside the valve and therefore compromise the 
most important internal components, such as the springs and sealing elements.  

Indeed, despite constant technological improvements, according to industry statistics, shutters 
remain the most critical components inside valves.  

Shutters affect the performance of valves according to their seal tightness.  
If they are distinguished by an aerodynamic profile, they can also affect the efficiency of the 
valve reducing gas pressure losses. 

Shutters, in the case of premature breakage, Figure 3, could compromise the life span of the 
valve, with the ensuing sudden stoppage of the compressor.  

Figure 3 – Broken valve ring 

The sealing elements open and close the gas passages on the valve seat, thanks to the 
difference in pressure that is created between the side downstream and the side upstream of 
the valve itself, as the piston moves inside the cylinder. 

These continuous valve opening and closing movements during every single compression cycle 
are the main causes of the high levels of stress which the shutters are subjected to during 
repeated impact. If we consider a compressor that operates at a speed of 1,000 revolutions per 
minute (rpm), the shutters strike the valve seat to close the gas passages 16.6 times per 
second and strike the counter-seat just as many times during the respective openings.  

If we consider the minimum market request to guarantee at least 8,000 hours of operation in 
one year, we can estimate approximately 480 million impacts to close the gas passages and 
just as many to open them, for a total of approximately 960 million impacts on shutters over 
their guaranteed operating life. 

This is a low estimate of the number of shutter impacts, because the above raw calculation 
does not take into account the bounces which in actual fact occur (although obviously to a 
lesser extent) during the opening and closing phases. In addition, we should also consider the 
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possible dynamics and excess stresses due to oblique impacts of the shutter with the body that 
marks the limit of its stroke (Figure 4).  

Figure 4 – Oblique impact of the shutter in a 3D simulation 

Companies that specialise in valve design, thanks to the development and fine-tuning of 
proprietary calculation codes, can minimise the number of bounces or fluctuations to which the 
shutters are subjected. 
In addition to work cycles, obviously, the design of these valves must also take into account all 
the operating conditions which the valve must comply with, such as pressure (in some cases in 
excess of 500 bar), temperature (normally between -40 and + 200°C) and gas variety, which 
often includes aggressive elements (the most widespread being without a doubt H2S). Last but 
not least, the designer must take into consideration the market expectations in terms of life 
span, as in some cases the expectation is to achieve 3 years of continuous operation without 
having to conduct any preventive maintenance work. 

Purpose of the Research 
In thermoplastic materials, the rise in ductility generally occurs to the detriment of the 
mechanical properties. Considering the above information, the objective we set ourselves was 
to achieve new compounds with a high ductility and tenacity without compromising the physical 
characteristics such as tensile strength, modulus and shock resistance.  

Summarizing, the valve sealing elements are subjected to local and repeated impacts against 
the valve bodies and stressed by temperature and pressure cycles. Considering what above 
mentioned, the desired material should have high modulus and strength to sustain high impact 
velocities and in the same time high ductility and tenacity to avoid embrittlement phenomena.  

This paper describes the research activities that the Company carried out in order to increase in 
a selective way the desired mechanical properties, by using fillers with nanometric dimensions. 
The activity starts with a bibliographic investigation into the various nanofillers most commonly 
found on the market and continues with the identification of new formulas capable of bringing 
benefits to the properties of valve shutters. Tests were carried out on specimens at different 
temperatures to compare the results of the various combinations deemed to be most promising. 
The paper opens a new path towards using new nanotechnologies within the design and 
manufacturing processes of valve shutters for reciprocating compressors. 

PLATERINGS
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General background 
Before the 1970s, shutters were mostly made with special high-resistance steels. 
Resistance and stiffness are traditionally considered to be key factors in choosing a material, 
whereas fatigue fracture and deterioration of the surfaces of the component are the parameters 
which limit its useful life span.  

The availability and overall cost of the component (not just the cost of the raw material) are also 
essential elements to keep in mind when choosing the material. 

Thanks to the development of technologies and production equipment, designers have been 
able to face the constant challenges set by the market. 

From the early 1970s, with the introduction of plastic materials for the production of cylinder 
valve sealing elements, new performance and reliability standards have been defined. 

Moreover the operating speed of compressors has on average increased, whereas at the 
beginning of the 1970s, compressors operated on average at around 600 rpm, these days 
depending on the application, we have already exceeded 1,000 rpm, reaching 1,800 rpm for 
specific applications or even higher speeds and, despite the increase in fatigue cycles, the 
reliability of valves has increased considerably. 

Talk of plastic materials opens up a vast universe. Indeed, plastic materials constitute a large 
and variegated group of organic synthetic materials whose elementary components are 
monomers. At particular temperature and pressure conditions, polymerisation takes place, 
which combines the monomers together, giving rise to polymers. Some examples of the most 
well-known polymers include: 

Monomer Polymer
Ethylene Polyethylene 
Propylene Polypropylene 
Vinyl Chloride Polyvinyl chloride 
Styrene Polystyrene 
Tetrafluorethylene Polytetrafluorethylene 

The combination of a growing number of monomers for the formation of increasingly longer 
polymer chains increases the molecular weight and profoundly changes the physical properties 
of the material. 

Traditionally, plastic materials are split up into three families: thermoplastic, when they can be 
hot processed, thermosetting when they harden irreversibly with heat and elastomers when they 
are characterised by high deformability. 

Another essential characteristic of polymers is their degree of crystallinity. Generally, no 
polymer is completely crystalline, and they are defined as being semi-crystalline.  
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Whereas amorphous materials are formed by knotted molecular chains, in semi-crystalline 
polymers, the chains are prevalently arranged in order. 

Amorphous Semicrystalline 

This differentiation in molecular make-up generally translates into an increase in the mechanical 
properties, with a rise in crystallinity.  

Whereas amorphous thermoplastic matrices such as PEI and PES are characterised by high 
deformability and tenacity, semi-crystalline matrices such as PEEK or PPS (Polyphenylene 
sulfide) are characterised by greater resistance, resistance to creep, modulus of elasticity, 
density, resistance to solvents, but also by lesser tenacity. 

From the group of thermoplastic polymers, during the early 1970s, valve designers picked out 
those polymers whose physical properties better accommodated those required for the 
production of valve shutters. Some of the most well-known include polyamide PA66 and 
Polyether ether ketone (PEEK). Obviously, their dissemination was made possible thanks also 
to the introduction into the polymeric matrices of appropriate glass or carbon fibres capable of 
enhancing their mechanical characteristics considerably. 

The greater benefits derived from the use of technopolymers in the design of valves are without 
a doubt the rise in reliability and efficiency of such valves, which therefore translate to a rise in 
reliability and efficiency for the compressor manufacturer and for the end users, exceeding in 
some applications a generous 24,000 hours of continuous operation. 

Despite these improvements, the market has never stopped raising the stakes in terms of 
product quality and technological expectations have grown and become increasingly demanding 
in terms of efficiency and durability. 

Research activity 
Analysis performed on broken PEEK plates and rings, glass or carbon fibre filled, put in 
evidence that the fracture mechanism appears to be a combination of plastic nature triggering 
followed by a brittle nature propagation (Figure 5 and Figure 6). 
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Figure 5 – Broken valve plate Figure 6 – Micrographic image of the fracture 

This research activity analysed first and foremost the solutions found in literature to counter the 
above-mentioned phenomenon, investigating both in the specific field of cylinder valves but also 
in other sectors such as the automotive, aeronautical and biomedical industries. 

Let's take elastomers for example. Elastomers are polymeric materials whose Tg (glass 
transition temperature) is below ambient temperature and normally they are characterised by 
high levels of deformability and elasticity. Consequently, the use of elastomers as valve shutters 
ensures a better initial seal on the valve seat. The problem with using them in the above-
mentioned application is linked to the very low mechanical and thermal properties that 
characterise them. As a matter of fact, the above-mentioned initial benefit is quickly lost 
following impacts and stresses, which, in our opinion, makes them unsuitable for use as valve 
shutters. 

If on the other hand we take for example the use of multi-layers of fibres impregnated in 
polymeric matrices, we have completely the opposite situation. In this case, we achieve high 
mechanical characteristics but also a high sealing difficulty, which can only be solved with 
sophisticated production processes. The use of multi-layer solutions as valve shutters obviously 
has its limits, tied mainly to the inability to use them with all the various types of shutter profiles. 

The goal of the research activity carried out by the Company can be summed us as follows: 
starting with the most widely available thermoplastic matrices on the reference market, to 
analyse the advantages deriving from the introduction of nanotechnologies in the production of 
valve shutters, thereby defining new formulas of nano-compounds characterised by improved 
physical properties, which are suitable for valve shutters. 

When we talk of a “nano-material”, we mean a material characterised by a size of less than 
100nm. Comparing a nano-particle with a football is like comparing the latter with the globe. For 
this reason, some of the properties of nanomaterials are affected by the laws of atomic physics 
rather than by the behaviour of solid material. The variety of nanofillers and polymeric matrices 
in which to disperse them is extremely high. Thanks to the nanometric dimensions of these 
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fillers, we can achieve a high degree of dispersion within the polymer, thereby obtaining a 
compound material with a homogeneous nature (heterogeneous only at nanometric level) and 
with significant improvements to the physical properties such as tensile strength, thermal 
stability, flame delay and abrasion and solvent resistance. Nevertheless, one of the most 
interesting aspects is the possibility of drastically reducing the quantity of fillers to add to the 
polymer. For example, to guarantee comparable reinforcement performance levels, 5-6% 
weight of nanofiller is sufficient compared to 20% weight of classic filler with micrometric 
dimensions. 

The difficulty in preparing polymeric nano-compounds depends on the hydrophobic nature of 
the polymer with respect to the hydrophilic nature of the nanofiller. The latter therefore needs to 
be rendered more similar to the polymer using a chemical process of “compatibilization” which 
increases its hydrophobicity, encouraging adhesion and dispersion in the matrix. The shape, 
size, surface morphology and distribution of the nanofiller in the polymeric matrix determine the 
base properties of the nano-compound. The filler can be a “nanofiller” on one dimension, two 
dimensions or even three dimensions and for each of these shapes, there are different 
properties. Obviously, the choice of type of nanofiller depends on the performance levels and 
parameters one wishes to reinforce. 

Based on the above information, the production of a better performing and innovative material 
for the production of cylinder valve shutters has made it necessary to discretize the analysis 
process.  

In using different nanofillers, an attempt has been made to obtain new formulas that would be 
able on the one hand to increase ductility and tenacity compared to the formulas currently found 
on the market and on the other to retain or even increase modulus of elasticity and tensile 
strength, as well as bending and shock resistance. 

Considering the large number of variables at play and the multiple physical properties to 
analyse (nanofillers, polymeric matrices, physical properties, production parameters, etc.), we 
decided to begin with a screening activity, taking into consideration certain parameters, such as 
yield strength, tensile strength, Young's modulus, yield strain and breaking strain.  

In order to better assess the properties of the various formulas, considering the maximum 
design temperature for the valves, a value which is normally around 200°C, we decided to 
measure the parameters both at ambient temperature as well as at the above-mentioned 
temperature of 200°C. 
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Figure 7 – Tensile test machine 

As is well known for semi-crystalline materials, and more specifically for all materials which have 
an amorphous state, the exceeding of the glass transition temperature (Tg), which depending 
on the polymeric matrix used can occur between 60 and 150°C, leads to a mobility of the 
polymer chains. The material becomes less fragile and more visco-elastic and its mechanical 
properties, such as modulus and resistance incur a sudden deterioration (Figure 8). 

Figure 8 – Strength vs Temperature 

The test specimens were created using a micro-extruder capable of exceeding the melting 
temperature (Tm) necessary for the injection-molding process used.  

Figure 9 – Extruder 
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The screening activity was particularly long and hard work. Initially, for each polymeric matrix 
selected (PFTE, PEEK, PEI, etc.), it was necessary to identify the best mixing time to use in 
order to maximise dispersion in the selected nanofiller, keeping its concentration unchanged. 

The concentration of the nanofiller can vary up to 30% in weight but in this initial screening 
phase, we decided to use the typical concentration found in literature for each filler. The 
identification of the optimal concentration for the nanofillers selected was left to a subsequent 
refining phase. 

Once the bibliographic investigation phase had been completed, we therefore moved on to the 
creation of a series of specimens with different formulas, with different types of nanofillers. 
The specimens underwent mechanical tests and thanks to the use of appropriate climatic 
chambers, the tests were also conducted at temperatures above the Tg. For formulas with a 
PEEK matrix, we took the temperature of 200°C as our reference value.  

Figure 10 – Tensile test specimen 

This activity enabled us to identify among nanofillers available on the market those capable of 
giving the reference matrix an increase in physical properties. Among the most significant 
nanofillers, we mention silicates, carbon-based nanofillers, metal oxides and ceramic 
nanofillers. 

For the identification and refining of the various nanofiller-based formulas, we used the 
specimen values obtained from the respective original polymeric matrices for reference. For the 
PEEK polymeric matrices, we quote the PEEK polymer filled with glass and carbon fibres, which 
are definitely among the most well-known and popular polymers used in valve production.  

As mentioned earlier, improving the properties of valve shutters by introducing 
nanotechnologies was our starting concept. If we consider the most common PEEK valve 
shutter fracture mechanisms, in other words the combination of plastic nature triggering 
followed by a brittle nature propagation, one of the objectives of this research was to attempt to 
give PEEK shutters greater ductility, in other words we tried to combine the physical properties 
typically found in fibres with the specific properties of nanofillers. 

The activity was conducted in two directions. The first, by adding nanofillers to current 
compounds filled with glass and carbon fibres, in order to increase the overall filler level of the 
matrix. The second was instead conducted to decrease the fibre content to encourage the 
introduction of nanofillers. The conduction in both these directions obviously led to a drastic 
increase in formulas and specimens. 
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Figure 11 – Micrographic images of some of the formulas tested 

Despite the considerable workload, the activity enabled us to identify certain formulas capable 
of achieving our target objective. 

In Figure 12, Figure 13 and Figure 14 are showed some mechanical properties of various tested 
formulas.  

Figure 12 - YM of various nano-compound formulas 

Figure 13 – Yield and Tensile Strength [MPa] of various nano-compound formulas 
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Figure 14 - Yield and Failure Strain [%] of various nano-compound formulas 

In Figure 15 you can see the comparison between a PEEK reference formula with glass fibres 
and a PEEK formula with glass fibres and nanofiller at high temperature testing. The new hybrid 
formula shows significant percentage increases, +4% for Young's Modulus, +20% for the 
Tensile Strength and +188% for Failure Strain. 

Figure 15 – Nano-composite vs PEEK GF 

In Figure 16 you can see the comparison between a PEEK reference formula with carbon fibres 
and a PEEK formula with carbon fibres and nanofiller at high temperature testing. The new 
formula shows significant percentage increases for certain parameters, +6% for Young's 
Modulus, +53% for the Failure Strain, retaining the Tensile Strength value unchanged. 
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Figure 16 – Nano-composite vs PEEK CA 

The results shows the benefits ensuing from the introduction of nano-compounds in the 
production of valve shutters and it opens up new research possibilities. Consequently, we can 
state that at nano level, we can move in the desired direction, acting more selectively on the 
characteristic we wish to increase.  

Obviously, we need to select and combine nanofillers with matrices and fillers appropriately. 

Conclusion 
From the early 1970s, with the introduction of plastic materials for the production of cylinder 
valve sealing elements, new performance and reliability standards have been defined, despite 
the fact that the operating speed of compressors has on average increased.  

To date, from the group of thermoplastic polymers, valve designers have picked out those 
polymers whose physical properties better accommodate those required for the production of 
valve shutters. Some of the most well-known include polyamide PA66 and Polyether ether 
ketone (PEEK). Obviously, their dissemination was made possible thanks also to the 
introduction into the polymeric matrices of appropriate glass or carbon fibres capable of 
enhancing the mechanical characteristics considerably. 

The research activity intends to set up the foundations for a new phase in the design and 
production of valve shutters, a phase which is represented by the use of nanotechnologies. 
Starting with the analysis of the most common fracture mechanisms in valve shutters, i.e. the 
combination of plastic nature triggering followed by a brittle nature propagation, the activity 
shows the ability to generate improvements on the shutters through the use of 
nanotechnologies. 
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Indeed, thanks to the properties of nanofillers, including silicates, carbon-based nanofillers, 
metal oxides and ceramic nanofillers, it is possible to obtain new hybrid formulas that act 
selectively on the properties of the compound. 

The tests conducted on the countless specimens showed considerably interesting results for 
valve application. By mixing suitable combinations of nanofillers and fillers on polymeric 
matrices, we managed to achieve compounds with superior mechanical properties of resistance 
and considerably higher ductility and tenacity compared with thermoplastic materials commonly 
used for valve shutters. 
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Summary  

Originally reciprocating compressor foundations were expected to last 20 to 30 years. But many 
of the machines installed in the 60ʼs or 70ʼs are still running and are in need of repair or replace-
ment of their foundation because of poor design, construction or maintenance. [12] 

Very often, problems indicate that there is something wrong with the compressor foundation. This 
can be a broken anchor bolt, twisting movements of the machine frame or excessive vibrations.  

Often, the machine has to be stopped to repair this - or it will even stop by itself. In many cases, 
unplanned shutdown could be avoided by looking at maintenance records, the original construc-
tion and the as-built situation. There are signs to let you know that the foundation is in bad condi-
tion. 

Meanwhile, many updated publications of API, ASTM, GMRC, ISO, DIN, CUR, EOTA and other 
regulations and advises were done. Also, the machinery-performance* (flow capacity), accuracy 
of alignment and environmental requirements with respect to sound and vibrations (due to stricter 
governmental regulations) were increased radically over the past decades. This made the need 
for increased attention to the foundation, anchorage and maintenance an important issue.  

* An example: Hitachi was able to deliver a 450kW unit in 1953, while nowadays they are able to 
supply 11.000 kW units.  

Without naming all data and figures and describe all possible scenarios, this paper is intended to 
give some guidance on how to inspect a compressor foundation and what possibilities there are 
for repair. It will also cover some practical issues faced over the past 15 years. 
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1. Desk Investigation 

To get a good understanding of the situation, first a desk research is required to gather all neces-
sary information.   

1.1 As-built construction 

Especially when observing older configurations, an inspection of the foundation plan and as-built 
constructional drawings is required to check if the foundation and anchoring is designed and per-
formed according to relevant guidelines such as API Recommended practices 686, GMRC 
Guidelines and PIP REIE 686. Also, check if there has been an update of the compressor or driv-
er while the foundation was not updated accordingly.  

The as-built construction should be reviewed on:   
  
1.1.1.Concrete mat and block design 

Information on the required dimensions & minimum weight of the concrete block can be found in 
above mentioned guidelines. Although a detailed analyses is to be made by the design engi-
neers, it is possible to perform a check to see if a more detailed analysis is required.  

1.1.2 Rebar details 

In general, there should be a minimum bar size of 19,05mm (GMRC Guidelines for high speed 
reciprocating compressor Packages)[5]. There are also rules and practices that can be found in 
GMRC and API686 RP to check rebar spacing and material. Again, a simple check could be 
enough to determine if further action is required and/or if the original design was made according 
to applicable standards. Please note that other guidelines may provide different values and there-
fore one should determine which guideline is to be followed.  

It is important to understand if possible cracks can be related to insufficient rebar. For example:  
15+ years ago rebar spacing at the top of the foundation should be approximately 300mm, while 
nowadays 150mm is advised. 

1.1.3 Concrete properties 

The concrete should have a minimum compressive strength of 28MPa (GMRC, API RP 686), 
although the design value in many cases does not reflect reality since concrete can be weakened 
by oil or just because the actually poured concrete was not exactly what is should be. If the prop-
erties are in doubt, it is advised to have this checked in a laboratory.  

1.1.4 Soil and pile setup 

A foundation should never be installed without thorough characterization of the underlying soil. 
For this, the advice of a geotechnical consultant is required to determine important elements like 
mass density, different layers and stiffness of the soil. Based on this data and on the type and 
mass of the compressor system, the type of foundation and the necessity to use pilings should be 
determined.  

First off all, find out if a study is made before designing the foundation. Also, look for any changes 
in soil properties, for example due to raising water levels. 
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A tool that could be helpful to check whether the design of a compressor foundation might be 
susceptible is the Compressor Foundation Analysis Tool (COFANTO). This program is available 
for R&D members of the EFRC only.  

1.1.5 Anchor type and dimensions 

It is of major importance to gather all information on the anchor bolts. Some installations incorpo-
rate outdated anchor bolt designs which can eventually lead to problems. At least following infor-
mation is to be obtained on the anchorage: 

• Bolt preload and designed clamping force; 
• Bolt material, size and type; 
• Designed stretch length / elongation; 
• Coating / surface treatment; 
• Pre-installed versus post-installed; 
• Pocket size and type information; 
• Edge distance of the anchor pockets; 
• Type of grout used for bonding; 

Most standards and guidelines such as API RP 686 provide helpful guidance on the above men-
tioned subjects.  

The information gathered during research on the as-built construction must be combined with 
maintenance records and a field investigation to form a judgment on the foundationʼs state.  

1.2  Maintenance records 

The compressorʼs maintenance records are to be analyzed to see if there are any signs of: 

• Inability to hold alignment or anchor bolt tension; 
• Loose or broken anchor bolts; 
• Increasing vibration levels (above zone B/C of the EFRC guidelines)[7]; 
• Crank case, crosshead or support block damage and wear; 
• Excessive bearing wear; 
• Piping damage (excessive repairs needed to the attached piping); 

These points could indicate foundation problems. All gathered information on trending vibration 
measurements, repair records, oil analyses and more will also be of great help in foundation 
troubleshooting.  

2. Field investigation 

After all data of the desk research is collected, it is time to examine the compressor foundation 
on-site. First, the foundation and compressor is examined while running. More comprehensive 
investigations can be done while the machine is stopped, however in general this is only done 
when it is already determined that there is something wrong with the foundation or anchorage.  
2.1 Visual inspection (running compressor) 

During a systematic visual inspection, a lot of information can be found. Most common issues are 
quite good to notice. One should look at following points: 
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2.1.1 Loose or broken foundation bolts 

Loose or cracked foundation bolts are easy to notice. Very frequently, the compressor trips on a 
broken anchor bolt and often, machine operators realize there is something wrong with the foun-

dation if one of the anchor bolts 
failed.  

While this is indeed a strong 
indication, it is also possible that 
the cause of a bolt failure  has 
to be found somewhere else. 
Sometimes it is easy to over-
torque bolts with hydraulic tools 
for example.  

2.1.2 Compressor looseness 

Looseness of the compressor is 
easily noticed by air bulbs show-
ing between frame-feet and 
grout in oil or water. These air 
bulbs indicate looseness, mean-

ing that the anchoring system is not performing as it should. Oil also considerably reduces the 
required friction between the frame-parts and the grout layer.  

2.1.3 Usage of shim plates 

Excessive usage of shim plates often indicates that there is a need to ʻfill-upʼ something. This can 
be an indication that there is something ʻmovingʼ or a mistake is been made during the design 
phase. The maximum number and thickness of shim plates differ depending on the guideline, 
region and the local engineering standards. Different guidelines agree on not using more than 3 
shims in a pack, as more shims lead to spongy (soft) pads.  

Unfortunately, adjustable jacks, steel shim blocks or wedges are still frequently advised to be 
used for alignment of pumps, skids, base-frames or even compressors while they remain in 
place. These steel jacks make the equipment stand on ʻhigh heelsʼ, forming a direct steel contact 
between machine-frame and concrete foundation. Instead of having the necessary constant 
compression on the grout layer, the machinery stands on non-compressive steel blocks, which 
allows oil and water to penetrate between steel and grout. 

Even worse, the anchors nor the grout can function according to their design as pre-tension is 
lost on the steel jacks and grout is merely an aesthetic cover.  

Another problem with steel shim blocks in the grout is that they intend to corrode. This is a very 
common condition and causes serious problems such as cracking grout and a machine that is 
tilted out of alignment. 

2.1.4 Edge lifting and delamination of the grout 

Edge lifting is caused by the difference in the rate of thermal contraction between epoxy grout 
and concrete. Generally, the main reason for edge lifting is poor or inexperienced application and 
the usage of bad quality concrete. 

Figure 1: bubbles indicate compressor looseness 
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Delamination often occurs between cementitious grout and concrete. Mostly caused by the bad 
adhesive properties of the grout or due to poor preparation of the concrete block.  

Edge lifting and delamination do not always form an immediate threat to the foundation of the 
machine, since the part under the machine (if well grouted) is under constant pressure and there-
fore in better condition. However, oil and water can intrude in the foundation, causing more prob-
lems. Also can be a sign of poor application and therefore a reason to suspect more problems.  

2.1.5 Cracks in the grout layer 

Cracks in the grout layer may have different causes such as sharp corners, fast curing or thermal 
expansion. In many cases these cracks do not form an immediate threat however it is important 
to look for their root cause and to seal it to prevent further damage. 

2.1.6 Deterioration of the grout layer 

Penetration of (crude) oil and other fluids into cementitious grout will over time weaken its com-
pressive strength and the adhesive capacity of cementitious grout in the anchor-pockets.[10] This 
will continue up to a point where the grout will crumble between your fingers.  

Oil penetrating along the anchors will eventually jeopardize the fixation of the machinery. 

2.1.7 Cracks and cold joints in the concrete foundation 

Cracks in the concrete foundation can be caused by various reasons such as weather conditions, 
thermal or aggregate expansion and can be found at re-entrant angles such as the corners where 
the foundation of the crosshead support is connected to the main block. But also in the sump 
area and of course cracks running from the anchors towards the outside of the foundation. 

When observing cracks in the con-
crete foundation, one has to realize 
that vertical cracks are less ʻdra-
maticʼ than horizontal cracks. Hori-
zontal cracks can cause alignment 
disorders while vertical cracks do 
not.  

The compressor and its foundation 
must form a tightly integrated 
structure.  Vibration energy travels 
in the form of waves down and out 
through the foundation where the 
soil can absorb it.  Breaks, cracks 
or separations in the integrated-
compressor / foundation structure 
will prevent the vibration waves 
from traveling downward.[2] 

Horizontal cracks create ʻseparatedʼ parts in the foundation and therefore it will become unable to 
transfer vibrations into the soil. The monolithic structure (as shown in figure 2) is ʻdisconnectedʼ. 

Figure 2: Foundation parts forming a  monolithic structure 
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The same problems can be caused by construction joints, also called ʻcold jointsʼ. Because con-
crete does not bond very well to itself, separation can occur if different parts of the foundation are 
not poured continuously.  

2.1.8 Concrete carbonation and spalling 

If Carbon dioxide from the air reacts with calcium hydroxide in concrete, it forms calcium car-
bonate. This process is called carbonation. This is a slow and continuous process progressing 
from the outer surface inward and has two effects: it decreases mechanical strength of concrete 

and it decreases alkalinity, which 
is essential for corrosion preven-
tion of the reinforcement steel.  

Carbonation and rebar located 
too close to the concrete surface 
can cause rebar corrosion. The 
expansion of the iron oxides in-
duce mechanical stress that can 
cause the formation of crack, 
disrupt the concrete structure or 
make outer parts of the founda-
tion fall off (spalling).[8][9] 

These phenomenaʼs are easily to 
recognize during visual inspec-
tion of the foundation.  

2.1.9 Displacement of foundation 

Instability of the soil can cause sinking or tilting of 
the foundation. Therefore displacement of the 
foundation can indicate that the soil is not ade-
quately supporting the foundation. This can be 
checked with tools such as a digital water level and 
tapeline or more precise by laser scanning.  

Trending measurements can provide more suitable 
information.  

2.2 More comprehensive investigations (running compressor) 

Above mentioned visual inspection can be done relatively simple in a few hours. Depending on 
the gathered information from the desk research and the visual inspection, it may be wise to per-
form additional investigations.  

2.2.1 Vibration measurements 

Vibration measurements and analysis on the machine system (which includes anchoring and 
foundation), will provide hard data to compare with the ISO10816-8 Classification table and the 
EFRC Guidelines for vibrations in reciprocating compressor systems. [7][13] 

Figure 3: Spalling concrete at a machine foundation 

Figure 4: Tilting foundation [6] 
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Additional, an ODS (operating deflection shape) animation can offer a clear visualisation of the 
movements of the complete installation. This can help you to recognize things as looseness or 
unwanted movements.  

2.3 More comprehensive investigations (stopped compressor) 

Some more comprehensive investigations can be done if the machine is stopped. In case of a 
foundation repair or re-grout,  these investigations can be useful to decide if anchor bolts are to 
be replaced or to find out how many of the concrete has to be chipped away.  

2.3.1 Core drilling and investigations 

Diamond-drilling of core-samples is 
required to check the depth of oil-
penetration into the block.  

These cores may also be used for a 
more extensive carbonation investi-
gation [8] and to check the quality of 
the concrete. Differences in homo-
geneity of the concrete can be iden-
tified and a compressive stress test 
can be performed. 

Note: oil penetration and changes in 
concrete quality can also be noticed 
when new anchor-pockets are 
drilled or old anchor bolts are re-
moved.  

2.3.2 Alignment checks 

The alignment of the compressor to the driver and the alignment of the extensions to the frame 
needs to be checked since foundation issues will ultimately lead to alignment issues. Also the 
alignment of the rotor to the magnetic centre is to be checked. Determine web deflection and rod 
run out. 

Depending on the need for further investigation, more values can be measured such as the flat-
ness of soleplates and the line-bore (centre line measurement). 

2.3.3 Inspection of the anchor bolts 

Anchor bolt stretch may be measured with an Ultrasonic Bolt Meter, provided the anchor model 
and data are known. Are there signs of bolt over-stretching? If the grout layer has blocked the 
anchor to stretch; it will stretch typically just below the nut.  

If the compressor is removed, it is also possible to investigate bonding of the anchor into the con-
crete foundation by using a hollow plunger cylinder and a dial indicator. This can be done by plac-
ing the cylinder over the bolt and applying load with a hydraulic cylinder while the dial indicator is 
attached to the head of the anchor bolt.  If the bolt comes up more than the stretch length after 
applying the design load (be careful not to apply to much load) for 24 hours, then one can be sure 
that the anchor is debonding from its pocket.  
  

Figure 5: Cores with oil penetration 
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3. Analysis and correction plan  

After all data of desk and field research is gathered and combined, it is time to write an analysis 
and correction plan. The analysis plan is an evaluation of foundation and anchoring and should 
also contain an indication of the urgency.   

For example: a loose anchor bolt in combination with vibration levels above EFRC reference val-
ues, requires a high urgency since the anchoring of the machine cannot be guaranteed. The ma-
chine should be stopped to perform at least an emergency repair. Cracks in a grouting layer in 
combination with normal vibration levels require in general no special urgency. A repair can be 
planned during a next overhaul or when convenient.  

It is hard to provide a list to indicate which problems require immediate attention and which not,  
since there is always a combination of problems and every situation is different. Hence, in gen-
eral one can say that every problem that is an immediate thread for anchoring and load transfer 
of the compressor should be a reason for instant repair.   

3.1 Repair methods 

After the urgency of a repair is determined, the repair method is to be selected. If an urgent repair 
is compulsory,  it is also possible to perform a crisis repair on short notice while planning a more 
durable repair in a maintenance stop. 

There are more factors that influence the selection of a suitable repair method. The most im-
portant (surely not the only) factors are: 

• Urgency of the repair; 
• Safety conditions; 
• Time frame for the repair; 
• Possibility to remove the machine or not; 
• Time of the year (weather conditions); 

Here under a brief sum-up of some common problems, their typical urgency and possible repair 
methods. Please note that this list is not a complete reference with required urgency indications 
and repair methods, but it will give you some guidance.  
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Problem Typical urgency Emergency repair Durable repair method  
Loosness of compressor Intermediate N/A Machine regrout + anchor 

test 
Broken anchor bolt High Replace anchor  Replace all anchors + regrout 

Loose anchor bolt High Replace anchor  Replace all anchors + regrout 

Loose anchor nut High Tighten and 
check 

Anchor bolt test 

Cracks in grouting Low N/A Replace defect grouting  

Detoriated grouting Low N/A Replace defect grouting  

Cracks or joints in verti-
cal foundation plane 

Low Epoxy injection Epoxy injection + pull an-
chors* 

Cracks or joints in hori-
zontal foundation plane 

Intermediate Epoxy injection Epoxy injection + pull an-
chors*   

Carbonation and spalling Low N/A Sand blasting + coating 

Displacement of founda-
tion 

Intermediate N/A Soil stabilization, extra piling 

Table 1: Some possible foundation problems and their repair options  

* A pull anchor pulls separated parts of a foundation together. See 
also figure 6.  

The correction plan should include a proposal for repair, specifying 
alignment, usage of soleplates, anchoring method, grouting, inject-
ing and other activities with a time schedule. It is also important to 
make a safety and risk analysis and to provide a budget price for 
the repair.                

4. Practical Issues during repair 

When repairing a compressor foundation (regularly incorporating a re-grout of the machine), 
some issues require special attention. New techniques, materials and insights may require a 
change of mind for many companies. To avoid unexpected changes in planning and budget, this 
subjects should be discussed in an early stage.  

Following of these topics are covered below: 

• 3D positioning; 
• Soleplates; 
• Method of alignment; 
• Anchoring; 
• Grouting; 
• Injection of cracks. 

Figure 6: Pull anchor  
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4.1 3D positioning 

Before an installation is removed, the exact position of the complete line shall be registered. A  
3D-tracking laser is used to measure the exact position of frame, anchors, cylinders, crosshead 

supports, centreline of the 
crankshaft,  expansion vessels 
and all flanges of the main pip-
ing. This 3D position measure-
ment provides full data infor-
mation on the position of the 
installation.  

For example if the total installa-
tion (compressor-driver) is within 
tolerances in the water-level 
plane. This information may indi-
cate possible tilting the total 
foundation. Corrections at the 
time of re-installation need to be 

addressed as early as possible. The consequences are to be considered from case to case. 

If the old anchor bolts are to be removed, the 3D measurement data is used to install the ma-
chine on the exact same (or improved) coordinates. In case of urgency it is even possible to in-
stall the anchor bolts in place before the compressor is back on-site.  

4.2 Soleplates 

Not all reciprocating compressors are installed with soleplates under e.g. the crosshead supports. 
Some compressor configurations require some free horizontal movement of the crosshead due to 
thermal expansion. This will be indicated by the compressor manufacturer. Soleplates (in these 
configurations called sliding plates) or bending plates allow these movements, while grouts will 
crack. 

Another big advantage of installing soleplates, is the ease of removal of the crosshead-support 
without having the grout to be jacked away. Especially since nowadays high performance epoxy 
grouts are advised, it will save a lot of time and money if one does not have to jack away and 
replace the grouting. Furthermore, precision alignments are  easier to perform at any later mo-
ment. 

When designing soleplates it is important 
to avoid sharp corners (otherwise the grout 
will crack) and include a good jacking solu-
tion (levelling bolts) Also, the design 
should be stiff and there must be a possi-
bility to conserve the soleplate on-site, de-
pending on location and local coating 
specifications.  

In some cases it is also required to adapt a 
special anchoring system with coupling, so 
it becomes possible to loosen the exten-
sion and slide it away. This is required for 
many reciprocating compressor models, 
otherwise it will not be possible to remove 
the extension.  

Figure 8: Usage of a soleplate 

Figure 7: Measuring a foundation with a 3D Lasertracker  
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4.3 Method of alignment 

Unfortunately, adjustable jacks, steel shim blocks or wedges are still frequently advised to be 
used for alignment of pumps, skids, base-frames or even compressors.  

These steel jacks make the equipment stand on ʻhigh heelsʼ, forming a direct steel contact be-
tween machine-frame and concrete foundation. Instead of having the necessary constant com-
pression on the grout, the machinery stands on non-compressive steel blocks, which allows oil 
and water to penetrate. The anchors nor the grout can function according to their design as pre-
tension is lost on the steel jacks and grout is merely an aesthetic cover. Furthermore, these parts 

are subjected to corrosion 
which jeopardizes the align-
ment. Leaving (adjustable) 
alignment tools in place is 
strongly dis-advised. (API RP 
686). [3] 

The only correct solution is to 
use jack-bolts. They are easy 
to apply in soleplates, skids or 

frames. The bolts are removed after full cure of the grout, followed by proper torqueing of the 
anchors. Jack bolts should be engineered to carry full weight of the machine skid under all condi-
tions expected during skid levelling.  

On the concrete foundation, 
a round metal landing pad 
should be placed to carry the 
jacking screw. The design of 
the pad is stainless steel with 
rounded edges and can be 
found it the API RP 686. 

4.4 Anchoring 

Anchor pockets are to be 
drilled according to the calcu-
lated anchor data. Besides 
the fact that the adhesive 
surface of the pocket is de-
terminative, the diameter to 
be drilled is also to be cho-
sen based on the existing 
situation of the old anchor. Is it only the anchor that is to be removed, or is there also a metal 
sleeve or a hammerhead construction that is to be removed? 

Best practice for anchor bolt installation is to have the anchors hanging free, and centered, from 
the machine feet into the pockets before grouting them. This method guarantees correct height 
and position, without touching the concrete. An equal space between anchor and machine-foot-
hole is obtained which makes the necessary alignment possible. 

A group of anchors, such as installed in the frame, should perform all as equal as possible. It 
should be avoided to have 1 or 2 anchors apply excessively more or less load than the others; a 
deviation of less than 10% is best practice. For this reason it is to be avoided to replace one or 
two anchors only, leaving the others in place. 

Figure 10: Installation of compressor with anchors hanging free 

Figure 9: Adjustable jacks or jack bolts?  
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4.5. Grouting 

According to API RP 686 and other recommendations, epoxy-grouts are always best practice for 
reciprocating compressor systems.  

Epoxy grout has many advantages over cement grout, however there are also some issues. If the 
application is done by a certified and experienced company, these difficulties will have no nega-
tive influence. Inexperienced applicators will face some unexpected situations what will lead to 
problems. Some examples of essential concerns: 

• Creep calculation; 
• Temperature limitations; 
• Mixing techniques; 
• Usage of expansion joints; 
• Edge lifting; 
• Temperature during application; 

4.6. Injection of cracks 

As explained in chapters 2.1.5 and 2.1.7, there is a big difference in cracks in grouting and cracks 
or cold joints in the concrete foundation. 

Cracks in the cement grout layer 

Although in the past attempts have been made to inject cracks in grouting with low viscosity 
epoxy, the results are generally very disappointing due to the poor quality of the cementitious 

grout. Replacing the grout 
layer with epoxy-grout is the 
best option. 

Cracks in the foundation 
  
Vertical cracks running in cor-
ners and along the sump are 
easily to be injected with low 
viscosity epoxy. Low pressure 
pumping in a slow rate will 
push the majority of oil and 
water out.  
Special epoxies absorb a con-
siderable amount of oil and 
water as well. Stone pockets 
will be filled. 
  
Horizontal cracks or cold joints 

reduce the possibility to transmit vibrations into the mat (ref. 2.1.7). Due to the on-going vibra-
tions, a clearance at this plane is created in the foundation. This creates two ʻseparatedʼ parts in 
the foundation. Injection of these cracks with an epoxy will not be satisfactory since these hori-
zontal disconnections require additional compressive strength in order to bring the ʻseparated 
parts together againʼ. Therefore, long anchors (pull anchors, see figure 6) are to be installed 
across the cold joint making the foundation monolithic again. 

Figure 11: injection points (packers) to inject cracks in a 
machine foundation.
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Epilogue 

We hope that this paper will give some guidance in a situation where problems with foundation or 
anchoring of a reciprocating compressor system are suspected. For ease of understanding, more 
extensive data and details are avoided, but these can be found in the applicable guidelines.  

Several international standards, guidelines and best practices on the design of foundations, an-
chors and grouting of reciprocating compressor systems have been developed. Unfortunately, 
most of this material is not available for everybody, is too extended or not directly applicable.  

For that reason an EFRC project was started entitled: "Summary of international guidelines, 
standards and best practices of foundations, anchors and grouting of reciprocating compressor 
systems". This study gives a comprehensive summary of international guidelines, standards and 
best practices of foundations, anchors and grouting of reciprocating compressor systems.  
This document is intended to be used by rotating equipment and civil engineers of end users, 
packagers, EPC contractors, grouting companies and reciprocating compressor OEMʼs. The 
document can be downloaded from the EFRC website (www.recip.org) at the end of 2016. [1] 

In addition to this a “Best Practices in Compressor mounting” A thorough study has been pre-
sented by Jim Kuly at the 7th EFRC Conference in 2010, Florence. [2] 

  

Figure 12: Reciprocating compressor on a renewed foundation
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Summary 

Air Liquide Italia decided for the replacement of a vertical reciprocating compressor for oxygen 
service in its VR plant, located in Castelnuovo del Garda, Italy. 
Numerical analyses of the dynamic response of the compressor rigid block foundation were 
carried out by means of the computer code DYNA5™ (Novak, 1999) for verification with respect 
to Standards and vendor requirements.  
Potential resonance effects were investigated on the basis of calculation by sensitivity analysis 
on soil parameters. Being an analysis of the dynamic response of the foundation of vibrating 
machines frequently affected in practice by the lack of knowledge on input parameters, ad-
vantage has been taken, for benchmarking of the numerical model, by the presence of a full 
functional compressor located nearby, similar to the new unit to be installed. Furthermore, to 
verify the presence of resonance effects, the dynamic characterization of foundation response 
was carried out by inducing forced vibration with an electro-mechanical generator, connected to 
the foundation block of the replaced compressor. 
On the basis of the results obtained, the new compressor will be installed by modifying the ge-
ometry of the existing foundation without any change to foundation type or compressor room. 
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Introduction 
The Air Liquide VR plant located in Castelnuovo del Garda (Italy) is an ASU (Air Separation 
Unit) used for the production of air gases (oxygen, nitrogen, argon). The gaseous oxygen is 
produced at about 30 bar and compressed up to about 60 bar by two reciprocating compres-
sors, in order to feed the AL oxygen pipeline network, providing oxygen to several customers, 
mainly represented by ironwork factories. 
Originally, two identical vertical reciprocating compressors (named C40-1 and C40-2, two 
cranks, single stage) were installed inside the same heavy concrete building. The two compres-
sors are directly anchored to two separated concrete foundation blocks, each of them isolated 
from the footings of the surrounding blast-proof building. 
The new compressor (C40-3) is rather similar to the one to be substituted (C40-1), with some 
differences: maximum discharge pressure increased from 60 bar up to about 70 bar, speed re-
duced from 595 rpm down to 498 rpm, single acting instead of double acting; capacity and pow-
er (1 MW) remain the same. A requirement was to fit the new compressor on the same founda-
tion block, by limiting additional construction works.  
Regarding vibration limits, the compressor Vendor specified a vibration velocity threshold at 
foundation top edge of 2 mm/s r.m.s. (1st - 4th harmonic of compressor speed) as reference for 
civil design of foundations. 

Figure 1: Compressors location. Left: plan view. Right: vertical cross section.  

The first step consisted of a detailed analysis of the foundation, in order to assess: 
• if the existing foundation was suitable also for the new machine, 
• on the contrary, if the existing foundation was to be extended or modified. 

In case some modifications would have been required, the operator was interested in evaluating 
a solution that would not require any modification to the building structure as extension of the 
existing foundation, installation of micropiles, soil improvement by jet grouting, etc. 
Analysis method 
The foundations of vibrating machines are subjected to static and dynamic loads, the latter 
mainly generated by the rotating/reciprocating masses during functioning. These loads are 
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characterized by a quasi-harmonic variation of their amplitude with time. In principle, all the load 
components (6) may vary with different amplitude and phase shift, so the analysis of the foun-
dation response shall take these into account, in order to return the six components of dis-
placement and velocity of the foundation (3 displacement components along the horizontal and 
vertical axes, plus rotations), generally considered as a rigid block. 
In the preliminary phases of design, machine foundations are defined by rules-of-thumb. As an 
example of these rules, Indian Standard 2974-3 (1992) states that the mass of the foundation 
shall be greater than that of the machine, eccentricity of loads shall not exceed 5% along each 
axis, centre of gravity should be below the machine, plus additional requirements on the loca-
tion of shaft and stability. Another criterion, cited as reference by Gazetas (1983) and ACI-351-
3R-04 Standard, states that a massive concrete foundation shall have a total weight equal to at 
least three to five times the weight of the supported machine. According to P. Srinivasulu et al. 
(1976) the principal design criteria for a foundation subjected to variable forces is based on nat-
ural frequency evaluation (at least 30% away from machine operating speed), amplitude of dis-
placement during functioning (< 0.2 mm), stress (static + dynamic) under the permissible value 
(in the range of 0.4 times the bearing capacity). 
Afterwards, during the detailed design phase, numerical analyses are generally performed to 
verify the foundation dynamic response in terms of expected vibration amplitudes. 
For the case under examination, considering that the foundation block was already present, a 
verification was carried out by means of the computer code DYNA5™ (Novak, 1999), which 
returns the response of rigid and potentially flexible foundations to various types of dynamic 
loads. The stiffness and damping constants of the foundation-soil system are evaluated by the 
DYNA code for the case of shallow foundations considering the six degrees of freedom as cou-
pled (fully populated stiffness and damping matrices). The halfspace or layered soil media stiff-
ness and damping constants are frequency dependent and evaluated by DYNA using the theory 
of Veletsos et al. (1971, 1973 and 1974) with soil material damping (viscosity). 
The effects of the embedment of the compressor footing (see Figure 1), potentially acting to-
ward a reduction of the induced motion due to lateral confinement, have not been considered in 
the analyses. In fact, the presence of an isolating foam layer was detected all around the foun-
dation block and the lack of information regarding the effective excavation phases or compac-
tion carried out during construction of machine foundations and building, led us to exclude any 
potential embedment effect not sufficiently supported by evidence. 
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Soil data 
A fundamental step in the analysis of 
vibrating machine foundations consists 
in the definition of soil dynamic proper-
ties. In the analyses carried out, the 
compressor footing was considered to 
rest on the surface of a deep homoge-
nous deposit modelled as either a ho-
mogeneous or layered halfspace. The 
case of layered media has been consid-
ered as well, in order to investigate po-
tential resonance effects induced by a 
soft shallow layer resting on a stiffer for-
mation located below (partially evi-
denced by the site investigation results). 
For the purposes of this study, the main 
soil parameters of interest are:

• The shear modulus Go (Pa) for 
small shear strains (γ ~ 1E-4 %),, 
directly related to the apparent 
velocity of propagation of elastic 
shear waves VS (m/s) by the rela-
tionship: 

Go = ρ VS² 
where ρ (Kg/m³) represents the 
mass density. 

• The intrinsic damping, generally 
defined in terms of damping ratio 
ζ (with respect to the critical). 

Figure 2: Shear wave profiles and geotechnical 
data interpretation. 

Regarding soil stiffness, only standard geotechnical tests (Standard Penetration Tests, SPT) 
were performed during the soil investigation campaign conducted in the plant area; ground is 
characterised by the presence of relatively stiff granular formations. Soil stiffness was estimated 
on the basis of literature correlations (Ohta & Goto, 1978) on SPTs carried out within a borehole 
located in the area of the compressor building. The result of the procedure is shown in Figure 2, 
where a series of reference profiles considered in the analyses are superimposed to SPT corre-
lated data; below the foundation base (-2.5 m with respect to actual ground level) VS values 
resulted in the range of 250 – 450 m/s, with an increasing trend with depth. Considering the 
uncertainties, a set of values of shear modulus at small strains have been defined as repre-
sentative within the first 25-30 m of depth, to investigate the sensitivity of foundation response 
to this parameter: Go = 100 (case A, lower bound), 150, 200 (case B and C, best estimate) and 
275 MPa (case D, upper bound). An additional case E has been included in the analyses by 
considering a layered soil with increasing of the stiffness with depth (see reference profile of 
Figure 2), to investigate potential resonance effects induced by a steep variation of stiffness 
below the compressor.  
Concerning the intrinsic damping ratio ζ related to energy losses in the soil material, the meas-
urements are generally conducted in laboratory as an example by performing a Resonant Col-
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umn Test (RCT) on soil samples. Some attempts have been made to obtain an estimate of the 
damping ratio from Cross-Hole tests raw data (Lai et al., 2015), although the procedure is still in 
its initial phases. In this study, reference to literature data was made ([9], [17]): considering the 
small amplitude of induced shear strains in soil, within the quasi-elastic domain of soil response, 
it has been assumed a rounded value of ζ=0.01 (1% with respect to critical). Radiation damping, 
related to the geometric dissipation of waves due to spreading, is modelled internally by the 
code itself, considering the prevailing propagation modes, foundation geometry and mass. 
Compressor foundation geometry 
The simplified geometry of the foundation input in DYNA is shown in Figure 3 for both cases 
considered, i.e. (a) actual geometry and (b) elongated profile aimed at increasing the inertial 
effects (+50% of mass) according to geometry constraints. The location of the verification 
points, where the displacement/velocity of the rigid footing were post-processed are also de-
picted in Figure 3. In Table 1, the coordinates of the center of the load system are listed: the 
crank axis does not contain the centre of mass of the foundation, and therefore a system of 
additional moments have been input in the analyses. 

Table 1: Coordinates of the centre of the load system with respect to the foundation centre of 
mass (C.M.). 

Actual foundation Elongated 
xL. -0.15 m 1.04 m 
yL 0.00 m 0.00 m 
zL 2.47 m 1.41 m 

Figure 3: Geometry of the actual and elongated foundations as input to DYNA. In red the verifi-
cation points. 
  

328



Load system and analysis cases 
Harmonic loading is caused by unbalanced masses of reciprocating machines such as com-
pressors. For each direction of motion, this excitation may have one or more harmonic compo-
nents (as the case). The harmonic load          acting along the degree of freedom i can be ex-
pressed as function of time t: 

where: 

0c  amplitude at time t = 0; 

kc  amplitude of the harmonic k; 

iω  circular frequency of excitation; 

kφ  angular phase of excitation. 

n number of harmonics. 

Amplitude and phases of input loads are 
listed in Table 2, according to the reference 
system of Figure 4. The harmonic loads 
were pre-processed in amplitude and phase 
for each direction of motion, including rota-
tions and input to DYNA as load time history. 
The two compressors have different speed, 
i.e. 585 rpm (C40-2) and 498 rpm (C40-3), 
equivalent respectively to 9,75 Hz and 8,3 
Hz.  

The acting loads do not include the contribu-
tion of forces arising from pressure pulsa-
tions inside the compressor, suction and 
discharge dampers and piping (anchored to 
the compressor foundation block through a 
steel structure). These forces were unknown 
at the time of this study, since results of pul-
sation study came only later. As suggested 
also by the compressor vendor, they were 
considered as negligible.

Figure 4: reference system for the load definition 

In relation to the characteristic of loads and footing, the following cases were analyzed: 
CASE 1: Compressor C40-2, currently in operation (reference case)  
CASE 2: Compressor C40-3 under design, and actual geometry of the foundation block. 
CASE 3: Compressor C40-3 under design, considering an elongated foundation block. 
For each of the above cases, five soil stiffness value/profiles have been investigated (cases A, 
B, C, D, E, see Section "Soil data" above). 
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Table 2: Harmonic loads amplitude and phase for compressors C40-2 and C40-3. 

Load 
Component 

C40-2 - speed 585 rpm C40-3 - speed 498 rpm 
k = 1 k = 2 k = 1 k = 2 

c 
KN, KNm 

ϕ 

°

c 
KN, KNm 

ϕ 

°

c 
KN, KNm 

ϕ 

°

c 
KN, KNm 

ϕ 

°
Fv 0.00 - 47.84 180.00 0.00 - 59.04 180.00 
Mh 30.11 0.00 0.00 - 4.32 180.00 0.00 - 
Mv 148.51 90.00 0.00 - 114.99 90.00 0.00 - 

Note: k is the number of harmonic. Fh = 0. 

Results of the numerical analyses 
The results returned by DYNA at the centre of mass of the foundation were post-processed at 
control points indicated in Figure 3 under the hypothesis of rigid body motion. A summary of the 
results obtained from the analyses conducted is listed in Table 3 in terms of peak and r.m.s. 
(root-mean-square) velocity ranges. In the absence of a preliminary indication of prevalent 
component of motion, the peak and r.m.s. values of velocity have been calculated on (a) the 3 
component of motion separately and (b) the displacement vector. The r.m.s. velocity values 
obtained were compared to the reference limit in terms of effective velocity of 2 mm/s specified 
by compressor vendor and DIN 4024 norm, and the following comments apply: 

• The r.m.s. (effective) values obtained from the analyses are always within the limit of 2 
mm/s, in all the cases examined. In particular, for the existing C40-2 compressor, the 
calculated r.m.s. velocity lies within 0.72, while for the C40-3 compressor case it is within 
1.46 mm/s. 

• The peak values occasionally exceed the limit of 2 mm/s for the softest soil profile case, 
introduced only for comparison purposes but not supported by soil data. 

• Velocity at the base of the compressor tends to decrease with increasing soil stiffness; 
considering the case of G0 = 200 MPa as the most representative, the C40-3 compressor 
r.m.s velocity is < 1 mm/s. 

• The new compressor C40-3 induced velocities greater by 15-25% with respect to those 
of the one currently in operation (C40-2). This may be due to the different amplitudes of 
the rotational load components and, although with less impact, to the different speed of 
rotation. 

• No significant resonance effects are expected in the frequency range from 1 to 30 Hz, 
even for the case layer media, as confirmed by the measurements conducted (see be-
low). 

• Although the r.m.s velocity values calculated for the new compressor are within 50% of 
the limit for the existent foundation geometry, the elongation of the footing will give a no-
ticeable additional safety margin which was considered worth of attention, considering 
that in the analyses the potential load due to pressure pulsations has not been taken into 
account and were unknown at the time of the study. 
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Table 3: Summary of the numerical results. Ranges of r.m.s and peak velocity. 

Velocity, mm/s 

CASE 1 
Compressor C40-2 

CASE 2 
Compressor C40-3. 
Original foundation 

geometry. 

CASE 3 
Compressor C40-3. 
Elongated founda-

tion. 
r.m.s. (single component) 0.72 - 1.27 0.87 – 1.50 0.71 – 1.08 

r.m.s. (vector) 0.74 - 1.46 0.88 – 1.58 0.72 – 1.11 
Peak (single component) 1.07 - 1.99 1.27 – 2.30 1.01 – 1.58 

Peak (vector) 1.07 - 2.17 1.27 – 2.31 1.04 – 1.61 

Measurements 
A campaign of vibration surveys and forced dynamic test was carried out as additional con-
trol/verification of the dynamic response of the foundation of compressors C40-2 and C40-3. In 
particular, the following measurements were carried out at the two compressor locations (C40-2 
and C40-3): 

• Survey of vibration induced at C40-2 foundation level and ancillary elements during a 
series of test activations of the compressor, aimed (among the objectives) at verifying 
the numerical calculation carried out to assess the response of the foundation. These 
measurements were carried out with compressor unloaded, in order to reduce the ef-
fects of pressure pulsations (not considered in the numerical model). The following is 
noted: 
- The r.m.s. velocity lay within the 0.3-1.1 mm/s range, with a mean value and stand-

ard deviation of 0.475 ± 0.24, in line with the results obtained from the calculations 
which can be considered as validated by measurements. 

- The above can be considered also as a validation of the calculation carried out for 
compressor C40-3, currently under installation. After the C40-3 compressor has en-
tered into operation, the execution of a specific measurements survey will permit to 
validate furthermore the calculation made.  

- The peaks of the measured foundation velocities are generally higher than those es-
timated through calculation by a factor of 2 at maximum. This is not unexpected, 
considering the difficulties of calculating a peak quantity which is generally governed 
by higher frequency component (not investigated by the numerical analyses which, 
according to requirements, topped at 4th harmonic freq. of load, i.e. < 40 Hz).  

• The existing foundation block at C40-3 envisaged location was characterized in terms 
of dynamic response by means of an electro-mechanical generator of vibration (i.e. “vi-
brodyne”) capable to generate a system of sinusoidal forces in the frequency range of 
1-40 Hz, with adequate amplitude (see Figure 5). On the basis of the results obtained, 
it was possible to assess the dynamic response of the foundation in terms of funda-
mental frequencies. In particular, this test was aimed at exploiting potential resonance 
effects within the investigated range of frequencies of interest (from 0 to 40 Hz) by 
measuring the variation in phase and amplitude with frequency of the transfer function 
between load and acceleration component of interest. The main aspects of interest of 
the method and results obtained are the following: 
- Location of controlling points during test was quite similar to those of the mea-

surements carried out at compressor C40-2. This permitted to put in relation the so-
lution obtained in terms of response of the foundation block, calculation and monitor-
ing (of C40-2 compressor). 

331



- The frequency of the load components (2nd harmonic of vertical load, and 1st har-
monic of the rotational component) are generally lower than those of the soil-
foundation system determined by means of the forced vibration test (in bold below), 
i.e.: 
- Fz freq. (k=2) = 16.6 Hz < 21 Hz
- My freq. (k=1) = 8.3 Hz < 34-36 Hz
- Mz freq. (k=1) = 8.3 Hz < 40 Hz

- The observed response of the foundation system has been classified as highly 
damped due to inertial and radiation effects.  

- Considering the above, it has been concluded that significant amplification effects 
due to resonance should not be expected for the case of the new compressor, within 
the load frequency range of interest. 

Figure 5: Forced vibration test. Left: dynamic exciter (vibrodyne). Right: layout of measurements. 

Conclusion 
The replacement of a vertical compressor demanded for the execution of detailed analysis of 
the foundation response. The calculation was carried out by taking into account the uncertain-
ties related to soil properties by means of a sensitivity analysis over the soil stiffness parame-
ters of interest. 
The presence of a similar adjacent compressor permitted to validate the calculation with respect 
to the results of experimental measurements. The results obtained from the survey carried out, 
which comprised the dynamic characterization of foundation block, permitted to conclude that 
(a) the calculation carried were confirmed and (b) no significant amplification effects due to res-
onance need to be reasonably expected. 
Thanks to the analysis performed, operator had the chance of deciding, with a good confidence, 
to simply modify the geometry of the existing foundation without any modification to the com-
pressor room, installation of pile or execution of soil improvement which may cause delay to 
service. 
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Summary 

Reciprocating compressors generate vibrations caused by pulsation-induced forces, mechanical 
(unbalanced) free forces and moments, crosshead guide forces and cylinder stretch forces. The 
traditional way of mitigating the vibration and cyclic stress levels to avoid fatigue failure of parts 
of the reciprocating compressor system (piping, separators, dampers, and compressor) is to 
stiffen the structures by e.g. the installation of additional pipe supports or steel structures. This 
is becoming more and more challenging because compressor speeds are increased, resulting 
in higher frequencies to be mitigated. Higher frequencies require stiffer structures which is often 
not possible because the available space and the absence of stiff structures in the vicinity is 
limited. This is especially the case for high elevated pipe systems, e.g. the pipe between the 
separator and suction damper. 
At mechanical resonance, the damping ratio determines the amplitude of the vibration: more 
damping decreases the vibration and cyclic stress amplitude leading to lower fatigue failures. 
Mitigating vibrations of rather low damped systems is possible by applying the concept of con-
strained layer damping (CLD). The technique has been used for decades in other industries 
such as the space and automotive industry, but is not often (if at all) used in reciprocating com-
pressor systems up to now.  
Another way of mitigating vibrations is the application of a tuned mass damper (TMD) system 
which is often used in ships, building and bridges. The disadvantage of TMD systems is that 
fatigue failure of the TMD can occur if not damped sufficiently.  
This paper presents the investigative work performed on the potential of using CLD and a TMD 
for a U-pipe configuration and a pulsation damper. The application of CLD to increase the 
damping of the TMD to avoid fatigue failure of the TMD is also discussed into detail.  
Detailed, material characterization, FE calculations and design optimization has been per-
formed, followed by experiments. By means of measurements it is shown that a large reduction 
in vibration and cyclic stress levels can be achieved. Reduction factors between 13 and 42 have 
been achieved with a TMD system and 20 for a CLD application. This paper explains the princi-
ple and optimized design of a CLD and damped TMD systems and will show the effectiveness 
for two different parts of existing reciprocating compressor systems.  

1. Introduction  

Reciprocating compressors are used in the field of oil refining, chemical and petrochemical in-
dustries, air separation as well as gas transport and storage. The reciprocating compressorʼs 
flexibility to handle wide flow variations, and to generate high head, independent of density 
make it a vital component in todayʼs energy markets, upstream, midstream, and downstream. 
Flow variation in time and space make the reciprocating compressor and its responsive piping 
an intimately connected system, and demand effective system design with respect to vibrations. 
If mismanaged the pulsed energy input can cause pipe failures, inefficiency, and capacity limita-
tions.  
Because the reciprocating compressor system is the heart of an installation it shall therefore 
operate reliably for the long term operation.  
There is a trend in the market to go to higher flows, pressures and compressors speeds. The 
experience is that it is becoming more challenging to mitigate unacceptable vibrations in the 
field for higher frequencies (>50 Hz) which require in general stiffer and heavier structures. 
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However, this is not always possible because of limits in the available space and the absence of 
stiff structures in the vicinity.  
Experience in several projects has shown that it was very difficult to solve the vibration prob-
lems with the traditional mitigation measures. This was the reason to start an R&D project of 
which the target was to investigate the effectiveness of non-traditional mitigation techniques. 
This R& D project was focusing on the investigation of the concept of constrained layer damping 
(CLD) and tuned mass damper systems (TMD) for reciprocating compressor systems. Experi-
ence has been built up with TMD and CLD for ships and space applications and the knowledge 
has been used in this project. The target of the project was to optimize the use of CLD and TMD 
for reciprocating systems which experienced too large vibration levels in the field.  
This paper summarises the investigative work performed on the potential of using CLD and a 
TMD for two different configurations. The first configuration is a U-pipe which is a typical config-
uration for a pipe between the separator and suction pulsation damper. The second configura-
tion is a large suction pulsation damper of underground gas storage (UGS) system. For both 
configurations too high vibrations levels were experienced in the field. These large vibrations 
levels could not be mitigated in an easy way with the traditional vibration mitigation techniques. 
Measurements have shown that the reduction in dynamic response (vibration and cyclic stress 
levels) can be increased significantly for both structures with a damped TMD or CLD. 
An explanation of the used abbreviations in this paper are as follows: 

• CLD: Constrained Layer Damping 
• TMD: Tuned Mass Damper 
• FRF: Frequency Response Function 
• MNF: Mechanical Natural Frequency 
• DMA: Dynamic Mechanical Analyser 

2. Mechanical Vibrations, Tuned Mass Damper systems and Constrained Layer Damp-
ing  

Background on mechanical vibrations 
General The basic principles of a complex frequency form of solution for a single degree of 
freedom system (see left hand side picture of  
Figure 1) with viscous damping are introduced in this chapter [1]. The equation of motion for 
forced harmonic excitation may be written as: 

, where x is the displacement; x& the velocity, x&& the acceleration, F the excitation force, ω the 
circle frequency  (ω is 2 π times the excitation frequency f); m the mass;  c the viscous damping 
and k the spring stiffness 
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Figure 1 Single degree of freedom system (left picture)  
and Frequency Response Function (FRF)(right picture) 

The right hand side picture of Figure 1 shows the absolute value ( )ωH of the complex frequen-
cy response function (FRF) as a function of the dimensionless frequency ratio ω/ω0 for various 
values of the damping ratio ζ . ω is the excitation frequency and ω0 is the mechanical natural 
frequency (MNF) and is defined in (2).  
If the excitation frequency ω equals the mechanical natural frequency (ω=ω0), the system is 
called to be in resonance. At resonance the vibration and cyclic stress levels can be too high 
leading to fatigue failure. For that reason the resonance shall be avoided or shall be controlled 
in an adequate way.  

The damping ratio ζ is defined in (3). Instead of the damping ratio also the loss factor is used 
which is 2 ζ  . 

, where  m is the mass, k the stiffness, c the viscous damping ratio and cc  the critical viscous 
damping ratio. 
It can further be concluded from the FRF of  

Figure 1 that increasing the damping ratio ζ  tends to diminish the amplitudes and to shift the 
peaks to the left of the vertical through ω/ω0 = 1.  The peaks occur at frequencies given by (4) 
and the peak value of ( )ωH  is given by (5). For light damped systems (ζ<0.05), which is typi-
cally the case for (parts of) compressor systems, the curves are nearly symmetric around the 
vertical through  
ω/ω0 = 1 and are given by (6) were Q is known as the quality or amplification factor.  
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Background on Constrained Layer Damping (CLD) systems 
This chapter only summarizes some basic understanding on constrained layer damping. More 
detailed explanation can be found in several publications as listed in references [2-13]. 
For reciprocating compressor systems the damping ratio as discussed in the former section is 
typically smaller than 5%. A possible method to increase the damping ratio, and consequently 
also reducing the vibration and cyclic stress levels, can be achieved by the application of a 
Constrained Layer Damping (CLD). The CLD consists of a “sandwich” which is formed by lami-
nating a damping layer (viscoelastic material) in between two structural constraining base lay-
ers, see Figure 2.  When the system deforms during vibration, shear strains will be developed in 
the damping layer and energy is lost through shear deformation of the material.  

Figure 2 Constrained Layer Damping (CLD) 
Viscoelastic material combines the properties of a purely elastic and purely viscous material. 
For an elastic material the strain and stress response are perfectly in-phase. This results in an 
elastic energy storage during deformation and all energy is released during relaxation. A vis-
cous material has a 90 degrees phase shift between the strain and stress. This results in all 
energy being lost in a cycle. A viscoelastic material is somewhere in between the purely elastic 
and viscous behaviour. The stress strain relation for different materials is shown in Figure 3. 
The stress-strain relationship for a linear viscoelastic material under a repeated cyclic loading is 
for that reason an ellipse, see right hand side picture of  Figure 3. The slope of the major axis of 
the ellipse is a measure of the stiffness and the area is a measure of the damping. 
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Figure3  Stress strain relation for different types of materials  
The elastic element can be modelled by a linear spring with a stiffness coefficient E and the 
viscous element by a dashpot with a coefficient of viscosity η. Hence, viscoelastic models are 
combinations of linear spring and dashpots. The most common model is the Maxwell model as 
illustrated in Figure 4.  

Figure 4 Generalised Maxwell model

The generalized Maxwell modulus is defined in (7) where nτ is the n th characteristic relaxation 
time which is defined as nn /E n . For the case of a generalized Maxwell element subject to a 
sinusoidal strain, the (elastic) storage modulus Eʼ(ω) and (damping) loss modulus Eʼʼ(ω) take 
the form as defined in (8) and (9) respectively. The tan(δ) ratio is a measure of material damp-
ing. It represents the ability of a material to dissipate mechanical energy by conversion into 
heat. The tan(δ) ratio is a useful index of material viscoelasticity since it is a ratio of viscous and 
elastic moduli. The tan(δ) ratio is defined in equation (10). 

Viscoelastic materials, like polymers and rubbers show large changes in properties with temperature vari-
ation. 
If well-chosen and used in the right temperature regime, they can possess high damping properties. Pre-
diction of thermal-mechanical stresses and deformations require therefore the input of accurate tempera-
ture dependent properties. The damping dependency on temperature is schematically illustrated in Figure 

Figure3  Stress strain relation for different types of materials  
The elastic element can be modelled by a linear spring with a stiffness coefficient E and the 
viscous element by a dashpot with a coefficient of viscosity η. Hence, viscoelastic models are 
combinations of linear spring and dashpots. The most common model is the Maxwell model as 
illustrated in Figure 4.  

Figure 4 Generalised Maxwell model

The generalized Maxwell modulus is defined in (7) where nτ is the n th characteristic relaxation 
time which is defined as nn /E n . For the case of a generalized Maxwell element subject to a 
sinusoidal strain, the (elastic) storage modulus Eʼ(ω) and (damping) loss modulus Eʼʼ(ω) take 
the form as defined in (8) and (9) respectively. The tan(δ) ratio is a measure of material damp-
ing. It represents the ability of a material to dissipate mechanical energy by conversion into 
heat. The tan(δ) ratio is a useful index of material viscoelasticity since it is a ratio of viscous and 
elastic moduli. The tan(δ) ratio is defined in equation (10). 

Viscoelastic materials, like polymers and rubbers show large changes in properties with temperature vari-
ation. 
If well-chosen and used in the right temperature regime, they can possess high damping properties. Pre-
diction of thermal-mechanical stresses and deformations require therefore the input of accurate tempera-
ture dependent properties. The damping dependency on temperature is schematically illustrated in Figure 

340



5.  At lower temperatures the polymer is in its glassy state, while in the transition region the ma-
terial possess the highest damping performance and at the high temperatures the polymer be-
haviour is rubbery like. For these reason the temperature effect of the damping properties shall 
always be taken into account during the design of a CLD. Figure 6 shows the effect on damping 
[16] on the application of CLD in space structures. 

Figure 5 Temperature effect on loss factor 

Figure 6 Measured quality factor as a function of temperature for a particular material 

The required material data of the viscoelastic material shall be provided by the manufacturer. 
However, the experience is that the provided data is not always correct or insufficient. It is 
therefore strongly recommended to measure the required material properties. This is normally 
done with a Dynamic Mechanical Analyser (DMA). 
A DMA [16], also known as dynamic mechanical spectroscopy, is a technique used to study and 
characterize materials and is very useful for studying the viscoelastic behaviour of polymers. A 
sinusoidal stress is applied to the sample and the deflection of the specimen is measured, al-
lowing one to determine the material properties such as complex modulus. The measured 
damping characteristics are implemented in ANSYS [14].  
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Background on Tuned Mass Damper (TMD) systems [17-19]
A tuned mass damper (TMD) is a passive device consisting of a mass, a spring, and a damper 
that is attached to a structure in order to reduce the the vibration and cyclic stress levels of the 
structure.  
The TMD concept was first applied in reducing the rolling motion of ships as well as ship hull 
vibrations. It is a commonly applied and accepted method in the civil industry for buildings, 
bridges etc. in general for low frequencies. However, it has not been applied yet for many struc-
tures in the oil and gas industry, especially for compressor and pump systems.  
The challenge in rotating equipment systems nowadays is the relative high frequency (up to 
≈100 Hz) in comparison with civil structures which can also lead to fatigue failure of the TMD 
and mounting system. The application of a TMD is for those systems an attractive option in re-
ducing excessive vibrations and the risk of fatigue failures. An example of a TMD is shown in 
Figure 7 and is typically tuned to the mechanical natural frequency (MNF) of the primary sys-
tem. The terms m1, k1, c1, x1 represent respectively the mass, stiffness, damping and displace-
ment of the structure of interest to which the TMD is mounted, while m2, k2, c2, x2 represent the 
mass, stiffness, damping and displacement of the TMD and F(t) represents the excitation force. 
As the two masses move relative to each other (90 degrees out of phase), the passive damper 
is stretched and compressed, reducing the vibrations of the structure by increasing its effective 
damping ratio. 
One of the disadvantages of TMD a system is that are typically effective over a narrow frequen-
cy band and must be tuned to a particular MNF for that reason. Besides that they are not effec-
tive if the structure has several closely spaced MNFʼs and may even increase the vibration and 
cyclic stress levels if not tuned well. This can happen if the MNF of the system after the installa-
tion of the TMD is shifted to a frequency where the amplitude of the e.g. the pulsation-induced 
force is larger. 
The TMD system shall therefore always be tuned in the field therefore to account for differences 
between the model and reality. Also the TMD shall always be designed with an adjustable mass 
and/or spring. If possible, measurement of the MNFʼs and mode shapes of the structure shall be 
made which can be used to tune the simulation model.

   
Figure 7  Schematic of a TMD  Figure 8 Demonstrating the effectiveness of a TMD

The MNF of the primary system can be split into a lower f1 and higher f2 frequency by attaching 
a spring-mass tuned to the same fundamental natural frequency fn of the primary system as 
shown in Figure 8.  
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The most significant design variable for the damper is the mass ratio µ as defined in (11) where 
m1 and m2 are respectively the mass of the TMD and mass of the structure of interest. When the 
mass ratio increases, the TMD becomes more effective and robust. In most applications the 
mass ratio is designed to be in the range of 1-10%. In the design of a TMD, the mechanical nat-
ural frequency of the damper fd  is defined by (12) and, the damping ratio of the damper ζopt can 
be calculated from (13). 

If there is zero damping then resonance occurs at the two undamped resonant frequencies of 
the combined system f1 and f2. The other extreme case occurs when there is infinite damping, 
which has the effect of locking the spring k2. In this case the system has one degree of freedom 
with stiffness of k1 and a mass of m1 + m2. 
Using an intermediate value of damping somewhere between these extremes, it is possible to 
control the vibration of the primary system over a wider frequency range.  
The damping of the TMD, which has been investigated in the research program, is achieved by 
the application of a CLD which is adhesively bonded to the spring, see also Figure 12. The ef-
fect of the damped TMD with a CLD will be demonstrated with two examples which will be dis-
cussed in the next section.  

3. Example of a U-pipe configuration 

Introduction 
During start-up of a reciprocating compressor system, unallowable vibration levels were experi-
enced in the U-pipe configurations as installed between the separator and suction pulsation 
damper, see Figure 9. The high vibration levels were measured at 57 Hz perpendicular to the 
plane of the pipe system. It was measured that the high vibration levels were caused by the 
excitation of a MNF of 57 Hz by the cylinder stretch displacement of 3 times the compressor 
speed. This was also calculated during the design of the system but it was not clear why the 
measured vibration levels were much higher than calculated. From field measurements it was 
shown that the difference between the calculated and measured vibrations were caused by a 
much lower damping ratio of 0.8% for both pipes while 2% had been modelled. It was calculated 
that the high vibrations would lead to fatigue failure. For that reason the system could not be 
operated up to maximum compressor speed, leading to a loss in production. Acceptable vibra-
tion and cyclic stress levels, leading to a safe and reliable system for the long term, can be 
achieved if the lowest MNF is increased up to 20% above the excitation frequency. This finally 
lead to a rather stiff structure because of the absence of a stiff structure in close vicinity of the 
piping, see Figure 10. This was one of the motivations to investigate non-traditional vibration 
mitigation techniques which are easier and cheaper to install to ensure a reliable, safe and effi-
cient operation for the long term. For that reason the application of a CLD and damped TMD 
with CLD has been investigated in the research project for such a U-pipe configuration. 
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Figure 9 Original as built system Figure 10  System with additional stiffening 

Tuned mass damper system (TMD) 

A finite element model of a 6” schedule 40 pipe system has been generated and has been 
tuned to the measured mode shape. The next step was to design the TMD in such a way that 
the MNF of 57 Hz of the primary system is split into a lower f1 and higher f2 MNF of respectively 
+20% and -20% around the MNF of 57 Hz. It was calculated that only a very small mass of 2.5 
kg (pipe has a weight of ≈65 kg) was required to achieve this. Moreover  a simple leaf spring 
has been used for the spring and the TMD could be tuned by adjusting the lengthwise position 
of the of the spring leaf. Because the compressor has a large speed range variation, the two 
MNFʼs f1 and f2 would always be excited by varying the compressor speed because it was not 
possible to shift them out of the complete compressor speed range. Without additional damping 
of the TMD, it was shown that the pipe vibrations would still exceed the allowable level with the 
TMD installed. Besides that the additional damping was also required to avoid fatigue failure of 
the TMD itself.    
To dampen the vibrations of the pipe and TMD, a CLD was chosen because it has a relative 
large damping ratio for the complete speed range, is low cost and rather easy to install. The 
viscoelastic properties of the CLD were measured with the DMA technique [16] and have been 
has implemented in the ANSYS [14] model.  
The CLD has been adhesively bonded to both sides of the leaf spring (see also Figure 12)  and 
the dimensions have been further optimised with the ANSYS model.  Figure 11 shows the dif-
ferent vibration levels as a function of frequency (FRF: Frequency Response Function) and it 
can be seen that the TMD is very effective. The ratio of vibration levels of the pipe without (blue 
line) and with the damped TMD (red dotted line) is approximately a factor of 26. This ratio is 
based on the fact considering that the frequency f1  of 45 Hz can also be excited because the 
compressor can be operated over the entire speed range (worst-case scenario). If the compres-
sor would have a fixed speed, the ratio would be much higher. The vibration and cyclic stress 
levels will be reduced with the same factor if the pipe is excited with the same force at the fre-
quency f1  of 45 Hz.  Moreover it can be concluded that the ratio in vibration levels with and 
without the CLD mounted on the TMD is approximately a factor of 3 for the TMD and 2 for the 
pipe system. 
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Figure 11 Calculated FRFʼs for pipe and TMD to tune the mode shape at 57.22 Hz  
Measurements have been carried out on the test pipe at the test laboratory with the TMD at-
tached as shown in Figure 12. An impulse hammer excitation method has been used to meas-
ure the FRFʼs. The FRFʼs of the pipe without and with the TMD are shown in Figure 13. From 
the FRFʼs it can be concluded that the measured MNF of the lowest mode shape is 50 Hz in-
stead of the calculated value of 57.22 Hz. This was caused by the flexural flexibility of the 
mounting plates, causing rotational compliance rather than full fixation. TMD is very effective 
because the measured ratio in vibration levels with and without the TMD is approximately 42. 
This is even larger than the calculated value which is probably caused by the flexible mounting 
plate and means that the model differ from the actual system. Moreover it is noted that the ab-
solute value of the vibration levels from Figure 11 and 13 cannot be compared because the ex-
citation methods are different. So only the ratio of the vibration levels can be compared for that 
reason. 

345



Figure 12 U-pipe with TMD 

Figure 13 Measured FRFʼs of bare U-pipe (left) and with TMD (right) 

Constrained layer damping (CLD) 
The second method of increasing the damping and so reducing the vibration and cyclic stress 
levels was the investigation of the effectiveness of CLD added to the pipe. The effectiveness of 
the CLD is largest when it is mounted on the locations with the largest strain. For the U-pipe the 
largest strain will occur in the vertical parts at the mounting plates. For that reason the CLD has 
been mounted on the two vertical straight pipe sections of the U-pipe. The CLD is also very 
effective because the ratio in vibration levels with and without the CLD is 23 for the mode of 
interest. This is in the same order of that of the damped TMD, see Figure 11.  
Figure 14 shows the test pipe with the CLD adhesively bonded to the vertical parts of the pipe. 
The measured ratio in vibration levels with and without the CLD is approximately 20 which is in 
the same order of the calculated value of 26. 

Figure 14 Test pipe including the CLD 

346



4. Example of a large pulsation damper  

Introduction 

Inspired by the results of the TMD and CLD of the U-pipe has shown to be very effective the 
idea was proposed to apply this also for a suction pulsation damper. The reason that a suction 
damper has been chosen is that severe vibration problems have occurred in several projects 
with these dampers and it was shown that it is sometimes very difficult to reduce the vibrations 
in the field to acceptable levels with traditional vibration mitigation measures. Arguably, cylinder 
stretch is the major source of most of the suction damper vibration problems.  
Frequencies between 50-100 Hz have been observed in several projects. In general stiff struc-
tures, which support the suction dampers, are applied to shift the MNF far enough from the exci-
tation frequencies. However, because of the rather high frequencies and high elevation of these 
dampers for large compressors, stiffening is not feasible anymore. For that reason the applica-
tion of a CLD or a TMD could be a feasible solution to mitigate the vibrations. Unfortunately it 
was not possible to test this in the field but a spare pulsation damper could be borrowed from 
RWE for the tests at the laboratory as shown in Figure 15. The damper has a mass of approxi-
mately 3000 kg. Preliminary calculations with the application of only CLD attached to the damp-
er have shown that the damping could be increased with a factor of 2 which is much less than 
the values of the U-pipe. The reduction of vibration levels with a factor of 2 was not enough to 
achieve  acceptable vibration levels.  For that reason the focus was on the investigation of ap-
plying a damped TMD.  

Figure 15  Suction pulsation damper  Figure 16 Mode shape at 27 and 77 Hz  

A finite element model of the pulsation damper has been generated and two typical mode 
shapes have been selected for improvement of the system because experience has shown that 
these modes  have exhibited large vibrations problems. The two investigated modes illustrated 
in Figure 16 are: Rotation of the damper around the cylinder nozzles denoted as mode 1 at 27 
Hz; Vertical translation of the overhanging end, denoted as mode 2 at 77 Hz. These are typical 
modes of such a damper.  
Similarly to the TMD of the U-pipe, the first step was to determine the mass of the TMD for the 
two selected modes. The calculated mass for mode 1 and mode 2 are respectively 75 kg and 
20 kg. The target was to apply one TMD system which could be used for both modes. For that 
reason one geometry was chosen with adjustable masses. The spring of the TMD was a leaf 
spring with a CLD layer adhesively bonded on both sides. The damping effect of a CLD is larg-
est at the location with the largest strain. This is at the “bottom” of the leaf spring as shown in 
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Figure 17 and has been achieved by applying a curved geometry at that location. The curved 
geometry has also the advantage of reducing the cyclic stress in the TMD.  A detailed view of 
the TMD is shown in Figure 17. Figure 18 shows the TMD mounted on the cap of the damper to 
tune mode 2 (vertical mode). Figure 19 shows the TMD mounted to tune mode 1 (rotation 
around the nozzles).  

Figure 17 Photo of TMD Figure 18 TMD to tune mode 2 (vertical mode) 

Figure 19 TMD to tuned mode shape 1 (rotation around nozzles) 

From the results of the calculations it is shown that the minimum calculated ratio of quality factor 
of the damper without and with the damped TMD is approximately a factor of 13 for mode 1 and 
14 for mode 2. 
From the measured FRFʼs as shown in Figure 20 and Figure 21 it can be concluded that the 
minimum reduction factor of the vibration levels is 17 for mode 1 (f 2) and 13 for mode 2 (f 2). 
This means that the quality of the model is rather good. Moreover it can be concluded from the 
measurements that the measured frequency of 76 Hz is a local resonance of the baffle choke 
tube inside the damper. This mode is also damped significantly by the TMD which is a positive 
side effect and the conclusion is that the application of the damped TMD is very effective. The 
measured frequencies of mode 1 and mode 2 deviate from the calculated frequencies. As ex-
plained for the pipe this is caused by the imperfect clamping of the nozzle end. 
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After detailed inspection of the TMD it was also concluded that the bonding of the CLD at the 
foot was not optimal caused by the curvature. The curvature causes a tensile (peel) stress 
which an adhesive bonding layer cannot handle very well. 
It can be concluded that the damping of the TMD with CLD has a very large effect in reducing 
the vibration and cyclic stress levels. To be able to optimise a TMD it is strongly recommended 
to measure, if possible, the MNFʼs in the field. 

 Figure 20 FRF of mode 1 of the pulsation damper 

 Figure 21 FRF of mode 2 of the pulsation damper 
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Conclusions and recommendations 

The project has shown that a large reduction in vibration levels of (parts of) reciprocating com-
pressor systems can be achieved with non-traditional vibration mitigation techniques such as 
CLD and damped TMDʼs. 
The advantages of a CLD are that they are very effective in reducing the risk of fatigue failures 
at rather low costs. Besides that they are easy to install and are very effective for a large fre-
quency range. 
The prediction and optimization of the damping performance after application of CLD can be 
made by finite element modelling. Such a model requires the input of the viscoelastic properties 
which shall be measured with a Dynamic Mechanical Analyser. The effect of temperature shall 
be included in the DMA because the viscoelastic properties are strongly temperature depend-
ent.  
Experiments with a U-pipe configuration with CLD have shown a reduction factor of  20. Tests 
with a damped TMD with CLD, have shown even a larger reduction factor of approximately 42 
which is significant.   
For larger structures, such as suction pulsation dampers,  it is more beneficial to apply a 
damped TMD instead of a CLD because it is more effective. Moreover, the addition damping of 
the TMD reduces the risk of fatigue failures of the TMD.  
To design the best TMD, the dynamic properties of the system such as mode shape, mechani-
cal natural frequency and damping ratio, must be well known and if possible shall be measured. 
Moreover the TMD shall be designed in a way that it can be tuned in the field. 
Experiments with a large pulsation damper have shown a reduction factor between 13 and 17 
depending on the mode of interest for a variable speed compressor. In case of a fixed compres-
sor speed the reduction factor is even much larger and reaches the quality factor at resonance 
of the original system.    
In another research project as carried out recently it was also shown that CLD is a very effective 
way of mitigation vibrations as experienced in screw and turbo compressor applications where 
frequencies are generally much higher.    
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Summary 

In many technical applications or plants the use of reciprocating compressors leads to higher 
pipeline vibrations, which are often pulsation induced. One typical measure to reduce these 
pulsations is the installation of orifices or special pulsation damping plates which have the 
advantage of easy installation in new or existing pipelines. However, the disadvantage of these 
devices is a significant remaining pressure loss. 

With the objective of minimizing this undesirable pressure loss, an adaptive pulsation damper 
without external energy input (passive) has been developed. This pulsation damper is based on 
a transient behavior of its pressure loss coefficient. Depending on the pulsations at the inlet side 
of the new device the flow cross section and therefore the pressure loss coefficient is adapted 
periodically. The energy required to achieve this periodic motion is taken from the pulsating flow 
itself. Accordingly, the behavior of the new pulsation damping device only depends on the 
transient flow, which corresponds to the adaptive characteristics and enables a passive 
performance. 

Within the present paper the working principle of the new pulsation damping device is presented 
using numerical simulations of an ideal pulsation damping definition. Based on the acquired 
adaptive principle a first prototype has been designed. This prototype has been built and tested 
at the closed loop air test rig for pulsating flows at the TU Dortmund. Designing and tuning has 
been verified by primary investigations of structural dynamic behavior and measured fluid 
mechanical static operating conditions. Subsequently operating behavior with pulsating flow has 
been analyzed. Comparisons with a non-damped situation and static damping devices show the 
advantages of this new development, already signed in as patent. 
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1. Introduction 
Reciprocating compressors function by means of a periodical compression process. This 
periodic behavior leads to high flow and pressure fluctuations during the suction and discharge 
process. Therefore, acoustic pulsation dampers are usually installed next to the compressor. 
They achieve an initial significant reduction of induced pulsations to the attached pipe system. 
The design of these dampers has a massive influence on the achieved attenuation. Large 
dampers are expensive, which often leads to a compromise between a good damping effect 
and acceptable costs. This may result in pulsation levels e.g. above the values of the API 618 
guideline [1]. In this case further measures are necessary to reduce pulsation.  

Various damping principles can be used. An analysis of different reduction measures has 
shown that dissipative damping is one of the most reliable and effective mechanism [2]. 
Dissipative installations inside the piping often take the form of orifices, pulsation damper plates 
[3] or alternatively multi-bore-orifices. The main advantage of this type of device is its low 
installation complexity and good damping ratio with regard to acoustic resonances. 
Unfortunately, this pulsation damping principle is associated with a significant remaining 
pressure loss, which leads to a compromise between acceptable pressure loss and effective 
pulsation damping. In [4] a variable orifice with changeable loss coefficient has been presented. 
This makes it possible to change the damping behavior as a function of the current operating 
point. However, the current damping behavior is no improvement on static devices, and an 
external energy input is necessary. In 2013 a new research and development project has been 
initiated between KÖTTER Consulting Engineers and TU Dortmund, aimed at developing a 
damping device with better operating conditions than state of the art throttle devices. The new 
device should work adaptively and passively within the oscillation period of the pulsations and 
without external energy.  

2. Ideal operating conditions 
The damping mechanism of a dissipative damping device is based on the nonlinear 
dependence between the velocity fluctuation and the pressure drop. To increase the damping 
ratio stronger throttling is required. The prime disadvantage is the remaining pressure loss as a 
consequence of the dissipation. This results in a compromise between sufficient damping and 
acceptable pressure loss. To avoid this compromise advanced damping behavior is required. 
As a first step towards the new damping device the behavior of an ideal damped pulsation is 
defined, figure 1. 

Figure 1: definition of the ideal dissipative pulsation damping behavior 
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The usage of the word “ideal” here refers to the achievement of a completely steady state 
condition behind the device. This still includes a remaining pressure loss, because the 
dissipative damping mechanism is not able to recover lost pressure. This pressure loss is 
minimized by orientating to the minimal turning point of the upstream pressure fluctuation. This 
does not mean that pressure pulsations with an amplitude of ten percent of the static pressure 
result in ten percent static pressure loss. The relevant turning point depends on the new 
pulsation situation with installed ideal pulsation damping device and therefore with reduced 
pulsation levels downstream and upstream of the device. Acoustic impedance describes the 
fundamental correlation between pressure fluctuation and flow fluctuation. Hence the velocity 
fluctuation behind the pulsation damping device also has to be eliminated.   

Due to analytical considerations in case of a non-reflecting boundary condition downstream of 
the ideal damping device a non-fluctuating pressure just behind the damping device leads to a 
non-fluctuating velocity too. In the theory of linear acoustics a non-reflected wave is 
characterized by a constant relationship between pressure and flow fluctuation as a result of 
acoustic impedance with the fluctuation taking place in phase. Velocity fluctuations will also be 
eliminated if the existing acoustic power does not traverse the ideal pulsation damping device. 
Further investigations with a superimposed mean flow are not easy to treat analytically. 
Therefore, numerical investigations based on the definition of ideal pulsation damping have 
been carried out in order to acquire an advanced damping behavior. The method of 
characteristics has been used dealing with the three characteristic equations – continuity 
equation, momentum conservation and energy conservation. To investigate ideal damping 
behavior a new interface for the ideal definition of pulsation damping has been developed. This 
includes a control loop which manipulates the loss coefficient in each time step in order to 
stabilize the pressure behind the device at a constant level, fig. 2.   

Figure 2: implemented interface in the numerical scheme for analyzing 
 ideal pulsation damping device 

The manipulated loss coefficient is part of the momentum conservation employed and has a 
direct impact on the downstream pressure. The defined reference for the loss coefficient in this 
implementation is the upstream condition: 

, − , =  ∙  ⋅


2

To analyze the dynamic behavior in a piping system a one-dimensional model was set up. This 
includes a pulsation excitation at the inlet of the domain defined by a harmonic pressure 
fluctuation and a constant velocity at the outlet boundary, fig. 3. The boundary conditions 
conform to a low-impedance inlet boundary and an acoustically hard boundary at the outlet. 
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Excellent damping performance is achieved for resonant pulsation problems. Therefore, the 
length of the model is 17.5 m and the excitation frequency is about 15 Hz. This matches the ¾ λ
resonance of the system for nearly ambient conditions and medium air characteristics. The 
simulated pressure and velocity fluctuation for the original system without the ideal damping 
device are shown by the dashed envelopes in fig. 3. Subsequently the simulation was carried 
out with the damping device positioned next to the maximum velocity fluctuations. The resulting 
envelopes confirm the ideal damping behavior desired.  

In the next step an adaptation principle had to be found for converting this dynamic damping 
behavior into a viable construction. This was detected by correlating the periodic static 
differential pressure and the dynamic loss coefficient along the ideal damping interface, fig. 4.  

Δ
 =

 − 
 ≈ .

Figure 3: envelopes of the local pressure and velocity fluctuation along a pipe for a harmonic 
excitation (original ≙ without damping device; ideal ≙ with installed damping device) 
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Figure 4: time signal of differential pressure, loss coefficient and their quotient 

This adaptation principle results from the fact that the total pressure difference is almost equal 
to static differential pressure and takes into account the eliminated velocity fluctuations just in 
front of the ideal pulsation damping device. The ideal damping interface matches to the sound 
reflection behavior of an acoustically hard boundary. Another result of this behavior is the 
virtually exact validity of the quotient:  

Δ
 =

1
2 ∙  ∙ ̅

 = .

The resulting quotient of the differential pressure and the loss coefficient is also known as 
dynamic pressure. 

3. Design of prototype 
The derived adaptation principle has to be converted into a functional concept for constructing a 
corresponding adaptive and passive pulsation damping device, fig. 5. Due to the already 
described dependencies it makes sense to use the local pressure up- and downstream the 
pulsation damping device as forces by using adequate areas. These forces can be handled as 
excitation forces on a moveable structure. The motion of the structure achieves a dynamic loss 
coefficient. This dynamic coefficient results from a changing flow cross section. 
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Figure 5: concept for the adaptive and passive pulsation damping device 

The damping device consists of a fixed and a moveable part. The fixed part has a fixed piping 
installation. This consists of a grid with a defined distance between bars and a cylinder. A 
moveable counterpart of the grid permits a dynamically changing flow cross section. The 
moveable part is attached to the fixed installation by adjustable leaf springs with spring constant 
k and is coupled to a piston which is installed inside the cylinder. The front of the piston is 
connected to the upstream fluid condition pp1, while the back is connected to the downstream 
fluid condition pp2. This generates the necessary adaptive force for the grid motion. This motion 
changes the flow cross section and achieves the required dynamic loss coefficient. In general, 
the piston forces should suffice to achieve adaptive and passive damping behavior. 
Unfortunately at the available test rig with pressure nearly ambient conditions, they are pretty 
small. Therefore, additional forces along the grid bars may be used. They relate to the pressure 
difference between the two sides of the bars, resulting from the stagnation pressure on one side 
and the reduced static pressure on the other side. This additional force is not part of the 
analyzed working principle of the device but necessary due to the low static pressure. In general 
it is quite easy to avoid this force by installation of the moveable grid on the downstream side. 
The structure has to be tuned to a high eigen frequency to guarantee in-phase movement to the 
adaptive excitation forces, cf. [5]. This leads to a light-weight structure of the moveable part with 
minor inertia because of low allowable stiffness regarding the low excitation. 

The behavior of the different physical aspects and the adaptive and passive principle must be 
integrated with each other in order to design a well operating prototype. Therefore, the quotient 
of differential pressure and loss coefficient is depicted in terms of the fluid mechanical, structural 
dynamical and interacting behavior of the pulsation damping device shown in figure 5.  

Δ
 =

1
ζ ⋅  ⋅ 

=
1
2 ∙  ∙ ̅



This designing formulation ignored the unwanted grid forces. Two dimensional flow simulations 
with different deflections of the grid have been realized for the design process of the first 
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prototype. The results have been used to define the dimensions of the fixed and moveable grid 
and permit a prediction of loss coefficient gradient. Subsequently the maximal usable size of a 
piston in the construction was specified. The only missing variable is the response 
characteristic, knowing the volume flow and the fluid conditions. This has been pre descripted 
by an analytical beam model. The accuracy of this analytical model is not vitally important 
because a large range of free length for the leaf springs has been included in the construction.   

4. Prototype 
The concept described above enables the realization of a usable adaptive and passive 
pulsation damping device. The prototype is a special lightweight construction using a moveable 
carbon grid, a carbon piston and all other moving parts made of aluminum, fig. 6.   

Figure 6: prototype of the adaptive and passive pulsation damping device 

This permits the low pressure application with high flexibility and acceptable eigen frequency. 
The grid possesses 15 slits with a maximum width of 5 mm. The maximum deflection of the 
dynamic grid is 2 mm, which corresponds with a minimum width of the free flow cross section of 
3 mm. This results in an area ratio of:  

 =



= 0,230…0,384

The important values for the adaptive forces are the available piston and grid bar areas. The 
piston has a diameter of 100 mm corresponding to an area of 7850 mm². The current height of 
the grid bars is 5 mm, corresponding to an area of 12850 mm². A thinner grid with a height 
about 2 mm corresponding to an area of 5140 mm² will be examined shortly. This should make 
it possible to balance the influence of the grid forces. A further advantage is the lower weight, 
getting a small beneficial eigen frequency shift. Two pressure sensors are installed inside the 
cylinder and a position sensor detects the dynamic grid motion in order to provide detailed 
information about the operating behavior.  
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5. Test rig and experimental setup 
Investigations of the new adaptive and passive pulsation damping device are carried out at the 
closed loop air test rig for pulsating flow at the Chair of Fluidics at the TU Dortmund. The test rig 
has been built for a number of investigations dealing with steady-state and unsteady 
phenomena of fluid mechanics. 

It is equipped with two positive displacement compressors attached to two vessels – suction 
and discharge side - , a cooler and a pressure regulator. The installed screw compressor can 
handle high pressure levels up to eight bar at a low volume flow of 500 m³/h. The roots blower 
does only operate on ambient conditions at the suction side, and can achieve a differential 
pressure of 800 mbar at a maximum volume flow of 2000 m³/h. For measuring the current mean 
flow a reference measurement section is included in the test rig. The test section has a nominal 
diameter of DN 200 and can have a very large number of different pressure, velocity and 
temperature sensors installed along the pipe. A pulsation generator is installed at the inlet of the 
test section. It permits unsteady flow behavior up to 100 Hz with pulsation indices – defined as 
ratio between the velocity fluctuation amplitude and the mean velocity – up to one. Figure 7 
shows the test section with additionally installed sensors for determining unsteady behavior. 

Figure 7: experimental setup 

The pulsation generator works with a rotating radial slit panel. Pulsation is induced during the 
rotation according to the dynamic free flow cross section. The intensity of pulsation can be 
leveled by an additional bypass. A ball valve is installed at the end of the test section. It is nearly 
closed for the measurements in order to control the mean pressure in the piping at about 1.5 
bar. Because of this strong throttling it can be treated as an acoustically hard ending. Next to 
the installed sensors at the pulsation damping device, another five piezo-electric sensors for 
measuring the pressure fluctuations, and a piezo-resistive sensor for the mean pressure loss 
are also installed. An additional thermal anemometer registers the velocity in the middle of the 
piping in front of the device. The sampling rate for the sensors is 2 kHz. Further analysis of the 
unsteady behavior is primarily based on the pressure measurement positions next to the 
pulsation damping device and at the end of the piping in front of the ball valve.   
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6. Measurement results 
Independent analyses of the fluid mechanical and structural behavior were carried out before 
testing the pulsation damping behavior in pulsating flow. First of all, the device has been 
installed inside the test rig to acquire information on the pressure loss coefficient dependent on 
the deflection. The leaf spring was mounted with a high flexibility and measurements with 
different volume flows were taken. The deflection of the moveable grid increases with rising 
volume flow as a result of increasing differential pressures on the piston and grid areas. 
Measurements of the volume flow, static pressure, differential pressure and temperature were 
taken at nearly ambient conditions, fig. 8. They made it possible to determine the loss 
coefficient and the consequent loss coefficient gradient, fig. 9.   

Figure 8: static measurements of the fluid mechanical behavior 

Figure 9: loss coefficient as a function of area ratio 
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This leads to a desired response factor of |H(iω)| = 0,28 mm/N in phase, with reference to the 
chosen operating conditions (volume flow of 1250 m³/h and a mean pressure of 1.5 bar), the 
specified piston area and the designing equation in section 3. Impact approaches have been 
carried out by using an impact hammer to check the response characteristic of the structure. 
Different lengths of free moving leaf springs were selected. Figure 10 shows the response 
characteristics measured using the response factor and the according phase shift between 
impact and deflection of the structure. The coherence (non-labeled graphs with most values 
next to 1,0) is also shown as a quality feature for the linear dependency of the impact force and 
the deflection. A coherence of 1,0 corresponds to an ideal linear dependency. 

The eigen frequencies for the measured leaf spring lengths are between 32 and 74 Hz. The 
response factors show that even the highest flexibility with a eigen frequency of 32 Hz does not 
achieve the required factor of 0,28 mm/N in phase. It seems reasonable to employ highest 
possible flexibility. Unfortunately no acceptable phase relation can be found with such high 
flexibility. A compromise has been chosen by taking a medium leaf spring length of 50 mm and 
additionally using the superfluous grid forces.  

Figure 10: response characteristic |H(iω)| for different free moving leaf spring lengths 

Subsequently, the pulsation damping device has been installed in the measurement section. 
The pulsation generator was used to determine the operating behavior in comparison with static 
devices by means of frequency sweeps, fig. 11.  
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Figure 11: time signal of the excitation frequency, the deflection of the dynamic grid  
and the pressure pulsations in front of the ball valve 

The pulsation amplitudes in front of the ball valve in the original case without any damping 
device are the reference benchmark for comparing the new adaptive and passive pulsation 
damping device with static damping devices. Thus a pulsation amplitude ratio can be defined: 

 =
̂
̂

The measurement results for the different setups and the pulsation amplitude ratios are shown 
in fig. 12. The relative remaining pressure loss  

Δ =
Δ


is also depicted to complete the comparison between the different damping measures (original: 
pure pipe; ζ=3: fixed moveable grid at max. opening (5 mm); ζ=12: fixed moveable grid at min. 
opening (3 mm); ζ(t): operating as pulsation damping device). The spectral pressure pulsations 
of the original system are characterized by the different resonance frequencies for an acoustic 
open and closed piping system at 5 Hz, 15 Hz etc. The results for the different damping 
situations show a distinct effect on the pulsation situation at resonances of 15 Hz and 25 Hz. 
Other resonance frequencies are not affected by the damping devices because of a positioning 
next to low velocity fluctuations. In particular, a comparison between the pulsation amplitude 
ratios for the resonance frequency at 15 Hz shows that the new adaptive and passive pulsation 
damping device achieves the best damping behavior at reduced remaining pressure losses. 
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Figure 12: spectral pulsation amplitudes and pulsation amplitude ratios for different  
damping situations – none, static and dynamic – and relative remaining pressure loss 

At higher frequencies the dynamic behavior of the pulsation damping device does not conform 
to adaptive and passive principle because of the phase shift between the piston forces and the 
grid movement. This is a result of the low eigen frequency because of low dynamic forces as a 
result of the nearly ambient conditions. An installation in a plant with higher static pressure 
levels would enable the device to avoid the use of grid forces, and the dynamic structure could 
be tuned to higher eigen frequencies.  

7. Conclusions 
A new adaptive and passive pulsation damping device with a dynamic in time behavior has 
been developed and also signed in as patent. The device works according to the adaptive 
physical principle, as acquired by analytical considerations and numerical simulations. The 
adaptive principle uses a constant ratio between the ideal differential pressure and the time 
depending loss coefficient, which matches the dynamic pressure of the mean upstream flow 
conditions. The first measurements at the closed loop air test rig at the Chair of Fluidics have 
been completed successfully. They demonstrated good operating behavior with improved 
damping behavior and reduced remaining pressure loss compared with a static device. A still 
better performance is in view, knowing the not perfect configuration of the current prototype. 
Looking forward to higher acoustic impedances an even better damping behavior is expected. 
In this case the grid forces could be eliminated out and the phase relationship of incoming 
pressure pulsation and structure movement would be improved. Higher forces also occur in the 
case of higher impedances. This would lead to the possibility of using higher leaf spring 
stiffness, which would raise the eigen frequency. Thus, the response characteristics would 
achieve a better phase trend at higher operating frequencies.  
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Further investigations at the closed loop air test rig will be carried out in the near future, using a 
thinner grid. This will lead to lower grid forces as a result of smaller grid areas in the direction of 
movement. Another positive effect will be the eigen frequency shift, which may permit more 
flexible leaf springs. This would be an advantage in terms of piston forces and would permit an 
increase in the response factor.  
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Executive Summary 

In Elefsis Refinery, during the commissioning of three make-up reciprocating compressors of 
the Hydrocracker Unit, a major vibrations issue appeared. The trains are identical, a 7 MW 
motor drives a 4-throw compressor with three compression stages and one dummy stage, 
which pressurizes H2 from 24 to 183 bar(a). The capacity is controlled through step-less 
capacity controllers, achieving a range from 30% to 100%, with 1% step.  

On June 2012 the trains started up for the very first time. The vibration limits were set by the 
motor vendor at 4.5 mm/s rms "alarm" and 7.1 mm/s rms "trip" according to IEC 60034-1 
international standard. The compressors had no-load vibrations in NDE motor bearing at 2-3 
mm/sec rms. Although, when loaded the vibration levels in motor bearing reached 8-10 mm/sec 
rms, well above trip limit. 

The first action was to reinforce the motor’s bearing pedestal by welding pipe supports on both 
sides. This managed to reduce the vibrations only by 1-2 mm/sec rms. The initial vibration 
analysis revealed that it was not a process issue, the vibrations did not come from the motor 
itself and the dominant frequency was close to a local resonance of the motor bearing pedestal 
of 55-60 Hz. 

A FE model of the motor’s skid and pedestal was developed in order to act as a basis for the 
structural modifications to be carried out in order to attenuate vibration levels. The proposed 
actions were to regrout the train with high quality epoxy, install four more anchorbolts (two in the 
corners of the motor skid and two under the pedestal) and increase the size of the soleplates in 
order to reduce the movement of the pedestal. After the completion of grouting and mechanical 
activities the unit started again on November 2012, but the problem remained. 

In order to reach the final solution, the compressor train had been tested for different loads, with 
and without the reinforcement to the NDE bearing. In total 32 channels had been installed in 
order to collect reliable data. It was seen that the bearing housing was amplifying the vibrations 
from the rotor to the bearing housing for some of the orders; 10X-16X with and without 
reinforcement. The fact that the reinforcing pipes were stiffening the bearing housing in a 
positive manner indicated that the NDE bearing pedestal was too weak to ensure vibrations 
levels below the accepted level. 

The model of the train became more accurate by introducing the model of the rotor. This helped 
in order to implement different proposed pedestal solutions in the computational model. The 
analysis proposed a new pedestal with increased weight by 10 times. Moreover, the baseplate 
of the skid of the motor had been reinforced by welding thick plates in the corners.  

With the new pedestal, there was a clear improvement of the vibration levels: At axial direction 
they decreased by 82% (shaft line) and 62% in horizontal and vertical directions. The levels 
were recorded on the outboard bearing at 40% of load. After the successful completion of the 
first unit on summer of 2013, the second unit followed on September 2013 and the third unit on 
October 2014. By January 2015 all three units were running without vibration issues. 

In the end of the activities it was decided to reevaluate the limits of the motor’s bearing 
according to the vibration levels of the compressor. The new limits were chosen from the EFRC 
Guidelines for Reciprocating Compressors at 8 mm/sec alarm and 12 mm/sec rms trip. The 
units were changed in 0-pk levels to 11.5 mm/sec and 17 mm/sec respectively, in order to 
capture the nature of the reciprocating compressor’s vibrations. 
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Introduction

Elefsis Refinery Upgrade Project 
Elefsis refinery is located in Athens Greece and is one the three Hellenic Petroleum refineries in 
the country. A major investment of 1.4 billion € upgraded the refinery from topping to a 
hydrocracking one. Elefsis Refinery Upgrade Project (ERUP) finished commissioning in 2012 
and started a plant of 100 kbpd capacity and a complexity index 11.3 (Nelson) or 13.9 
(Solomon), which places it in one of the most complex refineries in Europe. The new plant has a 
Hydrocracker Unit (39 kbpd) with high requirements of H2 pressure (180~190 bar) and flow 
(65,500~72,300 Nm3/h). The best solution to deliver the above requirements in a Hydrocracker 
unit is a reciprocating compressor. 

Reciprocating Make-Up Compressors 
There are three make-up reciprocating compressors in Hydrocracker Unit. Two are operating in 
various capacities and one remains stand-by. The make-up gas compressors combine in single 
machine the duty of two different services: A certain amount of hydrogen is diverted to the 
Unionfining Recycle circuit from the discharge of second stage, whereas the remaining 
throughput is further compressed in a third stage to feed the Unicracking section. The unit 
cannot operate in full capacity with only one machine running. 

The compressor train consists of one 55 TN electric motor of 7.1 MW and speed of 330 rpm 
with an overhung fan on the Non Drive End (NDE) side of the motor and only one NDE bearing. 
On the Drive End (DE) side of the motor a 4 TN flywheel is mounted on a stiff coupling, in solid 
shaft flanged ends, to the compressor crank shaft. The compressor DE bearing also works as 
DE bearing for the motor. The 104 TN reciprocating compressor consists of 3 active stages and 
one dummy stage. The inlet pressure to the compressor is approximately 24 bar(a) pure H2 and 
at the discharge from stage 3 the pressure reaches approximately 183 bar(a) and 65,500 Nm3/h 
rated capacity. The capacity is controlled through step-less capacity controllers in the suction 
valves, achieving a range of 30%-100% with 1% step. The layout of the train is illustrated in 
Figure 1. 

Figure 1: Compressor and Motor layout. 
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The problem: Excessive vibrations in the NDE motorʼs bearing 

Commissioning Activities – Vibration Problem 

The reciprocating compressors are fully monitored with internal cylinder pressure, crosshead & 
frame acceleration, piston rod position and temperature sensors. Additionally, a pair of 
velomitors is installed at the NDE bearing of the motor. Complementary measures are also 
carried out by portable measurement instrument at the NDE bearing of the motor. 

According to API 618 [1] the electric motor should comply with IEC 60034-1 [2]. Additionally, 
when there is no specific requirement on the vibration values, the motor is provided to withstand 
the usual international standards recommendation (indicated also in the ISO 10816-3 [3]). 
Accordingly, the vibration limits were set by the motor vendor at 4.5 mm/s rms "alarm" and 7.1 
mm/s rms "trip" (thresholds for in situ operation). The machines were guaranteed, with 
comfortable safety margins, to be able to operate for the long term with vibrations inside that 
limits. The compressor is designed to operate with many different combinations of cylinders 
running at no, part or full gas load. Each combination will provide some different loading on the 
unit and a unique vibration level, none of which should normally be excessive. 

On June 2012 the commissioning activities were completed and the trains started up for the 
very first time. The compressors had no-load vibrations in NDE motor bearing of 2-3 mm/sec 
rms. Although, when loaded the vibration levels in motor bearing reached 8-10 mm/sec rms, 
well above trip limit of 7.1 mm/sec rms. From 30% to 45% loading 3rd stage all the vibrations 
increased, from 45% to 65% all vibrations decreased slightly and the units were operating close 
to trip limit (almost 6.5-7 mm/sec rms). From 65% and above, the vibrations increase again over 
trip limit (max 10 mm/sec rms). 

Initial actions: Motor’s bearing reinforcement – Vibration Analysis 

The refinery was under the pressure of the initial startup 
and there was no room for failure. The units had to start 
even with a temporary solution and a detail plan was going 
to be decided afterwards. At this phase, the best proposed 
solution was to reinforce the motor’s bearing pedestal by 
welding pipe supports on both sides. Two supports were 
welded in each side, four in total, as shown in Figure 2. 
This action was going to be very critical for the discovery of 
the final solution. The main problem was that the vibrations 
were reduced only by 1-2 mm/sec rms and nobody could 
tell with confidence if the pipes could stand the forces or 
the problem had been transferred elsewhere.  

On August 2012 an initial detailed vibration analysis was 
carried out from the available data of the compressor, with 
the following findings: 

 

 It was not a process issue. The analysis of all PV diagrams and crosshead acceleration 
did not show abnormal behavior which could explain the high vibration.  

 In no load test the vibration level was acceptable and around 2mm/s rms at NDE motor 
bearing sensors. The high vibration occurred only when the reciprocating compressor 
was loaded. The causes of the high vibration did not come from the motor itself. 

 The compressor displayed vibration levels around 3 mm/sec rms in frame. Frequency 
analysis revealed that the motor vibrations increased when the loading was increased. 

Figure 2: Welded supports in the 
NDE motor’s bearing.
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This was caused by an increase in a single frequency component, namely the 10th 
harmonic (10X or 55.5 Hz) of the rotational speed (see Figure 3). The 10th harmonic was 
not a dominating component on any of the compressor vibration signals. 

 The level of vibration at the NDE bearing of the motor increased up to 10-11 mm/s rms 
with the supports installed. 

 A likely candidate to cause such high vibrations was the excitation of a (local) structural 
natural frequency. Bump tests along with operational deflection shape analyses 
suggested that there was a local resonance of the motor bearing pedestal along 55-60 
Hz. There was not an agreement between the predictions of the natural frequency 
measured during standstill (60 Hz) and during coast down (55 Hz). An explanation for 
the shift in natural frequency was that there was some, potentially nonlinear, interaction 
between rotor and bearing pedestal. During standstill the rotor is resting on the bearing 
and adds mass to the bearing pedestal system. However during operation the rotor is 
lifted but also interacts by inertia and stiffness contributions from the bearing oil film.  

 With the current instrumentation, it was not possible to determine if it was a bearing 
support movement or a shaft movement. 

 

 

Figure 3: Waterfall of one velomitor sensor in the NDE bearing. Vibration increased from 7 to 10 
mm/sec rms as the load increased. Evolution of 10X (55.5Hz) component. 

Motor model creation: Finite Element Analysis 

In order to reach a solution and schedule the next actions, the compressor’s motor pedestal and 
skid were modeled using Ansys v14 (Figure 4). The two masses shown represent the stator 
mass (A) and the bearing housing mass (B). Mass B weighs 780 kg and has the following 
inertias: Ixx = Iyy = 74.3 kgm2 and Izz=90.2 kgm2. Mass A weighs 30500 kg and has the following 
inertias: Ixx= 51850 kgm2, Iyy= 40680 kgm2 and Izz= 64330 kgm2. The inertias for both 
components were calculated considering a rectangular prism. Both masses are attached to their 
respective anchor points by means of rigid links. The skid’s anchor points are represented by 
ten different linear springs in all three directions, with a constant value of 1E10 N/m. The global 
coordinate system is defined with Z being the axis of the rotor (positive from the DE to the 
NDE), X is in the transversal direction and Y in the vertical direction (positive upwards). 
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Figure 4: Finite Element Model of the motor’s skid with pedestal (left) and meshing (right). 

 

All skid and pedestal elements used in this analysis are plate elements, as presented in Figure 
4. The four braces supporting the pedestal to the skid are modeled as beam elements. The 
cross section of the beam elements corresponds to that of a 6” schedule 80 pipe. 

A modal analysis had been carried out, using the FE model, and the first six modes were 
calculated. Several of these modes correspond to movements of the stator/bearing housing 
mass and the respective deformation of the skid and/or pedestal (see Figure 5 and Table 1). 
The dominant mode, with the higher amplitude, is the 5th mode, rotation of pedestal about the 
transversal axis  

Mode 1: 22.6 Hz Mode 2: 29.2 Hz. 
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Mode 3: 31.4 Hz Mode 4: 32.8 Hz 

Mode 5: 56.3 Hz Mode 6: 65.9 Hz. 

The first six modes calculated had been compared to the real data and were found to be in very 
good agreement. This strengthens the reliability of the model. Furthermore, the impact test 
showed the existence of a natural frequency at around 60 Hz, when the machine was stopped. 
Once the machine is en route, the mode is shifted down to circa 55 Hz, which corresponds to 
mode 5 presented above. The difference between the impact test natural frequency and that 
given by the FE model relies in the mass and stiffness distribution. Furthermore, modes 1, 3, 4, 
and 6 are less excitable by the actual forces acting on the unit and then are not observable (as 
resonance peaks) in the measurements at site. 

 

Table 1: The 6 first modes of natural frequencies. The 5th is the dominant one. 

 

Mode
Natural 

Frequency (Hz) Comment
1 22.6 Rotation of pedestal about the transversal and the vertical axis
2 29.2 Rocking of pedestal about transversal axis
3 31.4 Movement of stator mass‐beams in phase
4 32.8 Movement of stator mass‐beams out of phase
5 56.3 Rotation of pedestal about the transversal and the vertical axis
6 65.9 Translation of pedestal and skid beams along vertical axis

Figure 5: The 6 first modes. Maximum excitation, close to mode 5: Rotation of pedestal 
in the transversal & vertical axis. 
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Taking the above analysis into consideration, the proposed actions, in order to decrease the 
vibration levels, were to move away from the natural frequencies and namely to the 55-56 Hz 
which seems to cause the increase. In order to achieve this at site, it was decided (taking also 
in consideration past experience) to regrout the train with high quality epoxy, install four more 
anchorbolts (two in the corners of the motor skid and two under the pedestal) and increase the 
efficiency of the soleplates in order to reduce the movement of the pedestal in mode 5. 

Regrouting, motor soleplates and anchoring improvement 
The grouting was in poor condition with big cracks all over the base under compressor and 
motor skid. The cracks had 2-3 mm height differences and openings (see Figure 6 upper left 
picture). Also many of the pull down checks of the compressor’s anchorbolts were out of limits. 
The machines were grouted with poor quality epoxy under high temperatures (summer 2011) 
during the installation phase. This was known from the beginning, but when the vibration 
problem appeared, it was one of the factors that had to be eliminated. 

The actions, which were implemented on August-November 2012 in the first train, were to 
totally dismantle compressor and motor and perform major mechanical overhaul with new 
grouting. The soleplates under the motor were optimized in order to increase the contact area of 
the motor skid and the soleplate (see Figure 6 bottom left picture). The two soleplates under the 
pedestal were enlarged to support greater area. Furthermore, four extra anchorbolts were 
installed for better anchoring, two in the corners of the motor’s baseplate and two inside, under 
the pedestal (see Figure 6 upper right picture). The train was grouted with a top quality epoxy, 
with the appropriate expansions joints and thickness, in order to totally eliminate potential 
cracks (see Figure 6 bottom right picture). As machining at site was not possible, in the corners 
of the motor skid, special epoxy grouting acted as two extra soleplates for the two new 
anchorbolts. 

After the proper curing time of the epoxy was passed, the machine was assembled by paying 
extra attention to strictly follow the procedures. The maintenance activities lasted 2.5 months 
and many resources and spare parts were used. By the end of the activities, a newly installed 
reciprocating compressor with its driver with the best possible grouting was ready for 
commissioning. 
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Figure 6: (Upper left) big cracks in the grouting, (upper right) schetch of new  
enlarged soleplates under the motor and new anchorbolts’ positions, 

(down left) new enlarged soleplate, (down right) new grouting with expansion joints. 

Failure and management support 

After the completion of grouting and mechanical activities the unit started again on November 
2012, but the problem remained. Without welded supports in the NDE motor’s bearing at 30% 
3rd stage load the vibrations were 10-12 mm/sec rms (see Figure 7). With welded supports at 
32% load the vibrations decreased to 8-9 mm/sec rms. In loadings more than 70% the 
vibrations slightly decreased. Although, the normal operation of the unit is between 60-65%. 

Figure 7: Two velomiters in the NDE motor’s bearing (blue, black) and the loading (red) for three 
loadings: without supports (30%), with supports (32%, 75%). 

It was clear that the initial actions, which lasted more than 3 months and used a lot of 
resources, did not have the expected outcome. The vibration levels remained the same. Some 
possible causes for the problem had been eliminated, like the grouting and the anchoring of the 
motor skid, but the vibrations did not decrease at all. At this point it has to be mentioned that the 
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team, consisted of Hellenic Petroleum, compressor and motor vendor specialists, had the full 
support of the top management of all three companies. The team stayed united and focused in 
the next steps which eventually led to the solution. 

Solution

Trying to find the root cause: Measurement Campaign  

In order to reach the final solution, a detailed measurement of the whole train was needed. The 
compressor train had been tested for different loads, with and without the reinforcement to the 
NDE bearing. During these tests a number of measurements had been carried out. In total 32 
channels had been installed in order to collect reliable data. The recorded signals were: 
Vibration measurements (acceleration) on compressor stage 3 and its foundation, in total 4 
channels. Vibration measurements (acceleration) on NDE bearing house, in total 3 channels. 
Dynamic pressures on the first stage suction, all stages discharge and cylinder pressures for all 
tree cylinders on both sides of the piston (since the compressor is double acting), in total 10 
channels. Lateral shaft vibrations for the NDE and DE side relative to the foundation as well as 
the relative movement between compressor casing and compressor crank shaft between 
bearing 2 and 3 inside the compressor, in total 6 channels. Axial shaft vibration at the DE side, 
1 channel. On the motor, rotor torque and bending in two sections had been recorded with 
strain gauges connected to a radio transmitter. Similar measurements had also been performed 
on the fan at the NDE side of the motor, in total 10 channels. Strain measurements on the NDE 
motor bearing pedestal and on the reinforcing pipes, total 3 channels. Some main 
channels/instruments are shown in Figure 8. 

     

Figure 8: Various channels on motor’s fan, shaft DE, motor pedestal and on compressor’s DE 
bearing. 
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From the constant operation at different loads it was shown that the torsional natural frequency 
is 36.2 Hz and has a viscous damping of 0.3% of critical damping. The torsional natural 
frequency is somewhat lower than what is calculated by the vendor at 42 Hz. In Figure 9 it is 
illustrated the compressor’s average torque value on rotor with and without supports. 

From the bending measurements on the motor shaft it was seen that the 1X component was the 
dominating order in the frequency spectra. The rotating bending moment is seen to peak when 
strain gauges are at the top (12 o’clock) and bottom (6 o’clock). The measurements show that 
stresses were compressive at the top and tension at the bottom indicating that bending stresses 
in the motor shaft was mainly due to gravitational sag of the rotor between the bearings. 
Bending strain variations were found to be less than 175μS pk-pk (μS=μm/m), which 
correspond to a stress variation of about 37MPa pk-pk. 

The maximum dynamic shear stress variations were measured to 38MPa pk-pk, when operating 
in load setting 53% - 53% - 30% in manual mode. There was no clear correlation between 
torsional vibration level and the vibration level measured on the motor NDE bearing. 

When comparing the order spectra in velocity for the horizontal proximity probes and the 
horizontal accelerometer on the NDE bearing, it was seen that the bearing housing was 
amplifying the vibrations from the rotor to the bearing housing for some of the orders; 10X-16X 
of rotating speed with and without reinforcement. 

Testing could not be performed without the reinforcing pipes; the vibrations and the risk of 
tripping the machine were increasing rapidly (see Figure 10). This made clear that the pipes 
with the added stiffness were lowering the vibration levels. From the strain measurements on 
the pipes it was shown that the pipes were supporting the bearing housing taking up dynamic 
forces in the range of 56kN pk-pk. The fact that the reinforcing pipes were stiffening the bearing 
housing in such a positive manner indicated that the NDE bearing pedestal was too weak to 
ensure vibrations levels below the accepted level. 

 

  
Figure 9: Compressor average torque value on rotor with supports (left)  

and without supports (right). 
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Figure 10: Vibration measurements on motor NDE bearing. Horizontal, Vertical, Axial.
With supports (left) and without supports (right). 

In the end of the measurement campaign it was decided that the reinforcement in the NDE 
bearing pedestal should remain, until a permanent solution was found. Moreover, It was advised 
that the compressor should be operated close to 60% load, since the vibration behavior at the 
NDE bearing was lowest in this range. 

Model of the rotor and recommended scenarios for solution 

The model of the train became more accurate by introducing the model of the rotor, which 
consisted of 55 stations and 54 elements. This would help in order to implement different 
proposed solutions in the computational model. The model is illustrated in Figure 11. 

Figure 11: Rotor model representation. 

For rotor dynamic simulation of the system, the bearings were introduced to the mathematical 
model with their dynamic coefficients (stiffness and damping). These bearing characteristics are 
highly non-linear and they are influenced by such parameters as speed, load and lubricant 
temperature. Rotor dynamic analyses were performed with the above constructed rotor/bearing 
models and with consideration to various excitations representing mechanical unbalance force 
and forced harmonic response applied at compressor throws. The following four different NDE 
bearing support flexibilities were considered: 
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 Model A – Rigid supports. This will act as model for comparison. 
 
 Model B (Base Line) – Motor’s computed support stiffness and mass properties: 

Kh=2.72331E+08 N/m, Mh=844 kg, Kv=6.72314E+08 N/m, Mv=1612 kg. This model 
configuration of the support structure was believed to be the as-is existing system in the 
field. 

 
 Model C (Model B x1.5) – Pedestal stiffness and mass properties for the new design: 

Kh=4.29000E+08 N/m, Mh=2299 kg, Kv=1.37760E+09 N/m, Mv=4161 kg. This 
configuration of the support structure is examined as the new proposed design to the 
existing configuration. 

 
 Model D (Model B horizontal 
x2.2, vertical x1.5) – Same as model 
C however the horizontal pedestal 
stiffness increased by a factor of 1.40 
(total). This resulted in values of 
Kh=6.000E+08 N/m while all other 
values remain the same. Similar to 
model C above, this configuration of 
the support structure is also examined 
as possible modification to the 
existing configuration. 

 

Based on the analyses performed, it was indicated that the rotor/bearing system with NDE 
support flexibility considered did introduce system natural frequencies with low levels of 
damping that were excitable and did slightly amplify the dynamic response characteristics of the 
drive motor NDE bearing location and its supports (see Table 2 for models comparison). In 
Figure 12 is the calculated 5th mode of the rotor model. Accordingly, displacements and 
transmitted forces to the drive motor bearing were increased. Modification to the motor NDE 
bearing support stiffness reflecting model C did reduce pedestal vibrational amplitudes by as 
much as 30% for 30% loading, 7% for 60% load and 37% for 100% loading. For the 
recommended support stiffness reflecting model D, the reduced pedestal vibrational amplitudes 
was 42% for 30% loading, 18% for 60% load and 48% for 100% loading. However, reduction in 
displacements did not reduce the transmitted dynamic force to the pedestal. The computed 
transmitted forces had to be utilized in an effort to quantify the fatigue life of the support 
structure and its welded connections from which a factor of safety had to be established. 

Table 2: Natural Frequencies comparison for all models. 

  

Rotating Speed 330 rpm

Frequency 
(Hz)

Critical 
Damping 
Ratio

Frequency 
(Hz)

Critical 
Damping 
Ratio

Frequency 
(Hz)

Critical 
Damping 
Ratio

Frequency 
(Hz)

Critical 
Damping 
Ratio

Frequency 
(Hz)

Critical 
Damping 
Ratio

Frequency 
(Hz)

Critical 
Damping 
Ratio

A 4,2 0,84 4,5 0,86 39,8 0,17 42,6 0,02 73,6 0,02 81,0 0,02
B 4,2 0,85 4,6 0,85 24,8 0,08 33,3 0,03 51,2 0,09 58,4 0,03
C 4,2 0,85 4,6 0,86 28,0 0,09 37,5 0,04 51,5 0,08 61,9 0,02
D 4,2 0,85 4,6 0,86 31,1 0,1 37,5 0,04 53,5 0,08 62,1 0,02

Mode 5 Mode 6

Model

Mode 1 Mode 2 Mode 3 Mode 4

Figure 12: 5th mode of the rotor in base line model B. 
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The improvement is visible in Figure 13. There is a comparison in pedestal vibrations between 
the existing model B and the two proposed C and D. Moreover, there is a comparison in shaft 
vibrations NDE motor bearing between all the models and the measured values at site. 
Vibrations are in displacement (mm pk-pk) and it is clear that the best results are achieved with 
model D. Although exact comparison between measured and calculated displacement was not 
achieved fully, by similarity analysis between models B, C and D the recommendation was to 
stiffen the support as much as possible and at the level of model D or higher.  

Figure 13: Models comparison - Displacements in the pedestal (left) and in shaft position NDE 
motor bearing (right) for loadings 30%, 60% and 100%. 

Final Solution: Pedestal Redesign and Baseplate reinforcement 

In order to achieve the stiffness increase of model D the solution which was implemented is 
shown in Figure 14. The new pedestal was completely redesigned and increased its weight by 
10 times, almost 4.5 TN. Due to geometrical restrictions the pedestal could not be oversized 
more. For these reason, the pipe supports were replaced by rigid brackets in order to further 
increase the stiffness of the system. Moreover, the baseplate of the skid of the motor had been 
reinforced by welding thick plates in the corners (see details A & B at Figure 14). All these 
modifications, combined with the new grout, optimized soleplates and the extra anchorbolts 
were expected to achieve the results of the model D.

Figure 14: New pedestal with brackets (left) and reinforcement plates A & B in the baseplate (right). 
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Implementation of the solution
At June 2013, almost one year after the detection of the problem, the new solution was ready to 
be implemented at site in the unit with the new grout and the optimized anchoring. The 
installation lasted two weeks. In the brackets, epoxy grout connected the two metal areas, as 
machining at site was impossible.  

 

  
Figure 15: New pedestal and reinforcement plates (left), grout and prolonged anchorbolts (right). 

The stiffness of the pedestal had been increased to the maximum. In order to achieve the best 
results, the only thing that could had been improved, was the damping factor (see Table 2). The 
proposed solution that was implemented, was to prolong the corner anchorbolts and tight them 
directly to the brackets of the pedestal (see right picture in Figure 15). This would help to lead 
the vibrations directly to the grouting.  

Measure the success  
From the first startup of the redesigned unit the 
improvement was obvious, but in order to accurately 
evaluate the new installation and the level of 
vibrations in all the train, another measurement 
campaign took place. The new pedestal was 
modeled as illustrated in Figure 16. With the new 
pedestal, there was a clear improvement of the 
vibration levels: At axial direction they decreased 
82% (shaft line) and 62% in horizontal and vertical 
directions. The levels were recorded on the outboard 
bearing at 40% load in 3rd stage.  

The highest level of vibration reached 5.18 mm/s RMS in horizontal direction at 70% of load. 
The general behavior of the motor can be considered as acceptable for unrestricted long time 
operation. In Figure 17 there is a comparison of the overall velocity level with the old and the 
new pedestal in all three axes. The actual improvement was better than the prediction of the 
theoretical model D. This was probably due to the extra field modifications that had not been 
inserted in the model. The most significant was the prolonged anchorbolts in the corner of the 
motor skid. This improvement led the vibrations from the rotor directly to the grout and to the 
cement base of the motor.  

Figure 16: Pedestal’s rocking 
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After the successful completion of the first unit, 
the second unit followed on September 2013 
and the third unit on October 2014. A 70 days 
overhaul was needed in each machine in order 
to implement the combination of the solutions: 
the new grouting, the optimized anchoring and 
the new pedestal. By January 2015 all three 
units were running without vibration problems. 

New alarm and trip limits  
During the research of the solution in the vibration problem, it was clear that the limits of 4.5 for 
alarm and 7.1 for trip mm/sec rms were not suitable for reciprocating machine. Reciprocating 
machines generate higher vibrations from their operation and the driver should follow these 
levels. The EFRC Guidelines for vibrations in Reciprocating Compressor Systems [4] is the 
most complete and reliable source of information in order to evaluate the operation of a 
machine. In the end of the redesign activities it was decided to reevaluate the vibration limits of 
the motor according to the levels of the compressor. The new limits were set at 8 mm/sec alarm 
and 12 mm/sec rms trip according to the EFRC Guidelines. The units were changed in 0-pk 
levels to 11.5 mm/sec and 17 mm/sec respectively, in order to capture the nature of the 
reciprocating compressor vibrations. In this way the machines are protected safely and reliably 
up to today. The above guidelines were introduced in ISO 10816-8 [5] which was released in 
2014. 

Resume
In this paper, the problem of excess vibrations in the NDE motor bearing in all three make-up 
reciprocating compressors of the Hydrocracker Unit in Elefsis Refinery is tackled both 
theoretically and in practice. Supports were welded in the bearing and a detailed analysis was 
made of the vibrations with the use of FE model. The initial recommendations resulted in new 
grouting for the whole train, optimization of the motor’s soleplates and increase of the anchoring 
points. The problem insisted and a rigorous measurement campaign revealed that the pedestal 
of the motor’s bearing was too weak. A second more detailed analysis with a dynamic model of 
the rotor and the comparison of different theoretical models led to a significant increase in the 
stiffness of the pedestal. The solution was applied in all machines with success and the 
vibration levels were decreased more than it was expected. The alarm and trips levels were 
reevaluated according to EFRC Guidelines for Reciprocating Compressors. 

 

Figure 17: Old and new pedestal’s vibrations.
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Summary 

The basic thermodynamic and mechanical performance characteristics of a reciprocating com-
pressor can be described using algebraic relations. This method is capable of producing accu-
rate results for general performance predictions; however there are some cases and applica-
tions which require a far more accurate simulation of the actual thermodynamic processes oc-
curring in a reciprocating compressor.  

In this paper, a compressor performance simulation model is presented which is able to accu-
rately capture transient and time-dependent effects in the compression cycle simulation whilst 
providing the flexibility to expand the model beyond the compression cycle itself. This is 
achieved by means of adopting a simulation method in the time domain. Using a novel numeri-
cal solution method that uses a variable time step in combination with an explicit and implicit 
method, a multistage simulation can be performed in just a few seconds on an average com-
puter and can therefore be used for compressor selection, detailed design as well as field per-
formance assessments.
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Introduction 
The thermodynamic performance aspects of a reciprocating compressor can be described by 
using analytical calculation models. The accuracy of this method is however limited by certain 
factors. The first problem is that gas properties are a function of pressure and temperature, 
which may change significantly during compression or expansion. Critical events during the 
compression cycle, such as opening and closing of suction and discharge valves, can have a 
notable influence on the performance of a reciprocating compressor. Accurate modeling of 
these events in analytical calculations models is complicated and the accuracy is limited, espe-
cially when compressor valve losses are high and the effect on the overall performance be-
comes significant. When heat transfer between the process gas, cylinder, cooling water and 
environment, as well as friction losses are taken into account, an analytical model becomes 
even more complex. 

Other factors affecting the compressor performance are related to flow, such as compressor 
valve losses and pressure losses in cylinder valve ports, passages and orifices in pulsating 
flows. Accurately capturing these effects without considering the time-dependent flow character-
istics is limited to including generalized approximations in the analytical model. 

Resorting to a different method is required in order to capture the full complexity of the thermo-
dynamic process without compromising on accuracy. By adopting a numerical simulation meth-
od in the time domain, the transient effects and events during the reciprocating compressor op-
erating cycle can be simulated.  Instead of using an analytical relation to determine the com-
pressor flow rate, temperature or required torque during one revolution of the crankshaft, this 
revolution is divided in a large number of small steps. The change in volume due to piston 
movement is determined for each step, gas pressure and temperature are calculated, and even-
tual valve opening or closing based on the pressures in the adjacent volumes is simulated. At 
every step the thermodynamic properties of the gas are calculated, heat transfer as function of 
the current temperature and friction as function of local velocities are calculated and the mass- 
and energy fluxes in the system are determined. 

Volume-based simulation model 
To simulate the thermodynamic performance of a reciprocating compressor a volume based 
model is employed. A visual representation of a part of the model is included in Figure 1. This 
model consists of several linked volumes of which the size and relation to other volumes can be 
changed as a function of time. As an example, the crank-end cylinder volume can initially be an 
isolated volume with an imposed reduction of size due to the movement of the piston, whilst 
after opening of the discharge valve a mass flow can be transferred to the cylinder discharge 
passage volume. 

Since the model is flexible and dynamically constructed, specific components can easily be 
added such as clearance pockets (including clearance pocket valves), a Free Floating Piston, 
pulsation dampeners, interconnecting piping etc. 
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Figure 1: Volume model for a single cylinder

Equations 

The first law of thermodynamics states1: 

 =  −  (1) 

while work is given by: 

 =  
 = ∫ 

(2) 

The total energy in each volume consists of the internal, kinetic and potential energy, and is 
given by: 

 =  +  +  (3) 

The principles of mass and energy conservation apply to the system as a whole as well as to 
the individual volumes, taking any transfer of mass or energy to and from the system into ac-
count. Pressure and temperature are assumed to be uniformly distributed within each volume. 
Kinetic energy is low, and gravitation can be neglected. This assumptions reduce the total ener-
gy equation to: 
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
 = 


(4) 

The specific internal energy is defined as: 

 ≝ / (5) 

The internal energy expressed in specific quantities is given by: 


 =  =  +  (6) 

Enthalpy and specific enthalpy are given by: 

 ≝  +  ℎ =  +  (7) 

Furthermore, the heat capacity at constant volume and constant pressure are given by: 

 = 1
 

  = 
 

 = 1
 

  = ℎ
 

(8) 

The law for conservation of mass states that for any system closed to all transfers of matter and 
energy, the mass of the system must remain constant over time:

 = ∑  (9) 

Combining equation (1), (4), (6), (7) and (9) yields:  

 + ∑ℎ  −  =  +  (10) 

This equation can further be rewritten by expressing du by as uT, v: 

 = 
   + 

 

 =  +  
 −  

 
 =  + ∑ℎ − ℎ  −  

  

(11) 

(12) 

Resulting a differential equation with two variables (m and T): 

 = , ,  ,   = ,  , ,  (13) 
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The properties of a fluid in a volume as function of pressure and temperature can be described 
by means of an equation of state2. In this paper the Peng Robinson equation is used, but others 
can be used for specific applications.. These equations are used to determine enthalpy h, Den-
sity ρ, specific heat constant for constant pressure and constant volume Cp and Cv, and the de-
rivative of pressure with respect to temperature at constant volume (dP/dT)V  as function of 
pressure and temperature.  

This type of equations is known as an initial value problem: an ordinary differential equation 
together with an initial condition at a given point in time. These values are given by  and 
for each volume at  = 0. 

Challenges in numerical simulations 
Initial value problems are in general solved in time using linear multistep methods 3,4,5, by taking 
a small step in time (ℎ), in which the function value does not change significantly. Now the value 
of  =  + ℎ, ,  ,  and of  =  + ℎ, , , .
This method is called the Forward Euler method, a first order Forward Differentiation Formula 
[FDF]. The error per step is proportional to the square of the step size. A smaller error can be 
achieved by decreasing the step size or by using a higher order differential formula, e.g. by tak-
ing additional preceding points into account6. 

The working cycle of a reciprocating compressor features parts which are characterized by qua-
si-linear dynamics, e.g. compression, as well as highly nonlinear dynamics as encountered dur-
ing the opening and closing of compressor valves, or when the fluid state is near to a phase 
transition, in which mass and temperature are highly nonlinear. Results show that an explicit 
solver is not able to achieve the required stability due to rapid changes of the system. This is 
demonstrated in Figure 2: The explicit scheme requires 500 time steps per degree to obtain a 
stable solution. A larger time step results in instability. 

Figure 2: Instability of an explicit scheme at larger time steps. 
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Figure 3: Acurracy of an implicit scheme  
for different step sizes 

Forward Differentiation Formula methods are explicit methods since only data from previous 
time steps is taken into account. The Backward Differentiation Formula [BDF] however belongs 
to a family of implicit methods. The Backward Euler method at  = 0 for example is given by 
 =  + ℎ, ,  ,   and of  =  + ℎ, , , . Since this equation is nonlinear, 
a Quasi-Newton method is used to solve these nonlinear equations. 

The advantage over an explicit method is the increased stability, which allows a larger time 
step. However, at valve opening and closing overshoot does occur when the step size is too 
large. Figure 3 shows that at least 100 steps per degree are required to describe valve opening 
and closing; which brings the total to 36,000 calculation steps per single revolution. Due to its 
complexity this would result in long computation times. 

Optimizing the solution method 
A small time step is only required for specific regions. In order to reduce the calculation time a 
flexible time step scheme is adapted which increases and decreases the time step based on 
rate in which the variables change over time. Furthermore the order of the scheme is also dy-
namically adapted. A schematic overview is of the working of the scheme is given in Figure 4. 
The specific advantages of both the implicit and explicit algorithms can be used to achieve the 
required level of accuracy and stability without compromising on calculation time. 

First mass and temperature are calculated for each volume using the explicit FDF scheme. Af-
terwards mass and temperature are calculated using an implicit BDF method. The nonlinear 
BDF equations are solved using a dedicated solver. When the answer provided by the back-
ward scheme is too far off the FDF solution,  the calculation point is rejected and the time step 
is automatically reduced, since this would imply the occurrence of nonlinear effects7. 

Figure 5 clearly shows the resulting decrease in step size around the closing of a crank-end 
suction valve. Short before the closing the step size is reduced by a roughly a factor 103. In the 
next time steps the step size is gradually increased again. 
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Figure 4: Flow chart time simulation model 

Figure 5: Changing time step during  
closing of a suction valve 

Modelling improvements 
These advanced simulation techniques are used to select appropriate cylinder designs, com-
pressor frames and pulsation dampeners, but are also used to simulate all the operating cases 
to determine maximum rod and pin load as well as crankshaft torque fluctuations at full and 
part-load conditions with valve unloading, clearance pockets and reversed flow control. 

Due to the fact that all heat transfer to the cooling water and environment, frictional heat and the 
exact gas properties8 are known for each single point in time a very accurate prediction of dis-
charge temperature and other performance aspects can be made. Also the temperature rise of 
the process gas in case of reversed flow capacity control or suction valve unloading can be de-
termined with high accuracy. 
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Since the calculation is performed in the time domain, it is also possible to simulate transient 
operating conditions where pressures, temperatures or gas composition are not constant, such 
as during the start-up and pressurization of a compressor. Furthermore advanced valve motion 
can be simulated to check valve behavior for every operating condition. 

Field performance assessments 
The simulation model in the time domain is not only useful for selection and design applications, 
but can also be applied to verify the performance of compressors in the field. The accuracy is 
increased significantly compared to conventional calculations models as the simulation model in 
the time domain is also able to capture the effects of relevant factors external to the compres-
sion volume itself, such as gas passage channels, orifices, nozzles and pulsation vessels. This 
enables correct assessment and identification of compressor performance issues, allowing at-
tributing specific effects witnessed in field measurements to the correct cause.  In addition simu-
lation data can be used to compare field measurement data with simulation results in order to 
verify the compressor performance. Ideally the measurement data should closely resemble the 
simulation results. If any discrepancies are identified, several performance aspects can be mod-
ified to assess the effect on the performance. For example: 

• Valve leakage 
• Obstruction in pipe section 
• Wrong (installed) orifice 
• Increased leak flows 
• Changes in gas composition 
• Condensation of process gas 

Case study 
  

An increase in crosshead guide vibration levels of the 3rd stage cylinder of a reciprocating com-
pressor was measured in the field. In order to verify that the cylinder itself was performing as 
expected, a pressure volume measurement was analyzed. Figure 6 shows the measurement- 
and the simulation data of the crank-end side of subject cylinder. The results from the meas-
urements provide a good match with the simulation data, except for the cylinder pressure pulsa-
tions which are outside the scope of the used model since no relevant valve data was available. 
The dominant frequencies in the pulsations are found to be different from the observed vibra-
tions on the crosshead guide, therefore it can be concluded that the actual compressor perfor-
mance is corresponding with the theoretical model and there is no apparent relationship be-
tween the pressure pulsations and witnessed vibrations. 

Case 1: 3-stage combined heat/power compressor, 
495rpm
Stage 1 Stage 2 Stage 3 
3.3 – 9.6 9.3 – 26.9 26.4 – 72.4 bar(a) 
60% H2 
15% C1 

15% C2 
10% C3+, others 
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Case 2: 1-stage refinery compressor, 425rpm 
Stage 1 
~ 67 – 81 bar(a) 
55% H2 
40% C1 
5% C2+ 

A single stage, double-acting reciprocating compressor operating in a refinery was known to 
operate at conditions deviating from the original design; especially the process gas composition 
changed significantly over time. Pressure-volume measurements were performed to validate the 
performance and loading of the compressor. The measured cylinder pressures were found to be 
considerably different from the compressor design values. As a first step, the simulation model 
of this specific compressor was generated, using the original design and actual gas composi-
tion, measured suction and discharge pressures as well as the actual compressor valves.  

The simulation based on the original gas composition predicts a lower cylinder pressure differ-
ential than measured. Since the actual gas composition has changed over time and the molecu-
lar weight is increased, a second simulation is performed with the actual gas composition. The 
discharge side pressure profile does match with the simulation results, but on suction side there 
is still a discrepancy between the measurement and the simulation results. 

After analyzing the first results, it became apparent that the compressor installation had been 
modified in the past and restriction orifices were added between the cylinder flange and suction 
and discharge pulsation dampeners. The effect of subject orifices on the compressor perfor-
mance in terms of flow and loading was never considered. The difference due to the changed 
gas composition had a less pronounced effect on the cylinder pressures and loading of the 
compressor. 

The model was subsequently expanded to include the orifices as well as pulsation dampeners. 
Figure 7 and Figure 8 clearly indicate the effect of the addition of the orifices to the system. Fig-
ure 7 depicts the measurements and simulation results with a only the discharge orifice, while 
Figure 8 shows the effect of the added suction orifice to the cylinder pressures. The root cause 
of the deviating cylinder pressures could therefore correctly be attributed to the orifices and a 
correct assessment of the current loading condition of the compressor could be made. 

The numerical simulation method is therefore able to accurately model and include the effects 
of time- and flow dependent elements such as restriction orifices on the overall performance of 
the compressor. 
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Figure 6: pV-measurement and simulated pV-diagram

Figure 7: Measurements and simulations results (as 
build and increased mole weight)

Figure 8:  Measurements and simulations results (as 
build and increased mole weight + suction orifice) 
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Conclusion 
Simulating the thermodynamic performance of a reciprocating compressor in the time do-
main brings numerous advantages, but also difficulties due to the complexity of the model 
and rapidly changing conditions. A significant number of factors which have an effect on the 
performance of the compressor and are time- or flow-dependent, such as opening and clos-
ing of valves, heat transfer to cooling water, frictional losses and the effect of flow re-
strictions, can be simulated more accurately compared to using analytical models.  The in-
herent challenges associated with a numerical simulation model can be overcome by using a 
high order numerical scheme which uses a combination of an explicit and implicit scheme. 
This approach enables the application of an adjustable time step to keep computation times 
low which is required for compressor design selections, without compromising on accuracy. 
The results of the simulation can be used to provide a better temperature prediction and ac-
curate flow calculations. Furthermore the simulation model can be used to validate compres-
sor performance in the field and identify the contribution of different components to possible 
discrepancies between measurements and simulation.  
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Summary 
In the reciprocating compressor design process, the performance predictability plays a key role 
since the early stages. Performance of reciprocating compressors are often calculated by 
means of lumped parameter numerical model, neglecting the presence of unsteady phenomena 
such as pressure waves travelling inside cylinder bore and suction/discharge gas chambers. 
Dealing with a large size compressor, it can be observed that the time needed for the pressure 
waves to travel the whole cylinder bore is comparable with the duration of the physical phenom-
ena of the thermodynamic cycle. This affects the gas transfer process inside the cylinder cham-
ber, mostly during the suction and discharge phases, and thus the compressor performance. 
The authors inferred that a spatial discretization of the compression chamber domain could be 
useful in order to more accurately predict the indicated power and mass flow rate. In this case, 
the accuracy of lumped parameter models in predicting the compressor performance demon-
strated to be improvable. In fact, the modelling of the compression chamber domain by using 
one only lumped element does not allow to simulate the gas motion inside the cylinder. There-
fore, a more realistic way to simulate the mass flow inside the chamber is to increase the spatial 
dimension of the fluid domain representation. This leads to a numerical model that includes a 
spatial definition of the cylinder chamber, in order to account for the fluid inertial effects. 
In order to meet this need and to increase the accuracy of the thermodynamic cycle simulation, 
the authors developed a one-dimensional compressor model that solves the fluid dynamic 
equations by applying the finite volume method (FVM). At first, the FVM model was validated on 
a simplified test case simulated with transient CFD. Then, a real large size reciprocating com-
pressor was tested both with the FVM model and a lumped parameter model. The compressor 
performance was monitored and the numerical results were compared with experimental meas-
urements collected on a dedicated test bench. The FVM model showed a better agreement with 
the experimental data with respect to the results of the lumped parameter model. The compari-
son between the numerical results and the experimental data was useful to assess the influence 
of the fluid distribution in the cylinder chamber on the compressor performance predictability. 
The importance of simulating the cylinder chamber with a good spatial discretization showed to 
be crucial to match the experimental data. 

Introduction 
The performance predictability of reciprocating compressors has a key role since the early 
stages of the design. The proper knowledge of the compressor performance with a given set of 
geometrical and thermodynamic parameters is useful to reduce both time and costs of the de-
sign. 
Numerical models that simulate the thermodynamic cycle of the compressor are widely used 
with the aim of analyzing the phenomena involved in the thermodynamic cycle and predicting 
the compressor performance. In the first phases of the design, lumped parameter models are 
widely used for preliminary analysis because of the low computational cost. These models 
simulate the cylinder chamber as a lumped element, whose volume varies with time. The ther-
modynamic properties (i.e. pressure, temperature and density) are uniform in the whole fluid 
domain that the volume represents and the change of state in the cylinder chamber follows 
quasi-static transformations. 
The first lumped parameter model of a reciprocating compressor was developed by Costaglio-
la1. In this model the valve dynamics was also included, and the valve motion depends on the 
pressure difference across the valve. In the following years, this kind of model found a wide ap-
plication for both research activity and industrial design. Concerning the reciprocating compres-
sor study, Winandy2 used a similar numerical model for the estimation of compressor perfor-
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mance. The same model was applied by Elhaj3 to develop a condition monitoring strategy for a 
two-stage reciprocating compressor. A comprehensive simulation model for a semi-hermetic 
CO2 reciprocating compressor in which the leakage and frictions are considered was developed 
by Yang4. A natural gas reciprocating compressor was simulated by Farzanhed-Gord5 that inte-
grated the real gas properties in the lumped parameter model of the compressor. In all of these 
studies, the numerical results were compared with experimental data. The agreement highlights 
that the model is suitable for preliminary evaluations. Gimeli6 extended the 0D-1D thermos-fluid 
dynamic simulation approach to describe the phenomena internal to the volumetric machines, 
reproducing pressure wavesʼ propagation in the ducts. Lang7 coupled the 0-, 1- and 3D tools for 
the simulation of the suction line of a reciprocating compressor. 
Dealing with large size reciprocating compressors, the authors found that the performance pre-
dictability of the lumped parameter models has limits that cannot be neglected. This was ad-
dressed to the inability of such models in simulating the pressure wave propagation phenomena 
that affects the thermodynamic cycle. For this reason, an upgrade of the fluid domain discretiza-
tion is needed. A first insight of the effect of waves and unsteady flow inside the cylinder was 
given by E. Machu8, who calculated simple waves by using the method of characteristics. Later 
G. Machu9,10 described a numerical model based on the one dimensional Euler equations: the 
model was able to describe also laterally running waves moving inside the compressor cham-
ber. Then, Aigner11 and Steinrück12 presented a compressor model focusing on the evaluation 
of a compressor performance with improved description of the physical phenomena involved in 
the compressor thermodynamic cycle. A spatial discretization was considered both inside the 
cylinder chamber and the compressor plena. 
The above mentioned models inspired the authors to carry out the activity presented in this pa-
per. In this work, the authors developed a FVM numerical model based on the F-wave solution 
method of the Euler equation in the fluid domain of the compressor chamber. The model has a 
1D spatial distribution: the cylinder chamber is discretized in a finite number of volumes that 
change size during the simulation as a consequence of the piston movement during the com-
pressor operation. In case of multi-valve configurations, in the FVM model a single valve with an 
equivalent section represents the three valves. Suction and discharge valves are then facing 
one each other in the cylinder. Moreover, the numerical accuracy of the model was increased 
by using flow coefficients computed with stationary CFD simulations. 
In a preliminary phase of the model development, two test cases on simplified cylinder geome-
tries were simulated and the results were compared with ad hoc unsteady CFD simulations. In 
this way, a preliminary validation of the numerical model was achieved. Then, the model was 
used to simulate a real compressor and the results were compared with the measurements col-
lected during an experimental activity. The compressor simulations were carried out also with a 
simplified lumped parameter model that does not take into account any corrective terms. In 
each numerical model, the valve flow coefficients were obtained from experimental flow charac-
terizations on a dedicated test bench. 
By comparing the numerical results with experimental measurements, the advantages in terms 
of performance predictability of the FVM model were assessed. 

FVM Numerical model 
Dealing with large size reciprocating compressors, lumped models are not reliable to fully pre-
dict the performances of the machinery due to the simplified discretization of the in-cylinder fluid 
domain. To improve the predictability, a one-dimensional numerical model was developed by 
taking into account the fluid domain geometry of the compression chamber (Figure 1) and thus 
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the pressure wave propagation and mass flow of gas inside the cylinder. The cylinder was 
modelled by choosing the diametrical axis connecting suction and discharge central valves. The 
computational domain also includes a simplified configuration of the cylinder gas chambers to 
take into account the pressure variations in the volumes upstream and downstream of the 
valves during the suction and discharge phases. 

Figure 1 – CAD of the in-cylinder fluid domain. 

Mathematical model 
The one-dimensional governing equations for the gas flow are obtained by taking the mass, 
momentum and energy balance over a cross section: 

Assuming isentropic conditions (s=const.), pressure can be expressed in terms of density and 
entropy: 

In order to solve conservation laws that describe the fluid motion, the system of hyperbolic 
equations can be written in conservative form as:

Where the state vector q and the flux function f(q,x) are defined as follows: 
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Where R=ρA. In the Finite Volume Method, the computational domain is divided into cells and 
the unknown quantity that is numerically computed is the cell average of q on each cell. The 
authors followed the F-wave approach10 as suggested by Aigner11 to reduce the system (6) to 
the form: 

The interaction between two cells is done through the cell interface, which separates the two 
different states at the left and at the right side. This interaction can be exactly solved since the 
initial conditions at time t=n·∆t correspond to the Riemann problem, determining the local wave 
structure13,14,15,16,17. 

In the 1D model the diameter that links the suction and discharge central valves has been cho-
sen as the main direction of mass flow rate inside the cylinder (x axis). The equations of motion 
(Euler equations) are integrated over a cross section A(x,t) perpendicular to the x axis. The 
cross section areas vary with time due to the piston motion. The computational domain consists 
of the interior of the compressor, including the cylinder, the valve pockets and the pressure 
chambers. Cylinder, suction and discharge pressure chambers are considered as three different 
domain linked at the same compressor boundary through which the communication is done with 
the mass flow rate. In Figure 2 a schematic representation of the fluid volume discretization of 
cylinder with pocket volumes and gas chambers is shown. The pocket volumes are split into two 
volumes: one that is located in the cylinder head (head pocket) and the other is facing the valve 
(valve pocket). This configuration allows taking into account the whole length of propagation of 
the pressure waves (valve to valve) inside the cylinder. 

Figure 2 - Discretization scheme of the fluid domain. 
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Boundary conditions 
In order to obtain a good predictability of the FVM model, the choice of boundary conditions is of 
primary relevance. The state variables values at the boundary of the fluid domain are set by 
imposing the proper Q value in the ghost cells. In other words, the values of Q in the ghost cells 
are set in order to obtain specific state variable values at the boundaries. During compression 
and expansion phases, a rigid wall boundary condition is imposed in the cylinder domain. In this 
case the values of variables of the ghost cell are set to ensure a zero speed at the wall: 

Figure 3 - Subdivision of the computational domain into grid cells. Dashed line represents the 
ghost cell at the right boundary. 

When the valves are open, mass flow rate is computed at the interface between cylinder and 
pressure chamber (Figure 2). It is done by considering the flow through the valve as the (sta-
tionary) outflow of a gas from a pressurized container through a convergent nozzle: 

Aref is the geometrical area of the valve used as a reference, and Ks is the flow coefficient that is 
defined as follows: 

where ṁreal can ben numerically or experimentally determined. By taking advantage of the flow 
coefficient Ks, it is possible to compute the mass flow rate in the FVM model and the boundary 
values are so set: 

Non-reflecting condition has been used at the external boundaries of gas chambers. 
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Numerical test cases 
The FVM numerical model reliability was preliminary evaluated by taking advantage of a direct 
comparison with CFD simulations. Two simplified numerical test cases were defined and simu-
lated both with the FVM model and CFD. The two configurations are shown in Figure 4 and are 
named “Oval” (Figure 4.a) and “3Valves” (Figure 4.b). The “Oval” configuration is defined by a 
single suction duct (in blue) and a single discharge duct (in red), which have a cross-section 
equivalent to the sum of the cross-sections of the three ducts of the “3Valves” configuration. 

Unsteady CFD simulations of the working cycle of both simplified compressor configurations 
were performed by making use of the porous approach for the valve representation, presented 
by some of the authors in previous works18,19. The method is based on the assumption of mutual 
independence between the distinct sources of losses (so-called superposition of effects princi-
ple) and consists of substituting, in the CFD model, the actual valve geometry with an equiva-
lent porous region. Porous regions are zones of the fluid domain for which, in the CFD solver, a 
sink term is added to the standard Reynolds-Averaged Navier-Stokes equation, thus generating 
a localized pressure drop equivalent to the pressure drop produced by a valve, together with a 
straightening of the flow. Additional details can be found in the aforementioned papers. 

Numerical CFD simulations have been carried out with the commercial code ANSYS® Fluent®. 
The equations for a compressible, non-steady, three-dimensional turbulent flow are solved by 
means of the U-RANS (Unsteady Reynolds-Averaged Navier-Stokes) approach by adopting the 
standard k-ε turbulence model along with wall functions for the near wall treatment. The piston 
motion is handled by adding/removing the cylinder cells while they are stretched/compressed 
(layering method). The overlapping between liner and pockets during the piston masking phase 
is handled by means of sliding interfaces: the faces that arenʼt overlapping are defined as wall 
boundary while the overlapping faces are replaced by a set of faces internal to the mesh. The 
PISO algorithm is employed to solve the pressure-velocity coupling and the second order up-
wind scheme is used for spatial discretization of the whole set of RANS and turbulence equa-
tions. Two complete cycles with an angular timestep of 0.1° were necessary to correctly initial-
ize the flow field and to achieve a periodic solution. 

Figure 4 - The two test cases simulated with both the FVM and the CFD, Oval (a) and 3Valves 
(b). 
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The geometrical and thermodynamic data of the two test cases are the same of the experi-
mental test case shown in the next paragraph. The valve opening angles were imposed and 
chosen on the basis of suction and discharge design pressure. 

The test case geometries were defined with the aim of determining the influence of tridimen-
sional wave propagation on the thermodynamic cycle. Moreover, particular attention was paid to 
define the FVM model reliability on simulating geometries with different valves distribution. 

Both cases were fluid-dynamically characterized with CFD steady-state simulations that allowed 
computing the suction and discharge flow coefficients needed by the FVM model (Figure 5). It 
can be noticed how the coefficients start to vary from a specific piston position, corresponding to 
the piston masking beginning, due to the reduction of the flow area of the valve pocket. 

Figure 5 - Flow coefficients of the two test cases. The values were computed by processing 
CFD steady-state simulations with different piston positions. 

The working cycle of both test cases was simulated also with a lumped parameter model, in 
order to highlight the difference in the prediction capability of the FVM model with respect to a 0-
D model. In Figure 6.a and Figure 6.b the Clapeyron diagrams of the two test cases (“Oval” and 
“3Valves” respectively) are shown. It can be noticed how the FVM model is in good agreement 
with the CFD results in both cases, while the lumped parameter model (“0D”) underestimates 
the cycle absorbed power. This effect is due to the pressure wave propagation influence that is 
not considered by the lumped element discretization of the numerical model. On the other hand, 
the FVM model allows considering such phenomena and their influence on the thermodynamic 
cycle. It follows that the performance predictability of the FVM model shows to be higher than 
the lumped parameter one.  
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Figure 6 - In-cylinder pressure of “Oval” (a) and “3Valves” (b) test case. 

Figure 7 - Indicated absorbed power percentage difference between the CFD simulation results 
and the numerical model ones. 

In Figure 7 the percentage difference between the numerical simulations and CFD results is 
shown in terms of indicated absorbed power, as defined in (13). It is important to notice how the 
FVM reliability in performance prediction overcomes the one of the lumped parameter model. 

Experimental test cases 
The FVM numerical model was used to simulate the working cycle of a real compressor, whose 
data are summarized in Table 1. Numerical results were compared with measurements collect-
ed at the test bench during an experimental campaign on the compressor. The compressor was 
simulated also by taking advantage of a lumped parameter model. 

Both numerical models require the knowledge of the flow coefficients for the evaluation of the 
pressure losses along the suction and discharge flow paths. These were computed with CFD 
steady-state RANS simulations by adopting the same turbulence model and numerical algo-
rithm of the unsteady calculations on the simplified test cases. The computational domain was 
defined by the whole cylinder geometry, including valves, plenums, cages, pockets, etc. Simula-
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tions were carried out by imposing the pressure at the cylinder flanges and the velocity of the 
piston for different piston positions. This allowed taking into account the pocket-valve, valve and 
plenum losses of the compressor and the piston-masking effect was also considered in the nu-
merical simulations. In Figure 8 the suction and discharge flow coefficient derived with the CFD 
simulations are shown for various piston positions. 

Compressor data

Rotating speed [rpm] 375 

Bore [m] 0.77 

Stroke [m] 0.36 

Number of valves [-] 3+3 

Table 1 - Design parameter of the reciprocating compressor simulated and experimentally tested. 

Figure 8 - Flow coefficients of the real compressor. The values were computed by processing 
CFD steady-state simulations with different piston positions. 

The comparison was carried out in terms of in-cylinder pressure and absorbed power. In Figure 
9.a it can be observed how the FVM model predictability of the thermodynamic cycle overcomes 
the one of the lumped parameter model. The main difference between the two numerical mod-
els can be observed in the suction and discharge phases, the ones that are mostly affected by 
the pressure wave propagation inside the cylinder chamber.
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Figure 9 – Comparison in terms of in-cylinder pressure compressor (a) and discharge mass flow rate (b). 

In more detail, the lumped parameter model underestimates the pressure losses when the 
valves are open, since the pressure in the compression chamber is greater than the experi-
mental pressure during the suction phase and lower during the discharge phase. On the contra-
ry, the FVM is able to correctly reproduce the pressure increase after the discharge valve open-
ing and the pressure reduction after the suction valve opening. This capability is directly related 
to the inertia effect of the gas, which can be modeled only with a one-dimensional approach. 
After the discharge valve opening, only a small portion of the compression chamber close to the 
discharge valve actually starts the discharge phase, while the remaining volume of the com-
pression chamber is not yet influenced and keeps compressing the gas. The delay due to the 
time needed for the pressure wave propagation determines the further increase of the global 
pressure and the inertial effect of the mass flowing out from the discharge valve. This can be 
shown in Figure 9.b, where the inertial effect of the flow in the FVM model can be noticed be-
cause of the lower mass flow rate in the first phase of the discharge respect to the one comput-
ed by lumped parameter model, despite the FVM discharge begins a few degree earlier. 

The reliability of the numerical models was finally assessed by comparing the compressor per-
formance expressed in terms of indicated absorbed power. The percentage absorbed power 
difference between the numerical models and the experimental measurements is computed as 
defined in (14). The values are shown in Figure 10.  

It can be observed how the predictability of the FVM model is higher than the lumped parameter 
model and allows to compute the compressor performance with higher accuracy. 
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Figure 10 - Indicated absorbed power percentage difference between the experimental measurements 
and the numerical model ones. 

Conclusions 
The performance predictability plays a key role in the reciprocating compressors design. Since 
the early stages of the process, a numerical model with high reliability in simulating the com-
pressor thermodynamic cycle can lead to great advantages. Dealing with large size reciprocat-
ing compressors it was noticed that the time needed for the pressure waves to travel the whole 
cylinder bore was comparable with the physical phenomena involved in the thermodynamic cy-
cle. It was inferred by the authors that the spatial discretization of the cylinder chamber could be 
useful to improve the performance predictability.  

The numerical models commonly used are the lumped parameter ones, whose accuracy in pre-
dicting the large size compressor performance demonstrated to be improvable, due to their ina-
bility of simulating the gas motion inside the cylinder chamber. In order to increase the accuracy 
of the thermodynamic cycle simulation, an increased spatial dimension of the fluid domain dis-
cretization is needed. 

In this work, a 1D numerical model was developed. The model is based on the Finite Volume 
Method (FVM) and the F-wave method is used to solve the equations that describe the fluid 
domain. 

The FVM model at first was used to simulate two numerical test cases: the results were com-
pared with the ones of CFD simulations. The same test cases were simulated with a lumped 
parameter model too. Then, the FVM and lumped parameter models were compared on a real 
test case. Experimental measurements were used as term of comparison for the assessment of 
the numerical model reliability.  

In both the test and experimental case the FMV model showed higher cycle simulation reliability 
and performance predictability than the lumped parameter model, increasing the accuracy in the 
performance computation. 
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Summary 

During start-ups, continuous operation, and shutdowns, reciprocating compressors generate 
high dynamic loads. Especially, during passing of the resonance or near the critical speeds the 
loads are at their maximum. The main sources of these loads are: (i) the shaking forces due to 
pressure pulsation, (ii) inertia forces and gas forces, and (iii) torsion, forces caused by torsional 
vibrations of the drive. These loads lead to vibration in components of the compressor. Different 
standards and guidelines specify several dynamic analyses that mitigate such vibrations in or-
der to avoid the overload of structures. Generally, the modelling criteria and/or the required pa-
rameters of compressors such as stiffness, damping, adequate boundary system limits etc. are 
not clearly defined or are missing. For example, the modeling criteria as well as the pre-
stressed effects of the structures arising from internal pressure, temperature and the misalign-
ments during the assembly of the components, are of importance for the calculation of natural 
mechanical frequencies and the systemʼs mechanical response under dynamic loads. Moreo-
ver, modelling of the structure, modelling of the crank gear, the damping factors, and the damp-
ing ratio of the mechanical structure are critical for the dynamic behavior of the drive train and 
for the design of other mechanical components 

This paper presents the influence of modelling on the mechanical natural frequencies and the 
effect of inertia loads on the structure vibration and it also describes the impact of the crank 
gear damping on the speed fluctuation to ensure a safe operation and increasing the reliability 
of reciprocating compressors.  

In this paper it is shown, that conventional way of modelling is not sufficient. For best results is 
required to include the whole system (bare block, frame, coupling, main driver, vessels, pipe 
work, etc.) in the model (see results in table 1). 
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1. Introduction 

The main dynamic loads on reciprocating compressors are:  the shaking forces due to pressure 
pulsation, inertia forces and gas forces, and additional forces due to the torsion vibration of 
drive train. The shaking forces occur typically when there is a change in pipe direction or area, 
at cylinder passages, on the ends of the  pulsation dampers, on elbows, on reducers, on orific-
es, on tee pieces and on other pipe components.  The inertia forces are caused by oscillating of 
reciprocating masses. The inertia forces act through the cross head on the  structures and on 
the main bearing of crankshaft.  The cylinder gas forces are generated within the cylinder during 
the working cycle: suction, compression, discharge and expansion. The gas forces are general-
ly the highest one. They also act  on cylinder covers and through the crank mechanism. They 
also act on  crosshead guide and on  crankshaft main bearing. These loads lead to vibration of 
the compressor components. Modeling has a direct impact on the modal analysis and the calcu-
lation of the forced vibration.  The modeling criteria as well as the pre-stressed effects of the 
structures due to internal pressure, temperature and the misalignments during the assembly of 
the components, are of importance for the calculation of natural mechanical frequencies and the 
systemʼs response under dynamic loads. Moreover, modelling of the structure, modelling of the 
crank gear, the damping factors, and the damping ratio of the mechanical structure are decisive 
for the dynamic behavior of the drive train and also for the design of other mechanical compo-
nents.  

The influence of inertia and cylinder gas forces, in addition to the pulsation shaking forces, is 
included in the forced-mechanical-response analysis of the compressor mechanical model. This 
requires an adequate finite element model of reciprocating compressors, specifically of the 
crankshaft, of the crankcase, of the distance pieces and of the pulsation suppression devices. 
For this components a 2D and 3D-modeling is used. This model also enables an undertaking of 
the lateral dynamic analysis of the crankshaft and the stress evaluation under torsion and bend-
ing [3], [11]. The calculation of the torsional/lateral vibration mode shapes and the mechanical 
natural frequencies of crankshaft with flywheel will be performed with a separate 3D-model.  

2. Vibration analysis of the complete compressor unit 

The compressor unit consists of all in-skid components such as compressor manifold, piping 
system, e-motor / engine, pipe, base frame, pipe/vessel supports, anti-vibration mounts etc. The 
skid is connected on its termination points to the off-skid piping system. In different regulations 
and standards [2], [3], [11] are included recommendations and proposal regarding the scope of 
supply, limits of the system as well as the exciting loads for the vibration analysis of the com-
pressor mechanical model.  For many reciprocation compressor units, such as off-shore appli-
cations or compressors mounted on a skid, the recommended limits of the system should be 
extended, at least, up to base frame - foundation interface. If available the anti-vibration mounts 
should be included in the analysis. Not only the cylinder gas forces but also the inertia loads 
must be taken into consideration while performing the mechanical response analysis of the re-
ciprocating compressor systems.  The goal of vibration analysis is the determination of the dy-
namic load on all components of compressor unit and the comparison with the maximum allow-
able values [2],[11]. This requires an accurate modeling of all parts and adequate definition of 
the connecting zones (interfaces) between all components involved. 
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2.1. Modeling 

The modeling of reciprocating compressors requires much experience and represents a balanc-
ing act. On the one hand, the model should be as simple as possible to reduce calculation time 
and on the other hand as fine as necessary to get the correct technical solutions. The prepro-
cessing is the most time consuming step while undertaking vibration analysis. In this paper an 
automatic parametric modeling of the components of the reciprocating compressor is shown.  
The script language APDL [5] (ANSYS Parametric Design Language) is used for modelling of all 
components. Special interfaces are defined to get the dynamic force member on bolts or con-
tact areas/zones for all connecting parts. Generally, the crankcase is rarely modelled. The mod-
elling effort for the crankcase may be expensive but it is absolutely necessary for the vibration 
analysis. Using the parametric design language, the modeling effort can be considerably re-
duced.   The correct influence of cylinder gas forces and crank gear mass forces on vibrations 
of the machine can only be achieved by an adequate modelling of the crankcase, cross head, 
distance piece, and pulsation suppression devices. The use of 1D pipe or beam elements is 
only for some components such as pipes, tee-pieces support beams [6] admissible.  Crankcase, 
distance piece, base frame and pulsation suppression devices should be modeled at least with 
2D shell-elements. The recommended system limits, specified in the API 618 [11], needs to be 
expanded with all components up to the base frame, including if available the anti-vibration 
mounts.  The following figures shows the finite element models for crankcase, crankshaft, fly-
wheel, cylinder, cylinder supports, piping systems, pulsation suppression device, e-motor, base 
frame, piping and vessel supports. The bolts are modeled with pretension elements and are 
connected to the structure via spider with MPC-elements. Figure 1 shows the finite element 
model of the base frame, including the pedestal for the reciprocating compressor and e-motor 
as well as the base plates for the vertical separators:  a) on-shore application, the skid is con-
nected with bolts to the concrete fundament b) off-shore application, the skid is isolated, sup-
ported on anti-vibration mounts (AVM). The bolts and AVM are part of base frame model. Figure 
2 shows the crankcase manifold including the crankshaft, flywheel and the distance piece. The 
presented model is also suitable for the dynamic lateral analysis of the crankshaft. For the 
crankshaft main bearings, spring elements with appropriate stiffness and damping were used. 
  
Figure 1.  FE-Model of base frame and pedestal: a) onshore-application b) offshore- application. 
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Figure 2. Crankcase, flywheel, crankshaft, main bearing 

Based on the parametric technique described above, Figure 3 shows the finite element model of 
the two stage  balanced opposed B154 with a power of 1MW, 720 rpm, 45t weight, offshore 
reciprocating compressor unit with crankcase, crankshaft, flywheel,  double compartment dis-
tance pieces, cylinders, cylinder supports, e-motor, pulsation suppression devices, coolers, 
separators, piping system, base frame including pedestal, anti-vibrating mounts and all corre-
sponding supports. 

Figure 3 a) FEM of compressor unit, b) photograph of the offshore application with anti-vibrating 
mounts. 

2.2. Modal analysis 

After the modeling of the compressor, the modal analysis can be performed.  The effect of pre-
stressed conditions – temperature, internal pressure, misalignment - on the natural mechanical 
frequencies (NMFʼs) is described in [7], [10]. Under pre-stressed conditions the mechanical sys-
tem is stiffer and so the natural mechanical frequencies were higher.  Figure 4 shows the cir-
cumferential mode of vibration and the corresponding natural frequency of a vertical vessel – 
length L==3000mm, Diameter OD=609mm, shell thickness t=15mm – depending on the internal 
pressure. The curve in figure 4 c) represents the ration of the frequency f(p) under internal pres-
sure p to the frequency f0 at pressure zero. The difference between the two natural frequencies 
f(p) and f0 is up to 25%, and depends on  internal pressure.  

a)
 b)AVM 

Spring & Damping 
element

 Inlet pipe 
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Figure 4. a) Vertical separator L/D=5, D=609mm, t=15mm, b) vibration mode,  
c) frequency ratio f(p)/f0. 

Further the system modelling limits has a major influence on the natural mechanical frequencies 
(NMFʼs)  of compressor units.  In figure 5 three different models of a compressor unit are 
shown:  a) pulsation suppression devices and piping system, b)  crankcase manifold, piping 
system, cylinder and cylinder support and c) complete compressor unit including e-motor, base-
frame with anchor bolts on concrete foundation. The figures 5a) and 5b) represent a simplified 
model that is commonly used to carry out pulsation studies in reciprocating compressors. The 
third model is closer to the real system. This model must be used for simulation calculation. 

Figure 5.Three different models for the same compressor unit: a), b,) c) and photograph d), on-
shore application. 

a) b) c) 

a) b) c) d) 
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The following table contains the first 10 MNFʼs, calculated for the three above models. The dif-
ferences between the natural frequencies are more than 100%. The first models are practically 
unsuitable for conducting vibration analysis. Only the third model can provide useful results. 
With this model both the dynamic response analysis and the thermal study can be performed 
immediately one after another. So, quickly and easy an optimal solution can be found, as the 
pipe thermal stress analysis is in conflict with the goals of the mechanical dynamic design. 

2.3. Forced mechanical response analysis 

Next, the forced response analysis shall be performed. The exciter forces on the structure are 
the inertia (mass) forces, gas (stretching) forces in cylinders as well as the shaking forces on 
valve passages, cylinder passage, heads of the pressure pulsation devices, separators, coolers, 
pipe work components such as elbows, tee's, reducers, safety valves, etc. Figure 6 shows har-
monic amplitudes of the cylinder gas force FGas,axial acting in cylinder in axial direction (cylinder 
axis), gas and mass force Fcrosshead_vertical acting on the crosshead guide in vertical direction (ver-
tical to cylinder axis), gas and mass force FCrank_pin_vertical, FCrank_pin_axial acting on the crank pin in 
normal and axial direction. Thus there are four different dynamic exciter forces for each axis of 
the reciprocating compressor. Further, additional forces, resulting from the torsion should also 
be considered. The exciter forces must be determined for all operating conditions of the recipro-
cating compressor. For unloaded start-up and shut-down, only the mass forces of oscillated and 
rotated parts are acting on the compressor components.  

Table 1

Number Model a) Model b) Model c)
[-] [Hz] [Hz] [Hz]
1 28.5 27.7 16.2
2 29.6 28.2 17.9
3 40.4 29.4 22.1
4 59.6 40.4 25.5
5 63.1 41.9 26.3
6 67.0 43.1 31.0
7 74.8 60.8 34.5
8 84.7 61.1 35.2
9 86.7 63.0 38.0

10 92.7 63.9 39.0

NMF's: Natural mechanical frequencies 

The difference between 
the NMF's ~75%
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Figure 6.  Exciting forces of reciprocating compressor: FGas,axial, Fcrosshead_vertical, FCrank_pin_vertical, 
FCrank_pin_axial 

In figure 7 the results of the simulations during the unloaded start-up under inertia forces are 
shown. The results are for the offshore application shown in figure 3. To continue figure 7 a)
shows the dynamic loads on the anti-vibrating mount (AVM) in three directions: axial Fx, vertical 
Fy and horizontal Fz.  Figure 7 b) contains the vibration velocity at inlet pipe, at cylinder 1, and 
at cylinder 2. Figure 8 shows the results for the onshore application: a) crankcase bolt forces 
and b) vibration velocities. The investigation can be done for all specified operating condition of 
reciprocating compressor. The last step is the thermal stress analysis which can be performed 
with the same model. The simulation steps - modeling, modal analysis, dynamic analysis, ther-
mal analysis - can be repeated until the required specified criteria are met. During the simulation 
process also different standards, regulations and specifications [1],  [2], [3], [4], [11], [12] must 
be considered. 

Figure 7. a) Dynamic loads on AVM 
b) vibration velocities at inlet pipe, 
cylinder 1, and cylinder 2 for the 
offshore application in Figure 3.

a) b)

418



a) a) Figure 8. a) Dynamic loads on 
crankcase bolt b) vibration veloci-
ties at inlet pipe, cylinder 1, and 
cylinder2 for the onshore applica-
tion in Figure 5.

3. Torsional vibration 

The reciprocating compressors have an extensive drive train. There are very complex compo-
nents as, crankshaft, flywheel, electric machine, turbine, engine, fan, screw compressor, blower, 
viscus damper, coupling, gear unit, V-belt etc. The correct determination of all necessary data 
and parameters for the torsional vibration analysis (TVA) is very important. This has very high 
impact on the quality of the calculation, on the reliability and the availability of reciprocating ma-
chine train. The main parameters of the components are the torsional stiffness, the damping 
factors and the excitations.  The calculation of stiffness of the crankshaft of reciprocating com-
pressors is described in detail in [8], [9]. The figure 8 shows the finite element (FE) model of the 
crankshaft and flywheel of a four cylinder 3MW horizontal compressor. The calculated 1st and 
2nd natural torsional frequencies (NTF) are f1=114 and f2=323Hz. The mass moment of inertia J
of the crankshaft is ~ 25kgm².  The stiffness C1 and C2 for one or two mass spring torsional sys-
tem for the crank shaft – figure 8 - can be determined from previously calculated NTFʼs and Jʼs 
based on  the corresponding frequency equations (Eq. 1), (Eq. 2) and (Eq. 3) below [13]. For 
two mass spring model - with J1=J2=~J/2=12.5kgm² -the calculated torsional stiffness are (from 
Eq. 2 and Eq. 3) C1=21138976Nm/rad, C2=15619613Nm/rad. 

Figure 8 Crankshaft torsional model 

The relative shaft damping coefficient ki (various couplings or shaft damping) depends on the 
Lehrʼs damping factor and the corresponding natural torsional frequency [14]. For the absolute 
damping coefficient ka, there are data available only for diesel engines [13], [14]. The absolute 
damping factors depends on piston area A, crank radius r and the type of engine represented 
through coefficient µ which are included in the following equation (4): 
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The mathematical model of each throw [9] of the crankshaft of reciprocating compressor is (Eq. 5): 

Figure 9 Crank gear equation of motion for the throw i: throw angle φι,  angular velocity φi’,   

For the simulation under resonance conditions the equation of motions in [8] and [9] should be 
extended with the equation for connecting rod and oscillating parts (crosshead, piston rod and 
piston). Therefore the mass, the mass moment of inertia and the center of gravity (C.o.G) loca-
tion of the connecting rod are required. The equations of motion can then be derived from the 
kinetic energy of the system. The required torques on the shafts of driven train and the angle 
velocities on each mass can be obtained from the numerical solution of differential equations 
[15].   The torsional vibration analysis should be performed for all operation cases of the com-
pressor unit including: continuous operation, part-loads, start-up, shut-down under loaded and 
unloaded condition, emergency shut-down etc. Generally the emergency shut-down represents 
a critical case. Furthermore, the operating of the system under resonance condition must be 
taken into consideration. In this paper the calculation of speed fluctuation of the crankshaft 
throw, and dynamic torques under the resonance conditions – high frequency resonance with 
up to ~15th harmonic - of the reciprocating compressor, is described. Near the resonance, high 
dynamic shaft torques and a high fluctuation of rated speed is expected. This will result to high-
er rod load and cross head normal force. Furthermore this can affect the cylinder PV-Curve and 
it can influence the power consumption, capacity, and the pressure pulsation. Since the abso-
lute damping of crank gear has a strong influence on the speed fluctuation, their precise deter-
mination is of major importance. The following figures show the results simulation of torsional 
vibration analysis.  
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Figure 10 a), b) Torque amplitude,  c)Speed fluctuation of crankshaft throw.  

Figure 10 a) shows the torque amplitude over compressor speed for three different absolute 
damping factors ka of crank gear. Near the resonance the dynamic toque at the crankshaft, as 
expected, is very high. To show the influence of the damping the calculation was performed for 
three different damping coefficients: ka1=0, ka2=5Nms/rad and ka3=10Nms/rad. ka2 corre-
sponds approximately to the above equation (4) for diesel engine. Depends on the calculated 
torque loads, generally a separation margin from the critical speed is required.  

Figure 10 b) and 10 c) shows the dynamic torque amplitude and the speed fluctuation versus 
crankshaft angle, at resonance condition for different damping coefficients.  

4. Summary 
•  
• The finite element model of compressor units should include at least the following 

components:  crankcase, crankshaft, distance piece, e-motor, pipe work, pressure 
pulsation devices and base-frame. A combination of 1D, 2D and 3D elements is re-
quired to realize a proper model. The crankcase, the distance piece, the pressure 
pulsation devices and the base-frame must be modeled with 2D elements. For 
some local zones 3D elements are required. The modeling methods and the scope 
of the system should be carefully selected. Depending on the scope of the model, 
the natural frequencies differ from each other up to 100% and sometimes more. 

• The modal analysis as well as the forced mechanical response analysis, must be 
carried out at pre-stressed condition of the compressor unit. In the pre-stressed 
state, the system is stiffer, and consequently the natural frequencies are higher. For 
vessel under internal pressure the NMFʼs are up to 25% higher compared to the 
natural mechanical frequencies for the unloaded conditions! 

• The forced vibration analysis must be performed, not only under the shaking-forces 
and cylinder- gas-forces as specified in API 618, but also under inertia-forces. 

• With the presented model can be performed successively, the forced response me-
chanical analysis and the thermal study. So quickly and easy an optimal solution 
can be found, as the pipe thermal stress analysis is in conflict with the goals of the 
dynamic mechanical design. 

• The presented model allows a lateral dynamic analysis of the crankshaft, under in-
ertia forces, gas forces as well as forces due to torsion.  

• The torsional vibration analysis should be performed for all operation cases of the 
compressor unit including: continuous operation, part-loads, start-up, shut-down 

a) b) c) 
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under loaded and unloaded condition, emergency shut-down. The calculation must 
be carried out also for the expected torsional critical speeds (resonance condition). 
At the critical speed or near the critical speed the torque amplitude and the speed 
fluctuation are very high. This causes higher rod load and cross head normal force. 
This can also affect the cylinder- PV-Curve and so the power consumption, capaci-
ty, and the pressure pulsations of the machine. 

5. References 

[1] VDI 2230 Systematic calculation of high duty bolted joints. 

[2] VDI 3842 Vibration in piping systems 

[3] VDI 2049 Torsional vibration of driveline - Calculation, measurement, reduction 

[4] ISO 10816-8:2014, Mechanical vibration - Evaluation of machine vibration by measurements 
on non-rotating parts - Part 8: Reciprocating compressor systems 

[5] ANSYS Computer-aided engineering software. 

[6] Kacani V., Huttar E., Stibi H. Torsionsschwingungen in Kolbenkompressoranlagen. Der Kol-
benkompressor- eine zeitgemäße Arbeitsmaschine 4.-5. November, 1999, Dresden 

[7] Kacani V., Huttar E., Economical pipe stress analysis using parametric modelling and design 
standards. 4th Conference of the EFRC, 2005, Antwerpen 

[8] Kacani V. Huttar E., Heumesser T. Simulation of Reciprocating Compressor Start-Up. 6th

Conference of the EFRC 2008, Düsseldorf  

[9] Kacani V. Simulation of Reciprocating Compressor Start-Up and Shut down under Loaded 
and Unloaded Conditions. International Compressor Engineering Conference at Purdue, July 
16-19, 2012  

[10] Kacani V., Huttar H., Ognar, G. State of the Art Design and calculation of Vessels and Pip-
ing Systems in Reciprocating Compressors. ICCR, Xiʼan, China.  

[11] API Standard 618, Fifth Edition, Reciprocating Compressors for Petroleum, Chemical, and 
Gas Industry Services.  

[12] FKM Rechnerischer Festigkeitsnachweis für Maschinenbauteile. VDMA Verlag 

[13] Holzweißig F., Dresig H. Lehrbuch der Maschinendynamik. Springer Verlag 1979 

[14] Andreas Laschet. Simulation von Antriebssystemen. Springer Verlag. Springer Verlag 1988 

[15] Julien C. Sprott. Numerical Recipes. Cambrige University Press 1991 

422



EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

 Phone: +49 (0) 351/4633-1983, Email: contact@recip.org 

Technical Paper 

Session: 48-1 

Session Name: Pulsation / Vibration 3

How to evaluate the dynamic behaviour of a gas system 
without all the technical documentation of a compressor? 

Author: 

Urszula Warzyńska, née Radziwanowska 
Wrocław University of Technology 
Department of Maintenance and Operation of Logistics,  
Transportation and Hydraulic Systems 
50-371 Wrocław, Poland 

Co-Author 1: 

Piotr Harnatkiewicz 
Wrocław University of Technology 
Department of Maintenance and Operation of Logistics,  
Transportation and Hydraulic Systems 
50-371 Wrocław, Poland 

EFRC – EUROPEAN FORUM for RECIPROCATING COMPRESSORS 
c/o Technische Universität Dresden, 01062 Dresden 

Phone: +49 (0) 351/4633-2815, Email: contact@recip.org 

Technical Paper 
 
 
 
Session:  36-1 
 
 
Session Name: Controls
 
 
 
 
 
Reciprocating compressor capacity control –  
simple reliable solutions 
 
 
 
 
 
 
 
Author: 

William C. Wirz 
Business Development Manager 
Dresser-Rand Company – A Siemens Business 
14830 Painted Post, USA 
 
 

:

423



Summary 

This paper discusses possible method of acoustic simulation based on field measurements. The 
method is based on measurements of dynamic changes of pressure in the discharge and suc-
tion pipe close to the compressor. The whole measurement setup and sensors used are de-
scribed as well as signal acquisition and conditioning. Then the possible ways of implementing 
the measured data into the acoustic simulation are discussed. Later, in the paper, a comparison 
between two acoustic analyses is shown: an analysis with a pressure function based on a pres-
sure signal measured in a field and analysis with full definition of compressor as a boundary 
condition. All the acoustic simulations are performed in the software dedicated to this type of 
analysis. The procedure of acoustic simulation and assessment of a dynamic behaviour of the 
gas system is consistent with the guidelines of API 618 (5th Ed.) standard. Comparison of the 
results is obtained by compilation of general results of pressure peak-to-peak value in relation to 
limit value in the installation and by checking the pressure peak-to peak values in selected 
nodes. For the specified nodes in the system, pressure wave spectrum is plotted for comparison 
of amplitudes of particular harmonics. During the simulation the results of shaking forces were 
also obtained, which are shown in the plots of shaking forces frequency spectra. Finally, the 
advantages and drawbacks of the specified method are discussed and the proposed method is 
evaluated. 

Introduction 

Currently available commercial software for acoustic and mechanical analysis of reciprocating 
compressor systems usually requires a very detailed technical specification and even a precise 
internal geometry of compressor cylinder as input data for simulation of piston kinematics and 
acoustic wave shape. In the case of newly designed system, it is easier to gain the information 
from the compressor manufacturer. The actual problem occurs in the case of older installations, 
which require a modification, when the compressor documentation is lost or incomplete and a 
compressor type is no longer in production. Then the question of how to omit the precise model-
ling of the compressor and still get accurate analysis results arises. The method described in 
this paper proposes to use of pressure function as a boundary condition, obtained from the field 
measurements in real operating conditions. 

Field measurements 

The measurements were made in one of the gas compressor stations in Poland during a super-
vised test operation of reciprocating compressors. Dynamic pressure changes in the system 
were measured with the use of dedicated measurement equipment, which meets the stringent 
requirements of operation in the hazardous conditions of zone 2 (the threat does not occur dur-
ing normal operation and if it occurs, it lasts for a short time), and higher risk zones - zone 1 
(threat may occur in normal conditions). The measured signals were recorded on the hard drive 
of an industrial laptop coupled with the measuring system using dedicated software (Figure 1). 
The measuring system consisted of:  
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• four pressure sensors, with following parameters: nominal pressure up to 600bar, over-
pressure up to 1000bar, accuracy ≤ ± 0.35% FSO, response time ≤ 10msec, 

• other equipment (shown in Figure 1): laptop (1), signal amplifier with the conditioning 
system (2, 3), signal separator (4), EX barrier (5), EX cables. 

Figure 1 Measurement equipment 

The pressure sensors were mounted in the specified locations in the system in order to capture 
pressure wave propagation. Four pressure transmitters were used, from which one was mount-
ed in the suction pipeline, close to the compressor skid, and three sensors were used in the 
discharge section – in the discharge damper inlet nozzle, in the pipeline section upstream a 
cooler, and the last one in the downstream pipeline of the cooler. For the current study, the 
most important information gives the pressure sensor located nearest the compressor, which in 
this case was in the inlet nozzle of the discharge damper (Figure 2). 

Figure 2 Location of the pressure transmitter 

Dynamic pressure change was recorded for several different rotational speeds of the compres-
sor in order to capture pressure pulsation in operating conditions of the system. The worst (criti-
cal) condition was chosen for the current study. The operating conditions were as follows: suc-
tion pressure 33barg, discharge pressure 42barg, suction temperature 7°C and discharge tem-
perature 25°C. The measurements were done in winter conditions. 
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Acoustic study 

A pressure pulsation analysis was carried out in the commercially available software Bentley 
Puls whose algorithms are based on the Helmholtz model (lumped parameter method) and one-
dimensional plane wave theory. In the software, the numerical model of gas system is prepared 
by creating nodes-defined system geometry assigned with inter-connecting elements. The ele-
ments include components such as pipes, tees, reducers, valves and orifice plates. Element 
transfer matrices are integrated into an overall system matrix composed of linear equations with 
complex coefficients and variables. The variables include RMS values of pulsating pressure and 
volume flow velocity at each node. Ideally, acoustic analysis is performed at the design stage in 
order to prevent pulsation problems after system startup.  However, the program can also be 
used to determine modifications required to existing systems where there is a pulsation problem 
and this is the case in this study [2]. 

The geometry of gas compressor station, in which the measurements were carried out, was 
prepared based on the detailed technical drawings, pipelines isometrics and P&ID. For current 
purposes, only discharge part of the system was analysed. In general, the same procedure may 
be taken for the suction side as well. 

The gas installation on the discharge side consists of two 2-cylinder reciprocating compressors 
with discharge dampers for each cylinder, two coolers for each of the compressors, an oil sepa-
rator and additional armature. The geometry of the analysed installation is depicted in Figure 3. 

Figure 3 Gas installation model – discharge side 

The geometrical model was a base for two acoustic simulations differing in the boundary condi-
tion. In the first simulation, the variable pressure function was applied as a pulsation source, 
while in the second one - reciprocating compressor node was a pulsation source. All the other 
boundary conditions were exactly the same in both computations. In the analysis, compressor A 
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was loaded and compressor B was unloaded. The discharge and suction pressures and tem-
peratures were applied according to the operating conditions during the measurements. 

Model with pressure function 

The dynamic pressure signal in the time domain was processed and Fourier transform was ap-
plied in order to achieve amplitude and phase spectrum. After analysis of amplitude spectrum of 
the signal, it was noted, that the highest amplitudes occur for the first, second and sixth harmon-
ics. Above tenth harmonic, pressure pulsation amplitudes were negligibly small. In Table 1, the 
values of pressure amplitude (A), frequency (f) and phase (ϕ) of each of ten first harmonics of 
the pressure signal are shown. 

No. A [kPa] f [Hz] ϕ [rad] 
1 5.68 13.48 -0.0292 
2 14.89 27.54 -0.0261 
3 0.46 41.02 0.0933 
4 2.92 54.49 0.0197 
5 3.04 68.55 -0.0611 
6 5.59 82.03 -0.0676 
7 1.59 95.51 -0.1132 
8 2.47 109.57 0.0051 
9 2.70 123.05 0.0007 

10 1.90 136.52 0.0152 
Table 1 Pressure wave parameters for the first ten harmonics 

From the above data, taking inverse Fourier transform, the simplified variable pressure function 
was obtained (Figure 4) and used as a boundary condition in the first acoustic simulation. 

Figure 4 Pressure function versus time used in the simulation 

From a numerical point of view, to obtain the result of flow dynamic calculation, the inlet and 
outlet boundary conditions in the form of pressure or volume flow are needed. The most com-
mon approach is to specify the volume flow at the inlet. Pressure and flow are dependent on 
each other and related by impedance [3]: 
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where: Z – impedance, P – pressure function in complex notation, Q – volume flow in complex 
notation. 

In the simulation, the four-pole concept of solving the wave equation is used, which means that 
inlet and outlet conditions of the system are related by the matrix of coefficients or more pre-
cisely the multiplication of matrices dependent on system elements (their impedances). 

where: c – speed of sound [m/s], ρ - gas density [kg/m3], L – effective length [m], S – cross-sectional area [m2], 
 j – imaginary unit, γ=a +jk, k = ω/c, a – fluid damping constant. 

The above equation may be written as: 

and for the whole system: 

In fact, in a pulsation study in this particular software, there are two possible pipeline termina-
tions which allow us to solve the equation: anechoic end - the impedance is equal to 0 (Z=0), 
which means no reflections and therefore P=0 at the outlet, or closed end  (Z=∞), which relates 
to full reflection, and Q=0 at the outlet.  

The most important condition, when specifying pressure function as an inlet boundary condition, 
it that the pressure signal was measured as close as possible to the compressor cylinder. In the 
other way, the pressure function measured in some distance from the compressor may be de-
formed by the wave reflections in the system. 

Model with a full compressor definition 

In order to model the reciprocating compressor as a pulsation source in the system, several 
important parameters are needed, and above all, the most accurate geometry of the cylinder 
internals and connectors. The compressorʼs internal diameters and lengths as well as valve 
volumes were modelled based on detailed manufacturer cylinder drawings. Aside from pressure 
and temperature conditions both on the suction and discharge side of the system, the geometry 
data had to be given, in particular – crank radius, connecting rod length, piston diameter, rod 
diameter (in crank end cylinder side), clearance volume, phase angle and also rated valve loss. 
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Based on this input, the inlet flow rate function might be calculated. As modelling reciprocating 
compressor as a pulsation source is a standard procedure, it will not be further described in this 
section. 

Comparison of the results 

In this section, the acoustic analysis results obtained in two simulations are compared. Before 
analysing and comparing the results of both simulations, it should be noted that pressure and 
flow boundary conditions were not in the same node of the model. The pressure boundary con-
dition was introduced in a node referring to pressure transducer location during the measure-
ments. In the simulation with flow boundary condition, additionally the cylinder internals were 
modelled. In Figures 5 and 6, the general results are displayed in the form of colour contour 
map depicting pressure peak-to-peak values to API618 limit values ratio [1]. The red sections 
mean that the pressure pulsation exceeded API618 level, colours from green to orange indicate 
sections, where pressure pulsation is within the acceptable range.  

Figure 5 Pressure pulsation violation ratio contour plot – simulation with pressure source 
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Figure 6 Pressure pulsation violation ratio contour plot – simulation with compressor boundary 
condition 

The highest pressure pulsation amplitudes occur in the pipeline between the compressor A and 
cooler A. In the later pipeline, behind the cooler, pressure pulsation is attenuated and does not 
exceed API618 limit values. For the comparison of the results and further analysis, four nodes 
were chosen in that section (Figure 7). 

Figure 7 The comparative nodes of the system 

In Figure 8, for the specified nodes in the system, pressure amplitude spectra are displayed, 
resulting from the simulation with pressure source (blue line) and compressor boundary condi-
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tion (green line). Additionally, the API618 5th curve specifying limit values for the pipeline is in-
cluded in the plots. The plots represent peak-to-peak pressure pulsation in [kPa] versus fre-
quency in [Hz]. 

Figure 8 Comparison of amplitude spectra obtained in both simulations: variable pressure 
source (blue curve), compressor source (green curve), API618 (red curve) 

The first observation is that both simulations indicate excessive pressure pulsation in analysed 
pipeline, exceeding API618 limit values. The highest peak-to-peak pressure value occur for the 
second harmonic, which corresponds to the frequency of about 27Hz. Also the sixth harmonic 
(about 82Hz) revels pressure peak. The plots of first analysis results (pressure function analy-
sis) are much more diverse than the second one. Additional, pressure peaks in the amplitude 
spectra may be seen. It is due to the measured pressure signal, which already contained addi-
tional distortions resulting from i.e. valves operation and wave reflections from a damper. While 
the simulated compressor flow function is “clear”, similar to sinusoidal function. In Table 2, the 
values of pressure pulsation for the second harmonic are compared for both simulations and the 
percentage difference in obtained results. 

Node No. Compressor source ppk-pk[kPa] Pressure function ppk-pk[kPa] Results difference [%] 
1 82.8 95.4 13.2 
2 75.8 87.0 12.9 
3 51.0 52.5 2.9 
4 75.0 76.8 2.3 

Table 2 Comparison of pressure pulsation values in the second harmonic and results difference 
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In all of the four specified nodes, pressure pulsation peak-to-peak values in second harmonic 
are higher in the simulation with pressure function than in the simulation with compressor 
source. The more noticeable difference in results refer to nodes closer to the compressor (less 
than 15% difference in results). For nodes closer to the cooler, the difference in results in both 
simulation are less than 3% for the second harmonic. 

As a result of performed simulations, shaking forces plots were also obtained. In Figure 9, the 
shaking forces plot in frequency domain is shown, in the pipeline section upstream the cooler. 
Similarly to the pressure pulsation plots, the highest shaking force appear in the second har-
monic, in both simulations. In this case, the shaking force levels are much below the API618 
curve. 

Figure 9 Comparison of shaking force plot in exemplary location in the system – cooler inlet 
piping 

The results of the analyses may be further processed by exporting shaking forces into Auto-
Pipe, in order to create forced harmonic load for stress analysis of pipelines. 
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Pros and cons 

The first and most important advantage of proposed method to perform acoustic study by the 
use of pressure function as a source is that there is no need to obtain the details of compressor 
cylinders, in particular the detailed geometry of the internals. This may save time, while waiting 
for the detailed data to start calculations, which at the end may be incomplete. 

Secondly, the results obtained by both simulations, in general give similar results as shown in 
pressure violation ratio contour maps. Pressure function as a boundary condition impose more 
conservative results than a compressor boundary condition. 

Moreover, the obtained in both simulations results are similar, and the highest pressure peaks 
occur for the same frequencies. The values differ in less than 15%.  

The disadvantage of the proposed method is that the measured signal does not refer to clear 
pressure pulsation generated by compressor, but already includes wave reflections. Therefore, 
the simulation is vitiated by an error at the beginning. To minimize the error, the location of 
pressure transducer should be as close as possible to the compressor, to avoid interference of 
pressure waves. 

Furthermore, the simulation with the pressure function is calculated only for the specified rota-
tional speed referring to the measured signal. It is possible to measure dynamic pressure 
changes for a few rotational speeds of the compressor or the whole range of speeds, and then 
to make a number of acoustic simulations with different pressure functions. However, this re-
quires some effort and is time-consuming. 

Conclusions 

In the paper, the method of simulation of pressure pulsation in a gas system without detailed 
specification of a reciprocating compressor is described. The method involves pressure function 
as a pulsation source, which is defined by measured dynamic pressure change in the real sys-
tem. The proposed method is not intended to replace algorithms of compressor source in the 
acoustic simulation, but may be an alternative opportunity for the evaluation of pressure dynam-
ic phenomena in gas system without all the required compressor data, which may save the time 
needed to complete an acoustic simulation study. 
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Summary 
Compressor packagers, OEMs, end users, engineering companies and industry organizations 
have long recognized the risks of liquids in reciprocating compressor systems. API 618 and 
EFRC have guidelines for the design of devices to remove liquids from gas streams for 
reciprocating compressors. These devices may be required on reciprocating compressor 
package on the inlet gas stream and after every cooler where there is concern of excess liquids 
in the gas stream. These devices are generically referred to as separators or scrubbers.  

While there are comprehensive guidelines and best practices for removing liquids and handling 
liquid disposals, there is no complete reference for managing vibration and fatigue failures of 
scrubbers. Scrubbers are at a significant risk for vibration in reciprocating compressor 
applications. Normal operation of the reciprocating compressor generates significant steady-
state dynamic loads. High vibration can result if design measures are not taken to minimize 
dynamic loads or minimize the scrubber dynamic flexibility. Also, the scrubber design 
considerations for liquid separation, minimizing fabrication costs and vibration assurance are 
often at odds. A balanced design approach considering all these requirements is necessary to 
assure reliability and safety of the reciprocating compressor package.  

This paper will outline factors affecting the scrubber design with respect to vibration control. 
Best practices for the design, installation and field testing of the scrubber and attached 
instrumentation will be presented. The goal of the paper is to educate designers and purchasers 
of scrubbers to consider vibration control early in the project. This approach will significantly 
reduce vibration levels and costs in the assetʼs life cycle. 

436



1. Introduction  
The EFRC has published a guideline document outlining design practices and theory involved in 
avoiding liquid problems for reciprocating compressor systems [1]. The guideline is an excellent 
resource to ensure the device for separating liquids from the gas is properly designed from a 
process perspective. Safe and reliable operation of the reciprocating compressor from a 
process standpoint is assured by following this guideline.  

A significant risk factor in a reciprocating compressor installation design is fatigue failures due to 
vibration. Separation devices are frequently found to be a concern for fatigue failure. The EFRC 
guideline does not address this issue. API 618 5th Edition gives some general guidance for 
avoiding mechanical resonance that can lead to fatigue failures. The GMRC guideline for high 
speed reciprocating compressors [2] has some additional measures for minimizing vibration for 
components on compressor packages. There remains a knowledge gap in the reciprocating 
compressor industry in the design of separation devices to assure reliability and safe operation 
with respect to fatigue failures from vibration. The goal of this paper is to present some of the 
measures to fill these gaps and their technical basis. 

The EFRC guideline refers to a range of separation devices such as separators, knockout 
drums, cyclones, coalescers and scrubbers. The word “scrubber” will be used as a general term 
to refer to all of these devices as a matter of convenience for the remainder of this discussion. A 
“scrubber” is any vertical vessel that is used for separation of liquid or solids from a gas stream 
that is supplied to or discharged from a reciprocating compressor. 

This paper outlines: 
• Fundamentals of vibration: an overview of dynamic forces and dynamic flexibility.   
• Design goals to minimize vibration: a description of the API618 approach to avoid or 

manage vibration.  
• Industry best practices, consists of topics relating to the design process, scrubber base 

and shell designs, instrumentation and field testing. 

2. Fundamentals of Vibration  
The typical approach for discussing the fundamentals of vibration starts with consideration of a 
single degree-of-freedom mechanical system as shown in Figure 1. The mechanical system is 
comprised of a mass (m), spring (k), and damper (c). 

Figure 1: Model for the single degree-of-freedom mechanical system 

m

k c

p(t) x(t)

m
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A time varying force (p(t)) acting on the mass results a time varying displacement (x(t)) or 
vibration of the mass. Equation 1 shows the relationship between the force and the motion of 
the mass.  

(1) 

The term  ,  , and  represent the acceleration, velocity and displacement of the mass. 
Equation 1 accurately represents the physics of the mass motion in precise mathematical 
format. A less rigorous form but more intuitive form of Equation 1 in terms of understanding 
vibration is given by the following expression. 

 (2)

Where V is the vibration, PD is the dynamic force and FD is the dynamic flexibility. Minimizing 
vibration requires minimizing the dynamic force or the dynamic flexibility. Underlying this simple 
equation are many details that must be considered for scrubbers in a reciprocating compressor 
application. Reciprocating compressors generate many dynamic forces at many frequencies. 
The dynamic flexibility is a function of the static stiffness, mass and damping of the structure. A 
thorough discussion of these factors is presented in Appendix A. The important concept to 
consider in designing scrubbers are concisely summarized in Equation  and referenced in the 
remainder of the paper.  

3. Design Goals to Minimize Vibration  
The approach to minimize vibration is to reduce the dynamic forces, reduce the dynamic 
flexibility or both as shown in Equation 1. API 618 and API RP 688 include guidelines for both 
reducing the dynamic loads and dynamic flexibility. Pulsation shaking force guidelines are given 
for pulsation bottles (manifolds) and piping however there is no guideline for pulsation shaking 
forces in scrubbers. Some companies have developed their own guidelines for scrubber 
pulsation shaking forces. These approaches will help to minimize vibration however there are 
many other dynamic loads that can cause high scrubber vibration.  

One approach to minimize the dynamic loads that act on the scrubber is to remotely locate the 
scrubber from the reciprocating compressor. The definition of “remotely located” is difficult to 
quantify but in general means that the scrubber is far enough away from the reciprocating 
compressor that the local forces and moments generated by the reciprocating compressor are 
not transmitted through the piping, skid structure or foundation to the scrubber. One reference 
[3] states that a component can be considered “remote” when the component has at least 6m 
(20 ft) of piping between it and the bottle flange. This length is a reasonable criterion if the 
scrubber is located on a skid and foundation that is independent from the reciprocating 
compressor.  

Most high speed reciprocating compressor packages have a layout where the scrubber is close-
coupled, that is a short section of pipe directly connects the scrubber to the suction bottle 
installed on the reciprocating compressor cylinders. Reducing all the dynamic loads to low 
levels is not possible as explained in Appendix A. Minimizing scrubber vibration can only be 
done by evaluating the dynamic flexibility. The general approach for minimizing the scrubber 
vibration is to ensure the mechanical natural frequency of the scrubber is at least 2.4 times 
compressor speed. A high speed reciprocating compressor that is operating at 1200 rpm results 
in a mechanical natural frequency guideline of 1200x2.4=2880 cpm. This approach is illustrated 
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by the “overtuned” curve shown in Figure 2. The scrubber mechanical natural frequency is 
adjusted or “tuned” above the second order of compressor speed.  

A 20% separation margin, or difference between the natural frequency and the frequency at 
which the compressor force occurs, is specified for two reasons. First, the shape of the 
resonance curve will result in dynamic flexibility that is greater than the static flexibility even 
when the mechanical natural frequency is greater than the excitation frequency. Second, there 
will be small differences between the construction and installation of scrubber and compressor 
package that will result in the scrubber mechanical natural frequency calculated at the design 
stage being different from the actual mechanical natural frequency. Over-tuning the scrubber 
mechanical natural frequency to meet the minimum guideline of 2.4x compressor speed will 
generally result in acceptable scrubber vibration.  

Over-tuning the scrubber mechanical natural frequency is not necessary for all applications. A 
20% separation margin is also possible for a fixed speed compressor operating at 1200 rpm as 
shown in Figure 2. A scrubber mechanical natural frequency that is tuned between the 
fundamental and second order speeds is said to be inter-tuned. A scrubber mechanical natural 
frequency that is tuned below the fundamental speed is said to be detuned. The scrubber 
dynamic flexibility and vibration may be acceptable for an inter-tuned or detuned design. The 
risk with the inter-tuned scrubber design is that the static flexibility may be too low resulting in 
unacceptable vibration due to normal dynamic loads. The risk with the detuned design is that 
there may be a second scrubber mechanical natural frequency that is lowered and is now 
resonant at the second order. The example shown in Figure 2 demonstrates a single 
mechanical natural frequency. Scrubber, and any other real system, will have multiple 
mechanical natural frequencies.  

Figure 2: Scrubber Mechanical Natural Frequency Tuning 

Ensuring a 20% separation margin is more difficult, and often not practical, for variable speed 
reciprocating compressors. Consider a case where the compressor has an electric motor VFD 
operating from 600 to 1200 rpm. The fundamental frequency range is 600-1200 cpm and the 
second order frequency range is 1200-2400 cpm. There is no frequency between the 
fundamental and second order frequency where the scrubber mechanical natural frequency can 
be inter-tuned as shown in Figure 3.
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Figure 3It is still possible to detune the scrubber but the frequency will be very low resulting in 
either a very high static flexibility or an increased risk of a second mechanical natural frequency 
being lowered into a resonance condition. Designing scrubbers to minimize vibration in a 
variable speed application are a significant challenge. 

Figure 3: Variable Speed Compressor 

The previous comments on frequency avoidance and tuning the scrubber mechanical natural 
frequency relates to the dynamic flexibility of the scrubber as a single body vibrating as a 
cantilever beam would vibrate. Another significant risk for fatigue failure on a scrubber includes 
the instrumentation and other small diameter nozzles that are included on the scrubber as part 
of its normal operating requirements. These connections may include  

- nozzles with blinds that are used for inspection, 
- liquid level sight glasses or gauges, liquid level sensors, 
- relief valve connections, 
- temperature gauges, and  
- liquid drains. 

Figure 4 shows an example of the attachments that may be installed on a scrubber mounted on 
a reciprocating compressor package. These attachments can have excessive vibration at 
frequencies that are above the 2.4x frequency guideline. The main dynamic forces that causes 
vibration of the scrubber attachments are pulsation shaking forces and compressor cylinder gas 
forces. The pulsation shaking forces can be reduced with proper pulsation design practices 
however the cylinder gas forces cannot be changed. The cylinder gas forces occur at all orders 
of compressor speed so frequency avoidance is not practical, particularly for variable speed 
compressors.  
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Figure 4: Example of Scrubber Attachments 

Figure 5 shows an example of the cylinder gas forces for orders 1x to 5x for a range of 
operating points. An operating point represents a particular pressure ratio, suction temperature, 
gas composition and cylinder load step. The cylinder gas forces are high at 2x, 3x and 4x 
compressor speed. The dynamic flexibility of the scrubber attachments must be changed to 
avoid resonance at these orders. It is also important to note how these forces change 
depending on the operating point. A scrubber attachment that is resonant at 3x compressor 
speed may have acceptable vibration when operating at point 10. The cylinder gas forces at 3x 
will be much higher for operating point 1. Vibrations will increase and may be excessive when 
operating at point 1. This change in cylinder gas forces must be considered when assessing 
vibrations on reciprocating compressor packages.  

Figure 5: Compressor Cylinder Gas Force 
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The challenge to avoid fatigue failures on scrubber attachments is to reduce the dynamic 
flexibility of these attachments so that the mechanical natural frequencies are higher than 
orders where the response due to cylinder gas forces is significant. The scrubber connections 
may include heavy flanged valves or include redundant valves and instrumentation that have a 
long projection from the vessel shell. The combination of the large weight and long projection 
results in significant dynamic flexibility. There are many best practices that will reduce the 
likelihood of failure on the scrubber attachments that will be outlined in the following sections.   

4. Industry Best Practices  
The sections that follow summarize some of the most important design procedures and best 
practices for minimizing vibration on scrubbers.  

4.1 Pre-Selection of Scrubbers
Section 4.2 of EFRC guideline [1] has a section describing a process of pre-selection of 
scrubbers for handling liquids in the gas stream. The pre-selection of the scrubber design and 
general vessel size should also consider factors that will minimize vibration. Earlier sections of 
this paper described the impact of having a scrubber close-coupled to the reciprocating 
compressor versus remotely located as well as installing the scrubber in an application that is 
fixed speed versus variable. These and other factors need to be considered in the pre-selection 
of the scrubber. The factors controlling the scrubberʼs vibration are complex so consultation with 
an engineering specialist company is recommended early in the design process.  

A typical project timeline is shown in Figure 6. A project begins with a planning or FEED (Front 
End Engineering and Design) stage where the initial specification and general equipment 
selections are done. The pre-selection of the scrubber design is often done in this phase.  

The detailed design phase is then started if approval is given. Equipment suppliers and 
packagers will be awarded contracts and begin their detailed design. These suppliers will hire 
vibration consultants and other engineering specialist to help with the detailed engineering. It is 
normally at this point where vibration problems with the scrubber are identified. However the 
equipment package design has progressed and budgets have been set so making a significant 
change in the scrubber design to avoid a vibration problem is difficult. Remedial measures to 
control vibration may result in a less than desirable final design. For example, large braces may 
be needed to minimize scrubber vibration. The braces can restrict access for maintenance and 
pose safety hazards. 

Figure 6: Typical Project Timeline  Figure 7: Recommended Project Timeline 
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The recommended timeline for involvement of the vibration consultant is illustrated in  
Figure 7. The vibration consultant should have input very early in the project planning stage. 
Pre-selection of the scrubber design with consideration for vibration control will avoid costly 
delays and redesign later in the project. 

A second factor that must be considered in the pre-selection of the scrubber is achieving a 
balance of roles and responsibilities. The equipment packager is responsible for delivery the 
equipment within a certain time for an agreed upon price. Their responsibility may include initial 
commissioning and a limited warranty period. The project owner will be responsible for the 
design, construction and long term operation of the asset. The goals of the equipment packager 
and project owner are not necessarily aligned. For example, an equipment packager may 
choose a scrubber design that includes a shell size of DN500 and 3.5m seam-to-seam length. 
The vibration consultant working for the equipment packager may identify this scrubber as a risk 
for high vibration and recommend a DN600 and 2.5m seam-to-seam length. An alternative to 
the larger diameter scrubber is to keep the original shell size and install two DN150 pipe braces 
on the scrubber. The equipment packager may choose the scrubber design with the brace as 
the scrubber material costs and fabrication costs are lower. The project owner may be willing to 
forego the extra cost for the larger diameter scrubber to avoid the maintenance and safety 
concerns with adding braces on the smaller diameter scrubber. Involvement of the owner 
throughout the design process is important to ensure overall project goals are met.   

4.2 Scrubber Base Design
The design of the base for the scrubber is one key to over-tuning the scrubber mechanical 
natural frequency. Scrubbers may be mounted directly to a concrete foundation or steel skid.  
Figure 8 and  
Figure 9 show typical base design details that maximize the base stiffness when a bolted base 
connection is used.  

Figure 8: Scrubber Base for Mounting on a Concrete Foundation 
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Figure 9: Scrubber Base for Mounting on a Steel Skid 

Two important features of this design are 

1. Shims are recommended between the base plate and the sole plate attached to the 
foundation or skid. The shims are necessary to ensure there is full contact and transfer 
of stiffness between foundation and the scrubber.  

2. A minimum bolt stretch length of 8 diameters is recommended to minimize vibratory 
loosening of the bolt.  

If the scrubber is to be mounted on a steel skid, it is preferred to weld the scrubber skirt directly 
to the skid beams rather than bolts as shown in  
Figure 9. Welding the skirt to the skid beams ensures a direct transfer of stiffness. Welding the 
skirt to the skid is not always possible due to requirements for shipping or maintenance.  

The arrangement of the beams below the scrubber is important in the base stiffness. An 
arrangement as shown in Design #2 is acceptable for cases where the scrubber skirt is welded 
to the skid beams. The weld will directly connect the web of the skid beam to the skirt. 
Alternatively a “box” arrangement of beams can be used as shown in  
Figure 10. The skid beam webs should be spaced at approximately 90% of the outside diameter 
(OD) of the scrubber to maximize the skid stiffness. 

Figure 10: Skid Beam Arrangement 

444



A skirt is the preferred method of supporting a scrubber in a reciprocating compressor 
application. Typically the skirt outside diameter and wall thickness should be the same as the 
main vessel. One exception is for high pressure service where a very thick wall vessel is 
required in which case a 25mm wall thickness skirt is generally sufficient. A scrubber base 
fabricated from structural angle sections, commonly called legs, is not recommended for 
reciprocating compressor service. The legs are often too flexible resulting in high vibration that 
can lead to cracking of the structural section as shown in Figure 11..  

Figure 11: Scrubber Base with Leg Supports 

There are many factors to consider in the design of a scrubber base. The proposed base design 
shall be evaluated during the detailed design stage to ensure it will be acceptable. A finite 
element model of the scrubber base including the skirt, base plate and skid which uses shell or 
solid elements is required as shown in Figure 12.

A design study that assumes the scrubber base is rigid or anchored is not sufficient and puts 
the scrubber design at risk of high vibration.  

Crack in 
leg due to 
vibration 
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Figure 12: Scrubber Base Finite Element Model 

4.3 Scrubber Shell Sizing 
An important factor in determining if the scrubber will be over-tuned is its height and diameter. 
The scrubber mechanical natural frequency, MNF, is proportional to the square of the diameter, 
OD, divided by the height, h, ignoring the effect of wall thickness, as represented in Equation 3.  

(3)

Small changes in the diameter and height can have a significant impact. Scrubbers on high 
speed reciprocating compressor packages are often at risk of not being over-tuned as meeting 
the over-tuning criterion of 2.4x is a challenge. Typically a ratio of diameter to height of more 
than 0.2 to 0.25 will result in an over-tuned scrubber for runs speeds to 1,000 to 1,200 rpm. The 
diameter to height ratio of 0.12 may be acceptable for low speed reciprocating compressors 
(300-360 rpm). Note the previously stated ratio as based on the assumption that the scrubber 
does not include a large manway, access flange and blind to changing vessel internals and that 
the scrubber has a suitable base as described in the previous sections. A larger diameter to 
height ratio may be required for installations that do not meet good design practices for vibration 
control in other areas. 

Scrubber FE model 
with skirt, base plate 
and skid details 

446



Scrubbers are most commonly installed on the suction side of the reciprocating compressor. 
The suction pressure may be low which can result in a relatively thin wall thickness to meet the 
pressure code requirements. Thin wall vessels are a risk for high frequency vibration of the shell 
or attachments on the shell. A minimum shell thickness of 13mm has been adopted by several 
operating companies as a standard requirement [2]. The minimum 13 mm wall thickness 
requirement is also applied to stainless steel shell material where the pressure code 
requirement would be much less.  

4.4 Service Considerations
Some scrubber designs require inspection or maintenance of the internal components. Typically 
access to the internal components is by a blind flange or flange set located at the top of the 
vessel. The flange set can be very heavy. The combination of the large mass and location at the 
top of the scrubber results in a very low mechanical natural frequency. Selecting a different 
scrubber design that does not require inspection or maintenance of the internal components 
should be considered if the application will allow. Another alternative is to remotely locate the 
scrubber from the reciprocating compressor so that the dynamic forces that cause vibration will 
be minimized. One option to consider is to lower the flange set as shown in Figure 13. 

Lowering the flange set will significantly reduce the dynamic flexibility. The scrubber shell OD/h 
ratio could also be increased beyond what is normally required when a flange for access is 
required. 

Original Design Recommended Design 

Figure 13: Scrubber Break Flange Locations 

4.5 Instrumentation
The most common components that experience fatigue failures on scrubbers are the small 
diameter attachments, that is, the sight glass, bridle, drip pot, temperature gauge and level 
transmitters. Generally these components are most at risk when the scrubber is closely coupled 
to the compressor. Vibration is caused by a combination of high dynamic flexibility and 
significant levels of cylinder gas forces at orders above the second order of compressor speed. 
The high dynamic flexibility is typically the result of a large suspended mass extending a 
significant distance away from the vessel. The Energy Institute [4] and Gas Machinery 
Research Council [3] have published design guidelines for design and evaluation of small 
diameter connections that can reduce failures of scrubber attachments. Following are general 
recommendations that will minimize the potential for high vibrations and failures: 

Break Flange 
Between 
Nozzles

Break Flange 
Near Top 
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1. Minimize the projection of the nozzle from the shell by using studding outlets or RFLWN 
(raised face long weld neck) flanges trimmed to a minimum length rather than RFWN 
(raised face weld neck) flanges. 

2. Eliminate isolation valves between the nozzle and the attachment. If the attachment 
must be isolated, use either: 
a. monoflange valves or 
b. mount the attachment directly on the scrubber shell or on a separate support 

column. Install a small male/female threaded, full port needle valve on nozzle.  
Use tubing or braided hose from the valve to the remotely located attachment. 

3. Install a repad and gussets in two planes for RFWN nozzles. The nozzle must be stress 
relieved after welding. 

4. Orientating the nozzle and attachments parallel to the direction of piston motion. Install 
poison pads (welding pads) on the scrubber to allow for field braces should they be required. 

The sight glasses or level gauge for visually checking the liquid level in scrubber is perhaps the 
component with the most vibration problems.  
Figure 14 shows two acceptable arrangements. The sight glass should be mounted as close to 
the scrubber as possible as shown by the studding outlet arrangement on the left. Some 
scrubber designs include a special mounting bracket on the scrubber shell and tubing or steel 
braid flex hose between the nozzle and sight glass. A remote mounted sight glass design is 
shown on the right. Note the relatively short and lightweight ball valves used on the scrubber for 
isolation. 

Studding Outlet Remote Mount with Small Valves

Figure 14: Scrubber Sight Glass Layout Options 

4.6 Field Testing and Field Vibration Solutions (Dealing with an Existing Design) 
Evaluating vibrations of the scrubber during start-up and commissioning is a key part of 
assuring safe operation of the reciprocating compressor asset. Vibrations on the scrubber and 
attachments must be measured over the entire compressor operating speed range. Vibrations 
must be checked whenever there are significant changes to reciprocating compressor operation 
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such as a change in load step, compression ratio, temperature, or gas composition. ISO 10816-
8 does not specify a vibration guideline for scrubbers. It is suggested that the vibration levels for 
the pulsation bottles be applied to the scrubbers. The vibrations should be measured on the 
scrubber at a height of approximately 2m above the base. Measurements must be taken in the 
horizontal plane in the directions parallel and perpendicular to the reciprocating compressor 
crankshaft axis.  

If vibrations are high, additional testing and analysis is required. The dynamic forces and 
dynamic flexibility must be assessed. Dynamic forces can be evaluated with measurements for 
reciprocating cylinder unbalance, compressor cylinder pressure-time signatures and evaluating 
pressure pulsations in the piping into and out of the scrubber. Dynamic flexibility can be 
measured with impact testing or shaker tests. The usual case is that the dynamic forces have 
been controlled by the design study and dynamic forces are not the cause of the high vibration. 
The most common cause of the high scrubber vibration is the dynamic flexibility for the field 
installation is different from that determined during the design study. Problems encountered 
during either construction or installation typically result in differences in the dynamic flexibility. 
Eliminating the vibration problem then comes down to a decision as to how to change the 
dynamic flexibility by a practical method for the existing scrubber and field installation.  

As demonstrated by Figure 2, the scrubber may be under-tuned, inter-tuned or over-tuned to 
achieve an acceptable dynamic flexibility to minimize vibration. Tuning can be done by changing 
the stiffness or mass. A common approach to increasing the stiffness is to add braces to the 
scrubber as shown in Figure 15. The braces can be connected to the scrubber by a flat bar 
band or clamp around the shell. Braces can be effective but take up a lot of space which can be 
a concern for maintenance and safety hazard for tripping or head injury. 

Figure 15: Scrubber Braces in Two Directions 

Braces 
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Detailed measurements of the scrubber mode shape and operating deflection shape may point 
to excess flexibility in the base connection or skid below the base. Gussets on the skirt, base 
plate or skid may be necessary. Adding epoxy grout to the void in the skid under the scrubber or 
adding more anchor bolts from the skid to the foundation may also reduce the dynamic flexibility 
of the base to over-tune the scrubber.  

Inter-tuning the scrubber resonance by introducing flexibility is sometimes a solution to high 
scrubber vibration. If the scrubber base includes anchor bolts as shown in Figure 8 and  
Figure 9Figure 9, loosening one or more of the anchor bolts may be sufficient. Another 
approach to add flexibility is to increase the size of the cut-out (hole) in the skirt. One or more 
cut-outs are often required in the skirt for access to the drain connection. The usual approach is 
to minimize the cut-out size to over-tune the scrubber. Only a very small portion of the skirt is 
required to meet the static support requirements. A large portion of the skirt can be removed to 
increase the flexibility and detune the resonance as shown in Figure 16.. 

Figure 16: Scrubber Skirt Cut-out 

Another method to increase the dynamic flexibility is to increase the mass of the scrubber. A 
mass clamped to the top of the scrubber will generally be the most effective. The mass could be 
in the order of 50 kg to 250 kg depending on the size of the scrubber and frequency shift that is 
required.  

Figure 17 shows one example of adding a mass near the top of a scrubber by sections of solid 
steel bars welded to a band clamp. The mass must be firmly attached to the scrubber so that 
the mass moves or participates with the scrubber vibration. Simply binding of the mass to the 
scrubber by ropes or cable may not be sufficient.  

Original 
Cut-out 
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Figure 17: Mass Added to Scrubber 

Tuning the scrubber resonance by changing the flexibility or mass can be effective solutions to 
reduce vibration particularly for fixed speed applications or applications with a limited variation 
in operating conditions. Other solutions to control vibration may be necessary for more 
challenging applications. As demonstrated in Figure A.3, increasing the damping can 
significantly reduce vibration at resonance. Adding damping using conventional devices is 
challenging due to the relatively low amplitude of the vibration and difficulty in calculating the 
damping properties of material. One method of adding damping is by specially engineering 
materials in a small brace design as shown in Figure 18. The damper brace is much smaller in 
size and footprint than a traditional brace. Another option for controlling scrubber vibration is 
installation of the vibration absorber as shown in the right image of Figure 18. The vibration 
absorber uses a separate spring-mass system that is attached to the scrubber that transfers the 
vibration energy from the scrubber to vibration energy in the added spring-mass system. The 
spring-mass system in the vibration absorber must be a proven and reliable design as the 
vibration amplitudes of the absorber mass can be high.  

Damper Brace Vibration Absorber 
Figure 18: Other Devices to Control Scrubber Vibrations 

Detuning 
Mass 
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5. Conclusions 
This paper has presented the analytical basis as to why scrubbers vibrate, the potential risks 
from high vibration, industry best practices to avoid vibration and fatigue failures and solutions 
to mitigate vibrations for existing field installations.  

6. Future Work  
It is recommended that the current EFRC guideline regarding avoiding liquid problems [1] be 
expanded to include reference to this technical paper or include a separate section on vibration 
control of vertical scrubbers. Proper design of the scrubbers for avoiding liquid problems is an 
important topic but some decisions about the design for liquid control increase the risk of fatigue 
failures due to vibration. Failures of scrubbers and in particular scrubber attachments are a 
common industry problem. A logical extension of this proposed work is compiling similar 
guidelines or industry best practices for horizontal scrubbers. BETA (Wood Group Vibration, 
Dynamics & Noise) welcomes the opportunity to participate in developing future version of this 
guideline.  
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APPENDIX A: Fundamentals of Vibration  
Understanding the solutions for minimizing vibrations and fatigue failures on scrubbers requires 
a basic knowledge of vibration and dynamic response of structures. Before discussing the 
dynamic, consider the static response of simple cantilever beam as shown in Figure A.1.  

Figure A.1 Deflection of a Cantilever Beam due to an applied Force 

A force applied at the end of the beam, P, causes a deflection, d, based on the flexibility, F, of 
the beam as described in the Equation 3. The more flexible the beam is, the greater the 
deflection for a given force.  

(4)

This relationship between the applied force and the resulting displacement remains valid as 
long as the force is constant or applied very slowly. The forces in a reciprocating compressor 
installation are oscillatory or dynamic in nature, that is, the force varies from a positive to 
negative amplitude many times a second. The dynamic or oscillatory displacement or vibration, 
V, resulting from the dynamic force, PD, is a result of the dynamic flexibility, FD, as stated by 
Equation 4.  

(5)

The core to understanding any vibration problem and measures to mitigate the vibration lies 
within Equation 4. The source of vibration is the dynamic force. An understanding of the 
different dynamic forces that are generated by a reciprocating compressor and how they can be 
minimized will directly address the resulting vibration. Some dynamic forces are inherent in the 
reciprocating compressor design and cannot be changed. The dynamic flexibility must be 
reduced to minimize vibration in these cases.  
  

d

P
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Dynamic Forces
The dynamic forces, sometimes referred to as loads, for a typical engine drive reciprocating 
compressor are shown graphically in Figure A.2.  

Figure A.2 Dynamic Forces in an Engine Driven Reciprocating Compressor 

The dynamic loads include both forces and moments. Dynamic forces and moments from 
unbalanced reciprocating and rotating inertias are present in reciprocating compressors and 
engines. These unbalanced forces and moments are often the highest dynamic loads. These 
loads are the results of the machinery design and the tolerances in the weight of the 
reciprocating and rotating components. These loads are present even when the compressor is 
fully unloaded. There is very little that can be done to minimize these loads for a particular 
compressor design.  

Crosshead guide forces and cylinder gas forces are primarily the result of compressing the gas. 
Operating factors such as the compression ratio, cylinder loading and gas composition impact 
these forces for a given compressor geometry. These forces occur at all orders of compressor 
speed and can be significant up to 10x compressor speed and vary greatly in amplitude with 
changes in the operating factors. It is not always possible to change the operating factors to 
minimize these dynamic forces as the pressure and flow requirements for the compressor 
application must be met.  

Pulsation shaking forces are the result of pressure pulsations generated by normal operation of 
the reciprocating compressor. A design study to design the compressor manifolds (also referred 
to as bottles or dampers), piping and other components can reduce these dynamic forces. 
However reducing the pulsation shaking forces to zero is not practical. There will be some 
residual pulsation shaking forces that must be considered in the final design.  

All these loads must be considered in the design of scrubbers to minimize vibration. The large 
forces and moments due to unbalance must be avoided by reducing the overall flexibility of the 
vessel. The cylinder gas forces and residual pulsation shaking forces can excite vibration on 
small diameter piping and instrumentation that is connected to the scrubber.  
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Dynamic Flexibility
The dynamic flexibility is defined by three structural properties; static flexibility, mass and 
damping.  

The static flexibility as noted in Equation 1 is the ratio of the displacement and the static force. It 
is intuitive that reducing the static flexibility will reduce the dynamic flexibility. Increasing the 
bending inertia of the beam will reduce the deflection in the example of the cantilever beam. 
However increasing the bending inertia means that the cross-sectional area of the beam is also 
increasing. A larger cross-sectional area means the beam has more mass. Generally more 
mass means an increase in dynamic flexibility. One must consider changes in static stiffness 
and changes in mass when calculating the dynamic flexibility.  

Consider the example of scrubber that is initially designed with a DN500 (20” NPS) schedule 80 
shell. The designer may decide to take a conservative approach and opt for a thicker shell 
material to make sure the scrubber has a low flexibility to avoid vibration problems. A DN500 
schedule 160 shell is selected. The moment of inertia for a schedule 160 shell is significantly 
higher than a schedule 80 shell as shown in Table A.1. The schedule 160 shell is better from a 
static flexibility perspective. However the mass of the schedule 160 shell is much greater than 
the schedule 80 shell. The ratio of the shell inertia and mass for the schedule 160 shell is 
actually lower than the schedule 80 shell, about -9%, meaning it has a higher dynamic flexibility. 
An alternative design with a thinner shell is shown in Design Option 3. Design Option 3 has a 
considerably lower moment of inertia as compared to the original design however itʼs mass is 
also lower. The ratio of the inertia and mass for Design Option 3 is actually higher than the 
original design by 7%. It would be advantageous for the designer to choose Design Option 3 
rather than Design Option 2 to avoid vibrations due to low frequency forces. This example 
illustrates the key concept of static flexibility and mass and their impact on dynamic flexibility 
that is often overlooked by designers experienced in static analysis.  

Table A.1 Example Scrubber Shell Properties 

Damping at Resonance
The third property or factor in the dynamic flexibility is damping. Damping is the property that 
absorbs and dissipates the vibration energy in a structure. A component with high damping is 
said to have low dynamic flexibility. Damping is only significant in controlling the vibration and 
dynamic flexibility for frequencies very close to the mechanical natural frequency of a structure. 
The mechanical natural frequency is defined as the vibration frequency when not subjected to a 
periodic force. An alternate definition for the mechanical natural frequency is the frequency at 
which the dynamic flexibility of a component is a maximum. The effect of damping on the 
dynamic flexibility is clearly shown in Figure A.3. The dynamic flexibility is identical for 1% and 
2% damping except for frequencies that are very close the mechanical natural frequency (ie, 
frequency ratio close to 1). The damping for scrubbers in reciprocating compressor applications 
are typically around 1% ±0.5%.  

Design 
Option

Shell Size
Moment of Inertia 

(mm4x109)
Mass of Pipe 

(kg/m)
Inertia/Mass

(x103)  
Percent 

Difference

1 DN500 S80 1.15 312 3.70
2 DN500 S160 1.91 565 3.38 -9%
3 DN500 S20 0.46 117 3.94 7%
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Figure A.3 Typical Frequency Response Function 

Figure A.3 also demonstrates other key point about the dynamic flexibility. The static flexibility is 
represented by the value of the dynamic flexibility at low frequency ratios. As the frequency of 
the applied force increases towards the mechanical natural frequency, the dynamic flexibility 
increases. The dynamic flexibility at the natural frequency can be 20x to 50x higher than the 
static flexibility depending on the damping. A very small static force would result in low static 
displacement but the same amplitude force applied as a dynamic force at the natural frequency 
will result in very high vibrations. As the frequency of the applied force increases above the 
mechanical natural frequency, the dynamic flexibility decreases. This latter part of the response 
curve is where the mass of structure determines the dynamic flexibility and vibration.  

An understanding of dynamic flexibility in the design of scrubbers is key to assuring acceptable 
vibration. The scrubber must be designed to avoid the high dynamic flexibility that occurs at the 
mechanical natural frequency. Deciding upon the most appropriate design modifications such 
as changes to stiffness, mass and/or damping requires knowledge of the dynamic flexibility. 
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Summary 
This paper will be a case study regarding a crosshead failure that occurred in one of four 
short stroke moderate speed compressors operating in a hydrogen plant in Europe.  The 
paper will describe how the problem was found and the determination of the root cause.  The 
analysis included visual inspection, data trend analysis and the use of OEM compressor per-
formance software to calculate the effect that changes in operating conditions had on the 
unit.  As the process the compressors are used in is proprietary, only general terms will be 
discussed and actual operating conditions will not be provided.   

Introduction 
The hydrogen plant is located in Botlek, Netherlands in the Rotterdam area.  It is owned and 
operated by one of the worldʼs largest suppliers of hydrogen for the refinery and petrochemi-
cal industries.  The Botlek facility (designated as HYCO 4), began producing hydrogen in 
December 2011. The facility is designed to produce in excess of 300 tons of hydrogen per 
day. The hydrogen plant uses four short stroke moderate speed compressors, two in hydro-
gen product service (Tag numbers K601A/B) and two in refinery fuel gas (RFG) service (Tag 
numbers K111A/B).   The RFG is blended with natural gas and used as feedstock for the 
hydrogen production process.   

Each compressor is packaged on a structural steel skid, along with their auxiliary systems 
and electric motor drivers.  The compressors are driven at 743 RPM and are sized to deliver 
100% of the capacity required for their respective service.  The focus of this paper is a 
crosshead failure that occurred with unit K111A. 

Model – JGU/6 
Stroke – 146 mm  
Number of throws – 6 
Number of stages – 4 

Compressor Configuration  
Stage 1 - (2) – 558.8 mm  
Stage 2 - (1) – 558.8 mm 
Stage 3 - (1) – 441.3 mm 
Stage 4 - (2) – 317.5 mm  

Figure 1 – K111A/B Compressor Description

Operation 
The K111A/B compressors are designed to compress RFG from 3 to 24 bara in three stages 
of compression.  Between stages 3 and 4, additional RFG is added and then compressed to 
approximately 45 bara.  Stage 4 suction and discharge pressures are maintained by a recy-
cle line around the stage. 
Each compressor includes head end (HE) suction valve unloaders on all cylinders for capaci-
ty control.  These unloaders are the valve depressor (finger) type and are used to deactivate 
the HE of the cylinder by holding the suction valves open.  Operating in this mode makes the 
cylinder single acting crank end (SACE).  The normal operating philosophy is to run both 
compressors at 50% load (all cylinders SACE) and in the event a problem is noted with one 
compressor, the second compressor would be switched to its 100% load step in order to 
keep the plant in operation.   
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Background 
In September 2013, with over 18,000 hours of operation, compressor K111A experienced a 
crosshead failure on throw 4.  The following describes the events leading up to the failure 
and the determination of the cause. 
The compressor was operating in its normal mode with all cylinders SACE.  Stage 4 suction 
and discharge pressures were being maintained by the recycle line.  The recycle valve be-
gan operating erratically, opening and closing regardless of the actual suction or discharge 
pressures.  When the recycle valve closed, suction pressure dropped significantly below its 
design value and when the valve opened all the way, suction pressure increased and the 
discharge pressure dropped due to the decreased flow.  Instead of the design 20 bar differ-
ential pressure across the 4th stage, the differential pressure actually ranged from 2 – 27 
bar.  The operator took manual control of the recycle valve to bring pressures back to their 
normal ranges.  The compressor continued to operate.   
The following day while troubleshooting the recycle valve, the compressor shut down on high 
vibration. The compressor was inspected to determine the cause of the shutdown. 

Inspection Results 
The initial visual inspection showed smeared babbitt from the crosshead and in the cross-
head guide for throw 4. (Figure 2).  No damage was noted on throw 2, the other 4th stage 
cylinder. 

Figure 2:  K111A – Throw 4 Crosshead Guide (arrows indicate smeared babbitt).  

The compressor valves were removed and visually inspected.  The discharge valves were 
very dirty.  After the damage to the crosshead on throw 4 was discovered, the 4th stage 
valves were liquid leak tested.   

Cylinder 4 crank end (CE) suction valves showed no leakage.  One head end (HE) discharge 
valve showed slight leakage but both CE discharge valves leaked excessively.  There was 
only slight leakage noted from the valves in cylinder 2. 
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The throw 4 CE discharge valves were then disassembled for inspection.  No rings were bro-
ken but there was a thick, tar-like build-up on the sealing areas.  It was unknown if this was 
burnt oil or debris from the gas stream.   
Further inspection of the throw 4 crosshead showed the crosshead pin was seized in the 
crosshead bushings and the crosshead bushings had rotated in the connecting rod.  This 
caused irreparable damage to the connecting rod.  The crosshead, connecting rod and 
crosshead pin and all bushings required replacement.  The connecting rod bearing showed 
very little wear but since the bearing shells had been removed for inspection, the decision 
was made to replace them. 

Figure 3:  K111A – Throw 4 Crosshead and Crosshead Pin 

The crosshead guide was cleaned by hand and dye-penetrant inspected.  No cracks were 
found and all crosshead guide bore measurements were within specification.  

Failure Root Cause Analysis 
The inspection of the compressor determined that a crosshead pin non-reversal failure had 
occurred.  The following section describes what crosshead pin reversal is and describes the 
two issues that led to the failure. 
The initial inspection showed that the CE discharge valves in cylinder 4 leaked excessively.  
It was also discovered that during troubleshooting of the recycle valve, the compressor expe-
rienced high rod loads due to cylinder differential pressure.  

Crosshead Pin Reversal 
Crosshead pin reversal is the reversal of compression and tension loads at the crosshead 
pin to connecting rod bushing.  Insufficient crosshead pin reversal can lead to inadequate 
lubrication of the crosshead pin and bushing.     
Crosshead pin reversal is measured in the duration of the reversal (degrees of crankshaft 
rotation) and the magnitude (in percent) of reversal.  The percent magnitude is the smaller of 
the compression or tension forces divided by the larger of the two.  The combined inertia and 
gas loads are used in determining crosshead pin reversal.  The inertia component includes 
the weights of the piston and rod assembly, crosshead, bushings and balance nuts.  
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The OEM limits for crosshead pin reversal are 30 degrees of crank rotation and 25% magni-
tude.   
The following rod load graphs (Figures 4 and 5) show the gas forces, inertia forces and the 
crosshead pin force, which is the algebraic sum of the two. 

Figure 4:  Rod load chart showing sufficient crosshead pin reversal.

Figure 5:  Rod load chart showing insufficient crosshead pin reversal. 

Leaking CE Discharge Valves
The leaking CE discharge valves on throw 4 were the initial focus of the failure analysis.  The 
leaking discharge valves caused an increased pressure in the crank end of that cylinder.   
Figure 6 shows the effect of leaking discharge valves on the P-V diagram. 

Crosshead pin reversal above OEM limits. 

Crosshead pin reversal below OEM limits. 
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Figure 6:  Pressure-Volume diagram showing the effects of a leaking discharge valve. 

Figure 6 shows that with leaking discharge valves, the suction valves open late (Point 4A 
instead of Point 4) and close early (Point 1B instead of Point 1).  Leaking discharge valves 
also cause the cylinder pressure to increase, even though both suction and discharge valves 
are closed (Points 1A to 1B).  This increased discharge pressure will cause the discharge 
valves to open early (Point 2A instead of Point 2).   
Discharge valve failures may or may not cause crosshead pin non-reversal; it depends on 
the severity of the failure.  A significant failure could cause the affected cylinder end to be at 
discharge pressure all the time and the suction valves will not open.  Compression will there-
fore not occur. 

The Effect on Crosshead Pin Reversal of Leaking CE Discharge Valves 
Since all cylinders on K111A were operating SACE, the leaking discharge valve on throw 4 
made it more susceptible to a crosshead pin non-reversal problem.    This was due to the 
increased crank end cylinder pressure.  Although cylinders 2 and 4 were operating at the 
same conditions, the increased valve leakage on cylinder 4 made the crosshead pin non-
reversal worse on that throw, because the cylinder internal pressure throughout the com-
pressor stroke was higher than that of cylinder 2. 
To visually explain crosshead pin reversal with a cylinder that is SACE, please see Figures 7, 
8 and 9.  When a cylinder is SACE, the piston rod is in tension during compression (Figure 
7).  The net force on the piston pulls the crosshead away from the crankshaft and the cross-
head pin is pulled toward the crankshaft.  This opens clearance between the crosshead pin 
and the cylinder side of the crosshead bushing allowing oil to fill the space.   

Figure 7:  Expansion process begins Figure 8:  Compression process begins – crosshead 
pin reversal has occurred.
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When the piston changes direction (Figure 8), the piston rod is in compression because even 
though the cylinder is SACE, the gas force on the HE of the piston is greater than that on the 
CE because both ends are exposed to suction pressure.  This forces the crosshead toward 
the crankshaft and the crosshead pin is pushed toward the cylinder opening clearance be-
tween the pin and the crosshead bushing on the crankshaft side.  The changing position of 
the crosshead pin relative to the crosshead is crosshead pin reversal.   
In the case of K111A, the leaking CE discharge valves increased the crank end cylinder 
pressure, resulting in decreased crosshead pin reversal. (See Figure 9) 

Figure 9:  Compression process begins with leaking CE discharge valves.   CE cylinder pressure is at 
or near discharge pressure – crosshead pin reversal has not occurred

Increased Cylinder Differential Pressure 
The normal differential pressure across the 4th stage cylinders is approximately 20 bar.  It 
was determined that during the erratic recycle valve operation the cylinder differential pres-
sure varied from 2 to 27 bar. 
The following day, during the troubleshooting of the recycle valve,   the cylinder differential 
pressures also varied from the design conditions.  It was during the troubleshooting of the 
recycle valve that the high vibration shutdown occurred.   
The increased differential pressure in the 4th stage not only impacted crosshead pin reversal, 
it also caused rod loads to change.  In order to determine how much each changed, the OEM 
software was used to model the compressor operation. 

Using OEM Software to Troubleshoot 
In addition to the inspections of the compressor and valves, the compressor OEM perfor-
mance software was used in the troubleshooting efforts.  The OEM performance software is 
used to select the compressor based on operating conditions and customer requirements.  It 
can also be used as a troubleshooting tool by comparing existing operating conditions to the 
original design compressor performance calculations, as was done in this case.  
The first operating case for comparison noted that for a period of time prior to the failure, the 
compressor had been running with suction pressure 6 bar lower than design as a means of 
reducing plant power consumption.  Discharge pressure was at the design condition.   
This increased differential pressure increased the rod load on the compressor, as expected, 
but it was also discovered that the crosshead pin reversal calculated by the program was 
less than the OEM allowable limits.  However, the compressor was operating below the as-
sociated alarm and shutdown settings used for rod load protection.   
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The following graphs, generated by the software, compare the dynamic forces for cylinder 4 
at the Design operating conditions (Figure 10) and at the reduced suction pressure case that 
the unit was operating prior to the incident with the recycle valve (Figure 11). 

Figure 10:  Crosshead pin reversal at design conditions.

Figure 11:  Crosshead pin reversal at time of incident.

The effect on crosshead pin reversal due to the erratic operation of the recycle valve is shown in Fig-
ure 12.  This graph was generated, using data calculated by the software.   

Crosshead pin reversal below OEM limits.

Crosshead pin reversal above OEM limits. 
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Figure 12:  Crosshead pin reversal at varied suction pressures and a constant discharge pressure.  
OEM limits are highlighted. 

While analysing the compressor at various suction and discharge pressures, it was deter-
mined that during the recycle valve troubleshooting, the compressor had operated for a peri-
od of 13 minutes with a predicted crosshead pin reversal magnitude of 0%. 
The multi-run feature of the performance software was then used to analyse all of the com-
pressor stages to ensure adequate crosshead pin reversal through a wide range of operating 
conditions and compressor load steps.  This enabled operators to determine whether rod 
load or crosshead pin reversal limits were exceeded first.   
Based on the information gathered during this analysis, the existing alarm and shutdown 
setpoints were revised to ensure the compressor was protected in any off-design operating 
cases where crosshead pin reversal dropped below allowable OEM limits.   

Conclusion 
Troubleshooting the crosshead failure involved both physical inspection and the use of OEM 
software.  It was determined that a number of causes led to the crosshead failure.  The fol-
lowing will summarize the root causes of the failure and the corrective action taken to ad-
dress them. 
Leaking 4th stage CE discharge valves resulted in reduced crosshead pin reversal.  As a pre-
ventive measure, a more frequent valve temperature monitoring policy was instituted.  The 
temperatures are recorded in a log by the plant operators and in the event of an increased 
temperature, corrective action is taken. Additionally, monitoring the calculated deviation be-
tween actual and adiabatic discharge temperatures was added to the DCS (Distributed Con-
trol System) logic.  This deviation alarm has proven to be very effective in identifying valve 
degradation. Since the high deviation alarm has been implemented, a crank end valve failure 
recently was found that allowed a controlled shutdown before damage could occur to the 
compressor. 
It should be noted that in a double acting cylinder, leaking discharge valves may or may not 
cause crosshead pin non-reversal since there is gas force on both sides of the piston.  Oper-
ating a cylinder double acting may make it less susceptible to crosshead pin non-reversal. 
Due to plant requirements, the compressor was required to operate in conditions not original-
ly identified.  The compressor was able to operate in these off-design conditions, however 
these operating cases combined with the leaking discharge valves, caused crosshead pin 
reversal to be significantly reduced.  The erratic operation and subsequent troubleshooting of 465



the recycle valve decreased the crosshead pin reversal even further and ultimately, the 
crosshead failed.   
Calculations made with the OEM software have provided a clear operating map showing the 
effect on rod loads, discharge temperatures and crosshead pin reversal at the changing con-
ditions.  Using data generated by the performance software, alarm and shutdown setpoints 
were adjusted to allow operation in these areas without damaging the compressor. 
It is very important to review off-design operating points to identify those conditions in which 
compressor limits are exceeded.  This can easily be done with OEM software.  In the event a 
failure occurs, it is crucial to know the operating conditions at the time of the failure.  This 
information can be used with the OEM software to assist with troubleshooting the cause. 
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Summary 

The need to reduce overall pressure losses is one of the most important challenges in meeting 
the increasing demand for high-efficiency reciprocating compressors. Although in most 
compressor designs valve losses amount to a bit less than half of the overall pressure losses, 
the contribution of the valve pockets to the overall losses may be higher than the valve losses in 
some cases. Therefore pocket losses are far from being insignificant. The losses of both valve 
and valve pocket are dependent on the pocket geometry since the valve pocket affects the flow 
in the valve and vice versa. 

To improve efficiency, both the evenness of flow through the valves as well as the clearance 
volume must be optimized. Due to the limitations of the mutually exclusive objectives of low 
clearance volume and evenness of flow in the usual configuration (cone with slot shaped 
passage), other arrangements are also taken into consideration for comparison. A double acting 
cylinder equipped with a new design of a poppet valve has been investigated using moving 
mesh CFD simulations, taking fluid structure interaction into account. To improve the accuracy 
of compressor performance analysis, including the prediction of absorbed power, correction 
factors for both valve and pocket pressure loss coefficients have been derived, however, only 
an illustrative example is presented within this paper. 

Keywords:  Reciprocating compressor, Valve pocket, Valve losses, Computational Fluid 
Dynamics (CFD), Moving mesh  
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1. Introduction 

Pressure losses in valve pocts can easily be determined for common geometries [1]. They may 
be expressed by a “pocket factor” based on valve losses. The impact of flow uniformity is 
neglected. This may be acceptable as long as only valves of similar types (e.g. plate valves of 
common proportions) are compared. However, the more valve losses are reduced, the more the 
flow is becoming unevenly distributed - in some cases even giving rise to recirculation through 
valves. Therefore, if valve types causing different flow distributions have to be compared, the 
accuracy of the traditional approach is limited. The modern approach based on CFD 
simulations, as described in many publications [2-9], is computationally too expensive to replace 
the tools for compressor / valve dimensioning which are based on zero or one- dimensional 
modeling. Therefore detailed CFD simulations should provide correction factors, which are 
applied easily to dimensioning tools. 

In the first part of the paper steady state flow is assumed throughout. To illustrate the effect of 
non-uniform flow (or backpressure) on pocket pressure loss, different types of valve pockets 
have been investigated and the variations of valve pocket shapes are illustrated. The pressure 
loss of an arbitrary valve is approximated by an axisymmetric distribution of effective flow 
resistance (or porosity), taking into account non-permeable walls (e.g. centre bolt area). Radial 
flow in the valve is neglected for simplicity. Pressure loss coefficients for valve and compressor 
have been determined for different distributions of porosity. Inlet losses, caused by the 
redirection of flow entering the valve, are an additional important factor (however, they are not 
considered in this paper). By comparing these loss coefficients to the loss coefficients obtained 
for even flow (i.e. valve in a wind tunnel), the contribution of the unevenness of the flow to the 
pressure loss is obtained, i.e. additional loss coefficients due to the interaction of the parts are 
determined. 

Steady state investigations will always be limited due to effects such as: 

• Piston masking and squeezing effects near top dead centre; 

• Pulsations and effects of gas inertia;  

• Detailed flow in valve. 

More complex transient flow, fluid structure interaction and moving mesh simulations provide 
valuable additional information such as gas forces acting on internal valve components and 
their (in some cases individual) opening and closing times. In the second part of the paper some 
transient, moving mesh simulations are summarized.  

All simulations use air (i.e. ideal gas) as fluid. In order to minimize effects of numerical viscosity, 
the Monotone Advection and Reconstruction discretisation Scheme [10] is applied throughout. 
This scheme shows least sensitivity of solution accuracy to mesh structure and skewness. 
Turbulence is modelled by the standard high Reynolds Number k-ɛ model with non-equilibrium 
wall functions. 
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2. Simulations of Steady State Flow 

2.1 Valve optimisation 
Valves are always subject to improvement; a common task is to reduce pressure losses for a 
given valve type and valve size. A modified design of a poppet valve had been proposed. The 
pressure loss of the proposed design was compared to the standard design. Two different 
arrangements were used as shown in Figure 
2.1: The valve in a tube (as in a wind tunnel) 
and the valve between a valve cage dummy 
and a generic valve pocket representative of 
many compressor designs. The comparison 
of the two different models revealed that 
although the proposed new design performed 
more or less identically in a wind tunnel 
measurement, the performance in a 
compressor is worse than the standard 
design. Diagram 2.1 shows the comparison of 
the loss coefficients (static pressure 
differential divided by dynamic pressure) of 
the valves. To obtain more realistic data, all 
pressure loss assessments of valves are 
performed both in a generic cylinder and in a 
wind tunnel arrangement. The results also led 
to further design modifications and finally to 
the development of a slightly modified poppet 
valve with pressure losses reduced to 73% in 
comparison to the standard design in a valve pocket of a standard compressor (Figure 2.2). 

Diagram 2.1: Comparison of normalized pressure loss 
coefficient of two poppet valve designs. Loss 
coefficient of valve placed between valve pocket and 
valve cage (top) and in a wind tunnel arrangement 
(bottom)

Figure 2.2: Velocity plots, section at valve outlet. 
Highflow design with pressure loss reduced to 73 % 
(top) in comparison to standard execution (bottom)

Figure 2.1: Models used for investigations: Wind tunnel 
type (top), cylinder with valve pocket (bottom) 
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2.2 Variation of pocket geometry 
Systematic series of valve pocket geometry variations have been investigated. The series have 
been simulated in order to quantify the effects of interdependency between valve pressure loss 
characteristics (i.e. not only the overall, averaged pressure loss as determined in a wind tunnel 

arrangement but especially the 
impact of the distribution of flow 
resistance) and valve pockets of 
different shapes. At the moment, 
the parameter var-iations are 
limited to geometries with one 
suction / discharge valve per 
cylinder. The series uses a 
conventional arrangement with a 
right angle between cylinder and 
valve axis (Figure 2.3). Different 
shapes of the passage between 
cylinder and valve pocket are 
compared.  

In Figure 2.4 velocity plots are 
compared. The shape of the 
passage between the cylinder 
and the cone adjacent to the 
valve is clearly visible as a 
velocity distribution at the section 
at the valve inlet. In this 
simulation, the valve pressure 
loss amounted to half the 
pressure loss of the valve pocket. 
The lower the pressure loss of the 
valve, the higher becomes the 
unevenness of the flow. In order 
to describe the pressure loss 
coefficients of the generic valve 
pockets, the following approach 
will be applied: The pressure loss 
coefficients are tabulated for each 
design dependent on several 

distributions of local pressure resistance  of the valve, the shape of the designs are described 
by parameters of characteristic dimensions (form factors), and the pressure loss coefficient is 
approximated dependent on these parameters as well as the distribution of the resistance in the 
valve by least square methods (i.e. curve fitting). 

As a result, the pressure loss of the valve pocket can be calculated dependent on dimensions 
and the pressure loss of the valve and the distribution of flow resistance. 

Figure 2.3: Geometry variations of conventional valve pocket 
arrangement: Type 1 (combination of wedge and cone), Type II 
(combination of block and cone), Type III (combination of cylinder 
and cone) and Type IV (combination of two cones; from top to 
bottom) 
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Figure 2.4: Velocity plots of selected valve pockets.  
Type II (combination of block and cone, top) and 
Type IV (combination of two cones, from top to 
bottom) 

As the resistance distribution of the valve can 
be calculated or estimated from the geometry, 
the impact of different valve types on the main 
pressure losses in a compressor can be taken 
into account, e.g. in zero dimensional codes 
used for compressor dimensioning. 

2.3 Results: Interaction between pressure 
losses of valve pocket and valve

Within this paper, the impact of the distribution 
of flow resistance in the valve on pressure loss 
coefficients is illustrated for a single design 
and a small number of idealized distributions 
only. The valve is approximated by porous 
cells; within these cells flow is possible only in 
the direction of the valve axis. . The radial 
distributions of flow resistance applied are 
plotted in Diagram 2.2 over the normalized 
radius. 

 

Diagram 2.2: Radial distributions of flow resistance in 
valve. Constant resistance, constant with central bolt, 
constant with rim, linear with high resistance in centre, 
linear with low resistance in centre (top to bottom)  
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Three levels of flow resistance of the valve are applied to an incompressible flow with a 
Reynolds Number of 5.0E4 (based on nominal valve diameter and averaged velocity). In a wind 
tunnel arrangement, all the distributions plotted in the same colour in Diagram 2.2 have the 
same pressure loss of the valve. 

However, if the same valve is investigated in a model with cylinder, valve pocket and valve cage 
(Figure 2.5), the different distributions result in different pressure losses of the whole 
combination. The pressure losses are usually described as ratio of static pressure differential 

divided by dynamic pressure (i.e. total minus static 
pressure); in this way a pressure loss coefficient is obtained 
for the valve. We define the pressure loss coefficient for 
steady flow through a valve with equal cross sectional area 
of the in – and outlet as: 

The same approach may be applied to the parts up- and 
downstream of the valve (another approach is to calculate 
the ratio of the area of an orifice required for the mass flow 
under isentropic conditions to the actual section).           

Figure 2.5 Geometry of example valve 

pocket  

As mentioned before, the pressure loss coefficients are not only dependent on the geometry, 
but to a smaller portion also on the combination of valve pocket, valve and valve cage. If we 
denote the pressure loss coefficient of the valve in a wind tunnel arrangement as ζv0 and in the 
valve pocket as ζv1, the pressure loss coefficient of the pocket with inlet - outlet boundary 
conditions as ζp0 and combined with a valve ζp1, the pressure loss coefficient of the valve cage 
with inlet - outlet conditions ζvc0 and combined with a valve ζvc1, then the effects of a combined 
pocket – valve – valve cage assembly in comparison to the separate parts on pressure loss 
may be expressed by a factor   

In Diagram 2.3, these factors are plotted for the design as shown in Figure 2.5 and the 15 
distributions of flow resistance of the valve from Diagram 2.2. As can be seen from Diagram 2.3, 
these factors may exceed the 10% range for pocket and valve, and hence are not negligible. 
For the valve cage the effect is much higher, however, the contribution of this component to the 
overall pressure losses is usually very small. When valves of different types (e.g valves with few 
straight-through modules or an optimized poppet valve) are interchanged with standard valves 
of common proportions, or between each other, then the compressor performance may behave 
in an unexpected manner because the change in valve pocket pressure loss may well 
overcompensate the nominal performance differential of the valves. 
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The effects illustrated are negligible when, and only when, similar valves (i.e. plate valves of 
similar proportions of the central bolt etc.) are compared.  

Diagram 2.3: Pressure loss correction factors caused by the interaction of valve pocket, valve and valve cage for  
the geometry in Figure 2.5 and the distributions plotted in Diagram 2.2 for pocket, valve and valve cage (from top 
to bottom)

3. Moving mesh simulations 

3.1 Moving mesh simulations with prescribed motion 
A simple model of a compressor cylinder is depicted in Figure 3.1 (left), comprising the cylinder, 
an inlet and discharge valve pocket, two simple valves, valve cages and collectors. A velocity 
plot is shown in a cut plane, the piston is at the bottom dead centre.  

The geometry of the parts located up and downstream of the compressor cylinder is taken into 
account by boundary conditions derived from a one-dimensional model. In this model, the 
valves are a crude approximation of the real geometry, and the opening and closing is 
prescribed depending on crank angle. The valves are simply switched on or off by coupling or 
de-coupling the mesh parts. Although such a simple geometry does not give flow details within 
the valve itself, the resulting time dependent flow in the compressor parts is an useful input for 
subsequent investigations with a model of higher resolution. By mapping the results of the 
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simple model onto a refined model as initial condition, computational efforts are reduced to a 
minimum. 

Figure 3.1: Compressor cylinder moving mesh model(left), and comparison of dynamic pressures (diagrams right):  
Pressures calculated from continuity or integration of the momentum equation at suction valve outlet for two 
different valve pocket geometries (top), ratio of pressures dependent on crank angle (bottom) 

The purpose of the investigations was to determine forces and torques acting on a reverse flow 
control system. Due to the geometry of the valve pocket the unloader is not only pushed back 
but parts of the unloader mechanism are also subjected to torque. As a first indication, the 
momentum flux into the suction valve during reverse flow conditions derived from the model has 
been plotted vs. the crank angle (Figure 3.1, right).  

As can be seen from the diagram, the dynamic pressure calculated from the continuity equation 
does not necessarily give a good estimation of the momentum flux. The ratio of dynamic 
pressure, as determined from a mass flow averaged integration of momentum flux, to the 
dynamic pressure, calculated from the velocity based on the continuity equation, is dependent 
on the valve pocket geometry as well as the crank angle. In order to obtain the averaged 
dynamic pressure relevant for the estimation of forces, the velocity determined from continuity 
must be corrected adequately, the dynamic pressure from momentum is nearly two times higher 
than the value calculated with the help of the continuity equation.  

In a subsequent investigation of flow through a highly detailed model of a ring type suction valve 
closing with a prescribed motion, the initial and boundary conditions derived from the model 
described above  have been applied. 

Figure 3.2 (left) gives an impression of the valve quarter model showing recirculation zones 
inside the valve caused by the sharp redirection of flow. These recirculation zones block a 
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significant portion of the flow section of plate or ring valves, not only in under reverse flow 
conditions. The valve quarter model has been mirrored and a cylinder has been added to 
investigate the forces acting on the rings during closing in reverse flow (Figure 3.2, right).                                                  

Figure 3.2: Recirculation in a suction valve of ring type, reverse flow condition (compression stroke).Section plot 
of axial velocity (backflow in regions coloured red, right), internal view (i.e. velocities projected onto the wall, left)

Note that the unloader bell is omitted in 
this model. The simulated force 
coefficient, the normalized valve lift curve 
and the effective flow section of the valve 
dependent on crank angle are shown in 
Diagram 3.2. The force coefficient is 
defined as force divided by the area 
effective in a closed position, and by the 
pressure loss of the valve. The 
normalized effective flow area is derived 
from the isentropic flow through an 
orifice. 

3.2 Moving mesh simulation with fluid structure interaction: Double acting compressor 
cylinder with poppet valves  
The third moving mesh model described within this paper comprises a double acting cylinder, 
two poppet valves of a new design, and the compressor parts up- und downstream of the 
valves. Figure 3.3 gives an idea of the whole model. The poppet valves are located in the top 
compression chamber, the bottom chamber is equipped with simple valve dummies (i.e. valves 
switching on or off as described above). In the CFD simulation poppet valves with seven 
poppets are investigated, one poppet located centrally and six poppets in a circle around. A new 
design of the poppet valve results in a very high flow section, especially in the valve guard, and 
hence the pressure loss in this part of the valve is reduced. In this CFD model, in contrast to the 

Diagram 3.2: Normalized lift curve, resulting effective flow 
area and force coefficient dependent on crank angle.
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models described before, the motion of the valve bodies is not anymore prescribed as a 
function of the crank angle, but by solving the equations of motion for each individual poppet.

A multi cycle simulation was performed and the 
individual movement was simulated from the second 
simulated cycle onwards. In Diagram 3.3 the 
normalized lift dependent on crank angle is shown for 
two cases. On the left, the poppets are equipped with a 
spring causing premature closing of the suction valve. 
As can be seen from the diagram, the poppets at the 
top and bottom position close faster at the beginning, 
but are then the ones remaining open for the longest 
duration. The spring force at maximum lift, Fsm, is equal 
to 1.0 for this model. In the Diagram at the right, even 
stronger springs are used (Fsm ~ 8.0), resulting in an 
oscillation of the poppets. As a main result of the 
investigations, not only the individual lift curves are 
calculated but also the friction work is determined. 

Diagram 3.3: Individual lift curves of poppet valve bodies as simulated in CFD model. Springs (Fsm=1) resulting in 
poppets closing prematurely (left) and stronger springs (Fsm=8) resulting in synchronous oscillation (right) 

  

Figure 3.3: Moving mesh compressor model 
with poppet valves in top compression 
chamber 
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Diagram 3.4: Friction work in poppet guide determined from lateral forces acting on poppets (left) over time and 
comparison of total friction work per cycle (right)  

The friction work is calculated as integral of the lateral forces times the poppet displacement 
and is plotted as function of the crank angle in Diagram 3.4. Not surprisingly, the friction work of 
the oscillating poppets is much higher than the friction work of the poppets equipped with a 
weaker spring. In both cases, the centrally located poppet renders the lowest friction. The 
determination of the time-dependent flow and valve motion is relevant both for the flow 
characteristics of the valve as well as for an assessment of the wear to be expected during 
operation. Due to the asynchronous movement of the valve bodies the effective flow area is 
dependent on time, both during opening and closing phases, and hence differs from the 
assumptions used for zero- or one-dimensional compressor performance or valve selector 
simulation tools.  

4. Conclusion 

Investigations aiming at reducing pressure losses of small sized poppet valves resulted in an 
improved valve design and triggered subsequent investigations of flow through the cylinder, 
valve pocket, valve and valve cage. Not surprisingly, if the overall pressure losses in a 
reciprocating compressor have to be minimized, the valve pocket geometry has to be taken into 
account. Not only is the pressure loss in the valve pocket significant, and in some cases even 
higher than the pressure loss of the valve itself, but also valve and valve pocket are influencing 
each other as the resulting flow is dependent on both the distribution of flow resistance in the 
valve and the pocket shape. If valve performance is rated on the basis of a wind tunnel 
arrangement (instead of a cylinder – valve pocket – valve arrangement) only, misleading results 
may be obtained. The impact of the design of the valve pocket on compressor performance 
cannot be over-emphasized. In order to be able to better predict the effects of valve pocket 
design on valve performance, two sets of half models – in total 28 different geometries – have 
been simulated so far.  

The pressure loss coefficients of the pocket, valve and valve cage are usually treated as 
constants, however, as illustrated by a simple example, are also slightly dependent on the 
distribution of flow resistance in the valve, which can be calculated or estimated from the 
geometry. By introducing the distribution of flow resistance of the valve (described by additional 
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parameters) the usual approach of pressure loss calculation required for compressor 
dimensioning and implemented in zero-dimensional codes is preserved, but with improved 
predictive capabilities–the conventional method is correct only if similar valves (e.g. plate valves 
with identical centre bolt diameter etc.) are compared among each other.  

Steady flow investigations can only give an approximation of flow in a reciprocating compressor. 
Time-dependent motion effects like piston masking the valve etc. have to be included, and 
additional effects of transient flow like pulsations have to be taken into account. Moving mesh 
in-cylinder simulations are a tool common in internal combustion engine development; due to 
the close relatedness of reciprocating compressors and internal combustion engines a proven 
methodology has been applied. 

Fluid structure simulations of moving valve internals create a deeper insight into valve dynamics 
and are a prerequisite for wear prediction. In order to predict valve wear, not only the forces 
acting on the valve internals need to be known but–since a guide does not wear as long as the 
valve does not move – the temporal evolution of forces, torques and velocities has to be 
determined and input into a wear model. 

More cases need to be studied in detail. However, the investigations presented in this paper 
demonstrate how advanced modelling used in CFD today can contribute to increasing the 
reliability of compressor and valve performance predictions. 
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