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Summary

More and more operators of compression equipment require the ability to adjust or trim the gas
flow, depending on process conditions, from a remote and safe location. Manual adjustment of
clearance pockets by the operator, in many cases while the compressor is running, has been
the normal and successful practice for many years. However, this requires the operator to be
standing next to the machine and in the same room with process gas. Operation of the manual
pocket requires some physical strength to operate the clearance pocket and may pose some
risk to the operator.

As an alternate to this Manual Clearance Pocket, several designs have existed for years which
allows clearance to be added to the cylinder which has the effect of reducing the volumetric effi-
ciency and therefore changing the cylinder capacity or flow. These methods are proven and
take the form of pneumatic clearance pockets, pneumatic finger unloaders over the inlet com-
pressor valves, and pneumatic plug or port unloaders. These are all reliable systems which al-
low for remote capacity control operation. However, if the operator needs to “fine tune” or trim
the capacity even further, they cannot do it with these systems since the devices are for discrete
unloading steps. For example 100%, 75%, 50% load steps. A unique solution would be to allow
for a combination of the benefits of a manual control clearance pocket and a means of being
able to remotely adjust the pocket.

This paper will describe the current technologies as well as their application, features and bene-
fits. An alternate, simple, field proven solution to the need for capacity control will also be pre-
sented which allows for the operator to trim the flow based on process conditions while allowing
for remote and safe operation.
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Cylinder Capacity — Definition of Terms

The capacity of a Reciprocating Compressor is determined by the piston displacement, which is
defined as the total volume in the compressor cylinder which is “swept” by the piston per unit of
time. In a simple formula' the piston displacement of a double acting reciprocating compressor
cylinder is determined by the following equation:

PDE (2d.2 - d?) x S x N]/ 2.12E+07

Equation 1 — Piston Displacement — Metric Units™

Where units of measure are:

Piston displacement - Cubic Meters per hour
dc Cylinder bore diameter , mm.

dr = Piston rod diameter, mm.

S = Compressor stroke, mm.

N = Compressor speed — revolutions per minute

)
O
Il

But, there are losses within the compressor cylinder that affect the total volume of gas that the
cylinder can displace. These losses are accounted for in the term called Volumetric Efficiency.
Volumetric Efficiency® is defined as the actual volume capacity of a cylinder compared to the
piston displacement. The governing equation for volumetric efficiency is below:

E,=96-R-cIRV*)Z2/1Z2-1)]-L.
Equation 2 — Volumetric Efficiency — Metric Units®

Where units of measure are:

E, = volumetric efficiency

R = compression ratio

C = cylinder clearance, % of piston swept volume

Z, = inlet compressibility factor - accounts for gas behavior differences from an ,|deal” gas.

Zy = discharge compressibility factor-accounts for gas behavior differences from an ,ldeal” gas
k = ratio of specific heats, C,/C,

L = slippage of gas past piston rings, %, (1% for high-speed separable, 5% for non-lubricated

compressors and 4% for propane service)
96 = Allowance for losses because of pressure drop in the compressor valves

We can say that the net capacity for a compressor cylinder is by the simple relationship below:

Net Capacity ® PD x E,
Equation 3 — Net Capacity

Upon review of the above equations, one can very easily see the factors that determine the ca-
pacity and how to vary the capacity of the cylinder. For example increasing the cylinder clear-
ance, ,,.C“, or increasing/decreasing the compressor speed, ,N“ has a direct effect on Net Ca-
pacity of the cylinder and compressor.
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Cylinder Capacity — Effect of Clearance Change and Method

Refering to Equations 1 and 2, increasing the percent of clearance, reduces the Volumetric Effi-
ciency (VE or E, ). This is represented by the typical PV Diagram below:

CLEARANCE
60+ .
NN
‘k oja d\
woaor | DTN
< e 14% 1 » AN
%! —21% — \ ) v ~Y
12} \ \
w RN
g:_ 20+ \ S
64 67VE —
76.4%VE
[ 8B.I%VE
o} t + - t
121 114 K7 100 80 60 40 20 (o}

PERCENT PISTON DISPLACEMENT
Figure 1. — Typical PV Diagram, Effect of % clearance on Volumetric Efficiency

In the above Figure 1, for a fixed compression ratio, if the base clearance in the compressor
cylinder is 7% the cylinder has a corresponding E, of 88.1%. When the cylinder clearance is
increased to 21%, the E, reduces to 64.6%.

What are the methods of adding clearance to a cylinder or unloading cylinders to change the
net capacity? There are many specific devices to accomplish this. What will be focused on in
this paper are means of adding clearance during operation with devices commonly called
,Clearance Pockets“ and ,Valve Unloaders“ used for pneumatically unloading ends of cylinders.

A very common means of adjusting or adding clearance to a compressor cylinder is by a ,Vari-
able Volume Clearance Pocket” (VVCP) as per Figure 2. These devices are commonly used on
high speed (=900 RPM) compressors in ,Gas Gathering“ applications. Most can be adjusted
while the compressor is in operation (consult operating manual for details). The operator ap-
proaches the compressor, unlocks a handwheel, and begins to turn the wheel clockwise or
counter clockwise to reduce or add clearance to the cylinder. Normally, these are found on the
1st stage cylinders and serve also as the ,outer head” of the compressor cylinder.

Compressor cylinder section show-
ing ,VVCP*“ manual operated varia-
ble volume clearance pocket —

clearance pocket piston moved to
midpoint added clearance position.

Handwheel for ,Manual“ adjustment
of added clearance

Figure 2. — Typical “Variable Volume Clearance Pocket”,VVCP, Manually Operated

Adding a ,fixed“ amount of clearance to a compressor cylinder is accomplished by either a
sclearance pocket” or a ,valve cap pocket®. In both cases, a pneumatic valve is provided with an
air signal to open or close a pocket which controls the addition of clearance volume added to
the cylinder. These devices are shown above in Figure 3.
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/ PORTS \ CYLINDER

Valve Cap Head End Fixed Volume Clearance Packet (FVCP) PISTON
Pocket Pneumatic Valves — open

and close pockets with
Jfixed“ clearance volume

Outer Head Fixed
Volume Clearance
Pocket

Figure 3. — Compressor Cylinder as shown equipped with both Valve Cap and Outer Head
Clearance Pockets — Note: Pockets “Open” — no air signal applied to the pneumatic valve

This combination of clearance devices (valve cap pockets and clearance pockets) and using
them on many compressor cylinders as shown in Fig. 3, is common on Integral Engine type
compressors used in Natural Gas Transmission Service. This type of compressor has the add-
ed flexibility of speed control (e.g. engine RPM) which maximizes the capacity control. See be-

low Figure. 4:
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Valve Cap and
Outer Head
Pockets. Note
the quantity!

Figure 4. — Integral Engine Compressor — Used for Natural Gas Transmission Service.

When comparing unloading methods, there are associated pressure drops that occur which
translate into power loss. If power is a concern particularly to electric motor drive, controlling
capacity by adding clearance is preferred over ,end unloading“ because of inherent lower throt-
tling losses and therefore lower power consumption.

It should be noted that these ,clearance pockets“ can be found on any reciprocating compressor
type found in Gas Gathering, Gas Transmission, or Refinery type services.

Cylinder Capacity - Effect of Cylinder End Unloading and Method

End unloading of a compressor cylinder will cause that end not to pump gas. This is accom-
plished by use of a device which when activated allows incoming gas to recirculate back to suc-
tion on the compressor cylinder.

The effect of ,End Unloading® can be seen on the PV Diagram below Fig. 5:

1
2l I Inlet Valves Operating —
P, "'f:':'-'qi' Cylinder End Loaded
Iy
\
\ ‘\/
‘i‘ End Unloaded

Figure 5. — Effect of “End Unloading” on a PV Diagram

10
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End Unloading is accomplished in one of four ways:

e Valve Removal — physically removing the inlet / suction valves from one end of the cylin-
der

e Valve unloading via ,Finger Type* Unloaders — holding the valve element(s) in the ,open®
position by ,fingers* throughout the entire pumping cycle of the compressor. The un-
loader is pneumatically operated. Unloaders are used on each Inlet Valve of the unload-
ed end of the cylinder.

e End Unloading via ,Plug Unloaders® — center portion of the valve and elements is re-
placed by an ,open/closed” valve which is pneumatically operated. Plug Unloaders are
used on each Inlet Valve of the unloaded end of the cylinder.

e End Unloading via ,Port Unloader” — On larger cylinders with multiple inlet valves per
end, one valve is completely removed and replaced by a metal seat insert and an
wopen/closed” valve which is pneumatically operated.

Valve removal from an end of a cylinder is well understood and will not be shown. Other
means of unloading are shown in the figures below:

Typical ,,Port“ Un-
loader — NOTE: The
LeBmpressor Valve is
completely removed
and replaced by a
metal seat insert.

Typical ,Plug® Unloader
—NOTE: Center portion
of the compressor valve
is removed and re-
placed by a pneumatic
valve

Note: Unloaders
shown in this Figure
are in the ,unloaded”
position

Air signal
applied here
Unloader Operator
Valve Cover
Valve Cage
Compressor Unloader Plunger — each valve
Valve element has a “Finger“Operator

Figure 7. — Typical “Finger Type” Unloader — removed from the cylinder for clarity —
Note: Unloader is in “loaded” position

11
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Each of the Capacity Control devices described previously with the exception of the ,VVCP*,
Fig. 2., require an Air Signal to activate the pneumatic valve. A typical Air Signal can range
from 65 — 125 psi (approximately 4 — 8 bar). These devices provide the operator with discrete
load steps. Depending on the number of cylinders on the compressor, these discrete load steps,
with or without a means of varying the compressor speed (see Figure 4.), likely provide all the
flexibility in capacity control that is desired by the end user. The pneumatically operated devic-
es also allow for remote adjustment to accomplish capacity control.

Cylinder Capacity — Further Addressing the Needs of the Customer

It is for certain that the fewer parts (by part number) in a machine, the lower the maintenance,
the fewer parts the client needs to stock, is a plus for any customer . This coupled with proven
designs, simplicity, and meeting clients needs can be a ,winning combination®.

Albert Einstein once said ,Everything should be made as simple as possible but not simpler*.
Let us examine a design which combines fewer parts, simplicity, safety of operation, and the
ability to vary clearance and therefore capacity while the compressor is in operation.

As mentioned previously, by adding clearance has a benefit of lower throttling losses/power
consumption, compared to other means of unloading. Consider having a ,Clearance Pocket®
that would allow for varying clearance adjustment remote from the machine?. Consider a Hy-
draulic means of actuating the clearance pocket as per Figure 8.

Cylinder Clearance R .,‘?&L;s"u‘;i
Volume added here. i

Note: the piston moves to
vary the clearance within

the compressor cylinder.

Hydraulic cylinder
controls the move-
ment of the piston
within the outerhead

HYDRAULIC
HYDRAULIC RESERVOIR

CYLINDER s

Figure 8. — Diagram of Hydraulic Variable Volume Clearance Pocket

As previously described, adding clearance volume reduces E, of the compressor cylinder at a
given compression ratio. So as the clearance volume added increases, the percent clearance
(unswept volume) in the compressor cylinder increases thereby reducing the E,, This is shown
below in sequential movements of the Hydraulic Pocket (see Figure 9). Note how the area of
the PV Diagram, becomes smaller in area as the pocket is opening. Recall from Thermody-
namics that the area of the PV Diagram indicates the “work”(FT-Ibs. / min.) which is power con-
sumption. The power consumption decreases as the pocket opens.

12
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HP Flow

Full Load 100% 100%
HWCP 100% 100%
Pressune Ly SoLEoD i
Pressure
Pocket fully closed —
Compressor Capacity
at 100%
Volume
Pressure
Pocket 32% Open—
Compressor Capacity
at 67%
Pressure

Pocket 64% Open—
Compressor Capacity
at 35%

Volume

Figure 9. — Hydraulic Variable Volume Clearance Pocket Position - Sequential Pocket Piston
Movement- Effect on E, and Load as shown in the PV Diagram

13
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The Hydraulic Variable Volume Clearance Pocket (HVVCP) addresses the need of clients to
adjust the capacity of the compressor remotely, without discrete capacity steps, fewer moving
parts, simple, and safe. A brief installation summary is below:

Hydrogen Service

14
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The benefits of the Hydraulic Variable Volume Clearance Pocket are:

e Allows direct replacement for “handwheel” or fixed volume pockets
e No modfications to the compressor cylinders
e Provides safe and reliable capacity adjustment while the compressor is operating under
load
e Fully adjustable within limits set by the pocket volume
¢ Remote adjustment
A disadvantage is that the pocket can only be applied to the outer end of a compressor cylinder.

Cylinder Capacity Control Methods- Application

Many more compressors are installed than compressor manufacturers will build as new equip-
ment. Fortunately, all of the devices described in this paper can be applied to existing equip-
ment. This can be part of an ,upgrade“ or compressor ,modernization“ program. It is important
to the client to continue to keep the Reciprocating Compressors running to take full advantage
of the initial capital investment. In addition, Compressor manufacturers can offer modern design
compressor valves, wearing parts (e.g. piston rings, guide rings), ignition systems (lean burn for
engines, etc.) and other upgrades to improve the life and Mean Time Between Failure (MTBF)
of components that historically have increased maintenance costs.

When applying these Capacity Control Devices the same considerations are applicable as if
they were applied to a new unit. For instance:

o Effect on Cylinder Pressure ratio — Are these devices needed on only the 1st stage cyl-
inders or on other subsequent stage so as not to cause an overload (over maximum rod
load) condition?

e Effect on Cylinder base clearance — How much may the base clearance change without
affecting the full load capacity of the machine?

e Adequate ,Rod Reversal“ at all operating conditions? — this is related to unloading se-
quence.

e Power —or- BHP limitation considered?

e Capacity Prediction

What needs to be known then is the range at which these Capacity Control devices can be op-
erated not only to achieve the desired capacity but within the operating range (e.g. speed, ratio,
rod load, BHP) of the compressor. This is typically shown in a ,Performance Curve“ as shown

in Figure 10:

15
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COMPRESSOR PERFORMANCE
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Figure 10. — Typical Performance Curve — Pocket Setting; Suction pressure; BHP limit; Capacity
- Million Standard Cubic Feet per Day (MMSCFD)

Thankfully, these curves are programmed into the capacity control logic in the customer control
panel.

Finally, there are terms that need to be understood when applying Capacity Control devices.
Terms like: ,Fail Safe®, ,Air to Unload®, ,Air to Load“ mean something to the client. For exam-
ple, for a loss in air signal pressure , the client may want the compressor to continue to operate
in full load (no pockets open; no unloading of inlet valves ). Depending on the design of the
»Unloader Operator, (see Fig AF), this may imply the use of an ,air signal to unload” device.
This terminology needs to be well understood between the Client and Capacity Control provider,
to ensure time and money is not wasted as well as potential delay in supply due to a misunder-
standing of the requirement.
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Conclusion

The Capacity Control Systems presented in this Technical Paper are by no means all that are
offered by Compressor manufacturers or other Controls companies. This paper is meant as a
Lprimer“ to acquaint the reader with some definition of Capacity Control types as well as the
basic understanding of these mechanical devices and how they function and are operated.

The Capacity Control systems offered today by various manufacturers have an overall record of
reliability and safety in operation. Capacity Control Mechanisms and systems can be offered on
reciprocating compressors which in effect imporve the reliability and flexibility of the compres-
sor. In effect, ,modernizing“ the operation of the compression equipment. However, the Capac-
ity Control devices have design limitations and if improperly applied or operated can have an
effect not only on the reliability of the device but also the compressor as well as safety of the
operating personnel.
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Summary

Vermilion Energy operates around two dozen oil and gas wells at Vic-Bilh in the Aquitaine re-
gion of south-west France. Several dedicated gas cap wells produce gas at a pressure high
enough for direct export, but lower-pressure associated gas from the remaining wells must be
compressed for sale. For this duty Vermilion Energy uses a four-stage 600 kW reciprocating
compressor (KB310) that dates from the 1980s.

Previously, gas throughput was controlled by a bypass valve around the compressor. With av-
erage compressor utilization only around 20%, this wasted more than 1,400 MWh of electricity
every year.

To reduce the compressor capacity, the company looked at replacing some of the existing cyl-
inders with smaller ones, or replacing the entire compressor. The final decision, however, was
to retrofit a stepless capacity control system based on suction valve unloaders.

A technical analysis showed that the reverse-flow capacity control system would restore full
efficiency. In addition, it would avoid the need to make big modifications to the compressors,
with the consequent requirements for re-certification, and would cost significantly less. It would
also improve the dynamic control of both flow rate and discharge pressure.

Vermilion chose a new all-electric stepless capacity control system. Following commissioning in

spring 2015, the system has performed as designed and without problems. The payback period
is around one year.
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1.  Vermilion Energy

Vermilion Energy is a Canadian oil and gas producer with particular expertise in managing de-
clining fields. The company has been present in France since 1997, with operations in the Paris
Basin south-east of the capital and in Aquitaine in south-west France. The company is currently
the largest oil producer in France.

Vermilion Energy has 13 concessions in Aquitaine. Together they yield a total of around 5,000
bbl/d of oil, accounting for 40% of Vermilion’s production in France.

2. Oil and gas in and around Vic-Bilh

One of Vermilion Energy’s concessions in Aquitaine is Vic-Bilh, named for a small town in the
French département of Pyrénées-Atlantiques, 125 km west of Toulouse and 150 km south of
Bordeaux. Covering the landscape of rolling hills is a mixture of woodland, fields and vineyards.
To the south is a view of the Pyrenees, some 75 km away.

The oil and gas fields of this part of France have been exploited since the 1950s, and produc-
tion from many fields is now declining. Vic-Bilh is essentially an oilfield, but falling reservoir
pressure has allowed free gas to become trapped under domes of impermeable rock. Three to
four gas cap wells tap into these domes to yield natural gas at moderately high pressures. The
remaining wells, which number around 20, produce oil and low-pressure associated gas.

Gas from Vic-Bilh travels by pipeline to Lacq, 40 km to the south-west. Until late 2013 Lacq was
home to a large gas processing plant operated by French oil company Total. As the Lacq gas
field reached the end of its economic life, however, the main processing plant was shut down. A
new, smaller, processing plant will continue to supply energy and sulfur-based raw materials to
nearby chemical manufacturers under the project name Lacq Cluster Chimie 2030.

The mention of sulfur is key. Gas from Lacq is very sour, typically containing 15% H,S and 9%
CO.,. The discovery of gas here in 1951 laid the foundations for future sour gas production
worldwide, including corrosion-resistant steels and amine-based sweetening processes.

The Vic-Bilh gas, though much less sour, still contains around 2% H,S. This is high enough to
make disposal difficult. In cases where flaring would normally be the economic option, only a
full-scale incinerator can properly meet modern standards for environmental protection. This
increased the incentive for Vermilion Energy to collect all the associated gas and send it to the
customer in Lacq.

3. The Vic-Bilh gathering station

The 300-m wide compound at the Vic-Bilh gathering station contains pipeline valves, separator
drums, and two reciprocating compressors. The latter are key pieces of equipment. After initial
separation and screening to remove oil, water and sand, gas from the Vic-Bilh gas cap wells is
at a high enough pressure to be sent directly to the pipeline to Lacqg. The pressure of the asso-
ciated gas from the remaining wells, however, is only 1.3 bar by the time it leaves the low-
pressure separator. As a result, this gas must be compressed up to a maximum pipeline pres-
sure of 34 bar (15-20 bar normal operation) for transport.

The gathering station handles a total of 25-75 kNm®day of gas in total. Of this, 10-30 kNm®/day
is associated gas that needs to be compressed for onward transport.

The 450 kW three-stage compressor (KB210) and 600 kW four-stage machine (KB310) were
both installed in 1984 and later inherited by Vermilion Energy when the company took over op-
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erations at Vic-Bilh. In the past, depending on the required flowrate, they have operated either
in parallel or in a backup configuration. At the current production rate, the KB310 compressor
handles 100% of the compression duty, leaving the KB210 machine to act purely as a standby.

Gas enters the suction side of the duty compressor via two streams at different pressures. One
of these comes from the high-pressure separator and is injected between the first and second
compressor stages. The other stream, from the low-pressure separator, enters the suction side
of the first compressor stage (Figure 1).
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Figure 1: Block P&ID for the two Vic-Bilh compressors. The four-cylinder KB310 machine is at
the top.

4. The need for capacity control

The KB310 compressor previously controlled gas throughput via a combination of on-off control,
which provided capacity steps of 0/50%/100%, and a recycle valve. As gas volumes have fallen,
however, this method has become increasingly uneconomic. Today the compressor operates at
around 20% capacity. With a rated power of 600 kW and running at the 50% capacity step, re-
cycle control down to 20% means that the compressor was wasting an average of 180 kW, or
more than 1,400 MWh every year. Even though France has some of the cheapest electricity in
Europe, Vermilion Energy decided that this loss was too costly.

To maintain efficiency in the face of falling gas volumes, the company originally explored two
ideas. The first was to replace some of the existing compressor cylinders with smaller ones. The
second was simply to replace one or more entire compressors with smaller ones.

However, a feasibility study showed that a better choice would be to retrofit a stepless capacity
control system based on reverse flow principle. This would maintain efficiency under the new

22



EFRC

EUROPEAN FORUM
for RECIPROCATING
COMPRESSORS

10™ EFRC Conference 2016

operating conditions, the study showed. In addition, it would avoid the need to make big modifi-
cations to the compressors, with the consequent requirements for re-certification, and would
cost significantly less. It would also improve the dynamic control of both flowrate and discharge
pressure.

Variable-speed drives are another control option sometimes used for reciprocating compres-
sors. On this unit, the existence of two semi-independent feed streams means that to some ex-
tent the first stage can function independently of the other three stages. By allowing each stage
to perform at its optimum level, suction valve unloading brings a degree of flexibility that would
not have been possible with variable-speed control.

5. Stepless capacity control via suction valve unloading

Vermilion chose a new all-electric stepless capacity control system for the KB310 compressor.
This stepless capacity control uses actuators and unloaders to hold the suction valves open for
a precise fraction of each cycle. Instead of being compressed, with the consequent waste of
energy, any gas that is not needed to meet current demand is simply pushed back into the suc-
tion plenum during the first part of the compression stroke.

Barring small energy losses as the gas flows back and forth through the suction valve, the sys-
tem has a high efficiency that — unlike traditional stepwise control regimes — it maintains across
a wide turndown range.

The same supplier also offers a long-established technology using hydraulic actuators to gener-
ate the forces needed to hold the suction valves open. Vermilion Energy was able to take ad-
vantage of the smaller footprint, lower cost, easier installation and simplified maintenance re-
quirements that the new electric system offers.
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6. Project start and control decisions

Vermilion Energy ordered the new system from the supplier's French subsidiary. The first meet-
ing with the supplier to discuss in detail how the system would be implemented took place in
March 2014.

At this point, the main decisions concerned the control logic. Depending on the process re-
quirements, the key control variable for stepless suction valve unloading can be the suction
pressure, the discharge pressure, or the flowrate. In this case, Vermilion Energy decided to re-
tain the existing control logic, setting the suction pressure as the primary control variable for the
first stage. The second, third, and fourth stages follow the supplier’s usual procedure, which is
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to control them based on the respective interstage pressures. The setpoint pressures for these
cylinders are calculated from the suction and discharge pressures (Figure 1).

The supplier specified an overall control narrative, which Vermilion Energy then integrated into
the main plant control system. For instance, this included providing the all-electric system with
pressure and crank angle signals for each compression stage, including scaling functions and
start/stop information.

7. Installation and commissioning

The four-stage KB310 compressor has 14 suction valves: four each on the first three stages
and two on the fourth stage. Each suction valve is fitted with an unloader and actuator.

The supplier’s French subsidiary delivered and installed the new system, plus new valves and
other parts to improve energy efficiency and reliability. Each actuator is self-contained (
Figure 3 and

Figure 4), requiring only one connection to a local power and control unit (

Figure 5). Installation of the new valves, unloaders, actuators and valve covers was therefore
straightforward. A single multi-core cable connects the compressor to a control cabinet (
Figure 6), from where the system links to the main operator room. The supplier also has remote
access to the system for monitoring and troubleshooting.

Payback for the system is estimated at less than a year.

Figure 3: Valve covers and actuators as installed
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Figure 4: Another view of the electric actuators (14 in total)

Figure 5: The local power and control units for the system are very compact
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Figure 6: The main cabinet for the capacity control system

8. Conclusions

Although adequate information for a full quantitative evaluation of operational parameters
(OpEx, efficiency, & maintenance) is not yet available, the lower capital costs, shorter project
timing, less complex installation and increased operating envelope have proven to be a value-
add for Vermilion Energy.
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Abstract

In a compressor installation of NAM (Dutch Petroleum Association) at Coevorden, natural gas is
produced and injected into the national gas grid. Three reciprocating compressors are used to
compress the gas to grid pressure. To mitigate the declining suction pressure of the depleting
wells, larger cylinders and new pulsation dampers have been installed. Upon startup noise is-
sues and integrity issues with the compressor valves were observed. The noise emission was
an atypical intermittent barking sound, apparently radiated from the piping and the pulsation
dampers. The noise raised questions on the integrity of the installation as a whole and caused
an environmental concern to the neighbors. The issues with barking noise could not be easily
identified. Also a high failure rate of the compressor valves was observed. During the design
phase, the pulsation study indicated significant over- and under-compression in the cylinders,
limiting the compressor’s capacity and increasing the power consumption. An extensive field
survey was done to identify the barking noise, the issues with compressor valves and the com-
pressor performance. The survey included various measurement techniques, such as pulsation
measurements, vibration measurements, PV chart registration, power measurements, flow
measurement, torque measurements and noise recording for a variety of process conditions.
The analysis of the data and the subsequent RCA confined the area for generation of noise in-
side the cylinder. It appeared that the barking noise was caused by a defect in the suction
valves, which was resolved satisfactorily by refitting of the compressor valves with an improved
design. This resolved both the valve integrity issues and the barking noise. The compressor
capacity appeared to be in agreement with the original datasheets. The power consumption was
high in comparison to the specification, but within the agreed tolerance between NAM and the
Vendor. An improved layout of the cylinder internals could result in a significant reduction of the
power consumption. However, such a retrofit appeared difficult in the installation, due to practi-
cal restrictions. For future projects, it is recommended to investigate the power consumption
during the early design of the cylinders, considering the valve losses, ventilation losses and the
unsteady effects of the pulsating flow.
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1 Introduction

The reciprocating compressor system of NAM in Coevorden consists of two locations COV-17
and COV-24, separated by an 8 km pipeline. The identical compressors K-170 are the ‘1% stage’
of the compression process. The 2™ stage K-270 and 3" stage K-370 compressors are located
on COV-17. Compressor K-370 is manufactured by a different vendor, than K-170 and K-270.

: cov-24
1
]

i
i
i
—> K170 ]
i
1
i

Ccov-17

> K-370

Figure 1. Schematic representation of compressor system NAM Coevorden.

Most relevant for this paper are the 1% stage compressors K-170. These are 4-throw natural gas
compressors, operated at a fixed speed of approximately 370 rpm. The design range for the
suction pressure is from 1.5 to 6 bar. The design range for the discharge pressure is from 4 to
15.5 bar. The gas is natural gas (MW=18 g/mol). The capacity is controlled with suction valve
unloading, with automatic regulation from 100% down to 50% in steps of 12.5%. The maximum
power consumption of K-170 running at 100% load is approximately 2 MW.

2 Re-vamp of the compressor station

In case of a new reciprocating compressor system, the APl 618 standard stipulates that during
the design stage, a pulsation study shall be carried out. The same requirement for a pulsation
study applies for a compressor system subject to a re-vamp. Examples of re-vamps that affect
the behavior of pulsations are: changing process conditions (for example depleting gas wells),
changing gas composition (for example upgrades in refinery compressor systems), increased
cylinder sizes, modified clearance, modified compressor valves, alternative capacity control
strategy (such as step-less reverse flow capacity control), modified compressor speed, re-
staging of an existing compressor and adding compressors to an existing system.

For the installation of NAM in Coevorden, enlarged cylinders were applied on compressors K-
170 (COV-17 and COV-24) and K-270 (only COV-17). Also, the pulsation dampers were modi-
fied on K-170 and K-270. The discharge conditions for the ‘3" stage’ compressor K-370 re-
mained nearly the same as in the original system. One of the main challenges was the spatial
restriction between the compressor cylinders and the existing foundation. This spatial restriction
had to be met in the design of the new cylinders, dismounting area for the discharge valves and
the new discharge dampers.

3 Pulsation study
During the design phase for the re-vamp, a pulsation study was carried out in accordance with
the APl 618 standard, 5" edition, which included the following tasks:

Analysis of the pulsation dampers (‘damper check’)
Pulsation analysis of the field piping

Mechanical response analysis

Dynamic compressor valve analysis

The damper check is a very important preliminary assessment of the ‘heart-beat area’ of the
pulsations. This step is typically performed in an early stage of the project when the details of
the field piping have not yet been addressed in the design. The simulation model for the damper
check is shown in figure 2, and includes all 4 cylinders of compressor K-170. Even though the
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two sides of the compressor have a symmetric line-up of the cylinders, pulsation dampers and
interconnecting piping, this model allows to investigate the acoustic interaction between all the
cylinders and between the dampers and inlet KO drum.

Figure 2. PULSIM model for damper check.

During the damper check, PV diagrams of the cylinders are normally presented and analysed,
for various operating cases defined in the compressor datasheets. In this particular project,
considerable losses were noticed, associated with the flow in the cylinder gas passages. The
gas passages (connecting the working chambers on Head End (HE) and Crank End (CE) side
to the cylinder flanges are shown in figure 3.

Figure 3. Schematic representation of cylinder gas passages, supplied by compressor vendor.

The calculated pressure overshoot inside the cylinder’s working chamber and the excess power
consumption (compared to the ideal, adiabatic PV diagram) was judged as remarkable. Closer
inspection indicated high mean gas velocities in the cylinder channels, up to 60 m/s. Consider-
ing the unsteady effects of the flow due to the pulsating action of the compressor pistons and
valves, the instantaneous gas velocities reached values of 200 m/s.
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.Figure 4. Typical PV diagram, calculated during the early design of the pulsation dampers.

The pressure overshoot and the excess power consumption is determined by the losses in the
cylinder gas passages, the compressor valves and the pulsation effects.

4 Noise issues upon start-up
Upon start-up, strange noises were observed. During an initial site visit, it became apparent that
two separate noise mechanisms were causing nuisance to the disturbed neighbours:

¢ High frequency tonal noise with a continuous character (whistling);
¢ Intermittent noise, originating from the compressor assembly (barking).

The high-pitch whistling noise (approximately 2 kHz) was identified as originating from the tem-
porary inlet strainer. The identification was rather straightforward by inspecting the noise emis-
sion from the piping. The inlet strainer was located outside the compressor building. By remov-
ing this temporary filter, the noise disappeared.

Figure 5. Inlet strir.
The other phenomenon caused strong noise emission inside the compressor building. The
noise resembled the barking of a dog and was inter-mittent, on an irregular basis. Up to 60
barking effects per minute were recorded.

The barking noise could be described as ‘violent bursts’, containing high-pitch noise. The bursts
occurred on an irregular basis. The noise appears to be originating from all cylinders.
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Figure 6. Barking noise events

Rotating equipment engineers were initially puzzled by the noise. No experience with similar
noise phenomena was available. The issue was soon labelled the ‘barking dog’, or more specif-
ic ‘the Keeshond”.

Figure 7. Noise resembled barking of the Keeshond

The location of the origin of the noise could not be found easily. Based on aural inspection, the
noise was radiated from the area of the cylinders and suction dampers.

The noise caused a concern to neighbours and to the operators of NAM. It was suspected that
the noise corresponded to in-line noise of high amplitude and frequency. Hence, the dynamic
loading on the internals of the pulsation dampers, due to the mysterious barking noise, may be
considerable. The integrity of the internals of the pulsation dampers due to high-frequency load-
ing had not been evaluated during the design phase, in contrast to the normal low-frequency
loading due to the compressor pulsations.

To identify the origin of the barking noise, a root-cause analysis effort was initiated. TNO was
asked to participate and propose appropriate actions to identify and resolve the issues.

5 Issues with compressor valves

In addition to the noise issues, an excessively high failure rate of the compressor valves was
observed, in particular on the compressors K-170.

Mainly suction valves have failed, discharge valves failures have been considered as conse-
quential damages of the suction valve failures due to loose parts such as valve ring pieces and
broken valve springs.

Out of a high number of inspected broken suction valves, the following failure sequence was
determined:

! Formerly called the Dutch barge dog; a very alert dog race, known for their loud, distinctive bark.
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Valve springs have been compressed by shock loading.

e Consequently free length of the valve springs was reduced by 2mm resulting into the
loss of pretension.

e Valve springs have been able to move free in the spring pocket, leading to excessive
wear on the outer diameter and consequently valve spring breakages.

o After the valve springs have failed, some individual valve rings were not properly spring
loaded and their uncontrolled movement lead to valve ring breakages.

Figure 8. Consequence of shock loading valve springs: Free length of springs reduced by 2mm,
therefore loss of pre-loading.

Detailed investigations showed that shock loading of this specific valve springs starts to appear
at impact speeds of more than 13m/s while the valve dynamic report returns for the suction
valves opening speeds only less than 3m/s. The deviation of real impact speeds and calculated
impact speeds lead to the assumption that the real process condition in the compressor differed
from the design process condition.

Figure 9. Valve ring damages observed on individual rings of the multi-ring valve.

6 Concerns with compressor capacity and power consumption

When the noise issues and the issues with the compressor valves were observed, as a first step
the results of the pulsation study were closely inspected. Again triggered by the remarkable PV
diagrams, the performance of the compressor was evaluated in a generic way. This was done
by comparing the measured compressor capacity with the value in the datasheets (location
COV-24). The measured flow was low by approximately 15%. These observations aroused
suspicion on the performance of the compressor. Therefore, it was decided to do an extensive
in-situ performance test for the compressor installation on COV-17.
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7 Root Cause Analysis and field testing

During project meetings, additional analysis was presented by several partners in the project,
including NAM, TNO, Hoerbiger and the engineering contractor of the re-vamp. Preliminary
acoustic registration of the noise was used to analyze the intensity of the intermittent noise and
the frequency content.

Various candidate mechanisms for the noise generation were raised by the project team. This
included anomalous flow inside the cylinder passages, choking flow and shock waves, inade-
quate separator performance, condensation of liquid in the cylinder passages, accumulation
and ingestion of liquid into the cylinders. It was suspected that the observed noise, valve fail-
ures and high gas velocities in the cylinder were related mechanisms, but this was hard to con-
clude firmly.

The performance of the separators was double-checked and found to be according to the de-
sign standards. The heat tracing and acoustic insulation were verified and in accordance to de-
sign specifications. Draining connections were added to the suction dampers, and the amount
of liquid drained appeared to be small. Based on thermodynamic analysis, it was excluded that
inside the cylinders excessive expansion was responsible for condensation. Also the inspection
of the failed valves did not show typical signs of failure due to liquid ingestion. In short, the hy-
pothesis that the issues were caused by liquid ingestion was classified as ‘unlikely’ and discard-
ed.

Based on the reports by the operators and the preliminary noise measurements in the compres-
sor building, no clear relation between the barking noise and process conditions could be estab-
lished. The barking appeared on an irregular basis, originating apparently from all cylinders. In
the absence of a key phasor registration, the exact timing of the barking event could not be re-
lated in time to the operation of the compressor valves.

The field survey focused on the barking noise, to identify the origin of the noise. In addition to
unsteady pressure measurements inside the working chambers of various cylinders, pulsations
were recorded at the cylinder nozzles and in the field piping. Vibrations were recorded on the
suction dampers and radiated noise was recorded with a microphone.

Furthermore, during the survey, the performance of the compressor was critically investigated.
This was done with various independent measurement techniques:

e Electric power measurement with a Watt meter, performed by a specialized sub-
contractor.

e Thermodynamic power extracted from PV diagrams, performed by TNO [3].
Shaft power measurements, performed by a specialized sub-contractor.

e Enthalpy rise method, using pressure, temperature and flow readings from instruments
in the field, in combination with an Equation Of State (EOS) to compute the enthalpy
rise [3,4].
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To localize exactly the position where the barking noise is generated, the choice for the pres-
sure sensor locations is critical. Since not only the effect of pulsations was evaluated during the
tests, but also locations of flow losses had to be verified, special pressure sensors, recording
both the static pressure and the dynamic pressure fluctuations, were used. Prior to the perfor-
mance testing, the measurement method, sensor locations and proposed analysis were dis-
cussed and agreed upon with all parties. For all measurement equipment used for the perfor-
mance testing, calibration certificates were shared in advance of the measurements.

Prior to the field survey and performance testing on location COV-17, a ‘dry-run’ was done on
the same compressor K-170 system on location COV-24. It was concluded that the initial obser-
vation of low capacity of the compressor may be due to a leaking recycle valve. Therefore, the
performance tests on COV-17 were performed with the recycle valve of K-170 removed.

~

Figure 11. Recycle valve removed for the testing.

The actual field survey on location COV-17 was witnessed by NAM and the compressor ven-
dor.

Pulsations were recorded inside the working chambers of all 4 cylinders, both on Head End
(HE) and Crank End (CE) side. In addition, pulsations were recorded on all cylinder connec-
tions. This enabled an assessment of the losses between the pulsation dampers and working
chamber. Finally, pulsation measurements were taken on two points in the suction line, up-
stream of the dampers and on one location on the discharge damper drain. The pulsation
measurements in the field piping were done with dynamic pressure sensors.

The measurement program for the performance testing focused on the compressor running at
100% load, without valve unloading. The program included a variation in suction pressure from
3.1 to 5.5 barg and in discharge pressure from 9.3 to 12.8 barg. For the barking noise testing,
various load conditions from 100% down to 50% load were recorded. Since the barking phe-
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nomenon was highly irregular, a continuous measurement approach was used, recording large
traces of data.

With respect to the various recordings of the compressor power, it must be clearly understood
that the methods represent different power definitions. For example, the measured electric
power is the overall power: the accumulation of energy transferred to increasing the pressure
and temperature of the gas, thermal loss, flow losses, mechanical losses in the drive train and
electric losses in the E-motor. The electric power is measured using a Watt meter, using a direct
measurement of the voltage and current. Also the phase relation between voltage and power is
required, in addition to information from the E-motor vendor.

On the other hand the power derived from the PV charts (by integrating the enclosed area) in-
cludes only the thermodynamic power. The difference of the measured PV diagram with the
theoretical (adiabatic) curve is an indication of losses generated by flow losses and unsteady
effects occurring between the working chamber of the cylinder and the points where the line
pressures have been recorded. To relate the thermodynamic power to the overall power, all
other losses need to be estimated (mechanical losses in the cylinders and the drive train and
the limited efficiency of the E-motor). For this specific compressor and motor, the mechanical
losses were estimated at 120 kW and the E-motor efficiency was specified by the vendor at
95.7%.

The enthalpy rise method uses high-level performance parameters derived from field instru-
ments and is relatively straightforward to use. However, no detailed information on the root
cause of any losses can be obtained. Only in case of a substantial discrepancy between con-
sumed power and predicted power based on enthalpy rise, a potential issue is identified and
additional analysis is required. If the consumed power is much larger than the power estimated
based on enthalpy rise, this may be an indication of excessive losses inside the cylinder. Also in
case of this method, other losses (mechanical losses, E-motor efficiency) have to be estimated
with sufficient accuracy. Moreover, the requirements on the reliability and accuracy of the field
equipment are considerable.

Finally, the shaft power, determined from a strain gauge measurement on the rotating shaft in-
cludes the effects of mechanical losses of the drive train and the flow losses but excludes the
efficiency of the E-motor. Normally it is expected that the shaft power will have an intermediate
value between the electric power and the thermodynamic power.

Figure 12. Pulsation measurements inside the cylinder (CE/HE).
To study the effect of the barking noise more conveniently, the lower frequencies (compressor

pulsations) have been filtered out. The frequencies of the barking effect are collapsing with the
acoustic resonances in the measurement branches for the pulsations. Therefore, a quantitative
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assessment of the noise levels is difficult. In any case, no industrial guidelines are available, to
assess the urgency of the barking noise

Prior to the field survey, all compressor valves on K-170 were replaced by new valves. During
the testing, it appeared that the rate of barking was substantially lower than prior to valve re-
placements. This suggested a relation between the barking noise and the condition of the com-
pressor valves.

The barking was most prominent at the cylinder connections, at the suction side of the cylin-
ders.

In the suction piping upstream of the dampers, the noise was perceivable, but much weaker.
From the amplitude and the time delay between the cylinders, it can be clearly identified from
which cylinder the barking noise originates.

cylinder #4
cylinder #2

it L L L A =
0 0.5 1 15 2 25 3
time [s]

Figure 13. barking effect on cylinders 2 and 4.

From this picture, it is also concluded that the noise is generated in the cylinder connections
(between the suction damper and the working chamber of the cylinder) and not in the suction
damper volume, nor in the piping upstream of the pulsation dampers.

The barking appeared at all load conditions, but appeared most regularly during part-load condi-
tions. This suggested that the barking originates from the channels leading to HE or CE side
(inside the cylinder) and not in the ‘common’ channels where the flow is significantly lower dur-
ing unloaded conditions.

Finally, the pulsation signals in the working chamber of the cylinders were analyzed.

The barking noise is present also inside the working chambers. In all barking cases, the noise is
generated at the Crank End side.

' HE u!:nlaaﬂadp

i I I | i i
0 0.2 0.4 0.6 08 1 1.2 14 18
time [s]

Figure 14. Barking noise, at t=0.5s on suction side, and in CE/HE working chambers.
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A detailed analysis of the synchronization of the barking noise in the working chamber and the
cylinder connection indicated that the barking is observed in the working chamber of the cylin-
der and on the suction side, on time intervals when the suction valves are supposed to be fully
closed. The barking noise is hardly perceived at the discharge side. Based on this observation,
it was concluded that the noise is associated with intermittent opening of the suction valve, dur-
ing the exhaust phase in the PV diagram.

Upon barking, there appeared to be an temporary connection between the high-pressure work-
ing chamber and the suction side. The pressure ratio is considerable (>2) and the jet is ex-
pected to be a strong noise source, containing high-frequency broadband noise.

A considerable amount of higher-order acoustic modes may be triggered inside the suction
dampers. Due to efficient coupling with mechanical resonances (shell) modes, break-out noise
radiation from the suction dampers is expected.

ODb S

k=184 k=305 ki=h,20

OROX

23,82 %=5,33 k=611
~760 Hz ~960 Hz

Figure 15. Acoustic modes, that may be excited in the suction damper.

With respect to the performance testing, the compressor flow was in accordance to the specifi-
cation in the datasheets. The power consumption was higher than the values in the datasheets,
but remained within the margin agreed between NAM and the Vendor.

The pressure signals inside the working chambers of the cylinders were compared with the
pressure signals at the suction and discharge cylinder connections, and with the line pressures:

16 T T T T T T I

discharge CC
cylinder CE ||
cylinder HE ||
suction CC

W frshe

12

Eﬂlf

-~ o @

L I i
31 32 33 34 8 37 38

time [s]

Figure 16. Pressure signals in working chamber (HE/CE), at suction and discharge cylinder
connections, compared with suction and discharge line pressures (dashed lines).

The overshoot at the discharge side and the undershoot at the suction side are apparent, and in
line with the preliminary conclusions made during the pulsation study. The pulsation levels at
the discharge cylinder connection contain an acoustic resonance effect at a multiple order of the
compressor speed. The pulsation levels are 9% peak-to-peak, which is relatively high, com-
pared to the limits in API 618. The high pulsations are caused by the relatively long pipe length
between the compressor valves and the discharge damper volume (the discharge damper con-
tains a prolonged half-pipe toward the middle of the vessel).
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Figure 17. Theoretical and measured PV diagram.

8 Conclusions and proposed solutions
The performance tests indicated that the performance of the compressor was in line with the
specification in the datasheets, within the agreed tolerance.

After the detailed analysis of the results of the field survey, it was concluded that the barking
noise was associated with the observed issues (refer to chapter 5) in the suction valves. There-
fore, the project team focussed on an improved design of the compressor valves.

The initially supplied ring type valves have not been developed to handle impact speeds as high
as 13m/s, as observed during the RCA. It was therefore decided to change the valve design
from ring type to profiled valve plate type.

Viewing seat and guard geometry and especially valve plate geometry as a whole, this design
minimizes sticktion and improves on the impact situation of the profiled plate and guard (Figure

NNk &
N

[ N
[

Figure 18. Cross section of seat, valve plate and guard of a profiled plate valve.

Although this suggests a straightforward modification of the valve’s aerodynamics, improved
construction material of the valve plate has a positive effect on valve life as well.

The profiled plate design with its contoured single sealing element (Figure 19) behaves differ-
ently than the original ring valves. Less load generation on specific valve internal components,
such as valve springs, make it more resilient to impact forces and material fatigue. Furthermore
this design enables reduction of valve losses, even at a lower valve lift than the original valve.
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Figure 19. Profiled valve plate.

With the applied modification the compressor has been operated now for more than 13500
hours without any valve failures reported so far.

9 Lessons learned and recommendations for future projects

e The observed barking noise appeared to be related to intermittent erroneous operation
of the suction compressor valves.

¢ |dentifying and locating the area where the noise was generated required a substantial
effort, with detailed measurements in the field.

e The issue was satisfactorily resolved with an upgrade of the compressor valves to pro-
filed valve plate type.

e To evaluate the capacity of a reciprocating compressor in detail, is not a straightforward
exercise. Various methods are available to assess the capacity in the field.

e In case of the enthalpy-rise method, using the readings of non-custody measurement
equipment (flow meters and pressure transmitters) is liable to significant uncertainty and
erroneous conclusions.

e Performance testing requires a careful agreement on the approach, by all parties. If in-
dependent measurement techniques are used, measuring related (but not identical)
quantities, such as electric power, shaft power and thermodynamic power may display
significant differences. An independent party may be preferred to supervise the testing
activities, and to judge and interpret the independent measurements.

e The flow losses in the cylinders in this specific project were considerable. In theory, an
alternative design may have significantly reduced the power consumption and may have
increased the capacity. However, due to the specific spatial and operational require-
ments in this case, an easy re-fit was not feasible for this project.

e It is recommended to perform an independent verification of the flow losses inside the
cylinders and the associated power consumption, during the early design phase.

e For such an evaluation during the design phase, it is essential that the geometrical rep-
resentation of the cylinder internal channels is adequately described by the compressor
vendor.
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ABSTRACT

Machinery vibration is one of the main causes of damage and failures in industrial plants, and
reciprocating compressors are particularly subject to vibration-related phenomena as alternating
forces and pressure pulsations are inherent in their design.

Vibration problems may also arise after a machine is installed and is set in operation due to in-
adequate attention to interaction between the compressor and plant as a whole during the de-
sign stage.

This paper will examine a case that occurred in a polyethylene plant located in Ragusa, ltaly,
where high vibration issues resulted in broken pipes and welding failures. In particular, the area
that was most affected by vibration was the inter-stage cooler and the piping in the immediate
vicinity.

New, more effective supports were studied and the exact positioning of the supports was based
on the results of a dynamic forced-response FEM analysis; the vibration measurements were
also used to tune the FEM model, and subsequently to identify, through the model, the key
points where a stiffer structure was required. As a result, many of the existing supports were
reinforced and additional supports were positioned where they would be more effective accord-
ing to the FEM analysis. High damping rubber pads were also added between the supports and
the piping in order to further lessen the impact of the vibration. Finally, also the cooler structure
and foundations were reinforced.
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1 INTRODUCTION

The production of Low Density Polyethylene requires compressors capable of bringing the gas,
ethylene or an ethylene-based mixture, to the polymerization pressure, ranging from 160 to 350
MPa depending on the type of process utilized [1]. Due to the very high pressure, safety and
plant operation are key factors. [2]

The compression of the gas is normally made in two steps:

e the first step, up to about 30 MPa, is normally performed with a heavy-duty balanced-
opposed reciprocating compressor, called Primary Compressor;

e the second step, to reach polymerization pressure, is fulfilled with very special compres-
sors, still reciprocating type but with many high-technology features to withstand the ex-
treme working conditions, widely called Hyper Compressors or Secondary Compressors

The reactors where the polymerization occurs are normally of the tubular type for the highest
pressure processes and of the autoclave vessel type for the lower pressure ones.

Due to the fact that the piping, valves and other devices of LDPE plants have to operate under
very high and variable pressures an accurate acoustic calculation of the pressure pulsations is
necessary to avoid problems in operation also in consideration that, volume bottles cannot be
used in this environment. The basic law governing pressure pulsation is the following:

AP/P=AQK/Sc

where AP is the pressure pulsation, P is the average pressure, AQ is the flow pulsation, K'is the
ratio of the specific heats, S is the pipe section and c is the speed of sound.

In the case of Hyper compressors there are very special conditions of the parameters influenc-
ing pressure pulsations: the speed of sound is very high (f. i. in second stage discharge it is
about five times that of air at atmospheric pressure) but also the K is very high so that pressure
pulsations are largely dependent on the pipe diameters. However a deep knowledge of the
thermodynamics of the gas is essential.

As it is known, pipes can originate acoustic resonance in the following conditions:

e Quarter-Wave (A/4) when the acoustic circuit is closed at one end and open at the other,
with resonant frequency Fgr = [2N-1]c/4 L

e Half-Wave (M2) in two configurations when the acoustic circuit is closed or open at both
ends, with resonant frequency Fr=Nc/2L

Where: 4 = Wave length, N = Harmonic number, L = Resonant pipe length, ¢ = speed of
sound

In both cases, high harmonic numbers are expected because of the high speed of sound of eth-
ylene at high pressures.

Pressure and flow pulsation must be kept at low level as they are linked with acoustic energy

which interacts with the mechanical system of the plant generating mechanical vibrations which
require special attention.[3]
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The dynamic forces that are the source of the vibration phenomena are due to:

e unbalanced inertia forces and moments of the compressor;
o forces induced on the gas pipes by displacement of the cylinders;
e pressure pulsations;

High vibrations generated by acoustic resonance conditions which, as stated above, can be of
rather high frequency. Moreover, if this frequency is close to the mechanical natural frequency
of the piping, vibrations can result extremely high and cause fatigue failure phenomena.

In order not to fall into this kind of problems an accurate acoustic analysis followed by a me-
chanical analysis is necessary taking care of a correct simulation of both the thermodynamic of
the gas and the piping arrangement with the relevant supporting system.

The paper will discuss a problem that occurred at a polyethylene plant, where there were high
vibration issues which resulted in piping failure recurring almost every 3-4 months over some
years. High vibration velocity occurred on the interstage lines and on the intercooler structure
(as shown on Tables 1 and 2).

During the survey on site, the piping system was analysed, data collected and the history of
failures reconstructed to overcome the encountered problems.

2 ISSUES EXPERIENCED ON A HYPERCOMPRESSOR

The compressor was an old machine, installed in the seventies. About ten years ago it was re-
vamped, and the frame and the driver were replaced, increasing the average piston speed.
After these modifications, the customer started to experience frequent piping issues, generally
in the form of cracks on the flanges or pipe segments in the intercooler area.

Despite the installation of restriction orifices following an acoustical study in the new conditions,
the problems persisted. At that time, it was also suggested that some supports be modified but
this was only partially implemented. The compressor is equipped with four 1st stage and four
2nd stage cylinders, and the intercooler has four sections.

The historical failures of the last 8 years were studied and it was found that not all the sections
experienced the same behaviour: the area where the failures were most frequent was line B,
especially on the pipes at the cooler exit. Subsequently, also lines A and D experienced a com-
parable number of failures while line C was the most reliable.

A detailed vibration measurement campaign had revealed 17 points with high vibrations on the
interstage piping, with displacement values exceeding both the EFRC vibration amplitude limits
and the South West Research Institute danger curve (in the frequency spectrum), above which
corrections are urgently needed as failures are likely to happen even in a short time. Figure 1
and

Table 1 shows some of these points with high vibrations.
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Line D and B

Figure 1: -/nterstage piping layout and Points with high vibrations on 2nd stage suction lines D
and B

Overall overall Frequency of
Direction | displacement velocity the max Peak
[um RMS] | [mm/s RMS] [Hz]

165 41 37.3

76 38 78.8

177 55 49.8

350 95 41.5

116 56 62.3

116 56 70.5

P002T
P004T
POO7T
POOST
PO11T
PO13T

<IN =< =< |x [x<

Table 1: Points with high vibrations on 2nd stage suction pipelines D and B

In addition, also the cooler was analysed and the vibration amplitudes were found to be in some
cases even 10 times over the danger limit. To give an idea of the magnitude of those vibrations,
some of the horizontal pipes of the cooler vibrated at more than 300 mm/s rms while the EFRC
unacceptable limit (keyzone C/D) is 28.5 mm/s!

Despite the technical measures that were undertaken over the last few years to avoid high lev-
els of vibration (i.e. acoustical and mechanical analysis, restriction orifices and new piping sup-
ports) vibration continued to be a problem. In this case, the vibrations were not the result of a
poor detailed design of the compressor piping system but were due to the fact that acoustical
interaction between the compressor and the plant had not been taken into account with all due
attention.

In particular, some of the circumstances that led to this situation were:

e the modifications to the piping supports suggested by the compressor manufacturer
were assigned by the end user to another contractor and resulted in a poor and weak
design (see Figure 2);

e the coolers structure was not originally supplied by the compressor manufacturer, who
therefore did not have the fabrication drawings and related engineering details. When
the new acoustical and mechanical analyses were performed, only the acoustical aspect
was considered while the cooler was assumed to be a rigid body; however, it was in very
bad condition due to rust, repeated repairs and invasive maintenance activity (for exam-
ple, some beams had been cut several times and re-welded to change the pipes). See
Figure 3;

e the vibrations on the cooler foundations were also high above cooler B, and a borescope
inspection revealed underground voids due probably to subterranean water erosion
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(cooling pipe joints were continuously leaking a large amount of water). As a result, the
foundations, where the shaking forces are transferred in order to limit the vibrations,
were not acting properly.

WOOD CLAMP

BIG MASSES
WITHOUT
SUPPORTS

F ) ] :
.| REPETITIVE '
. WELDINGS S—

Figure 3: Cooler structure

The two main areas with high vibrations were identified and a different approach was used for
each one, due to the dissimilar nature of the vibration.

In the interstage piping area, between the compressor and the cooler, like the area shown in
Figure 2, most of the highest vibration harmonics (peaks) were between 60 and 70 Hz, there-
fore at a very high frequency, considering that the first exciting harmonic was at just 4.1 Hz. The
pulsation amplitudes at this high frequency were very low, especially after introduction of the
restriction orifices, therefore a simplified analysis of the piping segment mechanical frequency
was performed, according to API 618.

The result was that most of the pipe segments with a length between 1.5 and 1.7m had a me-
chanical natural frequency in the range of 60-70Hz. In particular, this was due to the fact that
these supports should have acted as fixed constrains, whereas in the actual situation, they were
simply mono-directional supports.

In the intercoolers section, instead the main criticalities were that:

e the bends shown in Figure 3 had a small bend angle, thus the exiting supporting beams
were not suitable to sustain the resulting shaking forces;
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e the inlet and outlet connections were considered in the mechanical analysis as fixed
supports but were instead just fixed with wooden clamps (see Figure 2), so they had a
very low stiffness;

e the side pipes were more than 7 m long and were just clamped in the middle with simple
U bolts;

e on cooler B also the baseplate vibrations were above the limit, due to voids in the foun-
dation.

3 PROBLEM SOLVING: MODIFICATIONS INTRODUCED

In consideration of the short time available for the intervention (10-day outage), a simplified
support design (Figure 4), was studied to minimize the time required for order processing and
delivery of materials:

e a uniform clamp design was developed, using a variable support plate to adapt it to each
pipe height

e alayer of fabric reinforced, elastomeric pad, 4mm thick, was placed between the clamp
and the gas pipe (rolled all-round the pipe) .

e the clamp was made from a bent plate and the anchoring was made using U-bolts weld-
ed around the outer diameter.

Welded joints

Anti-vibration layer

Support plate

flat washer +
cut washer +
nut + lock nut

Stiffening plate

Figure 4: Typical support design

This type of clamp was adopted to substitute all the weak supports of the interstage piping, to-
gether with a reinforcement of the beams with the addition of stiffening plates.

A total of 83 weak supports were selected for substitution and for each one a criticality value
was given to indicate the priority to be given to the substitution, considering that only a certain
number of supports could be replaced within the scheduled outage.

In order to identify the most efficient and effective upgrades to significantly reduce the vibrations

on the cooler structure, it was decided to perform a dynamic FEM (Vibration Analysis). Not hav-
ing the construction drawings, the cooler structure (both front, bay and cylinder rear side) was
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modelled based on dimensional measurements carried out in the field. Once modelled, the
analysis of linear dynamic vibration was set, paying particular attention to extrapolation of the
forcing factors to be imposed on the existing structure.

Using the results obtained from the acoustic calculation, the pressure pulsation values related to
each loop were extracted. After that, the shaking forces were calculated using the API RP 688

[4] formula:

L ()
Fresuit = ZdenZDz COST
Where:
F is the shaking force
P4y, is the dynamic pressure
D is the internal diameter
Fresur is the resultant shaking force
P is the elbow angle

The shaking force values indicated in Figure 5 were calculated for each harmonic (Shaking
Force harmonic cut-off frequency ~139.7 Hz). Subsequently, these values (Harmonic Loading)
of Shaking Force amplitude [N] were imposed in the FEM model using the principle of superpo-
sition.

Shaking Force Harmonic Amplitude
[peak-peak]

8 F=pyn (G0)
P

]

Figure 8—Elbow with Dynamic Forces

Figure 5: Shaking force harmonic amplitude

The modal superposition method represents the vibration response of a structure by using the
superposition of responses that characterize Single Degree of Freedom systems (SDOF). The
natural frequencies and directions of vibration of these systems correspond to the natural fre-
quencies of the analysed structure. The number of SDOFs contributing to a dynamic response
is equal to the number of modes calculated by a pre-requisite modal analysis or frequency anal-
ysis.

A harmonic analysis assumes that the load is a function of frequencies rather than being directly
dependent on time as is in the case of a time response analysis [5].

[M]d + [C]d + [K]d = F(A sinwt + B cos wt)
Where:
M Mass matrix
[C] Damping matrix
[K] Stiffness matrix
F(t)  Vector of nodal loads (this vector is a function of frequency)
d,d,d Unknown vector of nodal displacements, speed, acceleration
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In this case the analysis shall be performed in the range between 0 to 70 Hz, because the high-
er frequencies will have a negligible value of shaking force amplitude.

After defining the frequency range on which the vibration dynamic response shall be analysed,
a modal Global Damping of 3% was defined. Assigning the same damping ratio to all modes
represents a simplified and conservative approach. In most cases damping for higher modes
will be higher than that for lower modes.

The results of the vibration analysis confirmed that the model has values very close to those
obtained by the measurements in the field: 220 mm/sec rms measured on the front surface of
the cooler vs a calculated value of 218 mm/sec rms as a mean of various points.

Figure 6: Cooler model

After creating a reliable model (Figure 6), four different options were studied, proceeding to
check the vibrational response of each of them applying the same excitations (Figure 7):

solution n°1: lateral “L” profile supports and boxing reinforcement of the vertical support.
solution n°2: bottom lateral support in lower position.

solution n°3: bottom lateral support in higher position.

solution n°4: reinforcing gusset added on the top of vertical support.

On the basis of the structural response obtained through dynamic analysis, (carried out at the
front of the cooler subjected to variable loads in the frequency domain), it was decided to select
and engineer solution n°4 as it offered the best compromise between the vibration reduction
and the activities required in the field:

Figure 7: Dynamic analysis structural response
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During a planned shutdown, it was decided to implement the changes both on the line clamps
(about 60 of them) and on the two most critical coolers. In Figure 8 there are two examples of
clamps installed in the field.

Figure 8: New clamp design

The structural stiffening of the cooler realized and installed during the plant shutdown is shown,
highlighted in green, in Figure 9.

Figure 9: New cooler stiffening structure

The tightening torque for the bolts of the new clamps and support were chosen as the best
compromise between the damping efficiency of the fabric pad and the support stiffness, using
proprietary software developed specifically for this purpose. In fact, the manufacturer of the ma-
terial recommends a specific maximum pressure to be applied in order not to excessively re-
duce the thickness of the material, with a consequent reduction in its damping effect. The opti-
mum torque to be applied to the bolts was obtained from this value.

IMPACT SHOCK ABSORBER FABREEKA PAD

@ external piping 54 mm
@ internal piping 31 mm
piping lenght a0 [mm 2y
piping falling speed 78 mmy/s|  |KE Kinetic energy piping \ g
piping weigth 9.64 FiFarce floor without damp. ==
Floor thickness 10 [mm | [F2residual force floor O
Lfloor 120 mm Es gy floor N 4
material density 7850 |ke/m’| |Ef Absorbed energy Fabreeka i
material Young module 220000 |[MPa Af Area Fabreeka }
Allowable Sigma (Fabreeka) |17 MPa Tf thickness Fabreeka

[l ka) 99, 77% of Fabreeka

o only prelead on Fabreeka
load+F2 on Fabreeka

Pre load Islgma wibr) RUN
Error (sigma vibr] |& |

Figure 10: Screenshot of the software used to evaluate the appropriate tightening torque
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4 VIBRATION MEASUREMENTS AFTER MODIFICATION

A few months after the modifications, a diagnostic survey was performed at the plant to evalu-
ate the effectiveness of the new supports by making new measurements and comparing them
to the old ones taken before the modifications.

Displacement and velocity were measured and a real-time frequency analysis was conducted.

The survey covered all the 4 interstage lines, each with the related cooler. The measurement
points were the same as those of the preliminary survey before the optimization.

The frequency peak of each measured point was compared with "Piping Allowable Vibration
Limit Correction Curve" and "Piping Allowable Vibration Limit — Danger Curves "of the SwRI [6]
[7]. These curves define the acceptable limits of the vibrations on the pipes associating a maxi-
mum displacement value with each frequency.

Regarding the interstage pipeline, Figure 11 shows an example of comparison between fre-
quencies recorded on one point, before and after the optimization. The peak frequency is the
most relevant to be considered in the current analysis, because it is the one that, without inter-
vention, will cause pipe failure in the long term.

All the measured points were no longer above the “danger curve”, but close to or below the
“correction curve” so that one can say that the piping vibration issue may be considered solved.

Vibration comparison on "point 009" before and after modifications
400

before

350 1 o after

300 A ———SWwRI - Correct Curve
=== SWRI - Danger Curve
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Figure 11 Amplitudes of the harmonics at the most relevant point, before and after modifications

Regarding the coolers, the ones considered most critical due to high vibrations and history fail-
ures are those related to lines A and B: on both, the measurements show a clear improvement
with respect to the previous situation. Table 2 shows the vibrations in terms of velocity (mm/s

rms) "before" and "after" the intervention. The main vibration frequencies of all coolers are the

same as the compressor speed (4.3 Hz).

Cooler E303B | X Y Z

(mm/s rms) before |after before |after before |after
inlet pipe 26 27 14 17 25 33
mid curves 255 29 200 36 15 27
outlet pipe 40 18 24 8 26 24
lower lateral pipe 170 30 - 9 150 16
upper lateral pipe 16 28 - - 22 10

Table 2: Cooler B vibration (mm/s rms): comparison before and after the optimization
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It was noticed that on two parallel sections of the suction line (line A and B) there was a signifi-
cant difference in vibrations on certain sections of the piping. These lines are symmetrical to the
compressor and cooler and have identical supports. The difference in vibration was explained
by a different tightening torque being applied to the new clamps during the mounting stage: a
test was carried out, observing the shift in the spectrum frequency in real time as tightening of
the bolts was decreasing. The effect was the lowering of peak frequencies, moving within the
acceptance area of SwRI curve.

Piping supports
The supports optimization produced a general improvement in the vibrations throughout the
whole interstage system.

According to the frequency analysis, all points with vibration above the "danger curve" of SwRI
dropped below it; moreover, the peaks of vibration and the relative frequency peak of each
point, are now all below, or in a few cases near the "correction curve" of SwRI. At the moment,
no point is believed to be in the danger zone. Regarding the few points that are still next to the
"correction curve", all of them had an increment of the vibration frequency, which is more likely
due to an over-tightening, which has altered the damping power of the rubber installed between
the pipe and support.

Coolers

Observing the vibrations measured as velocity rms, a strong improvement was noted for all the
coolers, including the items C and D where no structures had been stiffened.

This is probably due to the combination of the following actions:

¢ Reduction of vibrations in the interstage piping, which now transmits less excitation to
the cooler.

e Intervention on the cooler B foundation and skid

e Replacement of the wooden blocks of the cooling jackets on the cooler C and D them-
selves.

Observing the peak displacement, coolers B and C have still some isolated vibrations peaks on
the lower side pipes, still below the "danger curve".

Further improvement may be obtained adjusting tightening of the clamps, measuring in real time
the effect on vibration, to optimize the clamping to the value that generates a lower vibration.
However, in order to be sure of bringing all points below the "Correction curve" it is necessary to
completely revise the cooler structure.

It was also recommended that a new measurement campaign be carried out after the winter
period to assess whether the vibrations on cooler C and D returned to high values: in which
case, the cause should be sought in the loss of damping power of the new wooden dowels.

After 5-6 months of operation a couple of other failures occurred on cooler B, which was the
most critical. These failures occurred at points where vibrations and supports were not consid-
ered critical at the time of the first survey. Analysis and recommendations are still in progress
but the conclusion has been that the cooler structure and its foundations were not responding
“ideally” as per the FEM analysis due to the state of preservation of the foundations, the pres-
ence of holes in the cooler structure caused by rust and the repeated welding and fixing on the
old clamps and beams. An injection of concrete in the foundations and a general replacement of
the ruined cooler parts has been scheduled for the next shutdown to better replicate the struc-
ture that has been simulated in the FEM analysis.
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5 CONCLUSIONS

This case history is a typical one. An old compressor that was revamped with most of the auxil-
iary equipment remaining the same as at the beginning of its operation. During its life the vari-
ous parts of the machine and the associated system have gone progressively deteriorating even
if in a not evident and dramatic manner. Nevertheless that machine is a part of a plant that can
continue to be productive, provided that it is submitted to an expert maintenance to take care of
the modified operation, of the deterioration occurred and of the steps made by the technology in
the meantime.

In the case of the high pressure LDPE plant reported in this article all of this was present with
the addition of the non-availability of original drawings of the cooler. Nevertheless an accurate
survey of the real actual situation, an assessment of the performance for the identification of the
critical points and the application of new more powerful investigation technologies allowed to
strongly improve a vibratory situation that exceeded by far the values considered acceptable. All
of that was done also considering the constraint due to the production schedule of the plant
which is not a research center but an economic activity and has to fulfil its engagements.
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1. Introduction

Piston rod packing in reciprocating compressors often utilizes side-loaded seal rings in vent
seals and buffer seals. Traditionally these seals have a side-loading mechanism that uses an-
gled wedge rings and/or overhung springs to push two ring components apart and load them
against the side faces of the packing cups. This design tends to generate excessive frictional
heat which ultimately can lead to early packing failure. Historically this has been a major limit-
ing factor in the service life of packing using buffer systems.

There are alternative side-loading technologies existing, but most of these have small loose
parts and can be difficult to maintain and install, which makes them unpopular to users. New
technology has been developed that achieves a Low-Friction side-loaded seal without contrib-
uting added frictional heat to the piston rod. These seals have been shown to run at lower pis-
ton rod temperatures when compared to traditional side-loaded seals, which can lead to ex-
tended service life.

2. Side-Loaded Packing Rings

Piston rod packing in reciprocating compressors often utilizes side-loaded packing rings in vent
seals and buffer seals. A “Side-Loaded Ring” is any packing ring that is designed to expand in
the axial direction of the piston rod when installed, such that they seal against one or both faces
of the adjacent packing cups. Typically the side-loading mechanism does not require gas pres-
sure to activate. This allows side-loaded rings to seal effectively at packing vents or in buffer
seals where there is insufficient pressure to activate a typical packing ring.

Most traditional side-loading is achieved by the use of angled wedge rings and/or overhung
springs. Either type typically uses spring pressure to push two rings apart or to push a ring
away from a cup face. Figures 1 and 2 below show the most common types of side-loaded
rings used in rod packing.

BUTT-TANGENT CUT RINGS

RADIAL CUT RADIAL CUT OUTER
RADIAL CUT CENTiFI!w\gEDGE — P WEDGE RINGS F.
OUTER WEDGE —, CUT RING | ', RADIAL CUT CENTER
RING © ! 1 WEDGE RING i

PURGE

PRESSURE TS ] PRESSURE
——= [ ACs Iod el
(55 —T -

Figure 1-Single-Acting Side-Loaded Ring “WAT" Figure 2—-Double-Acting Side-Loaded Ring “AL”

The WAT is a single-acting ring commonly used as a vent ring. This is typically used as an up-
grade to the standard double-tangent ring. Since there is little to no pressure between the pack-
ing case vent and the distance piece, there is not enough pressure to keep a double-tangent
ring sealed against the cup face. Thus the ring moves back and forth in the cup with the motion
of the rod, allowing some leakage. The WAT ring, however, stays loaded against the cup face
regardless of pressure and thus gives a tighter seal.

The AL is double-acting and is typically used for buffer seals. This ring seals against both sides

of the packing cup and contains a purge or buffer gas within that cup, creating a barrier against
process gas leakage. Buffer seals may be included as part of the main pressure packing but
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can also be used as intermediate seals in double distance pieces and can even be added to oil
wiper packing assemblies.

Both of these ring assemblies feature a wedge ring with a 45° angle that uses the downward
load from the garter spring to push against the adjacent ring(s). The primary drawback to this
design is that the springing that achieves the side load also imparts an added radial load. This
load can be significant, depending on the geometry of the ring.

For example, consider an AL ring for a 1.125” piston rod. The garter spring used here has a
spring rate of 4 Ib-f/in [0.7 N/mm] and an initial tension of 0.5 Ib-f [2.2 N]. The contact area be-
tween the ring and the rod is 0.64 in>. The center diameter of the spring when installed on the
ring is 1.717” [43.7 mm].

Deflected Length = 1.717" X T = 5.39"

Initial Length = Deflected Length — 2 x ~ohalLoad _ o oo 515 _ 44
nitial Length = Deflected Leng Spring Rate 7 -4

The spring length is rounded down to 4.50” for manufacturing, giving a final installed deflection
of 0.89” [22.6 mm]. The calculation for contact pressure is then as follows.

2 X Rate X Deflection . . 2 X 4x%x0.89
( Spring Length + Initial Tenszon) (—4.50 + 0_5)

Rod Diameter x Contact Width T 1.125x0.182

Contact Pressure = = 10.16 psi

Meanwhile, the assumed radial spring load was 1.5 Ib-f [6.7 N