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Abstract:

Hydrogen forms the building block of a lot of the processes in Refining. As such, the compression of hydrogen is
an essential part of most Refining processes, and the compressors used for this duty form the backbone of the
unit availability and reliability.

This paper reviews the upgrades that have had to be made to two Worthington Simpson hydrogen booster
compressors that form the heart of the BP / Innovene Grangemouth Hydrocracker complex. These machines
boost the hydrogen supply pressure from 15.75 barg to 149 barg for the Hydrocracker loop. The reliability of
these machines has historically been very poor. With proposed increases in production operating run lengths,
there is less and less opportunity for preventative maintenance activity to take place; the unreliability of these
machines has therefore had to be engineered out so that they will achieve in excess of 18 months uninterrupted
operation.
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1 Introduction

The GM-H2MU-C-202 A & B are two
Worthington Simpson BDC — 3 OF6 16 — 6
reciprocating compressors — affectionately known
as the “Booster compressors”. They were built
during 1968 and installed and commissioned the
following year. Their duty is to take hydrogen from
the Hydrogen Manufacturing unit and the Catalytic
Reformer / Cryogenic Unit and pressurise it to
Hydrocracker loop pressure. They originally ran as
main and stand-by, but as time went by and the
plants were de-bottlenecked, they now run in
parallel.

The compressors are three stage six cylinder
machines. Stage 1 cylinders are 18 %" (cylinders 1
& 2), stage cylinders are 12 %" (cylinders 3 & 5)
and stage 3 cylinders are 9 %4” (cylinders 4 & 6).

6 pockets on the first stage cylinders give capacity
control. These pockets are controlled by a
progressive cam system. This gives a total of 18
steps from 60% to 100% load.

Figure 1: View of “A” machine capacity control
pockets and control pistons

The compressors are direct coupled to single
bearing 11kV electric motors rated at 6.6 MW.
Each motor weighs in at 65 tons.

Figure 2: View of Booster compressor house from
the North

2 Background
2.1 History

Because of the compact nature of the installation,
the suction knock-outs and dampers are combined
into one snubberator vessel for each of the second
and third stages, but one for each of the first stage
cylinders. These vessels are a work of art internally,
but how effective they are is open to conjecture.

Figure 3: View of 3" stage cylinders and common
snubberator

During the 80’s and 90’s, these machines suffered
because of the management regime that was driven
by the universal mantra at the time of cutting costs
and reducing head counts — what we have referred
to as the “dark ages” for our machinery. This
resulted in the significant machinery outages during
1999 and 2000 and poor maintenance records.

The problems in 1999 & 2000 resulted in a
reappraisal of how we carried out maintenance on
these machines, with the result that there is now a
renewed focus on these machines.

2.2 Original specification

Originally these machines were designed for single
machine operation with a capacity of 32,900 SCFM
and a total gas power of 7290 hp (5.43MW).

2.3 Maintenance regime

During the good old days of the 70’s and 80’s ,
these machines were maintained by their own
dedicated compressor squad. Because they were
operated as an on-line machine and stand-by, the
stand-by could be overhauled during its “rest”
period. This led to a culture of continuous
maintenance and a masking of underlying problems
with the machine design and operation.
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During the 80’s and 90’s there was the de-manning
of the maintenance teams and the cutbacks in
maintenance expenditure. This coupled with the use
of less experienced Engineers in positions of
responsibility stored up trouble for later. At the end
of 1999 and beginning of 2000, both machines
suffered extensive failures of big-end bearings and
the failure of one of the drive motors. Both motors
were re-wound and significant work was done in
the crankcase, but more of that later.

2.4 Piston rods locking system

During the early life of the compressors there were
a number of piston rod failures. Some were the
result of a weak design at the threaded section, but
incorrect tensioning of the locking system caused
some of the failures. This was resolved by paying
very close attention to the procedure for installing
the locking ring.

Figure 4: Crosshead / piston rod and piston rod
locking ring

2.5 Liners and head fits

The liners on these machines have created hours of
amusement for our maintenance personnel. The
liners are all in-situ shrink fits. We have had a
number of liner failures around the head end flange
of the liner, where the liners have cracked
circumferentially. The liners were re-designed
around the change of section of the liner to reduce
the stress raiser at the flange section.

These compressors have always suffered from
intermittent leakage from the third stage cylinder
head gaskets, especially the No 6 cylinders. When
the heads have been removed, the aluminium
gaskets have been badly extruded. The most
probable root cause is thought to be liquid carry-
over. This has resulted in a stretching of the head
cover bolts as liquid passes through the machine,
with a resultant hammering of the head cover
gasket, reducing the effectiveness of the gasket and

reducing the amount of pre-stretch on the head
cover bolting.

In an attempt to reduce the effect of the thinning of
the aluminium gaskets, soft iron gaskets were tried.
This resulted in a cracked liner at the head end. As
a short-term measure, we have reverted back to the
aluminium gaskets, but increased the thickness,
which seems to be working at the moment.

3 Liquid carry over

3.1 Process outline

The compressors source their feed from two plants.
The Cryogenic hydrogen is almost pure hydrogen,
but the Hydrogen unit hydrogen also contains water
vapour and Methane. It is the hydrogen from the
later source that causes us problems. During the
compression process the water tends to condense
out especially at the third stage cylinders.

3.2 Snubberators

3.2.1 Snubberator drain system

The snubberators are a combination of damper and
knock out drum. Traditional arrangements have
these two duties carried out by separate entities, but
on these machines they are combined. The
snubberator sectional drawings reveal a nightmare
of Bernoulli tubes, cyclones, baffles and coalescers.
Because of the compact nature of these vessels,
there is a question mark over their effectiveness.
Originally, drain pigs were used to drain liquid
from these vessels, but these used to block up or
stop working effectively. This would cause the
separator sections to become flooded and liquid
could be drawn into the machine before it could trip
out on high level in the knockouts. The drain
system was modified with high capacity drums
external to the compressor house and the removal
of the pigs.

3.2.2  Super heaters

The steam driven super-heaters were removed from
the snubberators following a heater failure, which
released hydrogen into the steam system. This has
resulted in an increase in liquid condensing out
between the coalescers and the cylinder inlet
manifolds. This has been partially mitigated by
tracing and lagging the snubberators and
connecting pipework. But the real cure will be an
improved separation system inter-stage.
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3.2.3 Effects on the valves

The valve problems that we experience now are
normally related to liquid ingress — broken springs,
buttons and outer rings. There is also evidence from
the CM data of valve event phase shifting. This is
most likely related to the over-lubrication to
counter the condensate washout.

We have historically changed out one machine set
of valves each year, regardless of condition — 40
valves in total. Since we have started to send the
valves off-site for overhaul by an external
company, we have seen a significant increase in the
reliability of the valves.

Figure 5: Cylinder 5 HE suction valve 1 with liquid
slugging damage (oil and condensate)

With the change in the operating regime of the
plants, the valves will now be expected to operate
for 36 months. This will be a test of valves and our
ability to eliminate the liquid ingression issues.

3.2.4 Cylinder lubrication

Manzel point-to-point lubricators lubricate the
compressor cylinders. This design of lubricator has
proved to be a little variable at times and constantly
requires adjustment to keep the drip rate correct.
Because of the liquid ingress, we have had to
increase the lubrication rates to compensate. This
additional lubrication has to go somewhere, and
that is usually into the discharge dampers and
intercoolers, from whence it periodically makes an
appearance at the suction to the next stage
cylinders.

3.3 Cylinder Jacket cooling

This cylinder jacket cooling system is a closed
cooling system, which is shared with two other
compressors. The system is common to all
cylinders. The system is now operated such that
there is a 5 — 10 DegC differential between the
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lowest process gas suction temperature and the
cylinder cooling jacket inlet temperature. This is to
prevent the chilling of the process stream entering
the cylinders, which causes additional liquid
knockout.

4 Areas of development
4.1 Valves

Originally the compressors were fitted with
Worthington metal plate valves. These were
reported to be unreliable and valve breakages
resulted in occasional cylinder damage from the
ingress of metal components

Since the installation of the Manley valves in the
1980’s, valve reliability has been good, although
we did have an issue with overhaul quality, so we
now pay particular attention to controlling the valve
movements during overhaul, as some of the second
and third stage valves are identical in size, but the
spring rates are different. We also now have some
valves fitted with through valve porting for the PT
tappings. The moral of the story is that the correct
overhaul procedures are required and control of
components is vitally important to these machines.

4.2 Wear components

4.2.1 Rider Rings

These machines were originally equipped with dual
rider rings at each end of the piston. The rings were
also single piece with no pressure relieving
grooves.

Rider ring breakages were a regular occurrence, so
a modification to alter the design of the rider ring
bands and piston rings to improve their reliability
was developed.

4.2.2 Rider Rings Re-design

The Rider Ring problems stem from three areas:

a) The current rings have to be heated and
stretched onto the piston, incurring
unnecessary stresses;

b) The rings are too thin to be designed with
pressure relief grooves causing the rider rings
to act as piston rings thereby attempting to seal
the pressure (particularly when pressure gets
below the rider rings and lifts them from the
piston), which they are not designed to do;

¢) The current arrangement has two rider rings at
each end of the piston causing some outside
rings to have almost 100% over-run on the
valve ports.
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The re-designed pistons enable the use of angle cut
rider rings, which are thick enough to incorporate
pressure-relieving grooves in line with API618.
This design required a slight reduction of the
diameter of piston at the rider ring locations and the
2nd Stage Rider Rings were reduced in length
(despite the reduction in length the rider ring
bearing loads remain below the API618
recommended levels).

The alteration also incorporated changing from two
rider rings at each end of the piston to one ring.
This has the benefit of reducing the amount of rider
ring over-run of the valve ports to less than 30%
(API618 requirement is less than 50%). In order to
achieve this reduction in over-run, modifications to
the ring stack were incorporated on the 2nd and 3rd
Stage pistons.

4.2.3 Piston Rings Re-design

The primary design modification was to thicken
(radially) the piston rings in all stages to provide
greater strength to the ring. In the 2nd and 3rd
Stages the ring width and groove width were
reduced in order to allow a reduction in the amount
of rider ring over-run on the valve ports. However,
this reduction had the added benefit of spreading
the pressure letdown to further into the ring stack,
easing the stress on the outer rings.

Figure 6: Original piston design showing double
rider band arrangement

4.2.4 Results

The reliability improvement in these rings has been
dramatic. In the three years since the modifications
were implemented there has not been a single
failure of a rider ring in either machine.

4.3 Bearings

The original bearings fitted to the machine have
lasted really well. The problem was that no one
checked them. Therefore, after a period of time
some of bearings decided to take some time out
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with a resultant big bang. Both machines lost their
throw 6 big end bearings within a matter of 6
months. The investigation points to old age
combined with high loading when we started up
with saturated hydrogen from the hydrogen unit.
Because we couldn’t obtain the original bearings,
we have worked closely with D+R to come up with
a suitable replacement design of bearings.

Figure 7: One of the cylinder 6 bearings that failed
in 2000

We were extremely lucky on both occasions in that
the crankshaft journals were not damaged beyond a
few light score marks.

5 Foundations
5.1 Introduction

Foundations are a crucial part of a reciprocating
compressor. In addition to supporting the machine
weight, the foundations are required to restrain the
vibration forces generated by the movement of the
compressor motion-works. This is achieved by
generating friction at the interface between the
foundation and the compressor base. Hold-down
bolts are required to pre-load this interface, thereby
increasing the friction force at the interface and
allowing greater loads to be transmitted to the
foundation block. The hold-down bolts are not
there to restrain the vibration by themselves.
Having good foundations is also critical for
achieving and maintaining good alignment of the
compressor’s various components. It is therefore a
necessity for good reliability to have correctly
designed, installed and maintained foundations.

It should be pointed out at this point that the work
outlined as follows was all carried out with the
sister compressor operating on full load, and the
plant still operating on partial throughput. If for any
reason the running compressor was brought down
because of the work being carried out on the non-
running machine, then a major commercial impact
would result.
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5.2 Condition of the C202 A/B
Foundations

The foundations of these compressors had
deteriorated to such a degree that a high level of
vibration was clearly evident between the machine
base and the foundation block.

Oil had penetrated the interface between the
compressor base and the foundation block. This
“lubrication” almost totally eliminated the friction
between the surfaces, making it impossible to
tighten the holding down bolts sufficiently to
eliminate compressor movement.

This amount of vibration had created three areas of
major concern:

1. The crankcase was now being required to absorb
very high levels of vibration, increasing the stresses
and risk of major mechanical component failure.

2. The hold-down bolts were required to absorb the
remaining vibration. Not only was this over-
stressing the bolts (a number of hold-down bolt
failures had been experienced) but it also created
stress concentrations in the foundations leading to
cracking of the concrete base.

3. Excess oil from the machine had made its way
into the cracks in the foundations and with each
cycle of the machine, the oil, by hydraulic action,
was causing further expansion of the cracks. In
addition the oil had impregnated the foundations
further weakening the concrete.

4. Maintaining machine component alignment was
becoming a loosing battle.

Figure 8: Grouting condition
showing oil impregnation

upon breakout

The foundations were in a poor condition, and
repairs had to be carried out before a major failure
of the foundations or one of the compressor
components occurred.
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5.3 Repair Proposal

The C202 compressors each weigh upwards of 100
tons. To remove the crankshaft and crankcase is a
major operation requiring not only a complex dis-
assembly and re-build, but also a difficult re-
alignment process. This could not be achieved
within the available outage window.

In 2002 and 2003, 28 days annual unit commercial
turndown windows would be available for all civil
related work on one machine plus any annual
maintenance work that had to be carried out on the
sister. Any extension to this duration would cost the
Refinery many millions of dollars in added
downtime. In order to carry out this work, it was
also planned to carry out the remedial work with
the machines in place.

The scop of each repair was as follows:

1) Break-out the grouting and remove concrete until
sound concrete is found.

2) During the breakout, the machine is floated on
jacking screws and heavy duty spacers fixed to the
foundation block.

3) Drill holes of varying depth (2,5 & 8ft) to allow
reinforcing rods to be forced through the
foundations and allow epoxy compound to be
injected into the foundation block to stabilise the
block.

4) New rebar reinforcement cage to be installed
under the compressor.

5) Install a three pour epoxy grouting.

6) Replace any failed holding down bolts.

5.4 Preparation

Prior to the civil engineering work, a number of
mechanical activities had to be carried out. In order
to reduce the weight on the compressor jacking
screws and temporary supports when the
foundation had been chipped-out, the overhead
vessels and pipework was removed. To help with
access around the machine during the civils works,
cylinders 3, 4, 5 and 6 were also removed.

In order to protect the machine internals, all
possible ingress paths were sealed. To prevent the
dust escaping from the area local to the machine
and affecting the surrounding machinery, in
particular the sister machine, a double skinned and
sealed habitat was built around each machine in
turn. To remove the generated dust from the
habitat, extraction fans were installed.
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5.5 Chip-Out

As the foundations were chipped-out, it was found
that the foundations had very little grout capping.
What grout was there was badly oil soaked Around
the ‘B’ machine, 8” was sufficient to reach good
concrete, whilst around the ‘A’ machine a 12 chip-
out was required.

Figure 9: Support spacers installed under
compressor components during chip-out

5.6 Crack Repairs

The main foundation block was cracked in a
number of planes. In order to repair the cracks,
holes were drilled and block injected under pressure
to squeeze out the contaminants and fill the cracks.
In some places a number of injections were
required because of the severity of the cracking.

5.7 Removal of Veneer

After the foundation block injection, a final chip-
out was required. This was to remove the excess
epoxy over pour and to ensure a good surface bond
between the old and new concrete. Concrete was
also removed of the sides of the foundation block
for 1-4 inches to ensure the new epoxy cap
established a good anchorage to the existing block.

5.8 Preparation for Epoxy Poor

The base of the compressor was grit-blasted
following breakout. This was to remove any oil and
rust debris from the underside of the compressor
and provide a good bonding surface.

Rebar cages were installed to bring the critical load
bearing areas rebar densities upto current normally
accepted levels.

The shuttering was installed with a release coating
and expansion joint forms in the high stress areas.
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Figure 10: Additional rebar cage installed prior to
shuttering

Finally the holding down bolts and jacking screws
were taped up to ensure the epoxy does not bind to
the bolts. It would ensures that the jacking screws
can be loosened after the epoxy has cured.

5.9 Epoxy Pouring

The epoxy was applied in three pours for this depth
since the curing is an exothermic reaction and
applying too large a mass results in too rapid a
curing.

The foundation block and compressor casing was
heated a temperatures above 700F (200C) by
applying hot air into the enclosure habitat using
large air blowers heated by plant steam.

After the first pour was carried out it was allowed
to cure for 12 hours. Immediately after this curing
period the second pour was completed.

When the second pour had cured, the compressor
was aligned.

5.10 Compressor Re-alignment

The alignment philosophy reflected that this work
had a short-time frame and is a maintenance repair
rather than a new installation.

The machine was levelled from the crankcase
through the distance pieces to the cylinders. The
web deflections were used as corroboration that the
crankcase was level in each plane. The rod run out
were also used to confirm the relative position of
the cylinder and the distance piece. Because the B
machine train was lying down by the oil pump end
and canted over to the North, the decision was
taken to maintain the train relative alignement and
correct within the planes. The change in absolute
alignment of the compressor train was caused by
the settling of the support raft at the North / East
end.
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Figure 11: Webmap display of web deflection
following final grouting of the A machine

5.11 Capping Pour

After a satisfactory alignment, the third and final
pour was carried out. The epoxy was cured for 48
hours at temperatures no less than 700F (200C).
The jacking screws were loosened back and the
hold-down bolts tightened down and a final set of
web deflecions were taken.

Figure 12: Final grouting installation

Oil resistant silicone sealant was applied over the
expansion joints and between the machine and the
new foundation to prevent oil getting in between
the foundation.

Following the successful foundation repairs, the
machines were re-built and any routine
maintenance required was carried out.

6 Condition Monitoring

On the Booster compressors we were operating
blind as far as the key component condition was
concerned. In order to rectify this we fitted a key
phaser onto each machine and start taking vibration
and ultrasonic data from each of the valves.
Originally our only monitoring for the valves was
temperature readings from the suction valves. This
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tended to be very erratic and would only show up a
problem once the valve had failed and we had a
significant problem, which would require an
immediate shutdown.

Because of the age and design of the compressor,
the fitting of indicator ports through the cylinder
wall was not feasible. The only available option
was to fit indicator ports through the suction valves.
This was eventually carried out after extensive risk
assessments.

The system has been in place now for just over two
years, and has resulted in significant early
identification of problems. We now can identify
failing valves early on in the failure cycle and often
we have months to plan a suitable operational
window so the machine can be taken of-line and the
valve changed out.

It isn’t just valves that we have had success with,
we recently overhauled the machine and the CM
indicated a problem with the throw 4 crosshead.
There was a knock at the 180 degree position.
When we went into the machine we found the
bottom slipper had worn unevenly at the head-end,
resulting in a rocking of the crosshead at the change
of direction at TDC.

An example of a defective valve and the associated
traces can be seen. The temperature of the
discharge valve was slightly higher than the rest
(5HD2). Close inspection of the ultrasonic trace for
valve SHS2 shows that a wider than normal display
can be seen during the valve quiet period,. There is
also a slight mismatch on the actual PT diagram
when compared to the theoretical diagram. This
mismatch also indicates a faulty valve. When the
valve was changed out broken springs and a
damaged ring face were found.

T e C2024 cylinder 5

09:44:01 HE Period 9, GE Period 2

Pressure (barg)
]

Figure 13: SHD? trace showing valve passing

The following pictures indicate why it is important
to consider more than one set of data. The vibration
traces indicate raised impacts, but no other
problems with the valves, but if you now look at the
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ultrasonic traces, you will see that there is
considerable noise during the compression /
discharge part of the cycle. This indicates a badly
leaking valve. The valve was removed and found to
slightly distressed — see following picture — another
good call for CM!
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Figure 14: 3HSI trace showing ultrasonic leaking
valve indication
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Figure 15: 3HS1 valve internals

Unusual patterns are very, important indications of
faults when using this particular system, this is
more important because of the need to rely heavily
on trend information. Below is a plot that represents
a fault detected on the crosshead of the B machine
just prior to the March 2005 Outage. Although the
fault doesn’t look severe it nonetheless growing and
it was seen to be a very important part of the
machine. Failure of this part could have caused
catastrophic failure and several days if not weeks of
lost production. The problem was a worn crosshead
shoe.
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Figure 16: Knock detected at 180 degree position —
worn crosshead shoe
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For machines of this criticality, the obvious next
move is to go to a hard wired system. We have
looked a quite a few, and have yet to see a system
which can achieve as comprehensive analysis as we
can achieve with the Recip Trap. We might be
proved wrong during this conference though!

7  Conclusion

The development of compressors is an ongoing
process, and being Engineers we can always come
up with ways to improve things! These compressors
are over thirty years old, and if new machines were
installed, then we would probably do things
differently. The fact that they have run this long is a
testament to the people who have operated these
machines before — that doesn’t stop them being a
real pain to work on.

Figure 17: Cylinder 1 on the A machine under full
load with a pound coin balancing on its edge — no
glue was used!
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Abstract:

With more stringent environmental legislation there is undoubtedly significant impact on the hydrogen
balance in refineries. The need for ever-lower sulphur levels in both gasoline and diesel would mean
an increase in process using hydrogen and the need for more high purity hydrogen.

Thus this gives rise to a need for oil free hydrogen gas compression for bottle-filling, pipelines,
hydrogenation processes and other applications. The need for a simple and robust compressor design
for long life, easy maintenance and the ability to cope with a flexible process condition are of great
importance to the industries.

This paper reports from the BASF Petronas Chemicals (BPC) operations perspective the challenges
encountered during the start-up, commissioning and optimization phases of our horizontal, 2-stage,
high purity hydrogen gas reciprocating compressors.

Aim of the paper is to share the achievements through our continuous improvement on a journey
towards excellence.
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1 Introduction

To enable gas compression at the NAM-Grootegast
Synthesis Gas Plant of BASF Petronas Chemicals
Sdn. Bhd. in Kuantan, Malaysia, was
commissioned in April 2001. The plant produces
hydrogen and carbon monoxide. The numerous
hydrogen clients request bone-dry oil-free high
purity hydrogen (H, > 99.99 %) at higher pressure.
The raw syngas is generated in a steam-methane
reformer. CO, removal is done via the aMDEA
process. Downstream the aMDEA-unit hydrogen is
separated from the synthesis gas via Pressure Swing
Adsorption (PSA).

This paper describes the selection of an appropriate
compressor type to meet the request for moisture
and oil-free high purity hydrogen, the
commissioning and start-up problems and the path
how to finally assure that these compressors run
without interruption throughout the year. High
reliability of such compressors can only be assured
if the right maintenance actions are being taken.
The paper also discusses the various aspects of
adequate maintenance.

2 Compressor Configuration

2.1 Selection of an appropriate

compressor design

Kuantan Synthesis Gas Plant has a number of
clients who consume hydrogen at a volume that can
change quite significantly on daily basis. Basically
there are two bigger consumers who consume in the
order of magnitude of 12,000 to 17,000 Nm’/h and
a couple of smaller ones who consume between
1,000 to 5,000 Nm’’h on an on-/off-basis.
Maximum requested pressure is 42 bar.

Since production of the downstream clients is on
continuous basis and they unfortunately never
intend to schedule their turnarounds congruently a
highly reliable and available system had to be
chosen. Due to its known outstanding availability a
centrifugal compressor would have been choice
number 1. However, due to the molecular weight of
hydrogen and the relatively small volume it is
technically and economically not feasible to realize
a centrifugal compressor for such application.

Therefore, in order to best suit the clients volume
requirements and to assure maximum availability it
was decided to configure a compressor set-up with
3 similar compressors each of them being able to
compress 50 % of the maximum required product
flow at 100 % load.

Load control of the compressor was realized via the
Hoerbigger HydroCOM system.
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Table 1: Design criteria of the compressors

No of stages 2

Max Flow [Nm*/h] 17,800
Suction pressure stage 1 [bar] 15.8
Discharge pressure stage 1 [bar] 26.3
Discharge pressure stage 2 [bar] 43.3
Compressor speed [min™'] 327
Motor rating [kW] 920

The compressor is provided with suction and
discharge dampeners on both stages. Since the gas
is processed in a PSA unit it is moisture-free.
Therefore, no interstage separators are required. In
the inlet suction pipe of stage 1 a strainer with mesh
size 40 microns is installed.

Figure 1: Overview of installation of one hydrogen
compressor unit. The location of the local operator
console is in the back ground on the right

2.2 Description of compressor features

Some key features of the compressors are described
which we consider to be key-elements for high

reliability and availability of reciprocating
COMpressors.
2.2.1 Capacity Control

The capacity of the individual compressor is
controlled with a suction pressure controller in the
DCS.
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Each compressor can be started independently
without priority conditions. When two or three
compressors are running and the controller is in
auto mode, than they are running in parallel at the
same capacity loading. Capacity control is done via
the HydroCOM system from 100 % to 25 %. Below
that the by-pass valve will be opened. However, if
one compressor is running below 10 % capacity
after 5 minutes a DCS alarm will inform the
operator to switch off this one compressor.

The HydroCOM is a system for the stepless
capacity control of reciprocating compressors. It is
based on components of the injection technology
for large Diesel engines, enhanced by state of the
art digital computing and control technology.
Hydraulically actuated unloaders keep the suction
valves open during part of the compression cycle.
Thus part of the gas induced into the cylinder
during the suction cycle is pushed back into the
suction plenum. In this way the gas volume per
working stroke can be controlled in the full range.

As the energy consumption of a compressor is
essentially proportional to the quantity of gas
compressed per compression cycle, this system
realizes an energy saving compressor control
method.

2.2.2 Bentley Nevada System

For non-lubricated horizontally acting reciprocating
compressors it is essential to permanently monitor
the wear and tear condition of the piston rings. In
our case the motion work vibration and the plunger
drop and vibration are supervised by a Bentley
Nevada 3300 series monitoring system.

The motion work vibration is measured by two
velomitor sensors and supervised by a dual velocity
monitor 3300/55. The velomitor transducer is the
most effective method to detect problems at
bearings, unbalance or other equipment
malfunction. The velomitor sensors are mounted at
two different axes at the motion work frame. If 2
out of 3 sensors exceed a certain threshold the
operator is informed via DCS alarm.

The rod drop is measured with one proximity probe
on each cylinder rod. The probes are mounted in
vertical position on top of the cylinder rod. The rod
drop measurement generates either a DCS alarm or
DCS trip once certain thresholds are being
exceeded.
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2.2.3  Visualization in DCS

Figure Nr. 2 gives an overview of all compressor
control functions as visualized to the operator via
DCS. All the important information is concentrated
in one screen thus avoiding that the operator has to
permanently scroll between different screens.

However, compressor start-up is only possible at
the local operating console in the field. This is to
make sure the operating personnel can immediately
identify all kinds of problems other than those
being indicated in the DCS during start-up and act
accordingly.
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Figure 2: DCS visualization of the individual
compressor’s operation

3  Start-up experience and problems

Pre-commissioning and commissioning of the
compressors took place in 1% quarter of 2001.
Whole process of commissioning was very smooth.
Start-up took place end March/beginning of April.
In early 2001 not all hydrogen consumers were
already online. Therefore, most of the time only
one compressor was in operation. In order to avoid
that the running hours of the three compressors
differ too much from each other we switched on
monthly basis from one to another.

Basically, operation was smooth. However, quite
soon we faced some problems with the HydroCom
System. Also the rod drop sensors indicated a
bigger value than was expected after only a couple
of months of operation. Eventually the vibration
sensor indicated values above the alarm threshold
such that we decided to shut down and inspect the
compressor far earlier than initially planned.

After opening of the compressor we detected quite
significant wear and tear of the piston- and rider
rings. Also we had to notice that the piston already
touched the cylinder liner.
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Figure 3: 2" stage piston showing significant wear
and tear at piston and rider rings also scratch
marks there piston touched the cylinder liner

Closer inspection revealed that the rider rings at
some point of time discontinued their rotational
movement around the piston. Therefore, they
showed uneven localized wear. The thickness
difference around the circumference was up to 3
mm (see Figure 4).

Figure 6: Closer look at valve plate from figure 5

The material of the piston- and rider rings was a
PTFE/PPS-type of material. In doing the failure
analysis together with the vendor it was initially
suspected that a carry over of dust from the PSA
unit might have caused the excessive wear of the
rings. However, neither in the filter unit
downstream the PSA significant amounts neither of
dust nor in the filter at the inlet of stage 1 any
amount of dust was found. Finally, we agreed to cut
down the rider rings by a couple of millimetres and
to modify the material of the rings to a harder
grade.

Figure 4: st stage ryder ring showing significant
localized loss of thickness

Cutting down was already done in early 2003.

For the HydroCOM unit the realized significant Since then velocity of rod drop has significantly
accumulation of dust in all moving parts. This was decreased. During the last shutdown the piston- and
probably the reason why it didn’t function properly rider rings of one of the compressors were
any more previously. Figure 5 is giving an inspected. For the same number of running hours

overview of the dismantled valve unit and figure 6 this time the wear was remarkable smaller. Also it
shows in more detail the dust and dirt deposits on appeared as if the rotational movement did take
the valve plate. place according to the expectations. The rings with

the modified material will be installed on occasion
of next periodic overhaul.
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4 Operation and Maintenance Issues
4.1

Grid operation can become a major issue in case
there are several clients and consumption volumes
change quite rapidly. The load of a synthesis gas
plant can only be modified in increments. These
increments are far smaller than the volume that will
be in surplus if one consumer is suddenly lost or is
suddenly fully opening its intake valve.

Grid operation

Also the pulsations caused by the reciprocating
compressor can be become a hurdle for downstream
applications. The pulsation dampeners we installed
at the suction and discharge side of each individual
compressor already helped to minimize these
pulsations.

Suction
Buffar

Multiple
Corpasssors
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B, |

Figure 7: Typical set-up
distibution system

Flare Flare
Iy Y

Production

in optimized gas

In case that the consumers change their gas intake
quite rapidly a pressure spike or dip is the
consequence. For some of the clients such spikes or
trips can already have the consequence to run into
their low- or high-pressure trip. The case “sudden
oversupply” due to one client is cutting back can be
solved quite easily in simply flaring up- or
downstream the compressor (see fig. 7). However,
this is quite costly and should be avoided. The case
“sudden undersupply” due to one client is suddenly
fully opening its intake valve immediately causes a
pressure dip. In order to allow the Hydrogen
producer to adjust its production it is advisable to
have some intermediate buffer capacity as
illustrated in fig. 7. The buffer capacity at suction
and discharge shall be able to cater for the
Synthesis Gas plant load adjustment rate. Most
important is the buffer capacity at the suction. The
buffer capacity at the discharge only helps to
balance out smaller spikes.

4.2 Maintenance

In today’s highly competitive world plant
operations requests to run their machines as long as
possible without any need for servicing. In remote
places like Kuantan in Malaysia there are a couple
of issues being crucial for outstanding compressor
availability,
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e Maintenance intervals/preventive maintenance
e Online check of compressor condition
e  Spare parts stocking

e Records of maintenance history

Only to name a few of them.

4.2.1 Maintenance intervals/preventive
maintenance

It is established industrial practice to shutdown and
service reciprocating compressors once every 8000
hours of operation. This becomes crucially essential
when talking about oil-free compression. We
discussed to extend this period to 16,000 hrs.
However, the described wear and tear issue
recommended sticking to 8,000 hrs. For the future
we will carefully monitor the wear and tear issue
and if possible extend the maintenance interval. We
believe it is essential that qualified personnel are at
least checking the condition of the running
compressor once a week to assure trouble-free
operation.

4.2.2 Online
condition

check of compressor

We believe that the sensors we installed to check
for vibration and rod-drop are essential to operate a
reciprocating compressor reliable. Especially in
today’s world where there is a tendency to operate
whole compressor stations unmanned these sensors
play a more and more important role. After some
extensive calibration work we believe the sensors
have now reached a level of reliability that realizing
trips is no more a risk. Previously the chance was
quite high that such trips were already triggered by
false alarms.

4.2.3 Spare parts stocking

We recommend planning carefully for spare parts.
This is especially to keep short shutdowns and to
reach a high availability. We made very good
experience stocking the compressor vendors’
recommended spare parts list. Well planned
overhaul work and a clear registration of wear
values allow best utilisation of spare parts.

Another important issue is the proper storage of the
spare parts in order to avoid corrosion or other
modes of degradation (i.e. evaporation of
plasticizer from O-Rings to make them brittle etc.).
Denomination that allows easy identification is
another important topic.
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4.2.4 Records of maintenance history

Experience shows that a maintenance log file in
which it is easy to find the running hours of
different parts is essential. It doesn’t matter if such
log files are simple and “hand-made” (see figure 8).
Of course modern databank software can help a lot.
However, most important is not the tool but the
accuracy of filing.

Basf Petronas Chemicals Sdn Bhd
©0OM EQUIPMENT HISTORY CARD

Marufactuer : Sulzer Suckhard: Plant : Syngas
o

Spare pare Wiaral o] Guantiy] DAt p back Remake
o 1o operstion

T | 20097 Fod drop slamn (Check o3 dap EIEN]
000510 | 2 pos.
BUMOZ0E | 2 sels
00092

T0Jan 03| 1 sarling (N breakdonn ) [Fradich
24Feb 03| Chang CAY pjping 0 packin
TarD3 | Inspecton s

2IFEE

Figure 8: Example of simple log file

5 Conclusion

The biggest obstacles for a successful trouble-free
compressor operation are already the shortcomings
made during the initial design phase. The most
important thing is the clear concept how to realize
the configuration to achieve highest availability and
reliability. Here, we have to bear in mind that up to
today hydrogen has still to be compressed via
reciprocating compressors and that this compressor
type requires significant more maintenance
shutdowns than centrifugal ones. In order to assure
full clients volume availability the installation of
spare capacity is unavoidable.

Today’s vibration and rod drop sensors have
reached the required level of reliability. This allows
extending maintenance intervals and makes it
possible to move from the fixed periodic
maintenance to a more flexible “on-need” basis,
finally to help reducing maintenance costs.
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Abstract:

Pressure relief of frictional sealing elements, i.e. a deliberate introduction of the gas to be sealed into
the friction surface in order to reduce contact pressure, is a well-known method for improving service
life of sealing systems. It is used for piston rings as well as packing rings. However, more common are
applications inside cylinders, where pressure-relieved sealing elements are used to seal gases with high
pressure differences. Experiments with pressure-relieved packing rings have shown that their
favourable wear characteristics are frequently offset by poor or even unacceptable sealing efficiency.
Obtained results make it clear that the pressure-relief principle should not be applied to all sealing
elements, especially when it comes to dry-running packings for sealing hydrogen. At the same time,
pressure-relieved sealing elements employed specifically for sealing the dynamic pressure component
improve the service life of the entire packing. Especially favourable operating characteristics are
exhibited here by the crown ring developed by BCA, in combination with the widely known step
bridge design (penguin ring).
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1 Introduction

Of sealing systems used in crosshead compressors,
the piston-rod sealing system (packing) is often the
component whose life cycle limits the machine's
service interval. Accordingly, measures to improve
the packing's critical life cycle can prove beneficial
in attempts to maximize periods of trouble-free
operation. A suitable method here is to equip
packings with pressure-relieved sealing elements.
To provide a frictional sealing element with
pressure relief, the gas to be sealed is channelled to
the friction surface so as to lower radial contact
pressure; this results in improved wear
characteristics and, consequently, less material loss.
For many years now, this method has been used to
improve the service life of piston rings as well as
packing rings. However, more common are
applications inside the cylinder, a typical one being
the sealing of gases with high pressure differences
by means of piston rings made of filled PTFE. On
an introduction of high-temperature polymers and
polymer blends to sealing technology, the pressure-
relief principle initially had to take a back seat.
However, steadily rising demands on the
performance of dry-running sealing systems have
restored the appeal of pressure-relief as a means of
lengthening life cycles.

The investigations described next were intended to
reveal the advantages and disadvantages of the
pressure-relief principle as a technique of
improving  packing  service life. = These
investigations focus on a sophisticated, dry-running
sealing system for hydrogen. Another important
objective was to ascertain the potential benefit
offered by a simple upgrading of existent packings.

2 Principles and properties of
pressure-relief mechanisms

In the case of contactless seals, the sealing gap's
axial dimensions play a major role in increasing the
flow resistance and, consequently, sealing
efficiency. By contrast, the sealing efficiency of
frictional sealing elements cannot be enhanced
significantly by enlarging axial dimensions. Their
leakage rates are influenced, in particular, by joint
sealing quality and — with increasing wear — the
quality of wear compensation. To achieve the
necessary reduction in friction power during dry
running, unnecessarily large axial dimensions of the
friction area should accordingly be avoided
wherever possible.

However, there are limits to optimization of axial
dimensions of frictional sealing elements, imposed,
for example, by a requirement to maintain certain
minimum dimensions in order to adhere to strength
specifications. This entails unfavourably large
dimensions, especially in the case of the commonly
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used, filled PTFE materials, characterized by a very
low thermal strength. Consequently, design
measures to improve frictional sealing elements
should focus on using only a defined part of their
axial dimension for the actual sealing function. This
can be achieved, for instance, by channelling the
gas to be sealed toward the friction surface such
that it is partly relieved by the radial pressure
vectors.

No longer experiencing a forced flow of gas, the
pressure-relieved area now serves as an integrated
bearing surface. A positive effect of this measure is
a reduction of the resulting radial forces acting on
the sealing element, whose size can be manipulated
by the ratio between the relieved and loaded
friction surfaces (Fig. 1). The reduction in contact
pressure, combined with the resulting improvement
in wear characteristics, lowers the rate of material
loss of the sealing elements.

P1

P, P

[T1111 ‘

PI

Figure 1: Pressure characteristic at the friction
surface of a conventional (left) and pressure-
relieved sealing element

However, Fig. 1 also reveals a negative effect in
comparison with conventional designs: The radial
contact pressure is now concentrated on an even
smaller part of the axial sealing element dimension
lying outside the centre of gravity. For the sake of
simplification, our treatment assumes a linear
pressure characteristic at the friction surface.

The pressure-relief technique is employed for
piston rings and packing rings. More common,
however, are applications inside the cylinder, where
pressure-relieved sealing elements are used to seal
gases with high pressure differences, frequently in
conjunction with the two-piece design. Fig. 2 shows
a common configuration with differently arranged
pressure-relief channels.

Figure 2: Pressure-relief of a two-piece piston ring
by means of radial bores (left) for double-acting
compression, or axial grooves for single-acting
compression
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3  Application of the pressure-relief
principle to the TID design

In addition to the primary goal of improving life
cycles, the following criteria were defined for
applications of the pressure-relief principle to
piston-rod sealing systems (packings):

- Economical design of sealing elements

- Suitability for lubricated and dry-running
applications

- Suitability for manufacture from of all
common dry-running materials

- High sealing efficiency, even during dry-
running compression of hydrogen

- Simple upgrading for existent packings

The well-known packing-ring design comprising
segment sections tangential with respect to the
internal diameter (TID) is especially suitable for
realizing sealing elements with just a few segments
(to reduce the risk of failure by fracture, the
sections are usually not precisely tangential in
practice). This design achieves a high degree of
sealing efficiency even without an additional cover
ring. By nature, however, the special kind of wear
compensation of the TID design typically results in
an uneven material removal along the sealing
element segments, the maximum wear occurring at
the segment ends facing the piston rod (Fig. 3).

Figure 3: Conventional TID packing ring with a
typical wear profile exhibiting maximum values at
the segment ends facing the piston rod

The TID sealing element's special type of wear
compensation not entailing any additional cover
segments permits easy integration of a pressure-
relieved bearing surface. Fig. 4 shows a TID
segment with a single bearing block facing the
compression chamber. As a side-effect, the
previously unlimited radial wear of the TID design
is now limited to a value proportional to the total
clearance between the bearing blocks.
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Figure 4: Application of the pressure-relief
principle to a segment of a TID packing ring

Initial tests of a pressure-relieved TID version
involving a piston-rod diameter of 50 mm were
conducted, in each case, with just one sealing

element subjected to purely static pressure
difference in a nitrogen compressor incorporating
claborate  measurement technology intended

specially to investigate the operational behaviour of
dry-running packings® (p; = pq = 2 MPa, ¢, = 3.18
m/s). A use of packing cups with axial dimensions
adapted to conventional sealing-ring pairs made it
possible to roughly double the bearing area with
respect to the sealing area. Fig. 5 shows a graph of
the temperatures measured inside the sealing-
element chamber, indicating that the prevailing
conditions lead to a notable rise in temperature
either immediately following test commencement,
or a few hours later. Conventional sealing-ring
pairs of identical axial dimensions did not exhibit
this effect, suggesting that the rapid temperature
rise is due to the fact that the bearing surface not
experiencing a forced flow of gas is relatively large
compared with the sealing surface.
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Figure 5: Temperatures measured in a sealing-
element chamber during various tests involving, in
each case, one sealing element of the first version
of a pressure-relieved TID ring made of carbon/
graphite-filled PTFE (p; = p; = 2 MPa, c,, = 3.18
m/s)
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4 Development of the crown packing
ring

To eliminate thermal problems, it proves expedient
to reduce the bearing surface and chamfer it'.
Geometric variations in chamfer make it possible to
determine the initial and maximum proportions of
the bearing area. This makes it very easy to achieve
a favourable ratio between the sealing and bearing
areas while adhering to the specified sealing-
element geometry, even when upgrading existent
packings.

As a result of chamfering, the conditions prevailing
during the running-in period are similar to those
accompanying non-relieved TID packing rings,
thus positively influencing temperatures and
leakage rates. As wear progresses, the bearing area
increases gradually until attainment of the
maximum value. To further improve thermal
conditions, the single-piece bearing block was
divided into two smaller ones. Fig. 6 shows this
type of sealing-element segment.

Figure 6: Thermal problems during the running-in
period were eliminated by dividing the bearing
surface into two bearing blocks and chamfering
them

These improvements eliminated thermal problems,
from the time of commissioning to attainment of
the maximum bearing area. This optimized
packing-ring design subsequently underwent
further tests in a dry-running hydrogen
compressor’. As in the case of the nitrogen
compressor, the nitride-steel piston rod had a
diameter of 50 mm, and its surface roughness was
set to a value 0.20 < Ra < 0.30 um before each test.
Already on commissioning of the new sealing
elements, though, disappointingly high leakage
values of more than 10 standard cubic meters per
hour (scm/h) were measured (Fig. 7).
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Figure 7: Comparison between hydrogen leakage
rates of crown versions with and without a cover

block

The high leakage was attributable to gaps in the
vicinity of the segment joints caused by the
production and/or installation of the sealing
elements, which frequently impair sealing
efficiency even in the case of conventional TID
sealing elements. To remedy this, the two existent
bearing blocks were supplemented by a further
block for sealing the joint axially at the segment
end facing away from the piston rod. This cover
block was not furnished with a pressure relief
groove, thus resulting in a higher radial contact
pressure here. In conjunction with the two bearing
blocks, this generates an effect which counteracts
the typical wear characteristic of a TID profile by
harmonizing material removal along the segment
and simultaneously improving sealing efficiency
(Fig. 8). This technique also made it possible to
commission the sealing elements in hydrogen with
low leakage rates of about 2 secm/h (Fig. 7).
Because the sealing element with the array of
blocks on the circumference resembles a small
crown (Fig. 9), the packing ring was accordingly
named "crown ring".

Figure 8: Crown segment with two pressure-
relieved bearing blocks and one cover block (left
end)
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Figure 9: The array of blocks on the circumference
led to the name "crown ring"

5 Homogeneous crown piston-rod
sealing system

Six crown rings made of polymer blend were to be
tested over an extended period in the dry-running
hydrogen compressor at a suction pressure of 1.4
MPa, discharge pressure of 4 MPa and an average
piston velocity of 3.4 m/s. At first, it was possible
to achieve stable operation at the low leakage rates
familiar from the previous tests. After 250 hours
however, operation became unstable, accompanied
by a notable rise in the leakage rate, which attained
a peak value of 15 scm/h after roughly 900 hours,
making it necessary to abort testing (Fig. 10).
Under the same conditions, leakage rates of just 2 -
4 scm/h were measured on sealing systems
comprising conventional packing rings of the step
bridge design.
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Figure 10: Hydrogen leakage vs. time of a homo-
geneous packing comprising six crown rings

After the removal of the packing, the reason for the
high leakage did not become apparent immediately:
All sealing elements were undamaged, and the
average wear of the overall sealing system turned
out to be just 0.35 mm. A detailed analysis of
material loss on the individual sealing elements
then revealed that the radial wear in the area of the
sealing surface was roughly 0.05 to 0.10 mm higher
than in the area of the bearing surface. This uneven
material removal is due to the pressure distribution
over the friction surface indicated in Fig. 1, which —
in the case of conventional sealing-ring pairs —
gives rise to the familiar phenomenon of different
wear levels on the sealing ring and cover ring.

Whereas in the case of non-relieved sealing-ring
pairs, uneven material removal in the axial
direction can be compensated through radial
displacement of the sealing segments and cover
segments, the even less favourable pressure
distribution in pressure-relieved designs leads to a
formation of gaps in the sealing surfaces. The tests
clearly reveal that — especially in the case of dry-
running hydrogen sealing systems — even small
deviations from the ideal sealing-element
arrangement can significantly increase the leakage.
Although uneven material removal has a weaker
impact on nitrogen sealing systems, they also
exhibit higher leakage rates in comparison with
non-relieved sealing elements. The test results
make it evident that the association frequently
drawn between reduced wear and increased service
life is not always valid; instead the sealing
efficiency represents the primary service life
criterion. Consequently, the versatility of pressure-
relieved packing rings is compromised by relatively
high leakage rates which limit the permissible range
of application of such rings.

6 Heterogeneous crown-penguin
piston rod sealing system

Nevertheless, the characteristic  operational
behaviour of gas-tight friction seals permits the use
of pressure-relieved packing rings in a way
advantageous for the overall sealing system.
Packings are subjected typically to combinations of
static and dynamic pressure components (Fig. 11).
In an absence of sealing elements with a
particularly elaborate joint sealing, the wvarious
pressure components distribute themselves at the
two ends of the sealing system, especially in the
case of the new sealing elements. Investigations
have shown that common, contactless throttle rings
do not contribute significantly toward sealing the
dynamic pressure component, this function being
performed to the greatest extent by the first
frictional sealing element’. With progressive wear,
a constantly increasing part of the dynamic pressure
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component will be taken over by the subsequently
arranged sealing element. In contrast, the static
pressure difference tends to be sealed by the sealing
element currently providing the highest sealing
efficiency; under identical conditions, however, the
last sealing element located furthest away from the
compression chamber is preferred.

The two pressure components also differ
considerably in terms of their influence on the
sealing system's operational behaviour. During the
suction stroke, the dynamic pressure component
can be reduced by means of pressure-relief grooves
located on the pressure-facing side of the sealing
elements. The grooves enable the gas to flow back
to the cylinder, thus exerting no influence on the
leakage rate of a packing. Especially in the case of
segmented packing rings, however, it results in a
high degree of wear, failure by fracture or creep. In
contrast, the static pressure difference constitutes
the primary load parameter influencing the leakage
rate, therefore placing the highest possible demands
on sealing technology’.
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Figure 11: Dynamic and static pressure compo-
nents of a packing experiencing a suction pressure
of 1.4 MPa and a discharge pressure of 4 Mpa

Typical of a serial arrangement of gas-tight sealing
elements, this distribution of the two pressure
components among various sealing elements can be
used to optimize overall sealing systems through an
employment of different designs each possessing
the most favourable properties for handling a
particular pressure component. Although packing
rings of the step bridge design (penguin ring) have
proven very suitable for the use with static pressure
differences’, they are excessively susceptible to
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wear when
differences.

subjected to dynamic pressure

It would hence appear advisable to combine the
sealing efficiency of penguin rings with the
favourable wear characteristics of pressure-relieved
packing rings. For this purpose, the latter are
arranged in the vicinity of the compression chamber
to withstand the dynamic pressure difference, while
the subsequent penguin rings are intended for
handling the static pressure difference responsible
for the leakage. Fig. 12 shows this type of
heterogeneous packing comprising crown rings and
penguin rings.

Of special interest was the potential usefulness of
the remaining pressure-relieved packing rings to the
service life of the overall sealing system. This
potential was to be examined in hydrogen tests
involving homogeneous packings each comprising
six penguin rings and six crown rings made of a
polymer blend, in comparison with a heterogeneous
packing corresponding to Fig. 12. A throttle ring
was not used in any of these tests.

Figure 12: Heterogeneous packing comprising
three crown rings and three penguin rings

Fig. 13 shows the radial wear determined on the
individual sealing elements after 500 hours of
operation. In each case, the first sealing element
located right next to the compression chamber
exhibits considerably lower values for the two
crown rings compared with the penguin ring, the
crown ring of the heterogeneous packing achieving
the best result of all. For the specific use with the
dynamic pressure component, the bearing blocks of
the crown rings in this variant were designed to be
somewhat more robust than the crown version of
the homogeneous packing, thus further reducing
wear.
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Figure 13: Average wear on sealing elements of
homogeneous and heterogeneous packings after
500 hours of operation (sealing element number 1
next to the compression chamber, p; = 1.4 MPa, p,
=4 MPa, c,, = 3.4 m/s)

If the average wear of the sealing elements and the
sliding distance are used to form the sealing
system's average wear rate, the lowest value is
achieved by the homogeneous crown variant (Fig.
14); however, their operational behaviour is
characterized by an increased, strongly fluctuating
leakage. The average wear rate of the
heterogeneous packing is slightly higher than that
of the homogeneous crown variant, but nearly three
times lower than that of a conventional,
homogeneous packing comprising penguin rings.
To maximize the period of high sealing efficiency
of penguin rings, it is necessary to protect them
effectively against the wear-intensive effect of the
dynamic pressure difference. The ratio between the
numbers of crown and penguin rings therefore
needs to be adapted in accordance with the
composition of the pressure difference. Tests have
shown that a minimum number of penguin rings
need to be present. Given proper design, however, a
use of crown rings notably improves the wear
characteristics of overall sealing systems while
maintaining high sealing efficiency. Depending on
the extent to which production has been optimized,
crown rings also offer a cost advantage which can
be considerable compared with six-segment
penguin sealing-ring pairs.
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Figure 14: Average wear rate on homogeneous and
heterogeneous packings made of polymer blend
after 500 operating hours

7 Conclusion

Pressure-relief of frictional sealing elements
reduces the resulting radial forces acting on these
elements. Although this lowers material loss in
general, the radial contact pressure is focused on a
smaller axial cross-section lying outside the sealing
elements' centre of gravity. In addition, the bearing
surfaces not experiencing a forced flow of gas can
cause temperatures to rise sharply.

For use in piston-rod sealing systems, the pressure-
relief principle was applied to the packing ring
design possessing a tangential section with respect
to the internal diameter (TID). Thermal problems
observed in the beginning were eliminated later by
dividing the bearing surface into individual bearing
blocks and chamfering these blocks. To improve
sealing efficiency for hydrogen applications, the
bearing blocks were supplemented by an additional
cover block in the vicinity of the joints. The line-up
of blocks along the circumference of the optimized
sealing element gave it the name "crown ring". As
operation progresses, the uneven material removal
on the sealing and bearing surfaces resulting from
large variances in pressure distribution over the
friction surface leads to a formation of gaps
between the sealing surfaces. The consequential
increase in leakage rates compared with non-
relieved designs can assume unacceptable
proportions, at least when it comes to dry-running
compression of hydrogen.

Nevertheless, the characteristic  operational
behaviour of gas-tight friction seals permits the use
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of pressure-relieved packing rings in a way
advantageous for the overall sealing system. The
typical distribution of pressure differences — usually
comprising dynamic and static components —
among various sealing elements can be made to
contribute toward optimizing the overall sealing
system if the normally homogeneous packings are
replaced by a heterogeneous combination of
designs each possessing the most favourable
properties for handling a particular pressure
component. Tests on this type of heterogeneous
packing comprising crown rings and the familiar
packing ring of the step bridge design (penguin
ring) revealed notably better wear characteristics —
given the same, high sealing efficiency — compared
with homogeneous packings comprising penguin
sealing-ring pairs.

Notation

ps  suction pressure

pa discharge pressure

p:  pressure before the sealing element (p; > p,)

p: pressure after the sealing element

p. radial pressure acting on the sealing element
(pa = pl)

pi  pressure acting on the sealing element's
friction surface

cm average piston velocity
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Abstract:

As part of the modification of the Floating Production Storage and Offloading Unit (FPSO) Glas Dowr
for operation on the Sable Field (offshore South Africa), a new gas compression system was installed.
Associated gas is compressed for use as lift gas and re-injection back into the reservoir for pressure
maintenance and optimizing liquid recovery.

Concept selection of the compression facilities was based on technical and commercial criteria in
combination with the specific requirements of the Sable field. Large variations in gas molecular
weight, compressor efficiency and overall system availability favored the use of reciprocating
compressors, despite space constraints and potential vibration problems. A configuration based on 4 x
33% MP/HP reciprocating compressors which includes a spare compressor, was selected.

During the design, specific attention was given to pulsation and vibration control as this was
considered crucial for the success of the project. A dynamic analysis of the compression system
according API 618 Design Approach 3 was included in the scope of the compressor Original
Equipment Manufacturer (OEM). In addition an independent verification study was awarded to TNO,
acting as 3" party.

The required modifications to the piping system resulting from the analysis were implemented as far
as practically possible. An extensive field measurement program during the operational phase was
conducted which showed vibration levels well within the allowable range.

The application of multiple large reciprocating compressors on the FPSO Glas Dowr showed to be a
success. Compressor and piping system vibrations were controlled successfully which resulted in
vibration levels well within allowable limits. The stringent space restrictions and high system
availability requirements were met in full.
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1 Introduction

In 2001 a project was initiated to develop a
marginal field offshore South-Africa. With a
relative short field life, the development scenarios
showed that the application of a leased FPSO was
the most suitable option. At that time the existing
FPSO Glas Dowr, owned and operated by
Bluewater was available for a new contract and
showed to have a good basic match with the project
requirements. The main modifications to the
existing topsides facilities consisted of new gas
compression facilities, additional power generation
and some modifications to the crude separation
system.

To meet the challenging technical and commercial
constraints a challenging gas compression system
based on reciprocating compressors was selected.
Due to the relative small area available for the
compressors and the pulsations and vibrations that
can be expected with the application of
reciprocating compressors, a thorough investigation
of the pulsation and vibration behavior of the
compressors and the piping system was considered
crucial. High pulsations and vibrations may lead to
reduced compressor efficiency, pipe failures and
possibly unsafe operating conditions. Recognizing
this risk, in addition to the analysis that was
conducted by the OEM, a similar analysis study
was awarded to TNO for the purpose of verification
by an independent party.

This paper presents the process of concept
development which led to the selection of the
optimum compression solution. Further, the
methodology used for pulsation and vibration
control of the compressors and connected piping
system is outlined. Results of the analysis as well as
results of field measurements are presented.

2 Field Development

The Sable Field Development lies in the
Bredasdorp Basin in Block 9, off the coast of South
Africa. It is located in approximately 100 meters
water depth and consists of two reservoirs: the E-
BD oil reservoir and the E-CE oil and gas reservoir.
With recoverable reserves estimated at between 20
million and 25 million barrels, the field is expected
to have an economic life of three to five years. The
field has been developed using six sub-sea wells
tied back to the Bluewater owned and operated
(FPSO) vessel, Glas Dowr. PetroSA, the South
African state-owned Exploration and Production
Company is Field Operator with the majority share
in the field and Pioneer Natural Resources holds the
remaining interest.

34

Of the two reservoirs, the E-BD reservoir is a
typical oil reservoir characterized by a relative low
and fairly constant Gas-Oil-Ratio (GOR)
throughout the field life. The reservoir holds oil in
the upper part and water in the lower part of the
reservoir. Pressure maintenance of the E-BD
reservoir is by means of injecting treated seawater.

The E-CE reservoir is an oil and gas reservoir and
is characterized by a relative high and increasing
GOR throughout the field life. Reference is made
to Figure 1.
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Figure 1: Associated gas flow rate - first 3 years

It holds a gas cap in which gas is re-injected for
pressure maintenance and for optimizing liquid
recovery. Not only the GOR but also the
composition of the E-CE fluids changes throughout
field life resulting in a challenging set of process
characteristics for design and operation of the
separation and compression systems.

3 Project Overview

FPSO Glas Dowr

The existing topsides facilities of the FPSO Glas
Dowr consisted of a two-stage separation train,
water injection system and the supporting utilities.
No gas compression system was installed.

For development of the Sable Field, the existing
FPSO Glas Dowr was contracted including the
required modifications to make it suitable for
handling the specific oil and gas properties and the
production requirements.
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Figure 2: FPSO Glas Dowr

Project Drivers
The main project drivers which influenced the final
design of the topsides facilities are listed below:

- Fast Track Project (18 months)

- Short Field Life (minimum 3 years with upside
case to 5 years)

- Low Cost Solution

- Performance Driven

- Modification of an existing facility

- Flexibility (also for future relocation)

The required first oil date for the project implied a
fast track project of around 18 months. As usual,
the schedule of a project of this kind is driven by
the lead time of the long lead equipment, in this
case the gas compression facilities. The relative
short field life and required flexibility to meet the
specific  process characteristics and future
relocation enforced the requirement of a flexible
design of the topsides. With the FPSO Glas Dowr,
being an existing facility, due consideration had to
be given to the optimum balance between adding
equipment versus modifying equipment.
Furthermore, as for every production facility, the
design was driven by striving after optimum
performance in the operational phase with regards
to availability of systems and uptime of the overall
production facilities. Finally, budget indication of
the client reflected the requirement for a low cost
solution in order to meet the financial requirement
of the project.

Topsides Facilities Upgrade

In order to meet the new production requirements
and handling the specific oil and gas properties, an
upgrade of the topsides facilities (2000 tonnes in
total) was required. The upgrade was mainly related
to the crude separation plant, the compression
system and the supporting utilities.
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The typical oil and gas properties and the relatively
high Flowing Well Head Pressure (FWHP) of the
E-CE reservoir resulted in the process schematic as
outlined in the next section. A gas compression
system was installed to handle the associated gas
and boost the pressure to the required injection
pressure.

Separation and Compression Scheme

The oil and gas is produced from two separate
reservoirs. The fluids from the E-BD reservoir are
separated in two stages using the existing
separation train. Separation of the E-CE fluids
consists of three stages. The additional separation
stage for the E-CE fluids is placed upstream of the
existing separation train and not only enhances
liquid recovery but it also enables separation of the
major part of the E-CE gas upstream the existing
separation system at a higher pressure. The E-CE
reservoir allows for the higher operating pressure of
58 barg due to its higher FWHP and relative low
fluid density. A large benefit of the higher
separation pressure of the major part of the gas is
that it limits the actual gas flow rate and, hence,
saves in required compression power.

The liquids from the E-CE separator are routed to
the inlet of the existing first stage separator
(operating pressure 8.5 barg) where it is
commingled with the fluids from the E-BD
reservoir. The final crude product requirements are
obtained in the second stage separator (operating
pressure of 1.0 barg)

All gas evolving from the fluids needed to be
compressed for re-injection. With the three levels
of separator operating pressure (1 barg, 8.5 barg
and 58 barg), three levels of compression can be
distinguished, hereafter called LP, MP and HP
compression. Reference is made to the figure below
crude

presenting the overall
compression scheme.

separation and
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Figure 3: Selected crude separation and gas
compression scheme

The associated gas is re-injected in the E-CE
reservoir for reservoir pressure maintenance
requiring a compressor discharge pressure of 264



Operation & Maintenance

J. de Roos, A. Eijk, J. Gillis: Concept Selection and Design Considerations for Compression Facilities for FPSO Glas Dowr

barg. A small portion of the associated gas is used
as fuel gas for power and heat generation and as lift
gas for artificial lift of the E-BD reservoir.

The compressor discharge was driven by the
required re-injection pressure into the E-CE
reservoir which is 264 barg. The compressor design
flow rate is 85 MMSCEFD.

Topsides Constraints

With the FPSO Glas Dowr being an existing
installation, modifications had to be designed
within the margins of the facility. As usual on an
offshore installation, space is limited which sets the
available footprint for new compression equipment.
Further, with only one slot with specified footprint
available for additional power generation, limiting
the absorbed power was a selection criterion for the
new compression facilities as well.

Compressor Type Evaluation

The combination of a relatively high compressor
discharge pressure of 264 barg and a flow rate of 85
MMSCEFD allowed for selecting either aerodynamic
or a positive displacement compressor type. The
total gas flow rate is rather high for the application
of positive displacement compressors, especially in
combination with space constraints. But due to the
fact that the larger part of the associated gas is
flashed off at 58 barg, the actual gas flow rate,
especially for the MP compression stage, is kept to
a minimum. In the table below the main criteria for
the compression system are listed and evaluated for
the aerodynamic and the positive displacement
compressor type.

Table 1: Compressor type - technical comparison

Flexibility - Weight &
to Gas E;ft\ck\‘?gﬁy Size / Vibration Awvaila-
MW Pressre Capacity Levels bility
wariation Ratio
Aerodynamic Type
Compressor - - ++ ++ +
(Centrifugal)
Positive
Displacement Type
Compressor (Screw ++ + - - +II -
ar Reciprocating)
Gas Molecular Weight Range
The well fluid composition and, even more

important, the gas composition showed to have a
large variation throughout field life. This was an
important design requirement for the crude
separation and gas compression system. In below
table an overview is given of the gas MW
(Molecular Weight) which formed part of the
design basis for the three compression stages.
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Table 2: Gas MW design range
LP Compressor MP Compressor HP Compressor
395 273 220
(Gas MW Range = S S
513 372 248

In the concept design phase it became evident that
for the LP compressor only a positive displacement
type compressor suited the gas molecular weight
variation. For the MP and HP compressor stages,
either a positive displacement (fixed speed) or an
aerodynamic compressor (variable speed) showed
to be able to supply the required flexibility.

Compressor Efficiency

As indicated earlier, available electric power for
powering the new consumers was limited due to
space constraints. At higher operating pressure, the
positive displacement type compressors show
significantly better efficiency compared to the
aerodynamic type compressor. In the concept
design phase it became clear that the higher
consumed power for the aerodynamic type
compressor did not allow for an electric driven
aerodynamic type compressor.

Weight & Size / Capacity Ratio

Clearly with the high operating speed of the
aerodynamic compressor type and the fully
balanced features, this compressor type has a much
better weight & size / capacity ratio compared to
the positive displacement COMmpressors.
Nevertheless, during the concept design phase it
showed that both compressor types would meet the
space and weight constraints with the capacity
requirements. Since the major part of the associated
gas is flashed off at 58 barg, the actual gas flow rate
is kept to a minimum, especially in the MP
compression stage, and positively supports the
application of the positive displacement compressor

type.

Vibration Levels

Gas pulsations and mechanical unbalance will
induce forces and related vibrations in positive
displacement type compressor while the
aerodynamic type compressor is mechanically fully
balanced and the flow is continuous. Hereto the
vibrations of a positive displacement type
compressor are of a much larger magnitude.

Availability

Since for every production facility the production
availability is of utmost importance, the availability
of the compressors is weighed heavily in the
concept decision. Reference is made to the section
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of chapter 4 where the availability of the considered
compressor types and of the overall compression
system is outlined. It should be noted that, referring
to the three compression stages, the criticality of the
MP and HP compression stages are the most critical
for production as well as for the related contractual
requirements.

4 Compression System

As indicated before the compression system
consists of three compression stages being the LP,
MP and HP compression stage.

LP Compressor

The main driver for selecting the LP compressor is
maximum flexibility towards variation in gas
molecular weight as well as turndown capability. A
reciprocating compressor was selected. The
compressor was designed with valve un-loaders and
variable clearance pockets to meet the required
turndown capability and to minimize the absorbed
power at reduced capacity. Final capacity turndown
(beyond the turndown of the valve un-loaders and
variable clearance pockets) and fine tuning between
the capacity steps is obtained by means of
recycling.

MP and HP Compressor

At an early stage in the concept design it became
evident that the optimum solution with regards to
footprint for the MP and HP compression stage is to
integrate these two compression stages on one
shaft. This yielded mainly for the positive
displacement  type  compressor. But this
combination also implied extensive attention had to
be given to the operability and flexibility of the
COMmpressors.

The required compression flow rate and discharge
pressure depicted centrifugal type compressor for
the aerodynamic type and reciprocating compressor
for the positive displacement compressor. These
compressor types will be considered from hereon.

Due to the reduced efficiency (at higher discharge
pressure) of a centrifugal type compressor, the only
solution using a centrifugal compressor is a direct
driven compressor train incorporating the MP and
HP compressor on one shaft.

Combining the MP and HP compressor on one
shaft showed also to be feasible for the
reciprocating type compressor and fitted in the
available space. The big advantage of this
combination was its compactness which allowed
for installation of a 4 x 33% concept which includes
a spare compressor. This spare compressor was the
key to a high overall availability of a concept based
on reciprocating compressors, an availability higher
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than the availability of a single train direct driven
centrifugal compressor (Reference is made to the
next section). The concept with 2 x 100% direct
driven centrifugal compressors would offer a higher
availability but was not cost effective.

As a result of the overall initial screening of
potential compression solutions, the number of
concepts was brought down to the following two
concepts. These were compared in more detail in
order to conclude on the concept to be finally
selected:

- 1 x 100% Gas Turbine driven Centrifugal
Compression Train (MP and HP body on one
shaft).

- 4 x 33% E-motor driven Reciprocating
Compressors (MP and HP stages on one shaft).

Compression System Availability

The difficulty with calculating equipment
availability in general is to obtain good and
representative data. For the concept selection it was
decided to use reliability data from the OREDA
database’. The reliability together with the Mean
Time To Repair (MTTR) can be used to calculate
the unplanned downtime of equipment. For the
planned downtime (for planned maintenance) data
from the OEM was used. For both concepts the
system production availability is calculated based
on the unit availability. Based on these calculations,
the differences between the two concepts are the
following:

1. The unit availability of an E-motor driven
reciprocating compressor (90.76%) is lower
(more planned maintenance required) than the
unit availability of a gas turbine driven
centrifugal type compressor (96.70%)

2. The partial capacity availability for a single
full capacity compression train is equal to the
full capacity availability whereas for 3 x 33%
parallel units the partial capacity availability (0
— 66.6%) is higher than the full capacity
availability.

3. The concept using reciprocating compressors
includes one spare compressor which is very
beneficial for the overall availability.

Since the financial compensation schemes in the
contract use pro-ratio compensation for partial
production and the availability of the oil production
system is directly related to the availability of the
gas compression system, the partial availability of
gas compression is used to calculate the (partial)
availability of oil production. The difference in oil
production is then translated in an accumulated
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difference in turnover using an oil price of 20
USD/barrel. From Figure 4 it becomes clear that for
this field development analysis:

- The availability of the 4 x 33% E-motor driven
reciprocating ~ compressor  concept  (an
availability of power generation of 98.5% is
included in the calculation) is higher than of
the 1 x 100% GT driven -centrifugal
compressor concept.

- The accumulated difference in turnover due to
difference in availability (resulting difference
in actual production time) in 3 years was found
to be close to US$ 9 million in favor of the
reciprocating compression system.

- The difference mainly develops in early field
life where the associated gas rate is relatively
low (see figure 1). This is the period where the
partial capacity advantage of the reciprocating
compressor concept (multiple units) shows its
large benefit.

Based on above evaluation, the 4 x 33% E-motor
(3.2 MW) driven reciprocating compressor concept
was selected as the most attractive solution,
meeting the technical and commercial criteria for
the project.

1.00 16.0
Availability 4 x 33% E driven
reciprocating compressors 1140 =
0.99 < a
>
Accumulated difference T120 S
0.98 in turnover Z
1+ 100 -
Z 2
S 2
® 0.97 - T80 5
E 2
=
< / te0 =
0.96 1 Availability 1 x 100% GT driven S
centrifugal compressor train .
9 P T 4.0 g
0.95 1 [+
<+ 2.0 <
0.94 T T T T 0.0
0 500 1000 1500 2000
Time [Days]

Figure 4: Concept availability comparison
(theoretical)

Compressor (package) design

With the selection of the reciprocating compressor
type, special attention had to be given to the design
of the compressor and the package. Reciprocating
compressors are well known for higher vibration
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levels due to unbalanced forces as well as due to
the gas pulsation-induced forces.

- The MP/HP compressors as selected are 6-
cylinder compressors which by nature give the
advantage of being mechanically nearly fully
balanced features (inherent to a 6-cylinder
machine).

- Mechanical vibrations are further reduced by
applying a 3-point support system. Hereby the
likelihood of compressor string misalignment
and the occurrence of related vibrations are
minimized.

- The package is of a two layer design in order to
meet the space constraint. Reference is made to
Figure 5 which shows a complete MP/HP
compressor package.

- Extensive attention was given to pulsation and
vibration control of the compressor and
connecting piping system. A pulsation and
mechanical response analysis was specified in
the scope of the OEM. Furthermore a 3™ party
verification study of the pulsation and
mechanical response analysis was awarded to
TNO. The results of this verification study are
presented in detail in the next chapter.

Compression System Performance

In actual operation, the overall compression system
shows very good performance. The compression
system availability is currently on average in excess
0f 98%.

Figure 5: One of the four MP/HP compressor
packages. Lx Wx H = 10.5 x 4.7 x 6 meter and an
operational weight of 150 tonnes.
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5 Pulsation and vibration control

Introduction

Vigorous flow variation in time and space make
reciprocating compressors and its responsive piping
system an intimately connected system and
demands effective system design, especially for
offshore installations such as FPSO’s. If
mismanaged, the pulsed energy input can cause
pipe failures, inefficiency and capacity limitations.
This challenge has led to many innovations in the
past, including the acoustic analog, acoustic
filtering techniques and more recently the digital
simulation technique. The API Standard 618
reflects much of the knowledge developed in
applying these design tools.

Due to the rather complex installation and operating
conditions of varying gas molecular weight,
varying pressures, several unloading conditions and
a number of operation modes of the compressors
(single and parallel operation), potential vibrations
problems should be recognized and solved in an
early stage of the design. Therefore, the pulsation
and mechanical response analyses were specified in
the vendor scope and in addition a 3™ party
verification by TNO was required.

Both the pulsation and mechanical response
analysis had very strong information/data
dependency and the timing and alignment in the
project was of great essence. Essential is therefore a
good and extensive communication between all
parties involved.

TNO has carried out the following steps in the
dynamic analysis of the piping system to achieve a
reliable, efficient and safe installation:

. Step 1: Pre-study™® or damper check

. Step 2: Pulsation analysis of the piping
systern4

. Step 3: Mechanical response analysis

In the following sections each step will be
explained in short and the results will be
summarized.

Pre-study or damper check

The first step in the pulsation study is a check of the
performance of the initial design of the pulsation
dampers for the specified operation conditions.
During this check in the model the piping system
has been replaced by an “endless” line, representing
a reflection free termination point. This step is
necessary to avoid that, in a later stage of the
analysis when the piping system is connected to the
dampers, a redesign might be necessary.
Optimizing the design and performance of the
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pulsation dampers in an early stage of the design is
of utmost importance in order to prevent potential
significant additional costs in a later stage.

The results of the damper check are the pulsation
levels at the compressor valves and line
connections, pulsation-forces acting on the damper
and the power consumption of the compressor (PV
charts).

If the calculated levels exceed allowable levels,
modifications will be investigated. E.g. when
during the damper check the pulsations near the
compressor valves exceed the allowable levels, they
can be effectively reduced by the installation of
orifice plates or other damping devices at the
cylinder flange. The increased power consumption
of these damping devices can be calculated,
optimized and discussed with the compressor
vendor. As indicated the damper check is carried
out for the initial design of the dampers.

Although the evaluation of the dampers showed
that a number of dampers were undersized
according the API requirements, the overall on-skid
damper/piping/scrubber design showed to be
satisfactory from a pulsation and vibration point of
view. This resulted mainly from the fact that the
scrubbers act as good acoustic filters. The measure
taken to decrease the pulsations levels even further
(in case deemed necessary) was the installation of
orifice plates at the inlet/outlet of the dampers and
of the scrubbers.

Pulsation (acoustic) modeling of the complete
piping system

Acoustical modeling defines the particle velocity
and plane wave dynamic pressure variation in time
and space from piston face to the piping system
extremity. Both compressor and piping system have
been modeled using simulation elements like
compressor cylinders, pipe elements, T-branches,
elbows, volumes, valves, etc. A compressor piping
system comprises a complex configuration of tubes
filled with an acoustic media, driven by
discontinuous velocity pulses.

For the acoustic analysis the computer program
called PULSIM*’, which has been developed by
TNO, has been applied.

During the analysis special attention has been given
to resonance conditions that can occur within the
range of speed of sound in which the system can
operate. The pulsation levels at these worst-case
conditions have been compared with the allowable
API 618 levels. Measures to eliminate or to dampen
these resonances have been investigated in case the
allowable limits have been exceeded.
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The calculations have been carried out for all
specified  operation  conditions,  unloading
conditions and single and parallel operation of the
COMmpressors.

An overview of the system for which the pulsation
and mechanical response analysis has been carried
out is shown in Figure 6.

Gas Injection/Gas Li.ﬂ

£

MFP Compressor
After-coolers

II-{[E)gjsumo_) LP Gas KO Drum
[ fe—C

Figure 6: System for which the dynamic pipe
analyses have been carried out

Due to acoustical separation between several parts
of the system, the system has been split up into the
following 8 parts: suction 1% stage LP, interstage
LP, discharge 2™ stage LP/suction 1% stage MP,
interstage MP, discharge 2" stage MP, suction 1%
stage HP, interstage HP and discharge 2™ stage HP.
As an example, the investigated piping of interstage
LP compressor is shown in Figure 7.

Figure 7: Model of interstage LP piping

Results

The results of the original system showed
exceedance of the allowable level at certain
locations in all investigated parts. High exceedance
occurred in relief lines; blow down lines and other
side branches which were caused by acoustic
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resonances. The maximum exceedance was 14
times the allowable API 618 level and was caused
by the fact that the pipe diameters of these lines
were too small.

Several modifications have been investigated to
decrease the pulsation levels to acceptable levels
e.g. the installation of orifice plates and increase of
pipe diameters. Orifice plates at the damper
inlet/outlet and in the side branches close to the
headers and an increase of the diameter of most of
the relief lines showed satisfactory results and were
included in the design.

The installation of all advised modifications was
not always feasible and the final number of
accepted modifications was 20 out of a
recommended number of 25. This implies that
some exceedance of the allowable pulsations occur
at specific locations and under specific operating
conditions. However, the effect of these
exceedances on the vibration and cyclic stress
levels has been finally investigated in the
mechanical response analysis. This approach is also
accepted in the 5™ edition of the API Standard 618°.

Mechanical response analysis of the off-skid
piping system

One of the objectives of the pulsation analysis is to
reduce the pulsation-induced vibration forces to a
minimum. However, unallowable vibrations and
cyclic stresses can occur in case a mechanical
natural frequency is close to or coincides with a
frequency component of the pulsation-induced
vibration forces, even in case the pulsation levels
itself are below the allowable level.

The objective of the mechanical response analysis
is therefore to check the design of the piping
system, including the pipe supports and the
construction on which the supports are mounted in
order to make sure that the vibration and cyclic
stress levels are lower than the applicable allowable
levels.

The advantage of a mechanical analysis during the
design stage is that the support layout can be
optimized for all possible operation conditions.
Hereby, potential fatigue failures can be recognized
and avoided in an early stage of the design since the
dynamic stresses are also calculated. The
experience of TNO is that 90-95% of the vibration
and fatigue problems can be solved during the
design stage with this approach.

Special attention has been paid to local flexible
parts’ such as nozzle/shell intersections, compressor
flange and local flexible steel structures. Upon
decision of the customer which of the
recommended modifications of the pulsation
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analysis will be implemented, the mechanical
response analysis has been carried out according to
the API Standard 618, design approach 3.

For the above mentioned calculations the general-
purpose finite element (FE) program ANSYS has
been used. The piping system is divided into basic
parts (finite elements) such as straight pipe
sections, eclbows, T-joints, flanges, reducers,
constructions on which pipe supports are mounted.
When the vibration and cyclic stress levels exceed
allowable levels, it was investigated to include
modifications to decrease the levels to allowable
levels. This can be achieved by shifting the natural
frequencies far enough from the excitation
frequency.

Results

The overall system (as in Figure 6) has been split
up into 20 separate mechanical models of which an
example of the discharge 2" stage MP piping is
shown in Figure 8. The results of the analysis
showed that the allowable vibration and cyclic
stress level were exceeded for several models. The
exceedance mainly occurred in the relief lines;
blow down lines, other side branches and in the
main header (at parallel operation). This was
mainly cause by the fact that these parts were too
flexible to restrain the dynamic forces in case of
resonance and because not all advised acoustical
recommendations could be implemented.

The maximum calculated vibration and cyclic stress
levels were respectively 12.8 times and 1.4 times
the allowable level which means that fatigue failure
can occur. A mode shape at which the vibration
level exceeds the allowable level is shown in Figure
9.

Several modifications have been investigated and
shifting of the natural frequencies was achieved by
the installation of extra pipe supports and by
increasing the stiffness of the structures on which
the supports are mounted. To decrease the vibration
and cyclic stress levels, 18 additional supports were
added and 7 beam structures were added or
modified.

Unfortunately it was not feasible to carry out all the
advised modifications but in general the calculated
vibration levels were satisfactory. Some
exceedances of the allowable vibration level
remained but the maximum calculated cyclic
stresses were within the allowable level. This
means that fatigue failure, caused by pulsations,
will not occur.
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Figure 8: Mechanical (FE) model — Piping system
discharge 2" stage MP compressor

Figure 9: Mode shape at 57.5 Hz — Piping system
discharge 2" stage MP compressor

6 Field Measurements

The last step in the project consisted of field
measurements. The purpose of the measurements
was to check the actual boundary conditions as
assumed in the pulsation and mechanical response
analysis  (supports, orifices etc) and the
measurement of the actual vibration levels and
check against the calculated values.

The measurements were limited to the actual field
situations but 3 sets of measurements have been
carried out at different combinations of parallel
running compressors at various unloading
conditions and at two discharge 2" stage HP
pressures.

From the results of gas samples, which have been
taken during the site survey, it appeared that the
actual gas molecular weights throughout the
compression system were close to the design values
used in the acoustical analysis. It could therefore be
concluded that the actual process conditions during
the field measurements were close to the simulation
conditions.
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Since the quality of the pipe support and of its
installation is important for controlling the pipe
vibrations, the first step in the field survey was a
check of the pipe supports. It appeared that several
supports were loose and that some U-bolts were too
flexible to restrain the vibrations. It was advised to
tighten the pipe clamps and to include this
procedure in maintenance routines. It was also
advised to change out U-bolts into rigid clamps for
the large diameter piping. The results of the
measured vibration levels showed that the vibration
levels are generally in line with the results of the
analysis and well within the allowable range.

Figure 10: Photo of a part of the system with a
loose clamp

7 Conclusions

Large size and multiple reciprocating compressors
are suitable for application on Floating Production
Systems providing due consideration is given to the
specific design requirements.

The overall performance of the compression system
on the FPSO Glas Dowr is very good; it shows
production availability in excess of 98%.

Pulsation and vibration control is considered
essential for successful application of reciprocating
compressors on FPSO’s and should be initiated as
early as possible in a project i.e. in the concept
development phase.

The advantage of a simulation according to the API
Standard 618 is that prediction and avoiding of
fatigue failure is possible in an early stage of the
design. It is also possible to optimize complex
systems as installed on FPSO’s with a broad
operating envelop in process and operating
conditions. This is not possible when only vibration
measurements are carried out after the facilities
have been put into operation but also require
analysis in the engineering phase of a project. From
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the results of the pulsation and mechanical response
analysis it appeared that several modifications were
necessary to achieve acceptable levels.

The results of the field measurements confirm that
the reciprocating compression system on the FPSO
Glas Dowr shows very good performance and
vibration levels are satisfactory low. These results
promise a safe, efficient and reliable long term
operation.
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Abstract:

Reciprocating compressors play very important role in the petrochemical industry. Unfortunately,
compressors are one of the most frequent reasons for plant shutdowns. Having said that, it is of the
utmost importance to keep them constantly operating. Simultaneously with correct maintenance
practice, the best way to achieve high performances is upgrading compressors.
This report informs about upgrading hyper compressor (4 HHE-2, Ingersoll-Rand, 1974) in LDPE
plant that has been accomplished by home know-how powered by market leader in compression
technology from Austria. The focus was to increase running period (up to 20000 hours) between
replacing cylinders through the use of redesigned sealing rings. Report also presents tremendous
decrease (savings of 200000 € per year) of cooling oil consumption, using up-to-date sealing rings
design. In it we will refer to the problem solution of not sliding of the greased metallic plate across the
anchor plate, too.
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1 Introduction

In Europe, most of petrochemical plants were built
many years ago. Nevertheless, through the ongoing
efforts of dedicated maintenance engineers, the
majority of this machinery continues to operate
reliably and efficiently. Such is the case in
Petrochemical complex, HIP-Petrohemija a.d.
Pancevo, Serbia and Montenegro. HIP-Petrohemija
a.d. with its plants is the leading producer of
petrochemicals and polymers in the country, having
annual production of approximately 700 k tons
per year of petrochemicals of highest quality.

Every year the petrochemical industries spend
billions of euros in maintenance. Businesses are
continually forced to look for ways to optimize the
performance of their processes and reduce their
maintenance cost. In a difficult economic
environment, minute process improvements can
impact dramatically upon operating profits. In
today’s climate, effective plant maintenance, and
thus process efficiency, takes perhaps a higher
priority than ever.

This paper informs how small technical
improvements on hyper compressor in low density
polyethylene (LDPE) plant can make significant
benefits.

2 LDPE plant process

In LDPE plant, HIP-Petrohemija a.d. Pancevo, the
ethylene polymerization is performed in continual
autoclave reactor under high pressure of 2000 bars.
For 45 k tons per year low-density polyethylene
plant, Ingersoll-Rand compressors are delivering
the ethylene gas up to above mentioned value in
two separate compression systems. The booster and
primary section compress of ethylene up to 252
bars. Then ethylene is compressed in hyper
compressor section from 241 bars to 2000 bar in
two stages. General data of primary and hyper
compressor in LDPE plant are listed in Table 1.

Table 1: Compressors general data

primary hyper

compressor compressor
design Ingersoll-Rand Ingersoll-Rand
Company, 1972. | Company, 1974.

Type 6 HHE-3-2 4 HHE-2

GE 932.5kW, GE 5966kW,

motor synchronous, synchronous,
50 Hz, 375 rpm | 50 Hz, 200 rpm
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3 Need for improvement

Even when a company has both the will and the
money to spend, it is difficult to know where to
start with investment in order to optimize process
performance and increase reliability. Problem is
even bigger if there is restricted budget. HIP-
Petrohemija has very restricted budget.

LDPE plant in HIP-Petrohemija a.d. is one process
reactor line plant. Every unplanned shut down puts
company in tremendous losses. Having said that, it
is of the utmost importance to keep key equipment
constantly operating. Simultaneously with correct
maintenance practice, the best way to achieve high
process performances is upgrading compressors.

In order to reduce maintenance cost and increase
running period (up to 20000 hours) between shut
downs home engineers have achieved significant
results.

How it starts? First step was dedicated to increase
running period between replacing cylinders.
According to compressor recommendation bronze
packing rings are used in the hyper compressor
cylinders. Refer to Figure 1. the packing ring set [1]
consists of radially cut pressure breaker ring which
is installed in cup and three pairs of rings. One of
these is tangentially cut and the other is radially cut.
Logically, radially cut ring always goes toward the
pressure, ahead of the ring. The tangent ring
consists of three segments. The total end gaps
should be [1]:

o radial ring: 0.254 + 0.762 mm,
o tangent ring: 1.524 + 2.28 mm,
o breaker ring: 0.13+0.26 mm.

PN S I
9 S \\ ) / /‘{Z\ N
e [ 3 (, \
. AR i !
\\\\?\v/, / / \ \\v/ g\/”\\v/ /&>
\b/’/ g o ey e
RADIAL TANGENT THREE PRESSURE BREAKER
SEGMENTS
Figure 1: Packing rings

Ring side clearance in the ring groove should be
0.203 + 0.279 mm. Clearance between the inside
diameter of the packing ring and the outside
diameter of the plunger to be used should not
exceed 0.127 mm on the diameter.

Average cylinder running period, (see Table 2.),
using above shown rings were unsatisfactory.
Figure 2. shows layout of hyper compressor in
LDPE plant.
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Table 2: Average cylinder running period

average running
cylinder period
(1982+1997)
(h)

L1 7461,8

L2 6395,3

L3 5217.8

L4 5549,8

H1 1088,5

H2 809,2

H3 1208,3

H4 667,5
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Figure 2: Layout of hyper compressor in LDPE
plant

In 1998 home engineer have redesigned and
developed packing rings. Redesigned packing rings
(see Figure 3.) consist of the pressure breaker ring
and three pairs of rings. One if these are
tangentially cut and the other is radially cut.
Opposite of compressor’s producer
recommendations, the total end gaps were changed
as follows:

o radial ring: 6 mm,
o tangent ring: 15 mm,
o breaker ring: 0.8 mm.

As shown on Figure 3, tangentially cut ring shape
was changed. This six-piece-tangent, radial and
breaker rings are made of very special grade of
bronze. This grade of bronze was recommended by
engineers from the world market leader in
compression technology from Austria. Both, design
and material have extended the operating limits of

hyper compressor.

PRESSURE BREAKER

RADIAL TANGENT SIX

SEGMENTS

Figure 3: Redesigned packing rings
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It should be stressed that radial cut ring slot for
tangent ring dowel was changed. New design of
slot provides maximum tangent ring gaps
utilization.

All above mentioned changes have provided
increased running period between replacing
cylinders. Table 3. shows average running period in
1998 + 2004. Best results were reached on H4
cylinder with average running period near 10 times
greater than in 1982 + 1997.

Table 3: Average cylinder running period

cylinder | average running
period
(1998+2004)
(h)

L1 6076,8
L2 5241,5
L3 9059,2
L4 5999,5
H1 4872,2
H2 5425,8
H3 7203,6
H4 64194

Figure 4 presents number of cylinders replacement
on hyper compressor in LDPE plant. Here, it is
evident how big are the differences between the
number of replacements before the new design of
packing rings and after it. In 2004. there was only
one cylinder replacement.

REDESIGNED
PACKING RINGS

UN
SANCTIONS

Number of cylinders replacement

<« NATO BOMBING

N ® 2 2 2 8 2 3 9 s ® 2 2 =&
£ £ 2
2 2 & o v &

—————————

34
2000 (634

fear (compressor running time)

Figure 4: Influence of redesigned packing rings on
number of cylinder replacement

Table 4 gives an overview of cylinder operating
time in 2004. Last year was set a new record in
cylinders operating time. It should be stressed that
all cylinders are still (01.01.2005.) operating.
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Table 4: Cylinder operating time at 01.01.2005.

cylinder
operating
time
(h)
L1 6860
L2 12239
L3 9729
L4 9729
H1 9729
H?2 14696
H3 14696
H4 20150

The second improvement was significant result
with tremendous decrease in cooling oil
consumption, using state-of-the-art sealing rings
design. Designer of hyper compressor in LDPE
plant recommended ordinary oil seal (see Figure 5.)
to minimize leakage of cooling oil between housing
and plunger.

Figure 5: Oil seal

Using ordinary sealing elements cooling oil
consumption in 2001. was 130410 kg. That year
LDPE plant spent more at almost 214 000 € in
cooling oil. Having said that, it was of the utmost
importance to reduce cooling oil consumption. In
2002. home maintenance engineer and an engineer
from the world market leader in compression
technology found solution to make leakage of
cooling oil between plunger and housing as low as
possible. New sealing elements, so called step seal,
consist of a profile ring with an O-ring as a buffer
element, (see Figure 6.). Profile ring is made of
PTFE, Bronze and MoS,.
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Step seal

Figure 6: Step seal

Using step seal, cooling oil consumption was
dramatically reduced. Figure 7. compares oil
consumptions before and after oil seal upgrade. For
instance, in 2004. oil consumption was 10980 kg
(14561 €). It means that oil consumption was
almost 12 times lower than 3 years before. In
another words step seal made an 11943 kg (199407
€) difference. Those were installed progressively
depending on cylinders replacement dynamic.
Because of that, decrease in oil consumption was
being reduced with time, too. The more we
installed seals the better results were.

DOIL CONSUMPTION ﬁ’Eﬁ'VI'MONEYW

250000
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Figure 7: Influence of step seal on oil consumption

As mentioned before, hyper compressor in LDPE
plant was made in 1974. Now, it is 31 years old
with almost 25 years constantly operating.
Fortunately, during that period there has been none
serious accidents. But old age brings its problems.
And since recently, there is tremendous problem
with foundations shaking. Main reason for those
shocks is not sliding of the greased metallic plates
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across the anchor plates installed under the cylinder
yoke supports, Figure 8a. 10 months ago home
engineers, using experiences from engineers within
Petrochemical complex in neighboring country,
have found solution to eliminate existing problem
using nonmetallic slide plates, Figure 8b. Instead of
well known design with eight nonmetallic plates
per cylinder made of long carbon fiber reinforced
polyamide resin, our solution consists of four
nonmetallic plate made of polyamide-imide (PAI)
and four metallic plate covered by tungsten carbide
(50 HRC). PAI is graphite powder and PTFE filled
engineering thermoplastic. This grade excels in
severe service wear applications such as non-
lubricated bearings, seals, bearing cages and
reciprocating compressor parts. After this
improvement on hyper compressor supports, there
was no foundations shaking.

a) old design

b) new design

1. metallic plate, 2. anchor plate, 3. redesigned metallic plate, 4. nonmetallic plate, 5. hardened metallic plate,
6. redesigned anchor plate

Figure 8: Compressor support

4 Conclusion

Generally speaking, there is a continuous need to
increase production efficiency and maximize
economic benefits for any given process plant. It is,
one and only, way to increase profit. Increasing
production efficiency is possible either through
significant equipment reconstructions in order to
debotlleneck or make operation effectiveness
exceed its design limits. Unfortunately, equipment
reconstructions are not always payable. Sometimes
factor ROI (return of investment) is not acceptable.
In those cases increasing operation effectiveness is
the best way.

Technical improvements on primary and hyper
compressor, in order to achieve high performances,
increase operation effectiveness. It should be
stressed that technical improvements on primary
compressor corresponding with less important
benefits. Therefore, those improvements were not
mentioned in this paper.
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In 2004. compressors operation effectiveness was
99.6 % instead of annual 97.4 % during previous
years. Difference of 2.2 % corresponding with 1288
tons of low density polyethylene (Idpe) per year.
According with 1dpe world market annual price in
2004. this increase in ldpe has earned 180320 € in
net profit. Also, it should be added to the saving in
199407 € due to  decreasing in cooling oil
consumption. Finally, technical improvements on
compressors has earned approximately 379727 € in
net profit per year.

5 Look into the future

The 2005 will be point brake year in Petrochemical
complex. In another words our company has to
define strategic targets till the end of this year.
After years of political instability in Serbia,
Petrochemical complex has been identified as a
high priority for the oil, gas and petrochemical
sector. This is a result of the current and anticipated
high level of investment, in both the oil-
petrochemical and gas sectors. The focus will be on
how to increase polymer production from existing
equipment. Anyway, compressors upgrade will be
one of the targets in LDPE plant. Increasing
polymer production in this plant corresponding
with increasing capacity of the booster and primary
section. In order to increase compressors capacity
in those sections it is necessary to make feasibility
studies. That study has to identify all solutions for
compressor upgrade. According to our expectations
it should be necessary to increase either revolutions
per minute of motor or cylinder and piston
diameter. Somehow, both compressors in LDPE
plant will operate at the boundary conditions. To
operate compressors safely at peak load it necessary
to install condition monitoring system. This is the
only way to manage plant shutdowns in order to
uproot reactive maintenance practice if possible.
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Abstract:

K6301 is a Peter Brotherhood 2B2, 2 stage double acting compressor, it supplies ‘fresh gas’ Hydrogen
on a Hydrogen De-Sulphurising Plant which produces Low Sulphur Diesel Fuels.

HydroCom was fitted in September 2004 to provide ‘stepless’ control capabilities during the process.
As a result system pressures can be controlled without the need to recycle gas. The recycle gas
contains H2S and Chlorides whilst ‘Fresh Gas’ is pure Hydrogen, therefore drastically reducing the
H2S and Chlorides to K6301.

Re-cycling gas with Chlorides caused heavy fouling of the compressor valves and H2S contaminated
the Hydrogen.

In December 2004, the compressor suffered a catastrophic failure.
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1 Introduction

The failure was caused by loosening of the piston-
to-piston- rod locking nut until the nut eventually
became detached from the rod and fell into the
cylinder as the piston was still reciprocating.

The impact of the piston onto the nut resulted in
excessive loads on the crosshead ‘web’ at the piston
rod to crosshead locking nut access port.

This ‘web’ failed due to high load low cyclic
fatigue, causing the gudgen pin to become loose
eventually breaking through the casing and thrown
out of the machine onto the ground.

Oil leaked from the machine through the opening of
the fractured casing, the oil level reduced causing
the compressor to trip due to the ‘Low Lube Oil
Trip’ logic function.

This report describes the events causing the failure
and compressor trip and discusses the recommenda-
tions that followed.

2  Findings
2.1

The operator approached the compressor once it
had tripped due to low lube oil pressure.

Oil had spilled onto the floor having leaked from
the access door on the distance piece. The gudgen
pin was on the floor and the distance piece access
door was peeled open like a tin can. See fig 1.

Figure 1: View via the Crosshead Distance Piece
Access Panel

2.2

The piston rod at the crosshead failed due to high
load low cyclic fatigue, indicated by very few
beach marks and a large final fracture area, also
fracturing the nut required high loads. See fig 2.
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Figure 2

2.3

When the cylinder head was removed, the piston to
rod locking nut was found detached from the rod
and laying in the cylinder. See fig 3.

Figure 3
24

There was also several pieces and several fragments
of stripped thread from the nut and rod together
with the tab washer which was in several pieces.
See fig 4.

Figure 4
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2.5

When the compressor was disassembled the spacer
used to set the ‘bump clearance’ was found heavily
thinned (reduced to 1 or 2 mm at the bore) and split
due to excessive compression forces. The spacer
should be approx. 16mm in thickness. See fig 5.

Figure 5

2.6

When the cylinder head was removed exposing the
cylinder head face, clear indications of contact
between the nut and the head could be seen in two
locations.

A; in the recess of the head where the piston/nut
would enter at top dead centre.

B; At the 6 o’clock position of the cylinder i.e. as
the nut became detached from the rod and fell into
the cylinder. See fig 6.

Figure 6

2.7

The crankcase top cover was removed, revealing
the crank there was evidence of heavy rubbing
indicating contact between the rotating counter
balance mass and the detached crosshead. See fig 7.
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Figure 7

2.8

The material of the piston nut was as per the
manufacturers recommendations (EN8). The

threads in the piston nut appear to be heavily
corroded and approx. 50% of the length of the
threaded bore had the thread peaks sheared
followed by heavy rubbing both directions, the
remaining 50% of the threads were relatively
undamaged indicating that the nut became loose
and unscrewed from the rod causing the piston to
move on the rod. As the rod moved towards the
crank end the piston impacted on the loosened nut
before the piston begins to move.

As the rod moved towards the head the nut and rod
start to impact on the inner surface of the cylinder
head in the recessed area and the loads on the
threads increased. See fig 8.

Figure 8

2.9

The piston nut was sectioned in order to analyse the
threads closely.

All thread roots were found to contain numerous
cracks of up to 0.5mm long.

As the crack propagates, the tension of the nut
weakens ad the nut can become loose. See fig 9.
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Figure 9

2.10

The cracks were found to be ‘branched’. The
material contained within the cracks was analysed
and found to contain up to 20% Sulphur, 10% Iron
and 1.5% Chlorides. - indicative of stress corrosion
cracking. See fig 10.

Figure 10

2.11

The threads on the rod at the piston end contained
relatively few short cracks with a maximum length
of 150 microns, levels of Sulphur, Chlorides and
Iron contained within the cracks were a lot lower.
See fig 11.
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Figure 11

2.12

The threads on the rod at the crosshead end showed
no evidence of containing cracks, the rod had
suffered a high load, low cyclic fatigue failure. See
fig 12.

Figure 12

2.13

The threads on the rod at the crosshead end were
found to be heavily deformed in both directions, the
‘whitened area on the thread peaks indicate some
localised heat has taken place in that area. See
figl3.

Figure 13
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2.14

The material of the tab washer was NOT as per the
manufacturers recommendations, EN2a - a soft
malleable Iron but was made from stainless steel.
The tab had failed due to fatigue. Part of the tab
was found inside the hollow of the piston - the
curve of the tab can be perfectly matched to the rod
where is was forced into the hollow of the piston as
the rod moved through the piston. See fig 14.

Figure 14

2.15

The tab washer was sectioned at the tab location.
The grain structure revealed that the tab had been
used more than once indicated by the ‘dog leg’ in
the grain structure, repeated bending and
straightening caused embrittlement in that area,
therefore weakening the tab. See fig 15.

Figure 15

3 HydroCom
3.1

HydroCom was fitted to the compressor to enable
‘stepless’ capacity control, increased reliability;
reduced operating costs and also provides condition
monitoring information such as suction and
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discharge gas temperatures and pressures.
Individual valve temperatures, rod displacement
and position as it reciprocates - indicating vibration
and wear rates on rider rings. It can also produce
Pressure Volume diagrams.

Since the compressor failure data from HydroCom
was used to create a timeline of events prior to the
failure.

HydroCom stores data at 5-second intervals and
automatically saves 30 minutes of data prior to the
compressor stopping; each time stamp is called a
profile.

Profile 360/360 is equivalent to when the
compressor stopped, profile 1/360 is equivalent to
30 minutes before it stopped.

The system was set up to view the cylinder pressure
(crank end and head end) against crank position
together with rod drop position.

Each profile was inspected closely. It was clear
when a change in the normal signatures began i.e.
when the piston nut started to become loose.

The rod displacement indicated when high impact
loads began at certain positions within its stroke -
the pressure curve changed dramatically from
normal. The rod was seen to be reciprocating with
high impact vibrations as it entered the stationary
piston whilst there was zero gas compression in
both directions.

The piston nut eventually fell into the cylinder.
During the next few strokes vibrations were seen to
be very high, the impact of the piston on the nut
caused excessive loads on the crosshead web at the
locking nut access port causing high load, low
cyclic fatigue failure of the web on the crosshead.

3.2

This is profile 1 of 360 prior to the failure of the
compressor, normal compression on both the head
end and crank end strokes as well low levels of rod
displacement throughout the cycle. See fig 16.
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This is profile 186 of 360, here you can see that
compression has ceased early during the crank end
compression stroke suggesting that the piston nut is
loose and as the rod moves towards the crank end
the piston remains stationary for a few degrees of
rotation, therefore when at bottom dead centre the
piton does not travel it’s design distance but stops
short.

Also, the
dramatically.
As the piston rod moves towards the head end, the
compression begins then stops for a few degrees of
rotation then begins again. This due to the piston
being loose on the rod, the rod begins to move
towards the head, the piston moves for a short
distance then the rod moves through the piston
whilst the piston remains stationary, the rod and
piston then move together for the remaining of the
stroke, and compression is re-established again.

See fig 17.

rod displacement has increased
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3.4

This is profile 250 of 360, compression stops in
both directions but rod displacement is very high at
approx. 2000 microns - suggested as being the
clearance between the rod and packing bore.

The high levels of rod displacements are due to the
rod impacting the stationary piston as the rod
travels throughout its stroke.

Also, the very high displacement seen at 60 degrees
before top dead centre is equivalent to a piton
position of 2.5” (63mm) which is approx. equal to
the thickness of the piston nut - At this point the
piton nut has become detached and has fallen into
the cylinder. As the piston moves towards top dead
centre and impacts the nut, the loads generated
cause the failure of the web at the crosshead gudgen
pin location; the piston now becomes detached
from the crosshead. See fig 18.
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3.5
This is profile 308 of 360, there is zero

compression and low levels of shaft displacement.
The rod has become detached from the crank when
the crosshead web failed.

The gudgen pin was forced through the compressor
distance piece access door onto the floor. Oil then
leaked from the machine as it was still rotating until
the low level trip was initiated and the machine
stopped. See fig 19.

[Frarsshan pegrees 3000y =]

i ST

JEIES)

EISs (cE)  Prassuo s

eparss
evss

=

wozl| A O i 2|l ) elo+]
Juk___|

9% iz
A iz

py

Lt

El g

o

5 ET)
begreth

£ e 0 ED T

Ready
|| @ BB % |3

¥ise: 265 Datyens O 2935 n

|[Figrrocrast visu [ (s

S7S.0 i K601

Figure 19

4 Discussion

It was confirmed with PU technicians that on
occasion we have new rods or refurbished rods
delivered to site without nuts or tab washers and
that we may re-use old nuts and tab washers. We
may on occasion have hand made tab washers to

suit.

A number of presentations that have been carried
out, resulted in several topics requiring attention in
order to try to prevent this type of failure re-

occurring.
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1.

&

New or Refurbished rods

who supplies them?

Should we have new nuts and tab washers
fitted to the rods as standard practice?
Should the individual components be ‘date
stamped’ etc for future reference.

Wrong rods (New, but not for this
machine) and used rods (not refurbished)
were delivered from stores, HOW.

‘Buy Desk Description’ review are they
accurate for the need.

Nut retaining device

what type is the most effective. - B’Hood
confirmed Tab washer is not an issue as
long as it’s new and made from the correct
mat’l - theirs are made from EN2Ac (soft
carbon steel. i.e. easily formed without
raising stresses at the bend.

Review of relevant PSSR Work
Instruction,

Do we need to review our current
‘Equipment Maintenance Plans, and our
compliance with them?

Training and Competency of people
undertaking compressor overhauls.
Review of the GET? What is the GET for -
recording tech data?

Use of HydroCom as alarm/trip in DCS.
How did we end up with a new rod made
at Brotherhood that was 1.5” too long,
B’Hood questioned this at the time of
ordering and their reply came from the
P.U. no advice sourced from REG or PCR
raised to cover the change.

55

K-6301 Reciprocating Compressor Failure
December 2004

Supplementary issues further to
completed Technical Investigation,
March 2005

(As reviewed by A S Jones, J Swash, C Heald, P
Hodgson 10/03/05)

by
W hen

Actionby | Action
Whom
OMES30
&PCLAS0
OMES30
&PCLAS0
OMEA0
OME/S0
&PCLAS0
OLIES0
&93
OMES30
&93

Artion
Review existing WI's and
processes with CWH and
PCL for any gaps ete
Review existing WI's and
processes with CVW3 and
PCL for any gaps ete
Remind OMP/00 of need
Otwwrard cascade to OMEP
team
Completed by PB at
overhaul
Review of CW3 & PCL
Fepairable 3tock &
Insurance processes &
procedures
Add to BOM & Rod
A gzembly BuyDese

fior wigilance in this area
Inchade supply with Rod
assembly BuyDesc

Description
Rod from Stores for LE/HP was for K-2302 which is
57 shotter (later found in K-9302 box ying in Bay 3
e d)
Fod from stores for HP/LP was comrect rod BUT
was it need of refurbishiment
How can this happen?

In 2000 Stanlow, OMF requested Peter Brotherhood
to supply rods 11727 longer than design without
PCR, which, due to confusion led to ALL rods heing
longer of two.

Rod found in K-9302 hox was correct length bt
piston fit was not soquare to it. Cannot confirm
whether rod or piston issue. Corrected by PB as part
of their works
Current BuyDesc requesis rod to come with Fut,
several instances of rods not coming with Nut.
Likely incompletefineorrect despatch controls
Contirme to correct 3AF BOM and BuyDesc
descriptions to better describe iterns Generally as
well as K-6301 in this instance
Mt Retaining Device (Tab Washer)
Currently don’t stock on BOM, either separately or
as part of Rod Assembl:

Cross Head Mut. Currently don't stock on BOM,
either separately or as part of Rod Assembly
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2
3
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Abstract:

The analysis of the pulsating flow in the reciprocating compressor installation is important for the
technical exploitation compressor plants. One of the phenomena causing difficulties in modeling gas
pulsations is the presence of liquid droplets in gas. For an example the oil remover designed for
refrigerating reciprocating compressor is chosen for investigation. As the numerical tool the FLUENT
software has been used and for verification the experimental identification method has been used. For
multiphase flow several models have been compared. As the effect of this work we may conclude that
the use of two-phase flow simulation has more influence in case of liquid mass fraction 10%-15% and
more. With lower liquid contamination than 5% mass fraction the improvement of two- phase flow
consideration in simulation of pulsations is not that important.
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1 Introduction

The phenomenon of pressure pulsation significantly
influences the functioning of the entire compressor
manifold. This brings up the need to analyse the
phenomena of pulsation wave propagation, and its
damping. An important issue in analysing the
pressure pulsations is the model the working gas'.
The use of the proper equation of state for the gas,
and the description of the real gas properties, as
well as dispersed liquid contamination influence
not only the accuracy of the obtained results, but
also the quality of the solution. Dealing with
pressure pulsation, it is important to know both: the
real velocities of wave propagation, and the values
of the thermal properties of the gas. Liquid
contamination influences the wave propagation
taking away part of the pulsation energy. The most
common approach in analysing the phenomenon of
pressure pulsation is the use of the ideal gas
equation of state. However, in certain ranges of gas
contamination, the error of results obtained through
this equation, as compared with real wvalues,
becomes considerable. A need thus arises to carry
out calculations using alternative models describing
the behaviour of real gas with impurities™*

2 Theoretical basis of the method

The classic Helmholtz model is based on a solution,
for a straight section of a pipeline, of the wave
equation of the form (1). As a result, a four-pole
matrix of the form (2) is obtained. Elements of this
matrix {a;} are determined only for a segment of a
pipeline. Concurrently with a four-pole matrix, a
complex impedance matrix Z having the elements
{z;;} is defined by the relation (4).
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86

where: p — pressure, m — mass flow rate, S — cross
section area, b — damping factor, Tt - time, x —
Cartesian coordinate, L — pipe length, Z; — pipe
impedance, ¢ — speed of sound, y - wave
propagation coefficient, P — pressure in complex
space, M- mass flow in complex space.

In order to generalize the model for an arbitrary
geometry it has been assumed that the forms of
matrices {a;}, {z;} will not be based on equation
(2), but that they will have a completely generalized
form. This assumption means that for a unique
determination of the interaction of an arbitrary
component of a manifold it is sufficient to know
four elements of the matrix, which must be
identified for this component. The aim of the
present work was to develop a method of the
identification of these matrix elements.

The concept of the method developed here is
following: for a considered element of a manifold a
full multi-dimensional CFD simulation is carried
out, solving the Navier-Stokes set of equations
numerically together with the necessary closing
models, i.e. gas state model, turbulence model,
boundary conditions™*. The results obtained are
averaged at the inlet and outlet of the analysed
element and next a complex transformation of the
results is carried out, so that elements consistent
with the generalized form of matrices {a;}, {z;} are
obtained. In this way the advantages of both
methods can be combined: the Helmholtz model
possibility of analysis of extended installations and
the possibility of studying geometry of an arbitrary
element, without a priori simplifications.

For further considerations it is necessary to define
complex  transmittances.  Below,  complex
transmittances are defined: a flow and flow-
pressure one for excitation for the forward and
reverse flow.

- flow transmittance

_ M:
Ty (iw)=——=L ®)
ulio)=-=
- flow-pressure transmittance
— P
Tpliw)=—"—21 (©6)

M i
For a symmetrical muffler (or other compressor
manifold element) two transmittances would be
sufficient (along the flow direction), for
unsymmetrical four transmittances are necessary.
These transmittances can be derived using CFD
simulation, as all of them are determined having the

flow excitation boundary condition: 71, m, |
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The second boundary condition is a free outflow or
a total closing. Impedance of closed end

Z, =0 and foropenend Z, =0.

The four cases planned for the CFD simulation of
the unsymmetrical compressor manifold element
are shown on the Figure 1.

M — |
— a) &
_ zk=m
M.
Mi B — — "
N £,=0
) —— Al
] [T
2@ —
M, —— My
Z=0 | —

Figure 1: Four cases of simulation essential to
complete determine of acoustic parameters

Each simulation allows to determine one
transmittance according to the drawing, named

respectively T, T5,Tc,Ta.

Writing down impedance relations for the cases a,
b, ¢, d as defined in Figure 1 one obtains:

A=z M L p (72)
i+l,i — “a
PH, =2 'Mi
P=z, M, +z,,-M,, Ta
=Zpim = (7b)
0= Zpgy M+ 2,0 My, T,
F=-z,,"M, —
—=>Zz.. , = T (70)
P _ M i,i+1 c
- Zi My
O=—2z.-M.—z...-M. T
il 1
ii i i+ i+ :}Zii :jc (7d)
Bﬂ ="Zi, A/[z “Zin 'A/[Hl ’Z;l

The derived relationships (7) allow a unique
determination of complex impedance matrix Z that
defines a linear lumped acoustic element. As the
excitation for the CFD simulation the impulse
or/and unit step function for mass flow rate is used,
allowing for general element response calculation.

The general method for calculation all
transmittances is the use of an impulse or a unit

step function as flow input excitation, for each of
four cases a, b, ¢, d on Figure 1.

Since pressure and flow pulsations have damped
oscillation characteristic it is obvious to use a
general damped harmonic form for transmittances.
The acoustic response of the installation element
for an impulse inflow excitation have general form
in the complex domain:

Ko} st
G(s)= 5 0 s-e
s +20 w, s+ w,

®)
and in the real domain:

J’(T) =K1, ’&e_gw ’Si‘{%ﬁf"'fo) ©)
1-¢£

.

The damping coefficient may be derived as:

(10)

and the amplification:

K:7AO-V1—§2 (11)

u, - At -,
The natural harmonic frequency:

2

W, =— (12)
o 1-¢?

The values 7, 7., B may be easily determined from
the analysis of real system response shown on
Figure 2.

! L._ . /y(f) = A) _e'g“'b(x‘xp) = 240 _E"("‘o)

Figure 2: Curve of oscillating damped impulse
response
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However usually the system response for an
impulse inflow excitation tends to form more then
one basic natural frequency. In this case the
response is decomposed using Fourier analysis, and
each frequency is consequently analysed using
above shown algorithm.

3 Difference between two-phase
models

In most commercial packages for CFD simulations,
three main two-phase flow models may be
introduced:

- DPM (Discrete Phase Modeling) — where
one phase is calculated in continuous basis
(Euler model, Navier-Stokes equations),
and for the second phase discrete Lagrange
model is used,

- VOF (Volume of Fluid) — both phases are
continuous (Euler model), the common
momentum equation is solved for both
phases and results are divided accordingly
to the volume ratio of each phase,

- Mixture model - also both phases are
continuous, but additionally equations for
each phase content and diffusion equation
for concentration are included. The
comparison of models is shown in Table 1.

Table 1: Multiphase flow models

DPM Mixture VOF
Variables Euler- Euler Euler
Lagrange
yes,
Particle (also yes (only
size Rosin- uniform
determi- Rammler sized no
nation distribution | particles)
available)
Modelling
of static no yes yes
systems
Compressi-
ble flow yes yes yes
Sliding yes yes no
Phase .
interaction | Y5 (partial) yes yes
. dispersed
dispersed gas bubbles, | slow
£as droplets and | flow
. bubbles, . .
Typical use droplets partlc?les w1t'h
and with higher | stratifi-
. volumetric | cation
particles .
ratio
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4  CFD simulation of oil remover
acoustic reaction for an impulse
flow excitation for varying oil
contamination

Described model was used for numerous numerical
experiments for nozzle, muffler and oil removers
simulations™>.

It finally occurred that from three described earlier
two-phase models only Mixture model gave
realistic results. Only this model was able to
account for taking over part of pulsation energy by
liquid phase dispersed in gas.

In this paper the oil remover for a refrigerant
compressor is shown as an example. The geometry
of this element is shown on the Figure 3 together
with the finite volume mesh.

4 \ )+ inlet
|
| j
steel wire
net filter
) — outlet
£ TG 95 i?.g}&
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Figure 3: 3D geometry o